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FORE WORD 

This document wee prepared by the Denver facility of 

Sjndstrand Turbo, division of Sundetrand Corporation, 

under UaN Contract K01W 2292(00) No. NR 094 343, and 

la one of four parts comprising the final report. The 

work described in this volume waa accomplished during 

the period 6 October 195£ through 31 August 1959. 

Except for use by or on behalf of the United States 

Government, all rights with respect to this report 

including, without limitation, technical information, 

data, drawings, and specifications contained herein are 

reserved by the Sundstrand Corporation. 
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1. ABSTRACT 

.An Jnvnntigatlon ot .«iclnncl« of lo* «peoific 

.pMd turtopnnp. obt.ln.bl. with th. p«..nt ntnt. of th. 

,rt U coy erad. OptUun .notion .pacific .p..a .nd optl*. 

efficiency »r. .clycd .nd a th.or.tlc.l matbod of det«- 

mlnlng th. d.t»U.d dMlgn orlt.rU for ..ch optlmu. d«l*n 

performed. Sxp.rU.nt.1 evldenco «■ .ocunul.t.d to .uh- 

st.nti.te th. .nalyels »nd th. fln.1 0.31(- p.rui.t«r. 

nr. presented ». function, of pomp specific speed »nd 

specific diameter. , 

3. INTRODUCTION 

This report has been prepared in accordance with the require¬ 

ments of ONR Contract NONR 2292(00), Phase III, Turbopump 

Study. This report deals with pump performance at the design 

or best efficiency point and is not concerned with the per¬ 

formance range or the performance characteristics of the pump 

types investigated. 

The investigations have been undertaken by the Turbomachinery 

Development Group of Sundstrand Turbo in Denver, v/ith Dr. 0. 

E. Balje as Technical Consultant, D. G. McPherson and K. E. 

Nichols as Project Engineers and R. Anderson as Research Engineer, 

StKlDSTRAUD TURBO 
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and D. K. Crockett, H. BaeverstaC and R, H. Ball rendering 

aeeletanoe with computer programming. 

The oonoluelons preeented In thia report are considered final 

for optimum efficiencies and the suction specific speed of 

conventional centrifugal pumps, but are of a preliminary 

nature, and subject to revisions for some of the design criteria 

of centrifugal pumpe and for Pitot pumps in general due to the 

limited amount of experimental data for component performance, 

such as probe drag losses, probe diffusion losses, losses in¬ 

volved in the momentum transfer between fluid streams and the 

influence of variations in geometric configurations (i.e., 

blade depth, number and angle, clearances, etc.). 

Sundstrand Turbo would like to acknowledge the very valuable 

test data and information supplied by Austin H Church, 

Professor of Mechanical Engineering, New York University; 

Mr. Frederick C. Gilman of the Worthington Corporation; Mr. E. 

D. Higgins, Aurora Pump Division of the New York Airbrake Co.; 

Mr. George Wilfley of Wilfley & Sons, Denver, Colorado; and 

Mr. J. L. Dooley of the McCulloch Corporation. The information 

supplied by these individuals was essential in verifying the 

theoretical analysis and in constructing the N8-D8 diagram from 

test data. 

SUNDSTRAND TURBO 

A Division of Sundstrand Corporation 
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3. TECHNICAL SUMMARY 

Through th« technique known as dimensional analyeie, the 

similarity parameters specific speed Ns, specific diameter 

Ds, pump Reynolds number Re*, and suction specific speed 8, 

are derived whifch serve as convenient parameters for pre¬ 

senting the performance criteria of turbomaohinee. As will 

be shown later, these four parameters are sufficient to 

describe completely the performance of geometrically similar 

pumps. For a given flow and a given head rise through a 

pump, specific speed is a number indicative of the rotative 

speed of the pump and specific diameter is a number indica¬ 

tive of the impeller diameter or size of the pump. Reynolds 

number expresses the ratio of inertia force to viscous force 

and reflects the properties of the fluid being pumped and 

the speed of the machine Suction specific speed will indi¬ 

cate whether or not cavitation exists. If cavitation does 

not exist, then pump performance will be as expected. 

Although other groups of similarity parameters may be derived 

which express the performance criteria of turbopumps with 

equal accuracy, specific speed and specific diameter possess 

the obvious advantage of giving an indication of pump speed 

and iize for a given pump requirement — that is, for a given 

flow and head rise. 

SUNDSTRAND TURBO 
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Th« maximum obtainable efficiency for optimized deeign 

geometries is presented for all investigated pump types in 

a single diagram, Figure 1. The data for centrifugal pumps 

has been confirmed by a large quantity of test data repre¬ 

senting more than three hundred pumps produced by many manu- 

fácturers. The data for Pitot pumps is of a preliminary 

nature because of the lack of experimental data available 

in literature, and is confirmed principally by a limited 

number of tests made by Sundstrand Turbo. Only a few test 

data points were available representing other manufacturers. 

The application of the Nq-Ds diagram of Figure 1 follows 

from the definitions of specific speed and specific diameter 

as indicated in Figure 1. For a given pumping requirement, 

the required head rise, the volume flow, and the rothtive 

speed of the driving vehicle can be established, from which 

the specific speed N8 is calculated. Figure 1, then, indi¬ 

cates the maximum obtainable efficiency and the corresponding 

specific diameter D8 as a function of Ns. Introducing the 
I 

head Hse, volume flow, and Ds value into the equation for D8 

yields the required rotor diameter. 

An example of the use of Ns-Ds diagrams follows: For a given 

pump application the volume flow Q, the head rise H, and the 

SUNDSTRAND TURBO 
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desired rot.«», .peed " .r. ien.r.U, The .peoliic 

speed may be calculated from the equatto« 

N 

Bnterlng the Na-D. di.gr«» (Figure 1) »«h the c.louUted 

speellio .peed, the beet poeeibl. eiilcienc, .nd the correa 

.ponding »«lue. of D. «r. .hown. The .p^'»u .UMt«r Mf 

then be u«ed to cloul.te the di.meter of me punp l.p.ll.r 

free» the defining equation 

D. dh'a 

VqT 

The geometric configuration of this pump (i.e., blade number 

inlet to impeller diameter ratio, etc.) are also specified 

and shown on the overlays of Figure 1. 

The simplicity of the Ns-Ds diagram may easily be demon¬ 

strated as follows: Assume that it is desired to drive a 

pump with an electric motor at 3580 RPM, that the required 

volume flow is .225 and that the required head rise is 

375 ft> or calculating specific speed 

nVT 3580^225 3 

H */« 375$ 

SUNDSTRAND TURBO 
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Entering the N8-Ds diagram of figure 1 at Ns s 20, it ie 

eeen that an efficiency of 69% is possible with a centrifu¬ 

gal pump. The optimum geometry required to produce this 

efficiency is shown on the overlays. The blade outlet angle 

$2 " 85?, the blade number Z » 22, and the impeller diameter 

rátio S s .25. These parameters may be read directly from 

the Nb-D8 diagram. Other geometric parameters may also be 

read in the same manner but have not been described here for 

the sake of simplicity. 

The Impeller diameter may be calculated from the indicated 

value of D8 - 6.4 as follows: 

D. D«~^~ , 6.4» .474_ , 68g w „gas in. 
H '/. 4.4 

The Ns-Ds diagram for centrifugal pumps shown also indicates 

that a high blade number is required to attain 69% efficiency 

for this centrifugal pump. High blade numbers increase the 

manufacturing cost of a pump; therefore, economic consider¬ 

ations might restrict the blade number to standard commercial 

practice (about ten vanes) with a resulting decrease in 

efficiency and an increase in the impeller diameter. Never¬ 

theless, the optimum pump performance and configuration are 

still shown on the Ns-Ds diagram. If ten vanes were to be 

SUNDSTRAND TURBO 
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used, then the Dg required would be 7.3 end e new impeller 

diameter would result. The resulting efficiency would be 

some less than 69%. 

Thus, it is seen that the Na-D8 diagram furnishes a useful 

tool for preparing preliminary design atudles and, further¬ 

more, it greatly reduces the cost of determining optimum 

geometry parameters in the detailed design phase. 

4. DIMENSIONAL ANALYSIS AMD SIMILARITY TO TURBOPUMPS 

The technique of dimensional analysis may be applied to 

obtain the form and the number of the dimensionless simi¬ 

larity parameters required to describe the dynamic simi¬ 

larity of turbopumps. The r -Theorem, proposed by Buckingham 

(Reference 1), serves as the basis for formal dimensional 

analysis and states that a physical phenomenon may be expres¬ 

sed in the form of a specific number of v -terms, where each 

ir -term is the product of some of the variables affecting tlie 

phenomenon raised to exponents Such that, in terms of the 

primary dimensions, each v -term is dimensionless. The number 

of r -terms required to express the performance of turbopiimps 

is equal to the number of variables minus the number of 

primary dimensions. The primary dimensions are mass M, length 

SUNOSTRAND TURBO 
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I »nd tlaa T. For inconpreaslble flow, tba ••ran rarlablM 

to ba ooaaldarad ara ahown in Tabla 1. 

table i 

VorlffMa Definition 

0 rota of volumo flow 

H hood rito 

N revolution« Mr minuto 

D impollor diomotor 

P fluid donolty 

ft- absoluto viscosity 

H nst positivo motion hood 

»1th three prleerr dieenelone end eeven veri.ble., tau r-frmm 

ere required to coopletely deecrlbe dyneelc slellerlty eeong 

the turbopuepe. Selecting Q, H, end p « Ind^endent „.rleblee, 

tour » -ten» ere lormd by euoceeelvely eultlplylng these 

three Independent ».rleblee, releed to unknown exponents, by 

eeoh of the four retaining verleblee, end solving for the 

unknown exponento as follows: 

SUNDSTRAND TURBO 
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ir, -Q0'MV D- 
01 ubi «I 01 

L- l/L# T° 

Bq. 4.1 

To b« dlmenalonally consistent, the sus oí the exponents of 

each primary dimension must be equal on both sides of the 

equality sign. Hence, for M, 

Cl»0 

Likewise, for L and T, 

3ol + 2bl- 3cl+ I *0 

-al-2bl *0 

Solving these three equations simultaneously, 

01--1/2 

bl. 1/4 

cl- o 

Substituting these values of the exponents into Bq. 4.1 gives 

the equation for specific diameter: 

Similarly, 

ir2 - Q0,HDy N = ftTH'ïï 
_ rr uu* TTj = W H p [X as 

,08 b> c> 
0 Eq. 4.4 

SUNDSTRAND TURBO 
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and 

f\0 ♦ uD4 C 4 u w4 m Q H f> Hgv * 0 4 Ub4 .04 - M0L°T0 Eq. 4.5 

Solving aa fortr, , 

Eq. 4.6 

which la apecific speed, and 

- — 
* tJGÜ'AP 

Eq. 4.7 

W| la the reciprocal of a form of Reynolds number for pumps, 

since 

Vq h'/4 

haa the dimensions of length (diameter) times velocity. 

The resulting *4 is 

Eq. 4.8 

which is the Thoma cavitation parameter. 

Since the ir-terms are constant for dynamically similar condi¬ 

tions, products and powers of their-terms must also remain 

constant for dynamically similar conditions. Hence, the more 

conventional form of pump Reynolds number may be obtained 

SUNDSTRAND TURBO 
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without loss of aiailitude by dividing tha product of r,* 

and irt by ir| : 

El X Tt = Dlüe 
»s H- 

Since ON « LJ 

Re‘.^ 

which ia the conventional form of the pump Reynolda number. 

In the name manner, tr4 may be converted to a more conve tient 

parameter bÿ dividing wt by w^ : 

"f*' KJ? = s 410 

which is the suction specific speed, a convenient parameter 

developed in Ref. 6. The limiting conditions for cavitation 

Inception are indicated by limiting values of suction specific 

speed. Below these limiting, vàlues, cavitation character¬ 

istics are unimportant, since the performance of the pump is 

unaffected unless cavitation actually occurs. 

Thus, specific speed Ns, specific diameter Ds, pump Reynolds 

number R8*, and suction specific speed S, as defined by 

Equations 4.6, 4.2, 4.9 and 4.10 respectively, are sufficient 

to completely describe similitude among turbopumps handling 

Incompressible fluids. 
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Reference 2 and Ite discussion bring out the points that 

neither Reynolds number nor specific speed is sufficient by 

Itself to describe similarity in turbomachines. Considering 

non-cavitating conditions only, the application of dimen¬ 

sional analysis shows that three similarity parameters, Na, 

Dg, and Re* are necessary and sufficient criteria for 

similitude. 

By assuming different variables to be independent or by forming 

various combinations of their-terms, a number of otherir-terms 

may be derived which describe similitude with the same accu¬ 

racy as N8, Ds, Re* and S, but all of the other similarity 

parameters which express the relationships between the vari¬ 

ables can be presented as functions of these four. Further¬ 

more, their physical significance and common usage make these 

parameters obviously convenient. For a given flow and a 

given head rise through a pump, specific speed is indicative 

of the rotative speed of the pump and specific diameter is 

indicative of the impeller diameter or size of the pump. The 

pump Reynolds number reflects the properties of the fluid 

being pumped, expressing the ratio of inertia force to viscous 

force. For a given flow and rotative speed, a high suction 

specific speed indicates that a low suction head is permitted; 

or, with constant flow and net positive suction head, S is 

indicative of the permissible rotative speed. 

SUNDSTRAND TURBO 
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DyMMlc .uiurlty prouppo... tint «.».trio .UlUrity .Uo 

«lat«, and tharafore alailarity auat ba aaintalned In all 

aapaeta ol tha gaoaatry If the oondltlona of alallltuda ara 

to ba fulfil lad. »or araapla, iaynolda auabar af facta, aa 

la plpaa, ara a fuaotloa of tha ralatlva rougbnaaa of tha 

floa paaaagaa. Banca, In order to nalntaln olnllarlty, tha 

ralatlva rougbnaaa of tba paaaaga, anpraaaad dlnanalonlaaaly 

aa tha ratio of rougbnaaa height to lapallar diana tar, mat 

raaaln conatant. Tha powar loaa due to leakage through the 

mr ring la a function of »ear ring clearance, and tha ratio 

of »ear ring clearance to lapallar dlaaatar mat ba conatant 

If eluilarity Is to ba mlntalned. Other gaonatrlc para- 

netere ahlch mat ba consttnt are tha vane angle $,, ratio of 

lapallar aye diameter to outside diameter,» ; ratio of hub 

dimeter to ay. dimeter,» ; the blade number Z : and tb. 

detail« of the diffuser configuration. 

»or non-cavltatlng conditions for each combination of H„ D,, 

and R,. valúas, ther. la an Infinite number of geom.tr1c con¬ 

figuration» that *111 aatiafy the condition* Inpoaed by the 

three dynamic similarity parmeters, but since the condition 

of geometric similarity la not necessarily satisfied, these 

pumps ar. not necessarily similar. Therefor., these pumps of 

different geometry »111 not have alallar performance character 

lattes, even though the conditions of conatant Ds> “d Bs* 
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ar« «atUfied. öbvioualy, it ia not possible to graphically 

represent all of the possible geometric configurations, and 

soas additional restriction is necessary. Of all the con¬ 

figurations possiblei a single configuration will yield an 

optimm value for a given criterion of optimisation. Two 

criteria for optimisation are considered in this study; 

namely, maximum efficiency, V and maximum suction specific 

speed, S. Hence, f« - "»•oh set of values of N8, Dg, and Re*, 

there is á union« v- a*» for optimum efficiency and a unique 

geometric confivur n required to produce this efficiency, 

the sa** being w.a- lor designs with optimum suction specific 

speed. 

If this informetio. is represented for a fixed value of Re* 

in a ¿ysteiu of Inates in which Ns is the abscissa and 1½ is 

tu ordin. "e, each point on the graph represents a family of 

pumps which are dynamic 11; and geometrically similar in every 

respect, incVJing their performance characteristics. Assuming 

that there are no discn.iinuities in the functional relation¬ 

ships, the various pump parameters may be represented as func¬ 

tions of Ng and Dg by lines of constant parametric value. For 

instance, lines of constant efficiency, constant blade angle, 

etc., may be superimposed on each other to form the Ng-Ds 

SUl!DSTRAND TURBO 
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diagran of Figure 1, a very donvenient form of preaentation 

for optimum criteria and design parameters for turbopumps. 

With proper attention being given to the inclusion of all 

variables (such as compressibility), this method of presen¬ 

tation has been extended to other classes of turbomachines — 

namely, turbines. By superposition of the resulting Na-Ds 

diagrams, it becomes possible to select an optimum combina¬ 

tion of optimum turbomachinery elements, rendering the N8-D8 

diagrams a very valuable aid in preliminary design and com¬ 

ponent selection for systems involving multiple turbomachinery 

elements in direct connection. 

Two methods may be employed to obtain the desired Ns-Dg dia¬ 

grams — test and design data from actual pumps máy be used 

when available, or equations for calculating the required 

curves may be derived through theoretical analysis. 

Actually, pursuit of both methods is desirable. Results 

compiled from actual test data are required to corroborate 

the results of a theoretical analysis, but the theoretical 

analysis is needed to extrapolate test data and to better 

understand the effects of parametric variations. 

It must be recognized that the design of turbopumps generally 

constitutes a series of compromises dictated by the application , 

SUNDSTRAND TURBO 
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by manufacturing limitations and by economic considerations, 

so that for a giren application, it may not be practical to 

attain the optimum configuration. However, a representation 

of the best configuration possible according to the present 

state of the art is of considerable value, and the detailed 

analysis of this pump type should serve as an indication of 

the effects imposed by necessary compromises. 

It must therefore be expected that only a part of the calcu¬ 

lated values are actually confirmed by test evidence. This 

does not necessarily void the unconfirmed values but rather 

indicates possible avenues of performance improvements, or 

more specifically, outlines the pump geometries, which could 

lead to more efficient pump designs in certain performance 

regimes. 

S. AHALYSIS OF CENTRIFUGAL PUMPS 

The relationships among the several variables affecting cen¬ 

trifugal pump performance may be established through dimen¬ 

sional analysis as shown in Section 4. The resulting similarity 

parameters Indicate the qualitative effects of the variables 

and the quantitative effects must be determined empirically 

through experimental programs and/or generally from kinematic 

SUNDSTRAND TURBO 
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End dynEmic analysis. The compilation of experimental data 

and a theoretical analysis for centrifugal pumps have both been 

undertaken as a part of this study. Only single entry pumps 

will be considered in this theoretical analysis. 

5.1 Analysis of Experimental Data for Centrifugal Pumps 

Teát data for more than three hundred pump configurations manu¬ 

factured by a number of leading companies were obtained and 

analyzed. To obtain values of NSf Ds and Re* and the corres¬ 

ponding value of efficiency, a data reduction procedure was 

programmed for a high speed digital computer. Specific speed 

and specific diameter were calculated accurately from actual 

values of rotative speed N, volume flow Q, developed head H, 

and impeller diameter D. Since the density and absolute vis¬ 

cosity of the fluids were not known, the Reynolds number calcu¬ 

lations are approximate and subject to error. The calculations 

were based on the properties of water at 70°F. 

The data points were segregated into three ranges of Reynolds 

number, and each Reynolds number range was further subdivided 

by specific speed value, forming groups of data points with a 

Reynolds number range varying by a factor of ten and a specific 

spesd range with a range of ten in the units position. Each 

group of data points was plotted separately in Figures 2a-w, 

with efficiency as the ordinate and specific diameter as the 
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abscissa, using the units digit of the specific speed value 

to Bark each point. Thus, Figures 2a-* show for each data 

point the values of efficiency and specific diameter to the 

accuracy permitted by the scales of the figures and the 

specific speed value to the nearest digit in the units position. 

The data points for each specific speed value form a cluster 

of points, and an attempt was made to draw an envelope around 

all points of equal specific speed. At many specific speéds, 

there were not sufficient points to obtain a reasonable 

envelope. Furthermore, it was obvious that the peak efficien¬ 

cies shown for many Ns values were not optimum because they 

were substantially lower than for adjacent values. 

With some minor extrapolations to obtain similarity in the 

shapes of the envelopes, the upper portions of the higher 

envelopes were then compiled on a composite chart for Reynolds 

numbers between 5xl06 and 5xl07. Three of these envelopes 

extended far above the envelopes adjacent to them, and it was 

found that this resulted from four data points. Excluding 

these four points and revising the corresponding envelopes, 

the maxima of the envelopes formed a fairly consistent curve. 

This is shown in Figure 3. The exclusion Öf four points out 

of more than thrb«v hundred seems justifiable, since these 

introduce obvious discontinuities, the cause of which is not 
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discernible from the test information, furthermore, these data 

points fall outside all the envelopes of best efficiency versus 

specific speed, which are shown in Figure 4, as reported by other 

investigators. Therefore, since it was not possible to determine 

whether these four points represented erratic data or pump con¬ 

figurations uncommon to the present state of the art, they were 

excluded in order to eliminate the discontinuities. 

Values of specific speed and specific diameter may be read at 

the points where the envelopes intersect lines of constant effi¬ 

ciency. Plotting these points un the N8-D8 coordinates results 

in Isoefficiency lines, which are shown in Figure 5. The lack 

of uniformity in the shapes of the isoefficiency lines is 

undoubtedly due to insufficient test data in the area affected. 

There is no reason,to believe that the curves should not be 

smooth anc! continuous. 

Figure 6 shows pump geometry values from other test data (Ref¬ 

erence 4) by presenting lines of constant blade angle/^ and 

constant diameter r tlo <T as functions of Na-Da. 

Complete optimization of a pump with respect to a single criterion, 

such as efficiency, may adversely affect some other characteristic 

or design criterion of the pump and, therefore, this practice is 

not necessarily employed in actual .pump design. For example, 

sizable variations in blade angle from those indicated in Fig. 6 
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should not greatly affect the efficiency of the pump, providing 

adjustments can be made in the blade number to attain the neces¬ 

sary output head coefficient qout, which is the ratio of the out¬ 

put head times the gravitational constant divided by the square 

of the impeller peripheral velocity (see Equation 5.0). There¬ 

fore, efficiency is not necessarily the governing factor in the 

selection of blade angle, but the blade angle is frequently deter¬ 

mined by other performance characteristics. Of particular impor¬ 

tance in this regard is the influence of blade angle on the head 

-characteristic with respect to flow. Sufficiently backward swept 

vanes produce a constantly increasing hsad characteristic as flow 

is reduced toward shut-off, thereby eliminating the tendency 

toward the instability which can cause surging in a system. 

Values of vane angle, impeller diameter ratio and vane number can 

also be restricted by stress limitations which confine the Impeller 

tip speed below certain values. The vane number may also be 

restricted by ipanufacturing economy, since many small impeller 

passages would be more costly to manufacture than a few large 

ones. Consequently, the selection of the various pump design 

parameters frequently involves a series of compromises to obtain 

the best overall configuration rather than a configuration that 

is optimised with respect to a single criterion. 

Values of the various pump parameters for the optimum pumps 

indicated by the above analysis of experimental data were not 

SUNDSTRAND TURBO 

A Division of Sundstrand Corporation 



Page 21 

available and, hence, could not be determined. Typical values 

of blade angle/9 2 and diameter ratio 8 have been extracted and 

calculated from Figure 9.15 of Reference 4 and presented in 

modified form in Figure 6. 

The data from Reference 4 was actually reduced from, pump data 

and from a number of blowers in which surging is a very important 

characteristic because of the compressibility of the fluid being 

pumped. Hence, backward curvature of the vanes is indicated over 

most of the centrifugal pump regime. 

Reference 13 states that the impeller vane number should be 

02-4 2 
where 

Æ|+ $2 
k • 10 tin ( g—) 

Reference 4 suggests that a common rule in centrifugal blower design 

is to set the vane number equal to one-third the vane angle expressed 

In degrees. This rule Is included here, since It represents an 

empirical rather than a theoretical approach. 

The number of data points at lower Reynolds numbers was insuffi¬ 

cient for establishing envelopes, as was done for Figure 3, but 

the peak points available did provide some interesting informa¬ 

tion in support of conclusions reached by other investigators 

regarding Reynolds number effects. Figure 7 shows the envelope 

of the peak efficiency points at different specific diameters for 

the three different Reynolds numbers represented. The general 
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t*nd«noi«> indicated nr. in .coord .1th the finding, of other 

inveetlgetore .nd dycmlo .ImlUrlt, U fully .coounted for. 

Befer«». ï »d 3 both report that, in oth.r.1.. ei-iLr P»*». 

efficiency 1. reduced a. Reynold, number 1. reduced. Beferenc. 

3 .1.0 «tate. that the effect of Reynold, number on efficiency 

i. dependent upon .peciflc .peed, the effect of Reynold, number 

being greater for lo. .peciflc speed pumpe. Thi. tendency i. 

self-evident from the fact that lo. .pacific epedd design, have 

leer efficiencies (l.e., larger Ice.) than high .pacific .peed 

designs. These same tendencies are apparent from Figure 7, 

although the volume of test data at the lo.er specific .peed, is 

insufficient to permit a quantitative evaluation of the effect. 

In .pite of the inaccuracies possible In the Reynold, number 

cslculatlon., Figure 7 presents a substantial body of test data 

from several hundred different pumps to support the finding, of 

earlier investigators. It must be cautioned, ho.ever, not to 

accept the numerical values, presented In Figure 7, without 

qualification. This becomes evident .hen the data of Figure 7 

are compared with some recent investigations, reported in 

Reference 3. It is customary to express the Reynolds Number 

influence by the relation 
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by arguing that the losses increase exponentially with decreas¬ 

ing Reynolds Numbers. The exponent a was then assumed to have 

values between .1 and .2. The test data reported in Reference 

3 indicate very strongly that the exponent 0 is a definite 

function of the Reynolds Number as indicated by the solid line 

7 
in Figure 7a, whereby Re = 10 is used as reference Reynolds 

munber. Evaluating the data of Figure 7 on the same basis, the 

7 
values represented by a dot in Figure 7a result for Reref = ^ > 

and the values represented by a cross in Figure 7a for Reref =10®. 

It is apparent that these exponents are considerably higher than 

the exponents quoted in Reference 3. Since the tests reported 

in Reference 3 were specifically designed to investigate the 

Reynolds Number influence, it may be assumed that the valid line 

in Figure 7a represents the Reynolds Number influence more 

realistically than the dots and crosses in Figure 7a, since these 

data do not necessarily represent optimized designs, and since 

possible errors in the numerical evaluation of the Reynolds 

Number exist, as discussed previously. 

The suction specific speeds of a number of actual pumps is 

presented in a modified form from Reference 5, in Figure 8. 

In the specific speed regime from 60 to 100, where the bulk 

of the test data points lie, the upper limit of suction specific 
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■pod appears to be fairly flat, which is to be expected from 

analytical reasoning. The few data points in the low specific 

speed regime are insufficient to establish an upper limit» but 

there is no obvious reason why the suction specific speed should 

be smaller at low specific speeds. A more detailed discussion 

of this aspect is presented in Section 5.4 
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5.2 Theoretical Analysis of Centrifugal Pumps 

Two criteria of optimization are considered in this study: 

(1) maximum efficiency, and (2) maximum suction specific 

speed. In order to perform a theoretical analysis of cen¬ 

trifugal pumps, expressions are needed for efficiency and 

for suction specific speed as functions of the dynamic simi¬ 

larity and geometric parameters. Following are the deriva¬ 

tions of the required equations: 

5.2.1 Efficiency as the Criterion of Optimization for 

Centrifugal Pumps 

The efficiency of a pump may be defined as the ratio of out¬ 

put energy to input energy. Expressed in terms of specific 

energy, in foot-pounds per pound of fluid flow, or more con¬ 

veniently in equivalent terms of head in feet, efficiency may 

be defined as, 

Hput 

^ “ Hm Eq. 5.1 

In the case of a theoretical pump without losses, 

Therefore, 

*/= 1.00 

^OUt = H|n * H th 
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«her« Hth is called the theoretical head, and represent« 

the actual energy transfer occurring between the impeller 

and the fluid. 

In real pumpfj, flow losses occur which reduce output 

head in the same manner that there is a loss of head 

due to friction in the flow through a length of pipe 

or pat.* a restiiction. The losses which reduce the out¬ 

put head, Hout below the theoretical head, Hth are: 1**) 

(1) flow losses in the intake section; (2) incidenc 

losses at the leading edges of the impeller vanes; 

(3) flow 10SF3S in the impeller; (4) flow 1osses i .r 

annual diffuser; (5) flow losses in the scroll; U) flow 

losses in the straight diffuser; (7) n mixing loss at t^e 

exit of the impeller. Because oi its short length ^ 

the possibility of good flc# condition, he flow -do 

in the intake section are generally sma1’ t -mpart^ with 

otlr .* losses, and are dictated primarily by whe appli¬ 

cation of the pump; therefore, this loss is not con¬ 

sidered in this analysis. It is assumed that the impeller 

will be designed for incidence free entry at the design, 

or best efficiency point and, therefore, the incidence 

loss is assumed negligible. Considering the remaining 
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head losses in order, the output head is reduced below 

the theoretical head as follows: 

Hout ■ Hfh “Hll Hm Eqt 5 ¾ 

Other losses occur in real pumps which will not affect 

the output head but do increase the energy input at the 

shaft necessary to maintain steady state conditions. The 

losses which increase the required input specific energy 

or head are: (1) disc friction; (2) wear ring friction; 

(3) wear ring leakage; and (4) bearing and seal friction. 

For all but extremely low power pumps, the bearing and 

seal friction are negligible compared with other losses 

and are, therefore, excluded. The remaining losses, which 

may also be expressed in terms of head, are added to the 

theoretical energy transfer, Hth t° obtain the input head, 

H|n « Hth4. Hdf+Hrf+ Hr, 5 3 

Substituting Equations 5.2 and 5.3 into 5.1, 

v . -Hth-Hn- Hfld-H«c-Hid ~ Hm 
Hth + Hdf + Hrf +Hr( 

Eq. 5.4 
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It is desirable to express efficiency in terms of dimen¬ 

sionless coefficients. This may be accomplished by 

dividing each head term by a reference head, Href, defined 

by, 

Eq. 5.5 

resulting in dimensionless terms calle, head coefficients, 

q, defined generally by, 

H Hj_ 

Hr.f ‘ U,* 

Efficiency then becomes, 

_ Qout 

^in 
y.- q0d - q 
^df+ q 

»C ~ 
rl 

fliizâm 
Eq. 5.7 

Each of the head coefficients of Equation 5.7 may be 

expressed in terms of dimensionless pump parameters. The 

detailed derivations of these expressions are presented 

in Section 6, and for the sake of clarity and continuity, 

only the final forms are given here. 

The theoretical head coefficient, representing the actual 

energy transfer between the rotor and the fluid, may be 
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tnalystd for idealized conditions by the application of 

Newton's laws of motion and empirical factors which 

correct from ideal to real conditions. This results in 

the expression 

8 .gSÜ-K^COtfl«) 
q»h * 1+.68¡0)9, 

5 Z (1-.2833 8) 

14. 5.8 

where Kj is the ratio of the meridional velocity at 

impeller outlet, Cm2 to the meridional velocity at 

impeller inlet, Cml 

r *4. « 
''mi 

The Quantity 

. l+.6sin)9, 

.5Z(K26338) 

U known as the slip factor and Is referred to as the 

quantity, m. Several investigators have determined 

empirical expressions for the value of m, the one shown 

here being a form of Pfleiderer's expression. A more 

complete explanation of m and the Justification for 

selecting Pfleiderer's expression is contained in 

Section 6. 
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^ is the ratio of the meridional velocity at impeller 

inlet, Cnrt to the peripheral velocity of the impeller, 

Us 

<j> s -ÇjDJ_ 
ua Eq. 5.10 

8 is the ratio of the eye diameter, d to the impeller 

diameter, D2 

Z is the number of impeller vanes and 02 the vans 

angle at the discharge of the impeller (see Figure 0). 

The flow losses through the various passages of the pump 

have been expressed by an equation of the same form 

as the Darcy equation for straight pipes. From this 

and other assumptions, discussed in detail in Section 6, 

the loss coefficients which represent reductions in the 

output head are as follows: The head loss coefficient 

in the impeller may be evaluated by 

qu* 
.0264*'-" ['- 8(1^] (S'+^tl)1-* 

sin'^R** (l-T* i' ” 
(cent.) 
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, r g'irJ-Z^ng . -- 
1 ZÍ* 2^K|*+K|+I jfr(Tj.7-|j.) 

Bq. 5.12 

where tie the ratio of the hub diameter to the eye 

diameter, and Nid is a coefficient explained in Section 0.1.2 

the ratio of the vane thickness to the impeller 

diameter and J is a grouping of terms defined by, 

Eq. 5.14 

The head loss coefficient in the annular diffuser may be 

evaluated by 

SUNDSTRAND TURBO 

A Division of Sundstrand Corporation 



Page 32 

where X ie the ratio of the outer diameter to the inner 

diameter of the annular diffuser and the slip factor, m, 

is defined by, 

l+.6sin& 
m = l .5Z(l-.28338) Eq. 5.16 

The head loss coefficient for the scroll may be repre¬ 

sented by, 

.I554>l78(l--&B K,*87" 
q.c5 Rii» (|. r,)X,-487e 

8 Ke Eq. 5.17 

[> 

+ C 
I.IM 

and the head loss coefficient in the straight diffuser 

may be evaluated by, 
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q = .125(1-1¾4 'm Bq. 5.19 

The loes coefficients which represent increases in 

shaft power may be represented by the following 

equations : 

ZKiQth 
Qrl - 

Eq. 5.30 

. 1 iÜLÍ-1 - —' 
Ini""»-IS? 11+ fan/}, j 8 

where kj, k2, »hd f are empirical (actors whoee valuee 

are discussed in Section 6, 

p? (i-if) 
q<* = +8* 

Eq. 5.21 

and 

ak. 

= 
Eq. 5.22 
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Substitution of Equations 5.8 through 5.21 into 

Equation 5.7 results in an equation of the efficiency 

of any centrifugal pump. Because of its complexity 

and size, the equation will not be shown in its fully 

expanded form. 

SUNDSTRAND TURBO 

A Division of Sundstrand Corporation 



Page 35 

5.2.2 Diacuaalon of Component Losaes 

Only few test data on the losses in the individual components 

of centrifugal pumps are published in the literature. 

Usually* these investigations deal with specialised cases; 

i.e., certain geometries, and usually cover only comparatively 

limited flow ranges. Some of these data are obtained in 

stationary experiments instead of rotating experiments; 

hence, these data might not be applicable in all cases, 

although the exact magnitude of the difference in flow 

mechanism between stationary and rotary experiments is not 

known. Attempts have been made to calculate the losses in 

the components of pumps of the basis of theoretical consider¬ 

ations (notably Reference 1) whereby usually the pipe fric¬ 

tion concept and conventional hydraulic arguments are used. 

It appears that these considerations yield reasonable results 

which, in most cases, explain the actually obtained data com¬ 

paratively well. Hence, in the present investigations, similar 

arguments are used for expressing the component losses as a 

function of channel geometry and flow conditions. 

The loss relations quoted in 5.2.1 may now be discussed in 

order to recognize the main trends. 
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Equation 5.8 states that the theoretical head coefficient qth 

is mainly a function of the flow factor ^ and the blade 

angle . This is graphically shown in Figure 10 „aich 

indicates that decreases with increasing flow factors 

and decreasing blade angles £2 (*•©•> with increase ¿g flow 

rates and increasing "backward sweep" of the blades). It is 

also evident from Equation 5.8 that q^jj increases with increas 

ing blade numbers, Z. These tendencies result from the fact 

that the exit moment ol nomentum and consequently the change 

of moment of momentum decreases with increasing flow rates 

and decreasing blade angles 

The basic trends for the impeller head loss coefficient q^ 

(Equation 5.12) are presented in Figure 11, revealing that 

the impeller losses increase with increasing flow factors, ^ , 

increasing blade numbers Z, decreasing diameter ratios S , 

and decreasing blade angles/92* These trends result since 

the losses are proportional to the square of the through flow 

velocity and proportional to the frictional area which 

increases with increasing blade numbers, increasing blade 

angles, and decreasing diameter ratios. 

In discussing the losses of the annular diffuser (Equation 

5.15) it must be realized that the flow path is a logarithmic 
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spiral. Hence, the flow path length and consequently the 

losses, increase with decreasing flow angles d 2 (*•*•> 

decreasing flow factors for constant values of X ). These 

tendencies are graphically presented in Figure 13. This 

diagram also indicates that the losses Increase with inoreas- 
i 

ing blade angles ß2 for constant ^ values. This tendency is 

explained by the fact that the flow angle a 2 ie a function 

of^ and ß 2> decreasing with Increasing £2 values, so that 
for constant flow factors the flow path length is larger for 

large £2 values than for small ß2 values. 

It is to be noted that Equation 5.15 deals only with the losses 

occurring in vaheless annular diffusers. In cases where guide 

vanes are provided in annular diffusers, the natural flow 

path of a logarithmic scroll is changed to a shorter and 

steeper path for the same diameter ratio, meaning that the 

diffusion rate is larger than the diameter ratio and that 

the diffuser leaving angle is larger than the entrance angle 

to diffuser. The frictional area is somewhat increased due 

to the addition of the vanes. This detrimental effect, however, 

is overcoapensated for by the larger diffusion rate in well 

designed vane type diffusers so that usually somewhat higher 

efficiencies occur in vane type annular diffusers than in the 
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vanalMS annular diffusers. It is to be noted that due to 

the change in absolute flow angles, the approach vector to 

the scroll is different for vane type diffusers as compared 

to vaneless annular diffusers, meaning that the roroll areas 

become somewhat larger if vanes are incorporated in the 

^nnular diffuser; thus, Equation 5.15 is not valid for com¬ 

puting the straight diffuser losses. No exact relations have 

been found for the difference.in losses betweeu vane type and 

vaneless annular diffusers. It appears reasonable to assume 

that in the high specific speed regime, pumps equipped with 

vane type annular diffusers have an efficiency which is about 

1% to 3% higher than the pump efficler.y for designs with a 

vaneless annular diffuser. It is evident that the ¿mailer 

difference pertains to pump designs with large degrees of 

reaction (i.e., blade angles smaller than 90°) since, in this 

case, the energy conversion taking place in the diffuser is 

comparatively small, whereas the larger figure pertains to 

pump designs with smaller degrees of reaction (i.e., with 

impeller blade angles of 90° and higher). In order to avoid 

mathematical complications, a comparatively small diameter 

ratio (i.e., diffusion rate) of the vaneless annular diffuser 

is assumed in the calculations. A straight diffuser section 

is then assumed to be provided downstream of'tbe collector 

scroll, which reduces the velocity to cm_i. 
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The aeroll friction loases are expressed algebraically in 

Equation 5.17, and graphically in Figure 13. This diagram 

indicates that the scroll friction losses have a similar 

tendency as the annular diffuser losses but are in general 

somewhat smaller than the annular diffuser losses. This 
i 

difference in magnitude results because the scroll, as defined 

in this report, is merely a collector and not primarily a 

diffuser, in contrast to the annular diffuser. (Actually, a 

slight flow deceleration may occur in many scroll designs 

due to the decrease in peripheral component from scroll inlet 

to scroll outlet.) The tendency of the scroll losses to 

increase with decreasing flow factors results from the com¬ 

paratively small hydraulic diameter required for small flow 

rates. 

Usually the flow velocity at the scroll exhaust is compara¬ 

tively large in most designs. Additional deceleration is 

therefore desires which may be obtained by a straight conical ^ 

diffuser, mounted at the scroll exhaust. For convenience, it 

may be assumed that the desired exhaust velocity of the pump 

is equal to the impeller inlet velocity, cm_]l It is apparent 

that comparatively large deceleration rates are required in 

the conical diffuser for cases where the annular diffuser 

provides only a small diffusion rate. Since the flow 

SUNDSTRAND TURBO 

A Division of Sundstrand Corporation 



Page 40 

deceleration in the annular difiueer is proportional to X , 

it becomes apparent that large conical diffuser losses, 

occur for snail X values and the q,d decreases with increasing 

X values. This tendency is expressed in Equation 5.15 and 

graphically presented in Figure 14. This diagram also indi¬ 

cates that qsd decreases with increasing flow factors. This 

tendency is caused by the assumption that the diffuser exit 

velocity is equal to the impeller inlet velocity (i.e., pro¬ 

portional to * ). Hence, smaller deceleration rates and, 

consequently smaller losses, occur at large flow factors than 

at low flow factors. 

The disc friction and wear ring friction losses expressed by 

Equation 5.21 and 5.22 are graphically presented in Figure 14, 

indicating a significant increase of these losses with 

decreasing flow factors, and decreasing diameter ratios. This 

trend exists since the power absorption of the disc and wear 

ring is mainly a function of the surface velocity and surface 

area (i.e., tip speed) but independent of the flow rate 

through the impeller. The power absorption of the impeller, 

however, is proportional to the flow rate (i.e., flow factor). 

The loss coefficients qdf and qrf express the power loss as 

percentage of the impeller power absorption which then 

increases with decreasing flow rates. Since the impeller 
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flow rate decreases with Increasing diameter ratios 8 , it 

follows that the loss coefficients qdf and qrf also increase 

with decreasing diameter ratios. 

The wear ring leakage, expressed as head loss coefficient, 

is graphically presented in Figure 16. It is evident that 

this loss increases with decreasing flow factors. This 

tendency results from the fact that the leakage flow is 

almost constant, due to the constant leakage area, whereas the 

impeller flow rate decreases with decreasing flow factors. 

Hence, percentagewise, the leakage increases with decreasing 

flow factors. Another parameter which influences the leakage 

flow is the effective pressure difference at the gap. This 

pressure difference is created by the difference in pumping 

action inside and outside of the impeller. The liquid at the 

outside of the impeller is usually assumed to rotate with 

half the impeller speed due to the shear forces, thus providing 

a pressure rise which is independent of flow rate. The pres¬ 

sure rise experienced by the flow inside of the impeller is 

influenced by the blade angle £2 in suctl a ■»anne1' that an 

almost constant pressure rise (i.e., independent of flow rate) 

occurs for /92 = 90° hut a pressure rise which decreases 

with increasing flow rates for /32 <90°. Hence, the effective 
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preaaur« difference at the gap is alaoat constant for 

= 90°, but decreasing with increasing ^ values for 

ß» < 90°. This dlffsrence is responsible for the tendency 

that qri for ß2 < ®0° decreases more rapidly with increasing 
^ values than qrl for £2 s 0O°» M ■hovn in Figure IS, and 

expressed algebraically in Equation 5.20. 
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Calculation of N«-Dq Diagram for Optimum Efficiency; 

As pointed out in Section 4, in order to obtain a unique 

solution for each point on the Ns-Ds diagram, it is 

necessary to introduce some restriction to the geometric 

similarity conditions, and this may be accomplished by 

introducing a criterion of optimization. The criterion 

of optimization for this part of the study is the 

restriction to the configuration at each N8-D8 combina¬ 

tion which will produce the maximum possible design point 

efficiency. 

In order to effect a solution for a given N8-D8 combina¬ 

tion, it is therefore necessary to relate the relation¬ 

ships used to express efficiency as functions of Ns and 

For mathematical convenience, the equations have 

actually been expressed in terms of two other parameters 

which, since they are themselves explicit functions of 

N8 and D8, accomplishes the same end. These parameters 

are q0ut» which is defined by Equation 5.2 and ^ , which 

is defined as, 
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ThM* parameters are expressed explicitly in terns of 

Ns and Ds by the following equations: 

« -11.750 
Ho«t * >V| r\T 

Ns Ds 

4.85 
N| Ds' 

Eq. 6.24 

Eq. 5.25 

Conversely, for convenience, Ns and Dg are expressed as 

functions of >jrand qout by, 

N. =228.¾ 
^cut^ 

Eq. 5.26 

= .473 
Ÿ4 

Eq. 5.27 

Rearranging Equation 5.22 permits solving for ft as an 

explicit function of 4> , r , and ^ . 

Eq. 5.28 

[¢(1-T1)] 7T 
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Substituting this expression for 8 in each of the head 

coefficients derived in Section 5.2 and substituting these 

expressions into Equation 5.7 results in an expression 

for efficiency in terms of £i, r , Z » ^ > X , , and 

Qout* Because of the length and complexity of this 

expression, it is not shown in its fully expanded form. 

However, a solution for this total expanded expression 

has been effected through an iterative program written 

for IBM 650 high speed digital computer. 

Preliminary runs on the program indicated that variations 

in r and in X within limits of standard practice had a 

negligible effect on efficiency and, therefore, constant 

values of 0 and 1.001 were used, thus reducing the vari¬ 

ables to ßa, Z , , ÿ , and q0Uf 1° the iterative sol¬ 

ution , numerical values of ßt, Z , and ^ were tried to 

determine the combination which would result in the maxi- 

mum efficiency for a given f and qout (congruently Ns and 

Ds) combination. By partially differentiating the com¬ 

ponent terms of Equation 5.7, a method of convergence 

was introduced to obtain a reasonable program running time. 

The resulting Ns-Ds diagram is shown in the composite 

diagram of Figure 1 . 
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5.3.1 Discussion of NB-DS Diagrams for Maximum Efficiency 

Designs 

The calculated Ns-Ds diagram presented in Figure 1 indi¬ 

cates that optimum efficiencies are obtained at specific 

speeds of about Ns = 80 and at a specific diameter of about 

D«, - 1.8. The maximum obtainable efficiency decreases with 

decreasing specific speeds whereby increasing specific dia¬ 

meters are required with decreasing specific speeds in order 

to obtain maximum efficiencies. It is evident that the peak 

efficiency regime centers around head coefficients of qout r»7. 

At smaller qout values, lower efficiencies than peak efficien¬ 

cies are obtained. A particularly drastic reduction in effi¬ 

ciency is observed in cases where the qout value exceeds a 

value of .8. The overlay A to Figure 1 reveals that the 

optimum diameter ratio 8 , decreases with decreasing specific 

speeds (i.e., increasing specific diameters) and that the 

optimum blade angle follows almost a line of constant head 

coefficient. It is evident that a blade angle of 90° does not 

yield optimum efficiencies but blade angles of about 60° at 

large specific speed and somewhat higher blade angles in the 

lower specific speed regime. Overlay B to Figure 1 indicates 

that a blade number of 20 is optimum for almost all specific 

speeds and that the lengths of the straight portion 
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of the diffuser becomes a múltiple of the impeller dia¬ 

meter In order to obtain the efficiencies shown in the 

low specific speed regime; whereas, at larger specific 

speeds, the lengths of the straight portion of the dif-: 

fuser can be as small as .4 to .3 times the impeller dia¬ 

meter. Overlay C to Figure 1 indicates that the optimum 

flow factor increases with increasing specific speeds, 

meaning that a flow factor of ¢= .1, is optimum in the 

low specific speed regime and a flow factor of ^ ■ .3 to 

.35 for the high specific speed regime. The lines of 

constant suction specific speed S, indicate that the 

suction specific speed inherent in the designs presented 

in these diagrams increases with decreasing specific 

speeds, exhibiting suction specific speeds cf 300 at 

high speed and suction specific speeds of 500 in the low 

specific speed regime. 

The tendencies exhibited in Figure 1 can be explained by 

the following considerations: The most influential^values 

i 

are the conditions at impeller inlet and diffuser inlet. 

The criterion at the diffuser inlet is the angle 02 of 

the absolute velocity entering the annular diffuser. In 

cases where this angle is comparatively small (for example, 
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below 5°) the frictional path becomes large, meaning 

that the diffuser losses are comparatively large (since 

the deceleration ratio depends only on the diffuser 

diameter ratio and not on the flow angle). Small flow 

angles a 2 are identical with small flow factors 

Hence, small flow factors cause comparatively large dif¬ 

fuser losses. This holds also for the collector scroll. 

For designs with large flow factors ^ , the through flow 

losses in the impeller, for example, become comparatively 

large. 

If, now, comparatively small flow rates are passed through 

the pump (low specific speed designs) then the desirable 

flow angle a 2 can only be obtained if the imPeller width 

is comparatively narrow. This causes an unfavorable 

geometry of the impeller as well as diffuser since, then, 

the frictional area (i.e., the hydraulic diameter) becomes 

unfavorable. Additionally, the leakage losses tend to 

increase with this type of impeller geometry so that the 

optimum diffuser flow angle cannot be realized. The 

optimum efficiency of low specific speed pumps, therefore, 

has to be expected at a compromise between diffuser angle 

and impeller width. This compromise favors lower flow 

factors with decreasing specific speeds. 
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Sino* one ot the naeumptione of this analysis is that the 

pump exit velocity is equal to the impeller inlet velocity, 

it becomes also apparent that a comparatively large dif¬ 

fusion rate is required in cases where the flow factor is 

comparatively small. This necessitates a comparatively 

long straight diffuser portion behind the scroll, thus 

explaining the increase of the X value with decreasing 

specific speeds. The decrease in optimum flow factor with 

decreasing specific speeds also explains that the suction 

specific speed increases with decreasing specific speed 

since this value is greatly affected by the meridional 

component. 

The tendency that the optimum diameter ratio decreases 

with decreasing specific speed can be traced back to the 

impeller inlet conditions. If, for example, at low flow 

rates (i.e., low specific speeds) a large diameter ratio 

would be used, then the relative velocity in the inducer 

w¿ would be comparatively large and would occur at a 

fairly small angle ßThis large velocity then will have 

to be diffused to the value of the relative leaving 

component at impeller exit and will have to be deflected 

from the small angle ß ^ to the comparatively large angle 

£2‘ This process causes diffusion and deflection losses 
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which decrease the impeller efficiency. By selecting a 

smaller diameter ratio, the angle ßi ÍB increased and 

the relative velocity in the inducer decreases so that 

smaller diffusion losses will occur in the impeller. 

This tendency, however, will increase the wheel disc 

friction losses. These losses increase with decreasing 

impeller diameter ratios. Hence, the optimum condition 

is found at the proper compromise between wheel disc 

friction losses and impeller losses. This compromise is 

reflected in Figure 1 by the optimum flow factor and 

optimum diameter ratio values. 

The fact that the optimum blade angle and optimum blade 

number are almost proportional to the head coefficient 

q0ut evolves from the following considerations: The 

head coefficient is, for the ideal machine, propor¬ 

tional to the theoretical head coefficient q^' This 

coefficient Increases with increasing values of the blade 

angle £2 and decreasing slip value m (i.e., increasing 

blade number z). The losses disturb this tendency some¬ 

what as indicated by the divergence of the optimum blade 

number and blade angle lines. They do not, however, appear 

to change the main tendencies. It is to be noted that the 
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divergence of the optimum blade number and optimum blade 

angle lines can also partly be attributed to the fact that 

the theoretical head coefficient is also a function of 

the flow factor for ß2< 90°. This influence increases 

with increasing flow factors, as evidenced by tfre divergence 

between the qout and ß2 Unes at large flow factor (i.e., 

large specific speeds). 

Ti e fact that an op'*' iii' i-xade number exists is explained 

by tie consideration that a large number of blade gives a 

large frictional are« , consequently, comparatively 

large frictio-<¡ - ’oss in the impeller passages. Hence, 

in spite of the increase in output obtained by the 

*-*reasing blade numb;', this tendency is somewhat compen¬ 

sated for by ti. ’ j ’ le in frictional area due to the 

J .ioff .-e in '’»de number, thus rendéring a blade number of 

20 close to the optimum va. -it for almost the whole specific 

^peed regime. 

5.3.2 Comparison of Experimental Data With Theoretical 

Analysis 

In comparing the calculated diagram with the one 

obtained from the test data, differences are observed, 
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particularly in the low specific speed regime. The experi¬ 

mental iso-efficiency lines of Figure 5, and the theoretical 

iso-efficiency lines of Figure 1, have been superimposed 

in Figure 17. The broken lines, representing experimental 

data, are observed to match very closely at q0ut = *or 
\ 

specific speed values above 25. In the same specific speed 

range fait at lower values of q0ut» the mAX*jnum difference 

between the experimental and theoretical curves is approxi¬ 

mately two and one-half percentage points. Considering the 

simplifying assumptions required in the theoretical analysis, 

the possible error introduced by using constant empirical 

factors required and the purpose for which this study is 

intended, this is quite a tolerable degree of accuracy. 

At specific speeds decreasing below 25, the theoretical values 

were increasingly superior to the experimental values. This 

is probably partly attributable to the fact that vane thick¬ 

ness ratios, surface roughness ratios, leakage clearance 

ratios, etc., were assumed to be constant at all specific 

speeds in the theoretical analysis, which was probably not 

true in the case of the experimental data. Although it is 

not a necessary requirement, the test data for the low speci¬ 

fic speed pumps did generally represent pumps of smaller flow 

capacity and, hence, generally, although not universally, 

of smaller size. 
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Th« absolute value of surface roughness, for example, in the 

impeller passages and diffuser, does not reduce proportion¬ 

ately with the reduction in flow passage dimensions in 

standard commercial pumps due to economical manufacturing 

limitations. Hence, the friction factors assumed constant 

in the theoretical analysis, probably increased with decreasing 

values of specific speed in the pumps from which test data was 

gathereu. 

Another probable cause for differences between experimental 

and theoretical results in the low specific speed regime 

stems from the fact that there were far fewer data points 

in the low specific speed regime, reducing the probability 

of having truly optimum pump configurations represented by 

the experimental data. As can be seen from Figures 2m-p, 

which have a large number of points, the majority of these 

data points are not optimum. 

It must be recognized that bearing and seal friction, con¬ 

sidered negligible in the theoretical analysis, become 

increasingly important in the low specific speed regime, and 

may make the low specific speed theoretical results slightly 

optimistic. The fact that the predicted curves check com¬ 

paratively well with the experimental data in the large 
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spécifie speed regime could then be explained by the fact 

that large specific speed designs usually show a larger 

blade number than 6, approaching in some cases 12 to 14. 

In comparing Figure 6 with overlay A of Figure 1, it results 

that the lines of optimum blade angle are somewhat different 

in both diagrams, meaning that the calculated data would 

require à smaller blade angle than the test data implies. 

This difference again can be explained by the fact that the 

calculated optimum blade number is considerably higher than 

the number of blades actually incorporated in the tested 

pumps. A final conclusion, therefore, regarding the validity 

of the assumptions of this report and, consequently, the 

validity of the precalculated Ns-Ds diagrams is not possible 

at this time. The testing of pumps which show the stipulated 

geometry will be required before a final verdict on the 

validity of the assumptions of the component losses can be 

rendered. 

It is therefore reasonable to say that Figure 6 should be 

used for design calculations which follow conventional 

design practice. The values predicted in Figure 1 might, 

however, be obtainable if the geometries stipulated in the 

overlays can reasonably well be incorporated into the pump 

design. 
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Th« puap data shown in Figure 6 from Reference 4, are obtained 

from test data of blowers and pumps. No distinction in these 

test data was made regarding the diffuser design, (i.e., whether 

a vaneless or vaned annular diffuser was incorporated into 

the pump. Somé clarification of this aspect is provided by 

Reference 13, which indicates that in the low specific speed 

regime, vane type diffusers yield better efficiencies than 

vaneless diffusers, Figure 4, implying that the vaneless 

type shows efficiencies which are about 5 to 8 points lower 

than the vane type diffuser in the: medium specific speed 

regime and up to 25 points in the low specific speed regime. 

This tendency appears reasonable since usually comparatively 

shallow flow angles are to be expected at diffuser inlet in 

the low specific speed design due to the small flow factor 

which renders the vaneless diffuser comparatively inefficient. 

Hence, the incorporation of guide vanes improves the perform¬ 

ance. A more detailed investigation, however, of the particuler 

diffuser designs incorporated in the test data quoted in 

Reference 13 would be necessary to evaluate this influence 

numerically. Unfortunately, this detailed Information is 

not quoted. 

The analysis yields efficiencies which are higher than the test 

data shown in Figure 4 for vane diffusers. This difference 
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Is partly explained by the comments in Section 5.2.2 where it 

was stated that the analysis assumes short vaneless annular 

diffusers and straight diffusers at the scroll exit. 

Another reason for the high efficiency values of the analysis 

is seen in the high impeller blade number found to be optimum 

by the analysis (if they can be made sufficiently thin). 

It should also be noted that the difference between vane type 

and vaneless diffusers could be expected to be particularly 

pronounced in the low specific spped regime, since for this 

regime low flow factors; i.e., small diffuser angles yield 

maximum efficiencies. Since the incorporation of guide vanes 

in the annular diffuser offers the opportunity to make the dif¬ 

fusers flow path "steeper", thus reducing the frictional area 

(which is not possible for the vaneless type, due to the free 

vortex pattern) and increasing the diffusion rate, additionally 

affording a somewhat improved scroll collector design (since 

now the scroll cross-section becomes larger) it becomes evident 

that for the specific speed regime of Ns = 10 to 30, the vaned 

diffuser offers considerable advantages. On the basis of these 

comments, it appears advisable to interpret the calculated effi¬ 

ciencies presented in the Ns-Ds diagram as being most likely 

obtainable for pumps with vane type diffusers. 

Actually, this aspect merits additional investigation which may 

prove to be of particular benefit for low specific speed designs. 
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It means that the diffuser design becomes of critical importance 

for the efficiency of low specific speed pumps, meaning that 

the diffuser efficiency determines, to a large degree, the 

pump efficiency. 

Since vaned diffusers have higher efficiencies than vaneless 

diffusers, the application of a single conical diffuser over 

only a part of the impeller discharge area (partial emission 

pumps) should yield acceptably high efficiencies for low speci¬ 

fic speed designs. Only little information on the performance 

of these "partial emission" pumps is found in the unclassified 

literature. The maximum obtainable efficiency as well as the 

optimum specific speed regime does not seem to be too well 

established. Good low specific speed performance, however, is 

indicated by Reference 27. 

Some tentative data are shown by the dashed line in Figure 17a 

by quoting?mas values (for Ds_opt). These values indicate a 

slightly better performance at low specific speeds than full 

admission vane diffuser pumps, but inferior performance to full 

admisbion pumps at specific speeds greater than 15. 

It is to be expected that an optimum value for the degree of 

emission exists and that this value is a function of Ns and Da. 

The degree of emission then becomes a major criterion for the 

optimization, and determines (to a large degree) the optimum 
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design geometry. In order to determine the optimum degree of 

emission, a thorough analysis of the flow mechanism in the 

blocked portion of the pump casing will be necessary. The 

presently available data are insufficient to perform such 

detailed analysis. 

For even lower specific speeds, the Pitot pump should be 

expected to yield better performance than the partial emission 

or the vaned diffuser oump since the Pitot pump will have 

extremely low windage losses which, according to Figure 15, are 

comparatively large at small flow factors for conventional 

centrifugal pumps. Since the windage losses in Pitot pumps 

occur at the gas side of the rotating drum (see Figure 31), i.e., 

in a medium in which the density is only 1/1000 of that of 

liquids, the windage losses are considerably reduced. Hence, 

Pitot pumps should be capable of exhibiting good efficiencies 

as long as the probe drag is comparatively small. The more 

detailed analysis of Pitot pumps, presented in Section 7, seems 

to confirm this conclusion to some degree. It is to be noted 

that this conclusion is strictly preliminary due to the lack of 

sufficient test data. 

A treatise on low specific pumps would be incomplete without 

reference to the "regenerative" or "drag" pump described at 

various places in the literature (e.g., Reference 25). This 
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punp typ« do«« «xhibit very favorable lo* specific performanc« 

at Hg values less than 15, so that this pump performance-wise 

must be considered a serious competitor for the Pitot pump. 

The flow mechanism in '’regenerative" or "drag" pump is 

significantly different from the flow mechanism in centrifugal 

pumps and in some respects not yet too well explored. A 

detailed treatment of this pump type, particularly an adequate 

discussion of the flow phenomena occurring in this pump type 

and, consequently, a treatise on the effect of design geometry 

on performance, was considered to exceed the scope of the present 

study program. 

Figure 17a shows the efficiency as a function of specific speed, 

that can be attained with good design. This test data was 

supplied by the McCulloch Corporation (Reference 26). 
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5.4 Suction Specific Speed as the Criterion of 

Optimization for Centrifugal Pumps 

As pointed out previously, there are criteria of optimi¬ 

zation other than efficiency that may be applied as a 

restriction to obtain a unique configuration and set 

of performance characteristics for the family of similar 

pumps represented by each point on the Ns-Ds diagram. 

Another criterion vhich is of especial interest is that 

of producing maximum suction specific speeds. 

In Section 4, suction specific speed was discussed as 

a convenient parameter for describing limiting cavita¬ 

tion characteristics for pumps. Starting with Equation 

4.10 it can be shown that 

S - 228.5 — Q A Eq. 5.20 

The full derivations of this and the following expres¬ 

sions are given in Section 6.2 but are deleted here for 

the sake of clarity and continuity. 

Since it is possible that preswirl may exist at the con¬ 

dition of maximum S, the absolute angle of the flow at 

entrance to the impeller GC|, is retained. Considering 
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the pressure drop due to friction in the inlet section 

and the reduction in static head resulting from the 

absolute motion of the fluid in the inlet and the rela¬ 

tive motion of the fluid past the pump vanes, the net 

positive suction head coefficient can be shown to be 

.r 

where B, is a friction coefficient for the inlet section 

and B2 and B3 are empirical coefficients expressing the 

loss in static head due to the absolute and relative 

velocities respectively. 

Partial differentiation of qsv with respect to & , , 

andCOt a, yields a set of simultaneous equations which, 

upon solution, results in explicit expressions for ^ , 

8 , and tf , in terms of ^ , and the empirical coef¬ 

ficients . 

Eq. 5.31 

Eq. 5.32 

Eq. 5.33 
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where 

rj , o i n E4 • 8 » 
®4 = B1 + “2 + B3 

Reference 18 indicates values of 

®1 ^ b2 s 1,1 

and a value of .2 was selected for Bg. These values 

of the coefficients yield values of inlet angle « x = M 

and suction specific speed S = 541. These values are 

constant at all valúen ol Ns and Ds. The values of S 
and* are she«. In figure 10», which also gives optinu. 

/¾ and Z for these conditions as calculated by substi¬ 

tuting the proper values of 8 , ÿ • and a,, lnt0 the 

efficiency optiniaation program. Efficiencies are shown 

in Figure 10b. 

It must be concedod that it is possible that the empir¬ 

ical coefficients Blt B2, and Bg are not constant over 

the entire range, and Shepard and Church (References 8 

and 19, respectively) consider that these coefficients 

have not been accurately determined at present. It is 

not to be expected, therefore, that there is a high 

degree of accuracy in these results. Nevertheless, they 

correspond well with the best suction specific speed 

values taken from literature as given in Figure 8. 
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where 

B4 = Bi f B2 -H B3 
Eq. 5.34 

Reference 18 indicates values of 

and , value ol1+2 ». »leeted for B3. Th.ee value, of 

the coeff Icier .a yield values of < olet angle OC 1 -. 5»° 

and euction specifio speed S = 541. These value, are 

constant at all values of N3 and Ds. The values of S 

a„d0 are shown in Figure 18, which also gives o-tlwun* 

and Z fcr these conditions as calculated by substituting 

4 £ andOC i into the efficiency 
the proper value.« of ó » 9 ' anau. i 

optimization program. Efficiencies are shown in Figure 19. 

Since Equation 5.32 shows that Í is u lanct<'>„ of? and > 

Equation 5.31 shows that ? is a fu.ctior ofWíor a consta 

suction specific speed, these two relationships <n. ¡cate 

that for an., one point on the Hs-Ds diagram there i- only 

one value of each « and (Í when suction specific speed Is 

constant. Thereiore, the only variables that are left to 

optimize efficiency at constant suction specific speed are 

g 2 and Z. The parameters^1 2 and z are inter-related 

with respect to determining head coefficient, q^, a”d 

__he see,, on Figure 10b that the highest efficiencies 
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for a given value of Ns occur at a qout close to .7. The 

iso-efflclency lines would curve back to the right in 

Figure 10b at higher values of qout except the pump is 

unable to attain these high q^ values when the restric¬ 

tion of a constant suction specific speed of 541 is imposed. 

Figuro 18a shows the parameters ^ 2 and z * As mentioned 

previously, the highest efficiencies for any Ns occur at 

q0ut values of about .7, and since^ 2 and z a:f^ec‘t ^out 

to a large degree, the optimum values otj? 2 and Z are 

nearly constant over the Ng range investigated. 

It must be conceded that it is possible that the empirical 

coefficients Bp B2, and B3 are not constant over the 

entire range, and Shepard and Church (References 8 and 19, 

respectively) consider that these coefficients have not been 

accurately determined at present. It is not to be expected, 

therefore, that there is a high degree of accuracy in these 

results. Nevertheless, they correspond well with the best 

suction specific speed values taken from literature as 

given in Figure 8. 

Much of the literature suggests valuer of suction specific 

speed between 330 and 472, which is somewhat lower than 
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the value of 541 shown here. However, Figure 8 shows test 

data points as high as 614, indicating that the value 

calculated here is a reasonable one. Stepanoff (Reference 

4) indicates that suction specific speeds up to 945 are 

possible with a sacrifice in efficiency, and up to 708 

at. the best efficiency point. However, special design is 

required for such high values of suction specific speed, 

and nowhere in literature have values of the coefficients 

or the necessary special design considerations been found. 

Therefore, it is considered that the values obtained do 

represent the best that can be done with standard commer¬ 

cial designs with careful attention being given to entrance 

conditions. Thus, these values do represent the present 

state of the art in predicting cavitation characteristics. 

5.5 Possible Methods for Improving Low Specific Speed 

Centrifugal Pump Performance 

Figures 17 and 17a, and the discussion of section 5.3.2 

outline the pump configuration which appears to be most 

desirable for obtaining high performance of low specific 

speed centrifugal pumps. One promising possibility lies 

in increasing the number of impeller blades (and reducing 

the pump diameter; i.e., the specific diameter) for a given 
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application. Attention to maintaining surface roughness ratios, 

leakage clearance ratios, etc., and the use of higher class 

bearings and seals in the low specific speed regime offers the 

possibility of an additional boost in centrifugal pump effi¬ 

ciency at specified speeds less than 25. 

Further avenues of performance improvements in the low specific 

speed regime are evidenced in Figure 17a by the preliminary 

performance of Pitot pumps. It appears likely that efficiencies 

of 45% with Pitot pumps can be obtained at specific speeds of 

10, where the theoretical curve for centrifugal pumps indicates 

only 40%. A more concise appraisal of the possible pump improve¬ 

ments in this specific speed regime will require additional test 

information. 

It must be recognized that without clever innovations in manu¬ 

facturing processes, it is unlikely that significant improve¬ 

ments in efficiency could be attained by these means without 

substantial increases in manufacturing cost. The inherent low 

power requirements of low specific speed pumps reduce the impor¬ 

tance of efficiency in this regime. Thus, for normal commercial 

applications, economic limitations will confine the iso-efficiency 

profiles to approximately those shown in Figure 5. However, for 

applications in which efficiency plays an important role, such as 
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In misâlle and space flight applications, substantial increases 

in manufacturing costs may be justified by increased capability 

in fulfilling missions. 

* 
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SPECIFIC SPEED FROM TEST DATA 

FIQ. 6 

N s 

-BLADE ANGLE 

--"DIAMETER RATIO 8 
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FIGURE 7a 

EXPONENT FOR REYNOLDS NUMBER 

CORRECTION FACTOR 

R? 
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FIG, 8 

SUCTION SPECIFIC SPEED FROM TEST DATA 
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FIGURE 9 

SCHEMATIC OF IMPELLER SHOWING 

VELOCITY DIAGRAMS 

EXIT VELOCITY INLET VELOCITY 

VELOCITY DIAGRAMS ARE FOR A SLIP FACTOR OF UNITY 

AND ARE AT THE MEAN STREAMLINE 
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FIGURE 12 
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FtGURE 14 
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FIGURE 15 

DISK FRICTION AND WEAR 
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6. DERIVATIONS OF THE CENTRIFUGAL PUMP EQUATIONS 

6.1 Efficiency Equation 

6.1.1 Theoretical Head Coefficient 

The theoretical head has been defined as the actual 

energy transfer taking place between the impeller and 

the fluid. The energy transfer between an impeller and 

the fluid traversing it may be analyzed for idealized 

conditions by application of Newton's laws of motion to 

the fluid flow. A typical impeller is shown schematic¬ 

ally in Figure 9, together with a vectorial representa¬ 

tion of the fluid and impeller velocities at entrance 

to and at exit from the impeller. For idealized condi¬ 

tions, it is assumed that steady flow exists; that is, 

the mass rate of flow is constant and no fluid is 

stored in the impeller, and that the velocity of the 

flow is uniform across any finite area perpendicular 

to the flow. Since only the fluid entering and leaving 

the impeller is capable of exerting an external force 

upon it, consideration of the velocities at entrance 

and at exit permits evaluation of the energy transfer 

taking place. Further, the radial and axial components of 

SUNDSTRAND TURBO 

A Division of Sundstrand Corporation 



Page 104 

these velocities create loads on the bearings, but 

do not contribute to the driving torque required 

(except as a function of bearing friction), and hence, 

only the tangential components of the velocities need 

to be considered. 

Since the moment of momentum of the fluid passing 

through the impeller is changed only as a result of 

the moment or torque exerted between impeller and 

fluid, the energy transfer may be evaluated by 

analyzing the change in moment of momentum of ‘:he 

fluid traveling the impeller. According to Newton's 

third law, the driving torque equals the difference 

between moment of momentum at exit and entrance, 

T- ftr, Cu.-r, C„) ^6-1 

Where T is the torque in pound-feet, G is the weight 

rate of flow in pounds per second, r^ and r2 are the 

mean radii of the inlet and outlet areas respectively, 

C and Cu are the tangential components of the 

absolute flow velocities at inlet and outlet 

respectively and g is the standard gravitational constant. 
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The energy transfer is the product of torque and 

angular velocity of the impeller w , in radians per 

second : 

£-T»-^|r. U -« c) ^6 2 

The peripheral velocity of the whee' U , at any point 

is equal to the radius times the angular velocity. 

Thus, 

e-$|u.u -u,c| Eq'8-3 

The energy transfer per unit of weight flow is obtained 

by dividing E by G, resulting in the well known Euler 

equation, 

E 
G 

Eq. 6.4 

where is the energy transferred per unit of weight 

flow, or theoretical head, with units of or ft. 

Equation 6.4 expresses explicitly the relationship 

between the energy transfer per unit of mass flow and 

the velocities in the vector diagram of Figure 9. 
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It is generally agreed by most investigators that, 

without the influence of inlet guide vanes, there 

should be essentially no preswirl in the inlet flow; 

that is, Cjji is nearly equal to zero, when operating 

at or near the best efficiency point. Since maxinum 

efficiency for swirlfree inlet conditions (no inlet 

guide vanes) is the criteria of optimization under 

consideration, only the conditions at the best 

efficiency point are concerned, is assumed to 

equal zero, and the theoretical head becomes 

Hth = Ul C.m 
9 

Eq. 6.5 

Referring again to the velocity diagram of Figure 9, 

Cm s Ut — W^a 

where Cm2 is the meridional component of absolute 

flow velocity at impeller exit, that is, that component 

lying in a plane passing through the axis of rotation, 

and^ 2 *s t*1® angle that the flow makes with the 

tangent to the impeller. Substituting Equation 6.6 

into 6.5, 

k'-U, Cm Eq. 6.7 
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Among the idealizing assumptions^ it was stipulated in the 

dsrivations of Equation 0.7 that the flow is uniform, both 

as to magnitude and direction, over the entire impeller 

outlet area. References 4, 7 and 8, among others, 

indicate that the flow is not uniform over the impeller 

outlet flow area and discuss correction factors sh ich 

account for the effect on Hth. Hth represents the actual 

energy transfer occurring between the impeller and the 

fluid, and was calculated from the difference of moment of 

momentum of the impeller inlet and outlet flows, assuming 

uniformity over the entire flow area. But the moment of 

momentum of the fluid is variable at different points in 

the Impeller outlet area, so it is necessary to Integrate 

across the flow area in order to determine the actual H.. . 
th 

It should be noted that the resulting reduction in JL.*, does 

not represent an energy loss, but indicates the inability 

of the impeller to absorb, transmit, and impart the energy. 

Wislicenus (Reference 7 pf. 335) has derived a correction 

factor based upon a sinusoidal variation with respect to 

axial position of the meridional component of the flow 

velocity, as shown in Figure 19, a uniform velocity 

distribution in the peripheral direction and a constant 
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valu« of ß2'. Integrating over the entire area he 

obtains 

Htb - U* Cm# ov cot^^j |q. 6.8 

Thus, the subtractive term of the equation for is 
2 

Increased by a factor of ^ m 1.234. 

Stepanoff (Reference 4, pf. 49) performs a similar 

derivation, assuming a linear rather than a sinusoidal 

velocity profile as shown in Figure 20. Integrating over 

the flow area, he derives another expression for H . 

ICq-Cb) 

+ “î,n*ovt J U« Cm«ov co^2 ’ 
Eq. 6.9 

Both Wislicenus and Stepanoff assume that ß 2' in constant. 

This would require that the tangential component of the 

flow velocity CU2 would vary as a direct function of 

0^2. Test data in Reference 9 indicates that this is not 

necessarily accurate, but that variations may occur in 

ß 2* aS well as in Cm2’ 

Following the same approach, but using different assumptions, 

another correction for may be derived. In Figure 21 

SUNDSTRAND TURBO 

A Division of Sundstrand Corporation 



Page 109 

the aaeumed velocity distribution of both the meridionsl 

and the tangential components of the flow are illustrated. 

These consist of a linear distribution topped with a 

sinusoidal distribution. Although this does not exactly 

match the profiles shown in Reference 9, the random 

characteristic of the experimental data would preclude the 

possibility of exact duplication. But the velocity 

profile assumed should yield fairly representative results. 

Figure 22 shows an element of flow issuing from the impeller 

of width dx and of circumferential length D2. If the 

meridional component of velocity fcr the incremental 

element of the flow is Cm2 ' » the volume flow rate across 

the incremental area is, 

dQ = wDt Cm't dx Eq. 6.10 

The flow element has a tangential velocity component, 

CU2', which is not uniform over the impeller outlet area, 

but varies as a function of its axial position. Assuming 

that the maximum tangential velocity is CU2 and the minimum 

value is (1 - n ) Cu2» then the difference between the 

maximum and minimum is n (^2• The variation in CU2' is 

assumed to follow a sine function across the axial extent 

of the outlet area, so that the tangential velocity of any 
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IncreMntal flow elwnent ia given by, (see Tig. 28 for notations) 

Cut 

- n cu, + n Cu, tin 

l-n-+n tin 

lq. 0.11 

The seridianal component of the flow follows a similar 

function, but of different magnitude. In the case of the 

aeridlanal velocity, it is desirable to relate the function 

to the mean rather than the maximum value of C^. The 

mean height of a sine function le^r* therefore, the 

merldlanal velocity of any incremental flow element is, 

C"» “ ” r * k Cmg fin ir gq. 6.11 

“ Cmt “ wT + * *in f] 
From Kq. 6.5, the head developed in any incremental element 

would be, 

* y Hth' dQ where y > density. B<1, 6,13 

The power absorbed by the fluid or imparted by the rotor 

for the incremental element is 

Hti»"- U, Cu.' 
g 

Eq. 6.14 

Combining Equations 6.10 to 6.14 and integrating yields 

P-y^-Cul Q^l-.(l-l)+kn{^-|.) 
Eq. 6.15 
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Th« ««tn theoretical output head !■ equal to the 

power, P, divided by the weight rate of flow, 0, 

Cut(l-.363n + .0945 kn) E(,. 6.16 

■ Kn U, Cut 

where 

Kn * I - .363n + .0945 Kn ?q- 6.17 

If it is assumed that k ■ .4 and n ■ .15, the res<1ting 

value for 1(¾ is .95. 

From Equations 6.7 and 6.16, the theoretical head is 

Hit, - Kp [u,‘ - U,Q„ tot/3.'] 6-18 

If it is assumed that the flow is guided perfectly by the 

impeller vanes, then the flow angle ß'2 would be equal to 

tie vane angle ß2• However, investigations of real pumps 

indicate that the flow is not guided perfectly by the 

blades and, furthermore, that ß'2 is variable at diffexent 

points around the periphery of this pump, complicating the 

use of Equation 6.18. A widely accepted solution to the 

problem is to introduce an empirically determined slip 

factor m, and to base the calculation of Hth on the blade 
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angl«, ß g* Thu*» 

,cm, C0,^']“Ît^[u,,'u* C|"*c0,i'] 

gq. 6.10 

Con.id.rmbl« «rb h» b.« d«- to obtmlo m .mtUf«tWy 

.„„..lon for th. .Hp fotor ln t.m. of p«mp ^««try. 

,1« diff.r.nt «pr...lonn found in tb. Ht.rmtur. mnd 

'.~yrt*i to th. notation of ttaU »port nr. lUt.d ln 

r.Hle 2. 

Originator 

Stodola 

Melsel 

TABUS 2 

EQUATIONS FOR SLIP 

Equation for m 

-I_ 

slnâ— 
ZÇl-Ki4>cot/9a] 

- .72 Z Sur, 
ir rf 

Reference 

10 

11 

Busenacn 

ho-Chl K\<P CO^a 

SUNDSTRAND TURBO 

A Division o£ Sundstrand Corporation 



TABLE 3 —(Continued) 

EQUATIONS FOB SLIP 

Originator Equation for m Reference 

Pfleiderer 13 

X is shown in Figure 25 

The first two expressions by Stodola and Meisel do not 

take into account the very important effect of blade length. 

Dr. Stodola, in discussing Reference 11, mentions the 

inaccuracy of his own expression, and also points out that 

Moisei's expression gives zero effect at £ 2 “ 90°> a 

result that is contrary to experience. The remaining 

expressions are compared in Figure 23. Test data and the 

corresponding sources are given in Table 3. When compared 

with the test data, the spread of Eckert's curves suggests 

that his expression is too strongly influenced by changes 

in blade angle. The expressions by Busemann and Pfleiderer 

both agree fairly well with the test data and with each other. 
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TABU 3 

fié 

«M. 

z B Test 
Valúa 
of ■ 

Ffleldarar 
B 

Busamann 
B 

7fleiderer 
% Error 

Busenenn 
% Error 

Ref. 

90 
24 
30 
30 
30 
40 
40 
40 
40 
40 
20 
20 

18 
7 
2 
4 
6 
4 

'6 
8 

12 
16 

6 
6 

.341 

.568 

.574 

.374 

.574 

.604 

.604 

.604 

.604 

.604 

.636 

.594 

1.153 
1.38 
3.5 
1.97 
1.64 
1.74 
1.47 
1.33 
1.21 
1.15 
1.64 
1.77 

1.18 * 
1.373 ♦ 
3.35 + 
2*173 + 
1.783 + 
1.678 4 
1.451 + 
1.338 + 
1.226 + 
1.69 * 
1.784 
1.784 + 

1.09 

3.9 0 
1.9 0 
1.5 0 
1,90 O 
1.53 0 
1.38 O 
1.23 0 
1.18 C 
1.48 O 
1.48 « 

2.5 * 
4.8 * 
4.3 + 

10.1 + 
8.5 + 
3.5 * 
1.4 + 
.4 + 

1.3 + 
1.7 + 
8*8 4 
0.8 + 

3.3 

11*4 0 
3.5 0 
8.5 0 
9.2 0 
4.1 0 
6.0 0 
1.7 0 
2.6 0 
9.8 0 

16.4 0 

5 
6 
7 
7 
7 
8 
8 
8 
8 
8 
9 
9 

+ corrected for x but not for &; * corrected for B but not for x; 

0 not corrected for B . 
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Stephan! (tef. 8) and Vlslicenua (Ref. 7) both Indicate 

that the Bueenann Blip factor le fairly well eutetantlated. 

However, the Pflélderer slip factor expresses essentially 

the saee tendencies and magnitudes, and It shows even 

tetter agreement with test data than the expression by 

Busemann. A somewhat different approach to the slip 

concept Is presented in Ref. 22. This concept was stimulated 

by the fact that the assumptions involved in the above 

discussed approaches are not entirely satisfactory for 

explaining the actual flow mechanism causing the slip, 

since detailed investigations on compressor characteristics 

have led to the conclusion that the slip also is a function 

of the flow factor as evidenced by many test data. Ref. 22 

assumes that the reason for the apparent slip is flow 

separation at the suction side of the blade which causes 

the relative impeller leaving component to assume a direct¬ 

ion which produces a smaller peripheral component than the 

one which would result when the flow would adhere to the 

blades. This effect is assumed to exist in addition to the 

relative vortex in the impeller channel. It is furthermore 

assumed that both effects influence each other by assuming, 

for example, that the influence of the relative eddy in the 

flow channel decreases with decreasing axial channel width 

i 
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and that the influence of the relative flow eddy ie 

additionally diminished by the separation of the flow on 

the suction side of the blade. In evaluating the available 

data on the above basis, the slip is expressed by the 

relation 

J_ i (I—L 
TrT“1 u tn 10 

whereby mon represents the slip for a blade number of 20. 

This relation is assumed to be valid for blade numbers 

between 14 and 28. The slip at the reference blade number 

is then expressed as a function of flow factor, blade angle, 

and channel geometry in a diagram as reproduced in Fig. 24 

This diagram shows that the slip increases with decreasing 

blade angles, increasing flow factors and decreasing ratios 

of b^/bg* 

It has to be conceded that this presentation most likely 

represents all the different influences on the slip and 

that the equations proposed by Messrs. Busemann and 

Pfleiderer are approximations which do not duly account 

for all the influences which affect the somewhat complicated 

flow mechanism involved in the slip concept. It is, however, 

also apparent that the data presented in Fig. 24 have only 

limited validity and may not be applicable for extremely 
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mll »Ltd. nimbar». Sine it U tb. i.fnt of thl. 

study to »uo d»»l »Its puni» »* oa»p.r»tlv.ly *»U bl«» 

nunbor») tb. .ppronl»to conc.pt of Pfl.ldnr« U «M<* “ 

thU roport for tb. o.lcul.tlc of tb. .Hp 1« .P«. «» 

»ppnnnt .bortoonln*.. Mrth.r.0«, tb. for. of tb. .Hp 

corrootion by Pfl.id.r.r land. it..H «^ily to t* 

kind of utbnutlcl «inlpul.tlon tb.t U «ployd 1« thl. 

analysis. 

Thus 
I + .6 Sin/9*_ 

m ■ 1 + Z( I +8) [x' + 25(1-iT^' a,i0 

Tb. .lip factor by Pfleiderer contains an nddltionnl 

gaouetrlc p.rumt.r X , »blob U defined in Figure 25 » 

Eq. 6.21 

x" ô4 
It should bs possible to evaluate an optimum value for X 

as a function of the other parameters through the use 

of the potential flow theory. However, considering the 

approximate nature of the evaluation of m, such an analysis 

would probably unduly complicate the form of the equation. 

Observation of common pump designs indicates that X is a 

strong function of S . In the low end of the specific 
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■p««d regí«« with which wd are concerned,S la generally 

saall and the axial extent of the impeller inlet portion, 

repreeented by X , ie aleo email. With increasing epeolflo 

speed, as the mixed flow regime is approached,B and X 

both increase. Scaling from pictures of pumps in the 

literature representing a range of B and X values, the 

following approximate evaluation for X was obtained: 

Eq. 6.22 

Substituting Eq. 6.22 into Eq. 6.20 yields 

m = 1+ I + .6 sinfo Eq. 6.23 

It is recognized that Equation 6.22 is strictly an 

approximation, and it would be desirable to know the mag¬ 

nitude of the error that is Introduced by such an approxi¬ 

mation, and also to obtain an indication of the accuracy 

of Eq. 6.22 itself. Figure 26 shows the magnitude of the 

error in the slip factor m introduced by approximating X 

with Equation 6.22, assuming that the actual value of X 

differs by 50% from its calculated approximation. The 

error reduces with reducing reducing 8 and increasing 
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blade number. In Table 4 several values of X , scaled 

from the Illustrations, are given, together with the 

percent deviation resulting from using Equation 6.32 for 

approximate values. The error ln X is considerably less 

than was assumed in calculating Figure 26. Thus, it 

appears that the error introduced by approximating X 

as a function of 8 is reasonably small in the range of 

pump configurations in which we are interested, and the 

approximation is certainly more accurate than*assuming a 

constant mean value of X . 

Xquation 6.23 represents a rather complicated function of 

8 which will be difficult to handle mathematically. 

Figure 3? shows the actual function and a linear approximation 

over the range of 8 values in which we are interested. The 

maximum error introduced by the linear approximation of the 

8 term is on the order of 2% which is certainly reasonable 

in view of the improvement in the form of the equation. 

Thus, the expression for m reduces to 

m = I +1 + .6 Sin& 
5Z (1-.28338) 

Eq. 6.24 

In view of the simplification made in the slip factor 

equation, it would be expedient to check the final form of 

Equation 6.24 with the test data. The test data is' shown 
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1. Tabla 4, «th th. p.ro.nt «ror »Uo talhg l«41o»t«l, 

and tha Oat. 1. ccparad in Mgur. ï*. 0» th. aaaraf., th. 

aoouraoy ot th. ..pra.alon 1. oot »frUlly «fot«, 

.»•pt ln th. ca« ol a »ry lo. blad. n«-h.r oí ». 

Suhatltutlon of «quation «.24 Into «quation «.1» yf W» » 

aathauatical .«pr...ion »Ith «ich Hth «y h. qu«tl- 

tatlvaly ..01001.4 and 11 dirldad by yf Ida 

<>SII.K.*COtg.) 

H..6»lnffa 
' .5Z(l-.2833i) 

s 
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, . h/D, «here h i. the .*1.1 dl.t.nce from Inlet to outlet .e.. ■tr... 

line 

»• - slip factor calculated on actual ® and x 

• slip factor calculated on amplified equation of » and * 

mt s actual test value of slip factor 

m . test value of slip factor corrected by factor — 
c 

Ejj = % of error between m* and mt, based on 

Ex = % deviation of x from xc, based on x 

xc ■ calculated value of x from, xc s .5 02 

* - value of x follows test requirements rather than normal design 

practice. 

+ - does not appear consistent with design practice. 
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6.1.3 IwptllT hoãã Coefflcimt 

Th« lmp«ll«r flow losses may be divided into three 

categorie«: 

L 

a. Incidence losses occurring along the leading edges 

of the vanes. 

b. flow losses due to friction. 

o. Diffusion losses due to any reduction in relative 

velocity which might occur between impeller inlet 

and outlet. 

a. Incidence Losses - One of the assumptions is 

that, at the best efficiency point, the inlet por¬ 

tion of the vanes is designed for incidence free 

entry. Therefore, the incidence losses are negli¬ 

gible. However, the flow losses will be analysed 

on the basis of logarithmic spiral vanes, and for 

such a vane shape, the best efficiency point does 

not occur at an incidence free entry condition for 

a purely radial Impeller. The introduction of an 

inducer section presupposes that there is a depar¬ 

ture from the purely radial and logarithmic spiral 

II 
1! 
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configuration at the innermoet part of the vane, 

permitting the vane to be deeigned for incidence 

free entry. Thus, it is justifiable to assume 

that the incidence losses may be neglected for 

design point performance characteristics. 

b. Flow Losses - The flow loss is assumed to be 

of the same form as expressed by the Darcy equation 

for straight pipes, 

Eq. 6.25 

a 

with correction being made for the fact that the 

impeller passageways are not straight, but contain 

a right angle bend. In Equation 6.25, is the 

impeller head loss assuming a straight impeller 

channel, f is a friction factor, L is the length 

of the passage, Wa is the root-mean-square relative 

velocity and Da* is the hydraulic diameter. The 

hydraulic diameter, which is necessary to make the 

equation applicable to rectangular flow channels, 

is equal to four times the cross-sectional area of 

the flow passage divided by the wetted perimeter. 
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Th. .«.ct of th. curv. 1» th. i»peller chwn.l 

.111 b. tr.»t.d ln . m.nn.r .ihlUr to that »..d for 

pip. b.hd. «d .lho..; n«.ly, wuatlh* th. bend 

lo., to « «iulv.l.nt l.h«th of »trhlght pip.- 

8.00., It U n.c..ohry flr.t to d.t.roln. th. flo. 

loo. with th. ...uaptlon that the lapeller pa«aag. 

„y !.. atrai*«- « £luld ,er* 

allowed t- trav.l outward between two parallel 

put.., r..iresenting th. fror .» •. *ok .hrouda, In 

. fro. wort., it would fon.» a lo^rlthmle .piral. 

Logarithmic .piral ».«a., o. r nabl. approxUa- 

tlvw thereof, hav. be= *ounC t, h gult. aatu- 

faotory vane configurations. H»nce, the analysU 

Of the r- losses in the imprimer will assume 

logarithmic spiral vane. 

Assumin'? that thr cl .nnel ’3ngth is T . that the 

position along L is given by the distance 1 and 

that the velocity varies linearly along L, then the 

relative velocity W at any point x-s, 

W - W| II + ol) Eq. 6.26 
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there *i ie the relative velocity at Impeller 

entrance end a la a constant relating * to 1. 

Referring to Figure 9, the flow la aeeiawd to 

tr.v.re. a etralght radial Inpeller along » 109«. 

1 tunic spiral path from de to D2. The losses In 

such an Impeller »111 be analysed first, and allow¬ 

ances »111 be made for losses resulting from the 

inducer section later. The length of a logarithmic 

spiral from de to D2 is 

(d.-D,) Eq. 6.27 

L" 2 sin/Ö, 

since the definition of a logarithmic spiral requires 

that /9» consUnt, and Is, therefore, equal to 02- 

Dl may be reUted to D2, g , and r , by assuming 

that the Impeller Inlet fio» area outside de Is 

equal to the flow area inside de or 

ï(d*-d,‘! _ J (V-d*) 

Thus, 
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The vane thickness ie neglected, as it would have 

comparable effects in both areas. Substituting 

Equation 6.28 into Equation 6.27 yields 

L I - 8 
l+r« 

2 sin ßt 
Eq. 6.29 

The value of a may be evaluated from the consider¬ 

ation that, at any point along L, the relative 

velocity is given by 

Since ß is constant for a logarithmic spiral and is, 
in fact, equal to ß 2> w is directly proportional to 

at all points along the flow path. Thus, by 

definition 

K¡ = Çmi = Eq. 6.31 
Cmi W, 

The end. conditions, and W2> provide a relation¬ 

ship between and a, since from Equation 6.26 

W«« W, ll+OL) Eo. 6.32 

SUNDSTRAND TURBO 

A Division of Sundstrand Corporation 



Page 127 

So, 

Eq. 6.33 

Since we are concerned with flow losses which, 

according to Equation 6.25 are a function of the 

square of the relative velocity, or introducing 

Equation 6.30 of the meridional component of velocity, 

it is desired to evaluate Cma2 in such a way that the 

result is the same as if integrating over the entire 

length, let 

L 

Since, 

c** - cBl* ( i + on* Eq. 6.34 

l 

dl 

Eq. 6.35 
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Substituting Equation 6.33 into 6.34 yields 

Eq. 6.36 

It would be desirable to calculate the Reynolds 

number and the hydraulic diameter at the point 

where Cb s C^. From Equation 6.34, 

Cm« ■ Cmi ^ * ff,o) 

where lfc is the distance along the channel length 

L where Cuz C^. 

Rearranging and solving for la, 

Cmo 
Iq-C^i e^ 

a 

Substituting from Equations 6.33 and 6.36, 

Kj* Ki -f I Eq. 6.38 

3 

The equation for a log spiral of length la in terms 
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of the Uniting dinnetere, Dx and de> is 

, Dq - dh Eq. 6.39 
2 »in/8« 

Equating 6.38 and 6.39, solving for Da and intro¬ 

ducing L from Equation 6.29 yields 

Eq. 6.40 

Dq - Da « 
- 8 l-1^ 

al'/a 

K, - I 

\ 

Da J 

Ki* + Ki + I + B I±ll 

«here 

Eq. 6.41 

J- 
i-a l + T* 

k,.-i 
K|# + K, + I 

- I ♦ 8 
I + '/a 
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Having determined Da, it is now possible to evaluate 

D-* and R* at the point a where Cm * C,^. From con- 

ditions of continuity, 

Q Cmo Amo " Cmq ÍTOo-Zt) bo -W, A. 

where Ajjg Is the flow area perpendicular to C^, 

is the flow area perpendicular to Wa and t is the 

thickness of the vanes. Since Wa = C^/sin ß 2» 

A,-Am, »Inß, . (»0,-Zt)b, »ln/ä, M. «•« 

where ba is the channel depth at point a. Aa repre¬ 

sents the total flow area. The area of any indi¬ 

vidual impeller passageway is obtained by dividing 

the total area by the number of vanes. Thus, the 

hydraulic diameter of each individual passageway is 

D* . 4(yDq-Zt)besinnt Eq. 6.43 

° 2Z[(2^2^L-)sin)9+b¿] 

The vane depth, ba, may be evaluated from conditions 

of continuity. At poirt a, the volume flow is given 
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by, 

^ “ Cm« b« Zt) 

- C ml 

K,1 + K, -H '/i 
Ot(TJ-Z {¡j b, 

Eq. 6.44 

where t Is the vane thickness. At the inlet, the 

volume flow is given by 

0-Cml 
» 0,'»* (l-T*) 

4 Eq. 6.45 

Equating Equations 6.44 and 6.45, and solving for 

ba» 

b,. tDiK'-t»- a,. 6. 
4 (K1+K1+i)lir 

All of the terms in Equation 6.25 have now been 

evaluated with the exception of the friction factor, 

f. 

Blasius' law, as applied to pipes, would evaluate 

SUNDSTRAND TURBO 

A Division of Sundstrand Corporation 



Page 132 

f AS, 

IQ. 6.47 

whtrs Rq is the Reynolds number ol the pssssgsvsy 

and is given by the equation 

Re- t ^.p.• 

li sln/9t 

Bq. 6.48 

Substituting ba from Equation 8.46 into Equation 6.43, 

and inserting the resulting Da* into Equation 6.48, 

evaluates Re* 

* falTj-Z-fr) ,)1,., T>*d- T*) Ed. 6.49 

Z 2(^) 

It is desirable to relate the flow passage Reynolds 

number to the pump Reynolds number by evaluating Dj 
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in tenu of 1^*, and substituting into Equation 

6.49, 

0.- 
p U« 

Eq. 6.50 

Combining the above equations into Equation 6.32 

and dividing by the reference head, the straight 

inpeller loss coefficient is obtained. 

Ou» 

i.rip 
.0189* [1-8( 

Eq. 6.51 

2(»J-Z-fj)8¡n/9 

Z 8* 
ird-r*)_ 1 V 

A quantitative evaluation of the losses introduced 

by the change in direction of flow from an axial 

to a radial direction was not found in the literature. 

In order to obtain an approximate evaluation of this 

loss, empirical data for the losses in pipe elbows 
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was extrapolated with a number of simplifying 

assumptions. Losses in pipe elbows are given on 

Page 6-39 of Reference 14 in terms of an equiva¬ 

lent length of straight pipe. It is assumed that 

the losses in the curved portion of the impeller 

passageway may similarly be represented in terms 

of an equivalent length of the straight radial 

passageway already evaluated above. 

By dividing the equivalent lengths given in Reference 

1* by their corresponding pipe diameters, a dimen¬ 

sionless representation is found which has a small 

degree of variation, and an average value of equiva¬ 

lent pipe length over pipe diameter of approximately 

12 is obtained. However, the flow in a centrifugal 

pump impeller is aided in its turn from an axial to 

a radial direction by the centrifugal forces acting 

upon the fluid. Thus, the loss could be expected to 

be somewhat smaller than would be likely to occur in 

pipe fittings. Thus, an average value of 4 will be 

assumed for the ratio of equivalent length of impeller 

channel to impeller channel hydraulic diameter. 

Therefore, the impeller loss previously evaluated 

assuming a straight radial impeller must be increased 
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by a factor of 

N,e - I ♦ Eq. 6.52 

Introducing L and Da* from Equations 8.29 and 6.43 

respectively, 

Eq. 6153 

Due to the approximate nature of Nic and considering the 

complexity Equation 6.53 would create if introduced as 

a factor multiplied times q¿g, as given in Equation 6.51, 

it would be justifiable to attempt to introduce some 

simplifying assumptions. For r ■ 0, andSranging from 

.1 to .3, the right hand term in the denominator may be 
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evaluated, 

. 79 < <.93 

An average value would be .86. Furthermore, if it 

is assumed that ba/D2 is small compared with w, J, 

sin ß g/Z, allow*..g ba/D2 to be set to zero in the 

denominator, Squat'on 6.5? becomes 

N„ - I + -P» ,lnft 6 8a 
lc .86 

If ba/D2 = .0215 and ß 2 = 9°C- 

^,c " Eq. 6.55 

Applying this factor to Equation 6.51 yields, 

Qlsc " Nie ^1$ “ ,4 % i Eq. 6.56 

thus evaluating the flow losses in the impeller. 

c. Diffusion Losses - As the fluid traverses the 

impeller passageways, a change in relative velocity 

may occur. If the relative velocity is reduced, 
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diffusion losses will occur which reduce the output 

head of the pump. This loss in head is given by 

-N Wl* - w*1 
- Nia —-- 

2fl Eq. 6.57 

From the velocity triangles of Figure 9, 

W,* c * Eq. 6.58 

Ki* Cm* 
sin Eq. 6.50 

Substituting Equations 6.53 and 6.54 into 6.52, gives 

the diffusion head loss in the impeller as 

2g 
Eq. 6.60 

Dividing by the reference head results in the impeller 

diffusion head loss coefficient 

SUNDSTRAND TURBO 

A Division of Sundstrand Corporation 



Page 138 

Negative values of this loss are, of course, 

Inpossible and must be excluded. 

N,d*Q.4 

The head loss coefficient for the impeller is the 

sum of the head loss coefficients given in Equations 

6.56 and 6.61. 

(Ill “'•* 11» + '’W Ei,, a.sa 

.»or. au 1. *l»«n by Equation 6.51. Th. Ut.r.tur. 

do., not confín «eh „ith which to .uffntUt. thU 

evaluation ot the loases In the Inpeller. However, 

when It is coapared with similar evaluations by other 

investigators, this evaluation ol the Inpeller loss 

Is tound to be ol the same order ol magnitude and to 

demonstrate the same qualitative tend.noles, and is 

discussed lurther in Section 5.2.2 ol the report. 

13 Annular Diffuser Loss Coefficient 

In the annular diffuser portion of the pump, it is 

assumed that the flow losses are also represented by a 
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function ainilar to the Daroy equation, ao that the flow 

loas la given by 

liai. Sa 
d„* 2« Eq. 6.63 

«here Cft(j is the absolute velocity in the annular dif¬ 

fuser, ^ad is the length of the flow path, Dad* is the 

hydraulic dianeter of the annular diffuser and f is a 

friction factor. 

It can be shown by potential flow theory and by experi¬ 

mental studies that the streamlines in the annular 

diffuser folio« approximately a logarithmic spiral 

path, assuming the sides of the diffuser are parallel. 

Thus, a logarithmic spiral path «ill be assumed for this 

study, and the length of the flow path Lad is given by 

DÄ-D D(X-I) 
L#d " 2 sincct " 2 sinflCt 

Eq. 6.64 

It is possible to evaluate sin 6 2 in terms of /9 2 and 

$ . Referring to the outlet velocity triangle in 
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Figure O, 

c.‘- Ki* C.,* + s- |U,-K'C ton/9. 

- K.'C.i 1 + iü* 1 - TóñFT 

Eq. 8.65 

and 

•ln*a - - 
Ceil 

K|* Cm,* *► «I U.- 

I 

K|Cmt 
ton/9i 

j 

4 

,+ 
I I 

ti i 
X. 

Eq. 6.66 

■■ ^ K| lonßu 

The mean velocity in the annular diffuser may be obtained 

by integration in the same fashion as for the mean rela¬ 

tive velocity in the impeller as given by Equation 6.36, 

whereupon Ca ¿ is found to be 

Eq. 6.67 

The hydraulic diameter of the annular diffuser is equal 

to four times the cross-sectional area divided by the 
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„tt.d perimeter. Er.lu.ted .t the midpoint, the bydr.ulic 

diameter is, 

4 
' « (D| + Da ) bi_ 
- 2 J 

2 
r*(o. + 0.1 

2 j 

2 b. 
Eq. 6.68 

From conditions of flow continuity, and neglecting the 

effect of blade thickness, b2 way be evaluated as 

h d* _ Da>* 
• TkTdT 4 K| 

Eq. 6.60 

Assuming again the relationship suggested by Blasius, 

the friction factor may be defined as, 

f 
.316 Eq. 6.70 

In order to evaluate Read for the annular diffuser, it 

is found that using b2 as the characteristic dimension 

furnishes a reasonably good match with experimental data. 

Hence, Read may be defined as, 

Re0d - —^C?dj Eq. 6.71 
r 
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Solving Equations 4.9 and 6.71 for ft and equating, 

». C.d U.D, 
Re od 

Rearranging, 

pft b, Cod R# 
U. D. 

Introducing Equations 6.64 through 6.72 into 6.63, and 

dividing by the reference head a head loss 

coefficient for the annular diffuser is obtained. 

,0854 <), ’•"(A-l) l+±i ' 

m* u 

I 

K¡ tan)3* 

I .ITS 

4-+-1 A* A 

.(7( 

+ I 

R,*k S'* Eq. 6.73 
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4ad 

!» order to account for the feet that the floe through 

the annular diffuser Is less than that through the 

impeller b, an amount equal to the ring leakage, the 

flow factor must be adjusted by a factor 

Thus, the head loss coefficient for the annular diffuser 

is given by, 

Data from the literature «Ith «hich to substantiate the 

head loss in the annular diffuser is not readily avail¬ 

able. However, this function is quantitatively of the 

same magnitude and qualitatively represents the same 

tendencies as described by other Investigators. 
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0,1.4 Scroll Losses 

Th« equation for the losses in the scroll is assumed to 

be of the same form as for the flow losses previously 

analyzed; i.e., 

fLgc C*c 
H»C - [),c* 2g 

Eq. 6.75 

A generalized analysis covering all possible shapes of 

scroll cross-section would be very difficult to perform. 

The investigations reported in Reference 15 indicate 

that the shape of the scroll cross-section does not affect 

the losses in the scroll to any appreciable extent. 

Therefore, for simplicity, a circular scroll cross- 

section will be assumed. Figure 29 gives the notation 

used in the analysis of the scroll losses. 

Scrolls for pumps have long been designed with the assump¬ 

tion of conservation of angular momentum across the scroll 

area, and this design criteria has been found to give good 

performance. Reference 13 performs an analysis for the 

outlet diameter of a circular cross-section scroll. The 
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volume flow at the discharge of the pump is given by 

0-1 Ê-u-!*.!,.. dr 

■ Cut r, 2 TI e A/ e* i 

Eq. 6.76 

Solving for i, 

i. r, Qr, \'/, 
r Cut r# Eq. 6.77 

Since i, at the outlet, is the radius of the scroll cross- 

section, 

Q 
d - 2i 

TCUI r, 

2QD, \K 

vCu, rt Eq. 6.78 

Prom conditions of continuity, neglecting vane blockage, 

°-Cm. Dt«8« f ( I - r*) 
Eq. 6.79 

Recognizing that 

f Cm|K| i I 
I -î-rr— - C0t/9| 

m 0K, 
Eq. 6.80 

SUNDSTRAND TURBO 

A Division of Sundstrand Corporation 



Pag« 146 

which, substituted into €.78, yields 

d4 
siXU-t»)»* 

4K'|-ró-c#,*| 
} Eq. 6.81 

\ 

The velocity most characteristic of the performance of a 

straight conical diffuser is found to be at the throat 

or inlet area. It will be assumed that the velocity C3 

from the annular diffuser into the scroll will be the 

characteristic velocity for the scroll. From Ccr.ditions 

of continuity and from Equation 6.65, 

C« 
CmiK| 

X Eq. 6.82 

If C3 is the characteristic velocity in the scroll, then 

the hydraulic diameter would be the diameter of an 

imaginary flow channel, not actually existing in the pump, 

that would pass the pump volume flow at a velocity C3. 
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BearranglnK and Introducing Equations 617B-v^ 8-81’ 

0Ï, - 0, 
Xd-T»)#* Bq. 6.84 

K'[l+ 
The length oí the scroll is very nearly 

L„- *0, Eq. 6.85 

Since the fluid is entering the scroll around the entire 

periphery of the annular diffuser, only an infinitesimal 

part of the flow travels this full length, and on the 

other hand, an equal infinitesimal part of the flow 

travels zero distance. Thus, it will be assumed that the 

whole flow travels only one-half of the total scroll 

length, or 

L si 

•e Eq. 6.86 

The flow is known to follow a helical path in the scroll, 

induced by the radial velocity of the incoming fluid. 
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R*ie 

If the fluid flows in a helix of constant angle a 3, 

then the mean length of the flow path would be 

2 COI«» 
Eq. 3.87 

By definition of \ and assuming 00s a 3 ■ .977, 

L#e " .&5¿Ó Eq. 6.8° 

The Reynolds number for the scroll, evaluated at the 

fictitious Dso* is, 

R... - D» 
M Eq. 6.89 

Introducing the defining equation of pump Reynolds number, 

Re*, and rearranging, 

R»,c- 
R.’ C. D„* 

Ü. 0. 
Eq. 6.90 

Substituting from Equations 6.82 and 6.84, 

K, 
- R,ÿS m* 1 ^K| 

(l-r1) 

Eq. 6.91 
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Experimental data from References 9 and 15 would indi¬ 

cate that the friction factor would be represented 

satisfactorily by the equation 

f . 

Eq. 6.92 

Introducing the appropriate expressions derived above 

into Equation 4.83 and dividing by the reference head 

2 
U2 /g o> ».r., -n expression for a head loss coefficient 

for ti*j sei oJ k 

rt t.trt 
.54 K,- 

Q.C - - - 

1 + 
I I 

m* l ^K| - cot^, 
C I.IM 

R<*y4 x,.4,r. *>• 6-»3 

In order to acc nnt for 

the scroll is less than 

factor of 

(-¾) 

the fact that the flow through 

that through the impeller, a 
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^•e 

must be applied to the flow factor $ . Hence, the 

corrected equation for the head loss coefficient for the 

scroll is, 

.546* 
I.Tf i-aiL 

qth 

I.TI 
Mit 

i.a« 
5 

•.«»rs 
X (l-r*) 

Eq. 6.94 

6.1.5 Straight Diffuser Losses 

In order to provide a uniform basis for comparison, 

it is assumed that the outlet velocity C5 from the 

pump is equal to the meridional velocity at inlet to 

the impeller Cml. A straight conical diffuser is 

assumed to diffuse the flow from C4 to C5 - Cm^. 

Considerable work has been done to obtain efficiency 

values for conical diffusers. The efficiency of a 

SUNDSTRAND TURBO 

A Division of Sundstrand Corporation 



straight conical diffuser is given by 

- 

in which 

•id1 
i2g 

Eq. 6.95 

is equal to the head loss in the straight diffuser. 

Thus, upon rearranging, 

* ^“^id ^ ^4I-Cm|t ) 
H»d “ €»d 2g " Eq. 6.96 

Assuming conservation of angular momentum in the scroll 

permits evaluation cf C4- 

0, X + D« 
C4 ~ ~T m 2 Eq. 6.97 

Thus, rearranging, 

C4 « -C>D> Eq. 6.98 

DgX+ d4 
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Introducing Equations 6.81 and 6.98 Into 6.96, and 

dividing by the reference head l^/g* 

2 

Eq. 6.99 

In order to account for the fact that the flow through 

the straight diffuser is less than that through the 

impeller by the amount of the wear ring leakage, the 

flow factor must be adjusted by a factor of 

Hence, the corrected equation for the head loss 
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coefficient for the straight diffuser is, 

The value of Vsd is not affected greatly by changes in 

area ratio, A5/A4 from 2 to 10 if the divergence angle 

is approximately 10°, and the efficiency of a straight 

conical diffuser for this condition can be as high as 

.90 from Reference 16. This would assume fairly uniform 

velocity in the entrance flow, which would not normally 

occur in the outlet from a scroll. In order to account 

for velocity variation in the flow entering the straight 

diffuser, ijad will be assumed equal to .87. 
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6.1.0 Wear Ring Leakage Losses ' 

For simplicity, it will be assumed that there are two 

wear rings located at the impeller eye diameter d = 8 Dg* 

The leakage area would be 

* *&D«A 
Arl m o Eq. 6.101 

where A is the ring clearance. The leakage flow past 

one ring is 

Er. 6.102 

where Cr^ is a leakage coefficient and Hri is the head 

drop across the leakage path. 

The head drop across the leakage path will be equal to 

the static head developed in the impeller, minus the 

impeller head loss and minus the head developed by 

centrifugal force in the rotating fluid outside the 

shroud surrounding the impeller. The theoretical head, 

Hth» and the impeller head loss, H^, have already been 

evaluated. The head developed in the clearance around 

the shroud may be evaluated by assuming that the average 

velocity of the fluid in the shroud clearance space is 
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one-hall the peripheral velocity of the Impeller. The 

differential equation for the head developed over an 

incremental element of radius dR is, 

dHr 
Eq. 6.103 

where uis the angular velocity of the fluid in the 

clearance space around the impeller. Integrating the 

above gives 

Eq. 6.104 

Since 

Eq. 6.105 

where w is the angular velocity of the impeller, 

Eq. 6.106 

If H0 is the difference in head from the impeller eye to 

its outside diameter, then the head across the leakage 

SUNDSTRAND TURBO 

A Division of Sundstrand Corporation 



Pag« 156 

•pao« Is 

Hrl - H0 - Hr 

- H Eq. 6.107 

The head at the outside of the Impeller will be 

H. - - H„ - §1 

Prom the outlet velocity triangle of Figure 9, It 

be shown that 

Eq. 6.108 

can 

C* " mT ( U*' + w«f " 2U»W« cos/9, 
1. 6.109 

Since 

W, - . KI^U« 
sin^t sin/9, 

Eq. 6.110 

then 

29 

U,' 

2m* g 

t a a 
1 + 

Kl“* 

sin1^* 
iM 
tan/9, Eq. 6.111 
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Eq. 6.112 

Then, 

Hrl • 1 + 
KjV* 2K,é \ 
sin1^, tan/9t ) 

Eq. 6.113 

The power loss due to leakáge is the mass flow times the 

energy input 

Pfl * y Qrl Eq. 6.114 

and the energy loss per pound of flow for one ring is 

¥ Pfi - On 
Qr 

Hth 
Q Eq. 6.115 
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The leakage coefficient may be approximated by 

Crl - (f IT ♦ 1-5\ M ^ K, J Sq. 6. 

where and k2 are defined by Equations 6.147 and 6.145 

respectively. 

Combining the above equations, and dividing by the 

reference head, the leakage loss coefficient is, 

<ïrl ÜkSJUL 
♦(l-T*)(-fiLf+ I5)i Eq. 6.117 

í2kirqii- + - 
2K,» 1-8' 

ton £a 8 ]} 

The Reynolds number of the leak path is 

Eq. 6.118 

. Ml* 
Pth " Pll i I |+ ÜLÍl _ iüi£ 

sin1#, tan/9, 
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For turbulent flow, 1250, 

f . 
.298 Eq. 6.119 

1.8 Reri 

For laminar flow, Rerl < 1250, 

Eq. 6.120 

In the wear ring leakage teste reported in Reference 4, 

the test pump was a 3” pump with 4-1/8” wear rings. 

Diametral clearances ranged from .0129 to .039 inches. 

The lowest figure repreoents a kj value of .0029, 

which appeared to be in line with the experimental data 

compiled for centrifugal pumps. A ’’kg” value of .166 

appears to be representative of commercial practice. 

Disc Friction Losses 

Following Reference 17, the power absorbed through disc 

friction can be expressed by an equation of the form 

Eq. 6.121 
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Dividing by the nase flow and the reference head gives, 

Ce (I-»*) 

2*ÿR'd« (I-r*)i* 

Eq. 6.122 

Reference 17 also gives 

R«df - 

Thus, from the definition of Re*, 

Redl - r Re* 

p UtDa 
2 b 

Therefore, 

<ldi 
cd 

a'^T^RÎ" (i-t*)»* 

Eq. 6.123 

Eq. 6.124 

Eq. 6.125 

SUNDSTRAND TURBO 

A Division of Sundstrand Corporation 



?age> 161 

Reference 17 gives Cd = 1.300 and n = .50 for laminar 

flow and Cd = .0418, and n ■ .20 for turbulent flow. 

Thy tranaitlon between laminar and turbulent flow occur* 

at Re* ■ 2.2 x 106 Most centrifugal pumpe will operate 

in the turbulent region. Letting 

c<* M. 

then 

Qdf * 
6.127 

Using the values from refervnoe 17 would yield a value of 

Cdf* 3.06 *IC'4 <0' 

However, the results of other ru-esti- -,rv vary by nearly 

100% above and below this va"c. ^ value of 

C ^ 3.7 X 10 
dt 

E'i. 3.128 

see« to present a good match with overall performance 

data. 
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6.1.8 Ring Friction Los««» 

Figure 80 shows sn element of fluid between two wear 

rlnçs. The outer ring is assumed to be stationary, while 

the inner ring rotat«® ®n angular velocity ai . It 

is further assumed that inertia forces and viscosity 

changes in the fluid due to heating in the wear ring 

space are negligible. Furthermore, only those forces 

having a moment about the center of rotation will affect 

the power required to drive the pump and, hence, only 

those forces need to be considered. The sum of the forces 

acting upon the element is equal to zero for steady state 

conditions. The forces consist of two pressure forces 

and two shear forces. Thus, assuming the depth of the 

element perpendicular to the paper to be br, the sum of 

the forces is, 

br (P+AP)ARcos(^) - br PAR cos (^) + >RA0br 

Eq. 6.126 

— (v+Av)(R+AR)A0br «0 
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Rearranging, 

- (¥■] » - 

AiAr andapproach zero, Equation 6.13C approaches a 

liml* 

*'+R ■ 0 Eq. 6.130 

dP 
dû 0 

Eq. 6.131 

Due to the symmetry of the element and the forces acting 

on It, 

dP 
dû 

« 0 

Thus, 

Eq. 6.132 

y +R a 
Eq. 6.133 

Integrating 

Thus 

|n - |»R + in B, 

B, 
, - T 

Eq. 6.134 

Eq. 6.135 
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The shear force at any point is 

du 
Kq. 6.136 

where is the rate of change in velocity with respect 

to radius. Equating Equations 6.135 and 6.136 and 

rearranging, 

Eq. 6.137 

Integrating, 

U - %■ InR + B, 
^ Eq. 6 

The constants of integration Bi and Bg »ay be evaluated 

fro« the boundary conditions 

Differentiating Equation 6.139 and evaluating at Ri, 

Eq. 6.140 
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Substituting Equation 6.140 into 6.136, the unit «hear 

force at R¿ ie, 

Eq. 6.141 

The torque on the ring ie . 

Trf * pri br 2w-R® 

and the power absorbed by the ring ie 

qr, * Tt. » • —“) Zrb. 
Inl-B.) 

The head coefficient is 

Eq. 6.148 

Eq. 6.143 

qr,. -ÜÎ-. -Ü£i2---âüM_ 
u; rou; ini-Si-) (i- T*) 

R« 
Eq. 6.144 

Letting 

«.-v-à Eq. 6.145 
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than 

<rf 
tu a R, U, sq. 6,146 

li kj !■ dsfinsd by the equation 

then 

R, 

Ri " l+H. 

and 

q - 

Kq. 6.147 

lit. 6.148 

Eq. 8.149 

The puap Reynolds number may be introduced into iquation 

1.155 from the fact that 

ftg 2 
yR,Ut rO.U. Eq. 6.150 
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I 
i: resulting ln, 

Ska 

Bq. 6.151 

Reo (amended velues for end k2 ere discussed ln 

Section 5.2. 

6.1.9 Mixing Loss 

Since the tengentlel end meridlonel velocity vectors of 

the flow et the exit of the Impeller ere not constent 

but very over the width of the impeller beoeuse of the 

so-celled slip, there exists en eddltionel loss es the 

result of the mixing of these respective flow streems. 

Ref. 24 gives en expression for the mixing loss es, 

Eq. 6.152 

q*-.125(1--i-)* m 

II 
D 
D 
G 
K 
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E 
1. 6.2 Derivation of Suction Speclilo Speed Relationships 

From the derivation of Equation 4.10 it is seen that 

ÜI 
qaMY4 BQ. 6.153 

Introducing NB from Equation 5.25, 

e 228.5 ik 
S " -6.154 

1., *A 

In order to evaluate q8V, it is necessary to first analyze the 

net positive suction head at pump inlet H8V. The total head at 

the pump inlet h^ is 

ht « hfl ± h B<1< 6*156 

where ha is the head due to atmospheric pressure on the free 

surface of the liquid being pumped and h is the head due to 

elevation of the free surface of the liquid above or below the 

pump inlet, the negative sign indicating a free surface below 

the pump inlet. 

The static head at the entrance to the impeller hs is less than 

the total head at the pump inlet because of the loss of head hf, 
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du« to friction occurring between pump inlet and impeller 

entrance and because of the velocity head that exists as a 

result of the absolute velocity of the flow ahead of the 

Impeller and the relative velocity of the fluid over the 

impeller vanes. Thus, 

Eq. 6.158 

If it is assumed that cavitation inception occurs when the 

static head hg equals the head due to vapor pressure hy, 

then, 

Eq. 6.157 

It is desired to relate the cavitation characteristics to 

conditions at the pump inlet and to eliminate the character¬ 

istics of the fluid from consideration. Thus, the net positive 

suction head, Hgy, available at the pump inlet is the total 

head minus the head due to vapor pressure, since this latter 

is not available to suppress cavitation and is a character¬ 

istic of the fluid, not the pump 

Eq. 6.158 
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Solving Equation 6.158 for ht, and substituting this into 

iquation 6.157, 

C t yy a 
H|V -hf -B, -B, -JJ- gq. 6.159 

Using the Darcy And Blasius relationships, the friotlon head 

loss nay be evaluated as, 

h, .6, {Cf‘*C“'.‘ 1 EQ> 6.160 
2g 

Introducing this and equivalent expression for C, and V, into 

Squatlon 6.159, 

ti b ICbm* . n * +Cui . n Csu*+l8Ut —Cg| )* 
H$v “B*-2fl- B|-5T— -ffl 

Eq. 6.161 

2 
Rearranging and dividing by the reference head Ug /g» 

IB, +B* +B>)+B»Äti-2^cotcc,) 

Ba +B»Ä (8-2^ cot«,) 

Eq. 6.162 
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«uMtltutlon «f thU íin»l «lu*tl011 ll,t0 Kqil,tlon 6,1°4 

yltlds an «xpiannlon lor 8. íor a «l»an »alna »* +'. 8 »1U 

will be a minimum be a maximum eben qbv ie a minimum; 4SV 

when the general equation 

Eq. 6.163 

la aatlafled. Partial differentiation with respect to & , 

4, and cot a , yields respectively, 

B, (8-^C0tCC,4, - 0 

(I + cot*cc,)—Bi8cotcC| -~r - 0 Eq# 6< 

^'64 cota, -B, 8^-0 

In order to obtain a simultaneous solution, an additional 

equation is necessary. From Equation 5.27, assuming T to be 

zero, 

tjf m if1/» Eq. 6.165 

provides the necessary restriction. 
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Solution of these four equations yields 

* Eq. 8.166 

a. Eq. 6.167 

cot« 
B4 

Eq. 6.168 

Reference. 8 and 19 infer that accurate value, of the wipirical 

coefficient, are not available at prenant, and It L poesible 

that theae are not constant over the entire H,, Dg range. 

However, other authors do give value, which yield re*>lt. 

that are reasonably in line with test data iron literature. 

Reference 20 gives 

K(* B| ■** Bt* 1.4 
Eq. 6.169 

and 

Eq. 6.170 

K*= B, Br 085 
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and gives for safe operating limits 

B, ♦ Bt* 1.8 Bl- «171 

and 

Bt * . 23 Bq. 0.172 

However, this is for complete breakdown, not for cavitation 

inception. The only other sourc: givlcj values for these 

coefficients is Wislicenus (Reference 7), who confines 83 from 

.1 to .4. References 18 and 21 indicate that some tension is 

supported in a fluid, so that vapor pressure alone does not 

completely define cavitation incepción. Thus, a value of 

Bi + 82 ■ 1.1 was selected in Reference 18 and is used in this 

study. The same reference indicates that 83 = .3 would be 

reasonable from purely analytical considerations, but this 

is too high for an empirically determined coefficient. There¬ 

fore, 83-.2 has been selected as the vali^ of the coeffic¬ 

ient. 

In addition to attaining configurations which will yield the 

maximum suction specific speed, it is desirable also to 

calculate the suction specific ¿jpeed for the maximum efficiency 

optimization previously run. It was also assumed that * ! ■ 90° 
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at the beat efficiency point 'if no preawirl guide vanee are 

provided. Introducing thle value into Equation 6.102 

> ¿(l.l*,+.28*) 
Eq. 6.173 

SUNDSTRAND 11IRB0 

A Division of Sundstrand Corporation 

_ 



Page 175 

FIGURE 19 - SINUSOIDAL VELOCITY AT IMPELLER EXIT 

FIGURE 20“ LINEAR VELOCITY AT IMPELLER EXIT 
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FIOUNC ZI .LINEAR PLUS A SINUSOIDAL ABSOLUTE VELOCITY AT 

IMPELLER EXIT. 

FiOURE 22. ELEMENT OF FLOW FROM THE IMPELLER 
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W, to 

FIGURE 24 - SUP FACTOR AS A FUNCTION OF <f> 
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FIGURE 25 

GEOMETRIC PARAMETER V OF THE 

IMPELLER 
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FIGURE 29 

NOTATION OF THE SCROLL 
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FIGURE 30 

ELEMENT OF FLUID BETWEEN WEAR RINGS 

T+AT 
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7. PMUMIKARY ANALYSIS ON PERFORMANCE CRITERIA OP PITOT PUMP 

7.1 D—crlptlon oí Pitot Pump 

Pitot pimpa ara known under varloua other naaaa auch 

aa "akiin pimp", "apoon pimp" or "aooop pump". The pitot 

pump analysed in thia report will he deacribed and the 

Adjor faotore that dlatinguiah thia pimp type fron the 

■ore conventional centrifugal pimp will be diacuaaed. 

A pitot pimp ia ahown schematically in Figure 31, and 

consists essentially of a pressure vessel or hollow 

iapeller with internal vanes that tend to cause the fluid 

to rotate with the impeller. If it is assumed for the 

■osent that the fluid rotates with the impeller as a 

■olid body forming a forced vortex and that the inner 

diameter ia very small, then the total pressure at any 

point will be equally divided between static pressure 

and velocity pressure. If now, a pitot probe is Inserted 

inside the impeller, this high pressure fluid can be 

extracted from the pump. At shut-off conditions, the 

output pressure will be very nearly equal to the total 

head imparted to the fluid since the pitot pick-up will 

see the static pressure plus a high percentage of the 
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▼•loolty prtsaur«, Aa flow through tha jmap ia inoraaaad 

tha output praaaura will fall off dua to flow loaaaa aa 

tha yitot tuba conducta tha fluid froa tha pump. 

It ahould ha notad that with thia puap configuration tha 

diao friction batwaan the fluid punpad and tha iaipallar 

houalng (a& occura in conventional centrifugal pumpa) la 

practically non-exlatent since the fluid ia rotating with 

the housing. Howev . uew losa, probe drag, is intro¬ 

duce 1‘. 

7.2 Theoretical Anales. 

By applying aome fur.duuental relationships, it appears 

t’'-"alóle to obtain a t ellminary pvtlmate of the perform¬ 

ance criteria x.r 9 type of pump. It has to be 

f..¿.a* 4 zed t t an exact analysis of the flow mechanism 

taking place In the pitot p Jt; Is comparatively difli¬ 

mit. Some of phenomena can only be estimated in a very 

approximate fashion. The p- Lme emphasis of this analysis 

is directed toward the recognition of the essential 

design parameters and to the rerognition of predominant 

trends. No exact numerical values should be expected 

from this analysis. 
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Figur« 31 «ho«« a schematic cross section through th« 

essential parts oí pitot pumps. The following notations 

are used: 

D - the diameter at which the pitot pick-up is located 

d - the inlet diameter of the housing 

8 - the diameter of the pitot pick-up 

A - the diameter of the pitot body 

B - the axial extension of the rotating drum 

b - The axial extension of the radial vanes 

a - the spacing between the vanes 

The governing philosophy for this analysis is (1) to 

deteralne the performance in cases that no losses have 

to be considered; (2) to determine the difference loss 

sources and appraise their approximate magnitude and 

tendencies^ and (3) to combine all these relations in 

order to determine the efficiency as function of the 

similarity parameters, specific speed and specific 

diameter. 

7.2.1 Theoretical Head 

In order to determine the head theoretically developed, 

it appears admissible to use the Euler equation which 

SUNDSTRAND TURBO 

A Division of Sundstrand Corporation 



It derived by considering the change of aonent of 

momontun of a flow entering the vanee at the dianeter 

d, and being expelled from the vanes at the diameter D, 

whereby for simplicity reasons it is assumed that the 

pitot pick-up ia located at the same diameter D (as 

shown in Figure 31). This relation reads 

Eq. 7.1 H 

when U denotes the wheel speeds, Cu denotes the periph¬ 

eral component of the flow in direction of rotation, and 

when subscript 1 refers to the diameter d and subscript 

2 to the diameter D. Assuming, now, that no pre-swirl 

is present at the inlet of the pump, then the inlet 

peripheral component Cu_^ becomes zero. Assuming, addi¬ 

tionally that the vanes are strictly radial, then the 

exit component of the flow in direction of rotation 

becomes 

when me denotes a slip factor which depends mainly on the 

number of blades Z and the diameter ratio D/d and me is 
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Med to differentiate fro« the elip factor a, uae* in the 

ana lyeia of centrifugal pumpe. The slip can be expressed by 

the approximate relation 

14. 7.3 

This is the Eckert expression discussed in Section 6,1.1. The 

Pfleiderer expression «as chosen as most suitable for the centri¬ 

fugal pump analysis, since the Eckert expression departed from 

experimental results at small blade angles. However, the Eckert 

expression shows good accuracy for straight radial vanes. Since 

vane angles are being restricted to 90° for the pitot pump 

analysis, the Eckert expression is used here because of its . 

advantageour mathematical form. Equation 7.3 does neglect the 

influence of the vane width b which, for the half-open impeller 

type employed in Pitot pumps, must be expected to be of signifi¬ 

cant influence. This effect would be to increase the average 

apparent slip with decreasing b/D values. Due to the lack of 

süfficient information regarding the magnitude of this influence, 

no b/D correction is introduced into Equation 7.3. Additional 

comments on this aspect are presented in section 7.3.2, Thus, 

the head theoretically developed in the pump is 

i 

Eq. 7.4 

In order to simplify the analysis, it is advantageous to 

work with dimensionless coefficients. Simple and meaning' 

ful relations result when the head theoretically 
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developed la referred to a fictitious head which, for 

siapliolty reasons, eight be defined as 

a 
Eq. 7.5 

The ratio of these two heads say be denoted the theoret- 

loal head ooeffiolent which is defined as 

Eq. 7.6 

Introducing equation 7.4 into equation 7.6, the relation 

for the theoretical head coefficient becoees 

when no preswirl is assumed and when strictly radial 

blades are Incorporated into the design. 

7.2.2 Head Losses 

Several losses have to be considered. Different view¬ 

points can be taken as to the analysis of these losses. 

As a first approximation, the following considerations 

are presented. 
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The flow going through the vanes suffers a certain loss 

due to wall friction. Following the reasoning used for 

the centrifugal pump analysis, it is to be expected that 

this loss is proportional to the square of the radial 

velocity Cm, proportional to the channel lengths L, and 

inversely proportional to the hydraulic diameter d* of 

the channel. Hence, the basic equation for this loss reads 

Eq. 7.8 

when denotes a loss factor whxCh depends only on the 

Reynolds number. In order to account for the fact that 

the channels have a rectangular cross section rather than 

a round cross section, the hydraulic diameter will have 

to be defined as the ratio of cross section F to wetted 

perimeter p; i.e., 

lq. 7.9 

Considering, now, that the channel geometry is defined 

by the diameter ratio and the number of blades, an approxi¬ 

mate relation for this loss can be presented in the form 

Eq. 7.10 
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Th« head Hp available at the inlet ol the pitot pick-up 

le 

Eq. 7.11 

Thie head denote« the total energy which has been 

Imparted on the flow after entering the impeller and, 

coneequently, denotes the rise in total pressure avail¬ 

able at the pitot pick-up. Hot all of the pressure at 

the pitot pick-up is available as static pressure rise 

across the pump. As a result of the velocity of the fluid 

in the pitot probe, the total pressure will contain a 

velocity head term, a substantial portion of which will 

be lost due to the poor diffusion characteristics possible 

in the pitot pick-up. This kinetic or velocity head loss 

is denoted by 

c 
Eq. 7.12 

where ^denotes a loss coefficient. 

There is a further head loss in the system resulting 

from the losses suffered within the ducting from the 
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pitot piok-up to the pump outlet. Since these losses 

are caused by vail friction, an equation in the form 

Eq. 7.13 

can be used for calculating these losses when denotes 

a loss coefficient. Hence, the static head Hout that is 

equivalent to the static pressure rise across the pump can 

be expressed by the relation 

Eq. 7.14 

This equation can be simplified by Introducing some 

dimensionless coefficients such as the head coefficient, 

which is defined by 

^out 
s JlfiilL 

Hrsf Eq. 7.15 

denoting the output head referred to the fictitious 

reference head, and by introducing a flow factor which 

denotes the ratio of the velocity within the pitot tube 

to the wheel tip speed; namely, 

4s C , .2 Pm 
U U Eq. 7.16 

SUNDSTRAND TURBO 

A Division of Sundstrand Corporation 



Paga 194 

With th«M notation« the relation for the head coef 

fioient read» Bq< 7.17 

i..»^^+^°1 
Other loMee which have to bo oonwlderod aro the drag 

o< the pitot plok-up and oupportlng etrut on the (low, 

the energy lone., occurring In th. energy trader tro¬ 

th. fluid within th. »an« to the fluid .unrounding th. 

probe and the wheel dl« friction loe... of the rotating 

grua canned by th. difference ln »elocltlee between th. 

„11. and the .unrounding gae. Th... three lo..« do 

not aff«t the preeeure rlne produced by the pump, hut 

.fleet the power Input Into the punp required to generate 

the head. 

There are eeveral -eihode to «count for th. loen canned 

by the drag of the pitot pick-up. Reelet.«. «efficient, 

for pitot pick-up. «« be found In literature, particularly 

Reference 23, Indicating that th. drag coefficient (¾ 

depends on the body ehape, attaining valu« of CD . 1.17 

for a flat dlec and value, of (¾ . .Hor .trea-llned 

«dl... It 1. to be -aphaalz« that th„. valu« are 
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valid only if It ia assumed that the body is in a free 

stream. This assumption cannot be made for the pitot 

pump'since the pitot body is located between the rotating 

vanes or slightly above them so that the distance between 

the vanes or walls and the pitot body becomes an influ¬ 

ential value. It is to be expected that for close dis¬ 

tance an interference drag exists which increases the 

apparent resistance of the body. Only little information 

on numerical values for the interference drag is found 

In the literature. Reference 23 deals with this aspect 

to some degree by presenting information on the inter¬ 

ference drag of a pair of struts (one beside the other) 

indicating that the body drag coefficient about doubles 

when the distance between the struts is equal to the width 

of the strut, that the body drag quadruples when the dis¬ 

tance is about one quarter of the strut width, and that no 

interference influence exists when the distance is about 

four times the strut widths (see Figure 32). Another inter¬ 

esting aspect is quoted in Reference 23 by quoting test data 

on the drag of a pair of struts, one behind the other, in 

tandem, so that the second strut operates in the wake of 

the first strut. The data (Figure 32) indicates that the 

drag coefficient of the rear strut doubles when the 

distance between, the front of the struts is about 1.8 times 
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the strut length, and quadruples when the distance is 

about 1.2 tines the strut length. No interference appears 

to ekist when the distance is about 5 tines the strut 

length. If this infornation is applied to the pitot 

punp, it would resulw that (see Figure 31 for 

D 5 
notations) and j = - in order to obtain a low body drag. 

It is unlikely that the nunerlcal values are entirely 

valid — it could, however, be expected that they are 

of the proper order of magnitude. 

By using the drag concept, the resistance R , which the 

pitot body offers to the flow, can be expressed by the 

relation 

Eq. 7.18 

and, therefore, the power required to overcome this 

resistance is 

P « 
ft-lb 

] Eq. 7.19 sec 
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so that the corresponding head loss becomes 

2 2 
p b Up A Cw Eq. 7.20 

since the weight flow V is 

W « 0Uj82r Eq. 7.21 

with 0 denoting a flow factor defined by Equation 7.16 

when c represents the velocity in the inlet of the pitot 

tube. The head loss can now be represented in a dimension¬ 

less form by dividing Equation 7.20 by the reference head, 

yielding 

Eq. 7.22 

when the ratio X denotes the ratio of outer diameter to 

bore diameter of the pitot body; i.e., 

Eq. 7.23 

If the pitot pick-up were removed from the pump and if 

the impeller filled with liquid were rotated as in normal 
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oparatlOQ, tha whola body of fluid within tha i«pallar 

oouId ba a■aunad lo rotata aa a íorcad vortax. Howavar, 

with* tha introduo+ion of tha proba, tha oantral ring of 

fluid not containad within tha vana« would hava a drag 

axartad upon it, alowing ita rotation and oonvarting «o«« 

of ita «kinetic energy into temperature riae in the fluid. 

With th-3 alow( c rotation, a lower atatic head would be 

developed at the periphery of the central ?7uid ring than 

la developed in the fluid ring within the vano , which 

are «till rotating aa forced vortlcea, thereby inducing 

a circulating flow outward through the impeller vane 

apacaa and inward tt rough the central fluid ring. This 

would effect an energy exchange between th'* 'luid leaning 

from the impeller and the fluid within the central ring; 

and, asauming steady state conditions to up»o t. ’n rea «d. 

the energy imparted to the central fluid ring would have 

to be exactly eoual to the energy loss du^ to the pitot 

pick-up and strut drag. However, the energy input at the 

shaft required to offset the probe drag losses must be 

greater than the probe drag losses because of the energy 

losses occurring in the transmission of energy through 

the fluid coupling described above. Assuming that the 

efficiency n o’ this transmission is essentially constant, 
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th« low due to probe drag and energy trana«isaion through 

the fluid coupling may be expreaaed by 

dp y? Cur 

qb“ 7,24 

In addition to the drag of the pitot body, the drag of the 

aupporting strut has to be accounted for. The resistance 

for the strut can again be expressed by a drag coefficient 

so that for the strut losses, a relation similar to Equa¬ 

tion 7.24 results. For simplicity reasons, both losses — 

pitot body drag as well as strut drag — may be combined 

into one expression by using Equation 7.24 and inter¬ 

preting Cw as the combined drag coefficient. 

The wheel disc friction loss at the outer part of the 

rotating drum is comparatively easily determined by using 

the relation derived in Reference 13. 

Pw «UJdID +56) ßm Eq. 7.25 

which gives the power loss, whereby)' denotes the density 

of the gas surrounding the rotating drum. Converting 

this power loss again to a head loss and referring this 

SUNDSTRAND TURBO 

A Division of Sundstrand Corporation 



Page 200 

head loee to the reference head, a dimeneionleee expree- 

sion for this loss results which reads 

With these relations the efficiency of the pitot pump 

can be expressed since the power input required is now 

the sum of the theoretical head, plus the head loss 

due to the transmission of energy to the central liquid 

ring plus the drag caused by the wheel disc friction. 

The required input head can be expressed in a dimension¬ 

less form by writing 

%a ^th+ Qb + <*w Bq, 7.27 

then the efficiency relation becomes 

Before introducing the individual quantities into Equation 

7.28, it appears advisable to define some proportionality 

factors for the internal geometry of the pitot pump by 

defining, for example 
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■ 
iq. 7.35 

Introducing these relations into Equation 7.28 gives, 

as a final relation for the efficiency 

-Wüt-.í&í.,»«..? i 
2m«0iL 0irv D/&A&/ y 

36 

Assuming constant values for the parameters x, y, z, n, 

and K, and the coefficients /9 w, y» €k 1 (q » (j » 

and Cy, the Ns-Ds diagram can be conveniently calculated 

by holding qQut constant through a range of ^ values, 
8 

calculating 0 from the equation 

■wti'-ml +vK+J 2 D/8 
n-y 

Eq. 7.37 
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( 

This 1« repeated for various qout values. The efficiency 

my then be calculated using the selected values of 

and and the calculated values of 0 into the following 

equation: 

Qout 

l+Slt±_+iÄL 

m« 2m| 0¾ 0 » C 
Bq. 7.38 

Plotting lines of constant q^t against 17 and ^ as was 

done for centrifugal pumps permits the reading of points 

of efficiency and the corresponding values of specific 

speed and specific diameter, which may then be plotted 

on the N8-Ds diagram, as shown in Figure 33. 

It is evident from Equation 7.36 that the parameter is 

of critical importance for the efficiency and that a 

certain optimum value for exists which must be expected 
o 

to be a function of the specific speed. This is demon¬ 

strated in the calculated N8-Ds diagram by showing lines 

of constant - values, indicating that the optimum ^ value 

increases with decreasing specific speeds; i.e., increasing 

specific diameter. This tendency is caused by the compara¬ 

tively large pitot body drag which demands the smallest 
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possible frontal area, just large enough to pass the 

required volume flow through the pitot tube. 

It Is to be noted that Figure 33 has been calculated 

with assumée .alues for the resistance coefficients; 

however, an effort has been made to sel'3t realistic 

values. The most difficult choice was the selection of 

the Cv and *1% coefficients meaning that a high degree 

of uncertainty remains, since the flow conditions that 

determine and are not too well known. An effort 

was therefore made to determine the approximate magnitude 

of those values — more explicitly the ratio Cw/>7b> 

experimentally. This is discussed in more detail in 

Section 7.3. 

In using the calculated Ns-Ds diagram for pitot pumps 

presented in Figure 33, it must be recognized that the 

theoretical analysis for pitot pumps was performed with 

very little empirical data, as compared with the centri¬ 

fugal pump analysis, and that the final equation for 

efficiency has been substantiated only with a relatively 

email amount of test data. Furthermore, there is no 

reason to assume that the pumps tested were optimum pumps, 

since no basis for optimization was available at the time 
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these pumps were designed. Therefore, the present 

analysis must be considered preliminary and not final. 

The present preliminary analysis is, nevertheless, use¬ 

ful in that it presents qualitatively, if not quantita¬ 

tively, the trends that can be expected in pitot pump 

performance. It does not appear unreasonable to assume 

that further development work may produce characteristic 

superior to those shown in Figure 33. Further, this 

preliminary analysis does provide an indication of future 

work which will permit optimization of pitot pump design. 

7.3 Experimental Analysis of Pitot Pump Performance 

The literature contains only very few references to the 

subject of pitot pumps. In particular, experimental data 

on pitot pumps is almost non-existent. Under a separate, 

company-sponsored experimental program, Sundstrand Turbo 

has been investigating the performance characteristics 

of pitot pumps. Although this experimental work was 

not included under the contract with the Office of Naval 

Research, its inclusion in this report should represent 

a significant contribution to the otherwise scanty liter¬ 

ature on this subject. 
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7.3.1 Pitot Pump Te»t Vehicle 

The pitot pump hardware that waa used was not intended 

to be a variable geometry test vehicle. However, some 

changes in pump geometry were made which permitted the 

study of changes in some of the design parameters. The 

pitot pump is shown in an exploded view in Figure 34. 

Three different rotating housings or impellers were made, 

having different vane depths. This introduced changes 

in two variables simultaneously; namely, vane depth and 

clearance between vane and pitot probe. Although it 

would have been desirable to study these two variables 

separately, the construction of the test vehicle made this 

impractical. Two pitot probe configurations of substan¬ 

tially different design were used in combination with the 

three vane depths, giving six different configurations 

that could be studied. The two probes are shown in 

Figure 35. 

7.3.2 Pitot Pump Tests 

Each of the configurations was tested holding rotative 

speed constant at different values over the full flow 

range of the pump from shut-off to maximum, flow. Output 

head was measured, and input head was obtained by 

LI 
y 
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■•Muring the input driving torque. Figurei 36 and 37 

■how the performance characteriiitci of the two prbbe 

configurations tested. These diagrams show the usual 
i 

pump characteristic; i.e., decreasing output heads 

with increasing flow rates. The maximum efficiency 

of the test pumps was affected by the clearance between 

the vanes and the probe; however, the test data is 

not adequate for determining the optimum values of 

this parameter. This is because as the clearance 

between the probe and vanes was increased (in the test 

vehicle), thus lowering the probe drag coefficient, 

the vane depth had to decrease, resulting in a higher 

slip factor. This results in higher transmission 

losses; i.a., lower values of 

7,3,3 Comparison of Theoretical and Experimental Results 

It is now of Interest to compare the test data with the 

analysis in au effort to determine some of the loss 

coefficients — particularly, the ratio An 

examination of Equation 7.27 reveals that the ratio C^/if B 
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o*» b« determined from the perfonutnoe data, einoe Qth 

is known and qw can be calculated from Equation 7.25. 

Analysis of the loss qv reveals that the magnitude of 

in equation 7.25 has Very little influence on overall 

pump performance since this disc friction lops is com» 

paratively small. By applying the Equation 7.27, qg was 

calculated for the test pumps. Data from these test 

results were thon corrected to a slip factor indicated by 

Equation 7.3 so that it could he compared to the theo¬ 

retical analysis of probe drag inefficient. This comparison 

is shown in Figures 38 and 39 and indicates good agreement 

in the flow factor range where maximum pump efficiencies 

occur. This agreeme>t further indicates that the magni¬ 

tude of used in calculating the Ns-Dg diagram is 

substantiated by the test data. The values used were 

Z *50 

ijb ■ 

thus 

C* = 1.250 

B 

This value of C* is considerably larger than the values 

indicated in Figure 32. It appears reasonable to assume 
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that tha pump geometries tested to date are not optimum, 

and that smaller probe drag losses C^/ g values than 

those* quoted are obtainable. Hence, the optimum spacing 

between probe and vane as well as the optimum vane 

widths are not yet established. Therefore, the calculated 

values of efficiency for Pitot pumps shown in Fiqure 33 

should not be considered optimum. 

Values of the coefficients . *nd (g» could be 

determined from the test data ; however, the internal 

flow paths of the test probes and pumps were not con¬ 

sidered optimum and values were established by consider¬ 

ing more conventional flow loss factors. The values 

used in calculating the Hs-Ds efficiencies were: 

{, = 
{„ : 0-50 

¢,:0.25 

Figures 40 and 41 show pump efficiency versus qout from 

the theoretical analysis and test data for two pumps with 

widely varying geometry. This comparison indicates that 

the theoretical analysis reasonably well indicates the 

trends found in the test vehicles. It is interesting to 
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not* that «fur. 40 and 41 .ho. p~h .fflel.noi- “ 

w «1»« of .« to .«. I» C0Dtra.t, th. o.louHt.4 

M -D, dlagraa for Pitot pimp* .ho.» V ■“ T*lu** ** ‘‘o“* 

.aluo. of .5 to .4. .horoby Oout 

.»«,«1. apaada. Ibl. dlffaraao. at«» fro. th. faot that 

th. optlw Mad. nuabar, baaad on th. th«r.t<oal analyal. 

daoTMaoa .1th loor«.lng apoolflo ap^da, thn. oaualng 

qth and, con.aqu.ntl», dont to daora... .1th Inoraaaln* 

», aaluaa; »har«, th. toot puma hay. hUde »unbar. 

«hloh ar. aouawhat hlghar than th. optlm. valúa. 
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7Btccttaendationa for Further Study of Pitot Pump« 

Sinet one of the most significant and least explored 

losses occurring in pitot pumps is the probe drag loss, 

work needs to be done to establish more accurately the 

magnitude of this loss and how this loss is affected by 

changes in the geometric design parameters. This second 

part, how the geometric parameters influence the probe 

loss, is Important if an accurate optimization of the 

design parameters is to be accomplished. Another factor 

affecting pump performance is the efficiency of the 

energy transfer between the fluid in the vanes and the 

inner fluid ring. Because little information is avail¬ 

able In the literature on these subjects as applied to 

pitot pumps, it appears that a logical program would be 

to run a test vehicle in which the appropriate geometric 

df‘,|gn parameters may be varied sufficiently to provide 

the required factual analysis of the loss functions. 
i 

Another aspect of pitot pumps which is comparatively 

unexplored is the maximum obtainable suction specific 

speed. It is evident that cavitation is likely to occur 

in the wake of pitot body and strut ; i.e., in a flow 

reiime which is affected by the probe drag. Hence, the 
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dMlfn oí tht probo will affoct tho ouotion opooiflo 

■pood so that invootigationo doallhg with tho inlluonoo 

of tho probo on tho pump oiiicionojr ahould bo oouplod 

with tho invootigationo of tho auction opacifie opood 

of pitot pumpa. 
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figure si-pitot pump 
SCHEMATIC 

i 

SUilD STRAND TURBO 

A Division of Sundstrand Corporation 

\ 

V -! 

K L. 



Page 214 

FIGURE 32a and 32b 

DRAG COEFFICIENTS OF STREAMLINED STRUTS 

AS A FUNCTION OF PROXIMITY (raf 23) 

FIGURE 32b ( C0 FOR REAR STRUT ) 
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FIGURE 33 
PITOT PUMP Nl-0g DIAGRAM 

rJ*ixiot 

N« 

SUND STRAND TURV.O 

A Division of Sundstrand Corporation 



FIGURE 34 

Page 216 

E
X

P
L
O

D
E

D
 

V
IE

W
 

O
F
 

S
U

N
D

S
T

R
A

N
D

 



Page 217 

FIGURE 35 

PROBE * 2 PROBE # I 

EXPERIMENTAL PROBES FROM 

SUNDSTRANO TEST PITOT PUMP 
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FIGURE 38 

PROBE DRAG LOSS COEFFICIENT 

FOR PITOT PUMPS 
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FIGURE 39 

PROBE DRAG LOSS COEFFICIENT 
FOR PITOT PUMPS 

THEORETICAL ANALYSIS 

X TEST DATA-CORRECTED 
FOR SLIP FACTOR 

(PROBE I, 

. ,7 ROTOR 2 ) 
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FIGURE 40 

PITOT PUMP EFFICENCY THEORETICAL AMD TEST DATA 

-THEORETICAL ANALYSIS 

X X TEST POINTS 

0/¾ » 134 

X-1.13 

K-5.93 

n-3.35 
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FIGURE 41 

PITOT PUMP EFFICIENCY THEORETICAL AND TEST DATA 

-THEORETICAL ANALYSIS 

X X TEST POINTS 

D/ft" 27 

X-1.13 
y-3.3S“NOT CONSTANT FOR TEST POINTS 
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NOMENCLATURE 

a — constant relating w to 1 
r 

A — area, ft.3 

B — empirical ooeffioient 

b — width, ft. 

o — absolute velocity, ft/sec 

C — absolute velocity, ft/sec 

Cw — probe drag ooeffioient 

d — diameter, ft. 

D — outer diameter, ft. 

D* -- hydraulic diameter, ft. 

Ds — specific diameter (dimensionless) 

e _ parameter used in scroll analysis 

Z — power, ft-lb/sec. 

f -- friction factor, dimensionless 

2 
F — channel cross section in Pitot pump, ft. 

g — gravitational constant, ft/sec.2 

! G — weight rate of flow, lb/sec. 

h — head at pump inlet 

H — head, ft. 

i i _ parameter used in scroll analysis 

J — a function of geometry 

k — clearance or width ratio associated with wear-rings 
or empirical constant 

j g — ratio of meridional flow velocities 
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1 -- point along flow passage 

L -- length of flow passage, ft. 

u — slip factor 

n « proportionality constant 

N — rotative speed, revolutions per Minute 

Mg — specific speed, dimensionless 

p —■wetted perimeter in ?ltot pump 

p .. power 

q — head coefficient 

Q — volume flow rate ft.3/sec. 

r — radius, ft. 

R — radius or resistance in Pitot pump analysis 

Re — local Reynolds number 

Rg — Reynolds number of turbomachine 

S -- suction specific speed 

t — vane thickness, ft. 

T — torque, lb.-ft. 

u — impeller tangential velocity, ft./sec. 

w — relative velocity, ft./sec. 

1? -- relative velocity, ft./sec. 

X — geometric parameter of impeller 

X — ratio of straight diffuser length to impeller 
outer diameter 

y — geometric parameter in Pitot pump 

z — blade number in Pitot pump 

Z — vane number 
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(I — exponent in Reynolds number correction, or 
Absolute flow angle 

ß — binde or vene Angle, degrees 

/9^-- loss coefficient in Pitot pump disc friction 

Y — density, lb./ft.3 

ft — rAtio of impeller eye to outer dimmeter, or Pitot 
probe inlet dinmeter, ft. 

A -- Pitot probe body dlnmeter, ft. 

£ — loos coefficient, dimensionless 

if — efficiency, percent 

B — Angle 

A— «ear-ring clearance 

X .-- ratio of Annular diffuser outer to inner diameter 

fi — absolute viscosity, slug/ft.-sec. 

ir — shear force, lbs. 

¿ — loes coefficient, dimensionless 

« — constants 

p — fluid density, slugs/ft.3 

c- — Thorns cavitation parameter 

r — ratio of hub to eye diameter 

0 -- flow factor 

X — ratio of probe body diameter to probe inlet diameter 

t — dimensionless parameter 

o> — angular velocity, radians/sec. 
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A — avarage condition or atnoapharic 

ad — annular diffuaar 

B — proba and tranmiaalon loaa 

D -- ducting loar in Pitot pu»p or drag 

df — disc friction 

a — affective or Bokert in Pitot pimp analyeis 

f « friction 

g — gae 

1 — impeller 

ic — curved section of impeller 

id — diffusion in Impeller 

il — impeller lose 

is — straight portion of Impeller 

k — kinetic energy loss in Pitot pump 

m — mixing, or meridional flow velocities 

p — probe in Pitot pump 

rf — vear-ring friction 

rl — vear-ring leakage 

s — static 

ss — specific 

sc — scroll 

sd — straight diffuser 

sv — net positive suction 

t — total 

th — theoretical 
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tangential component 

vapor 

annular tliffuaer discharge 

impeller inlet 

Impeller outlet 

inlet to scroll 

straight diffuser inlet 

straight diffuser discharge 
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