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Theory and Calculation of Peed 
Units of Liquid-Propellant Rocket Engines. 
B. V. Ovsyannikov, and B. I. Borovskiy, Moscow 
"Machine Building," 1971, 5^0 pages, plus 
2 inserts. 

» 

In the book information on the theory and 
hydraulic design of pumps and turbines of 
turbopump units [TU] (THA) of liquid-propellant 
rocket engines [LPRE] (M>A) is 
given. Principiei of the general theory of 
vane machines are given. The basic calculated 
relations for tho design of the flow part of 
pumps and turbines are derived. The selection 
of the basic parameters of turbopump units is 
substantiated, and conditions of their operation 
are analysed. Methods of the calculation of 
pumps and turbines of LPRE are briefly set forth. 
Examples of the calculation are given. 

The book is written in accordance with 
the curriculum ana is intended as a manual for 
Etudents of aviation, machine-building and 
polytechnic colleges who are specializing in 
engines of flight vehicles. 

The book can also be useful for engineers 
and technicians who are engaged in the 
calculation, design and operation of engine 
installations. 

The book has nine tables, 350 figures and 
a bibliography of 161 names. 

Reviewers are Doctor of Technical Sciences 
V. P. Chebyevskiy and the Department of Turbine 
Construction of KAI. 



PREFACE 

In t;ht book problems of ths theory end hydraulic design of 

pumps and turbines of turbopump units of liquid-propellant rocket 

engines are discussed. In connection with the fact that used 

In turbopump units of LPRE are the vane machines of different 

forms - axial-flow turbines and pumps, radial (centrifugal) 

pumps, radial (centripetal) turbines, hydroturbine, - in the 

book principles of the general theory of vane machines are given. 

This made It possible to avoid repetitions In the dervlation 

of the fundamental relations and in the account of information 

of the profiling and calculation of the flow area of pumps and 

turbines. 

Considerable attention Is given In the book to the cavitation 

calculation of pumps, which provides the reliability of the 

engine Installation, and also to the calculation of the energy 

characteristics of pumps and turbines. 

Examined as a basic Is the screw-centrifugal pump the most 

typical for the LPRE, and features of the calculation of pumps 

of the oxldiser and fuel are examined. Information on the selection 

and calculation of turbines of TU for engines of different designs 

Is given in the book. 

In the final section the selection of parameters of turbopump 

units is substantiated, and conditions of their operation are 

analyzed. An examination of these questions is conducted in 

FTD-MT-211-1524-72 xiv 



quite general and brief form, aince a study on the specific 

designs of the feed and control of the engine is the 

object of a special course. 

The terminology and designations are accepted taking into 

account the general approach to pumps and turbines as well as 

to vane machines; at the same time widely used are terms and 

designations recommended by the Committee of Technical Terminology 

of the Academy of Sciences of the USSR and most widespread In 

technical, academic and scientific literature. 

Equations and numerical values are given in conformity 

with the International System of Units [SI] (CH). The actual 

data and numerical values are given on the basis of Soviet and 

foreign publications. Examples of the calculations have purely 

a systematic nature and do not refer to any specific engine. 

In the account of the many problems the authors drew on 

the experience of industrial pump building and turbine construction. 

Furthermore, the material given in the textbook written by one of 

authors is partially used (B. V. Ovsyannikov, "Theory and Calcula¬ 

tion of Pumps of Liquid-Propellant Rocket Engines" M., 

Oboronglz, I960). 

In view of the fact that in a number of colleges an 

abbreviated academic course is studied, part of the material 

which can be reduced In such cases is printed in brevier. 

For the facilitation of the independent work of the students, 

besides the material of manual in the book a large quantity of 

graphic dependences is given, examples of calculations are 

given and a sufficiently detailed bibliography is given. 
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Chapters 1 and 2 In a larger part were written by 

B. V. Ovsyannikov, and the remaining chapters were written by 

the authors together; the total scientific editing of the book 

was done by B. V. Ovsyannikov. 

The authors express their gratitude to these reviewers: 

Doctor of Technical Sciences V. F. Chebyevskiy, Candidates of 

Technical Sciences M. K. Maksutova, A. P. Tunakov and 

L. V. Goryunov for their valuable observations made during the 

review of the manuscript, and also to Doctors of Technical Sciences 

0. N. Yerain, K. V. Kholshchevnikov, V. A. Tselikov, Candidates 

of Technical Sciences N. S. Yershov • d N. I. Kravchlk for the 

useful Advice expressed by them In th. su-vey of Individual 

sections of the manuscript. 

The authors will be grateful to readers for critical 

observations both with respect to the essence of the discussed 

questions and with respect to the method of presentation. We 

ask that observations be sent to: Moscow, B-66, 1st Basmannyy 

Une, 3, Publishing House "Machine-Building.n 

FTD-MT-211-1524-72 xvl 



I I 

NOTATIONS 

a - speed of sound; dimension of the minimum cross 
section of the cascade; 

b - width of the meridian cross section of the vane 
machine (pump, turbine); 

c 

C 

D, d 

P, f 

0 

H 

absolute velocity of the motion of liquid or gas; 

cavitation power-speed coefficient; 

diameter; 

area; 

mass flow rate of fluid or gas; 

pressure, or increase in specific energy of fluid 
or gas; 

h 

H 

i 

k 

height; 

coefficient of pressure; 

angle of attack; enthalpy; 

coefficient which considers the effect of the 
finite number of blades; 

L 

L 

N 

specific work; decrease in energy of fluid or gas 

operating factor; 

power; 
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n8 - power-speed coefficient (for a pump with bilateral 
inlet it is determined according to half the flow 
rate) ; 

n - power-speed coefficient determined from the entire 
flow rate; 

p - pressure; 

Q - volumetric flow rate of fluid or gas; 

q - flow-rate parameter; 

R» r - radius; 

R - gas constant; 

T - temperature; 

t - pitch; 

u - circumferential velocity; 

V - flow velocity; specific volume; 

w - relative speed; 

z - number of blades; number of stages of the turbine 
or pump; 

c - degree of admission (degree of Intake); 

n - efficiency; 

V - coefficient of kinematic viscosity of fluid; 

Ç - coefficient of the local resistances; 

p - mass density of fluid or gas; 

o - coefficient of total pressure; 

u - angular velocity; frequency of rotation; 

Ç - loss factor. 

SUBSCRIPTS 

sa - adiabatic - refers to parameters of the ideal 
adiabatic process; 

sw - internal; 
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BT • hub-refers to paramotors of the cro^s section of 
blades In hub; 

ex - Inlet 

aux - outlet; 

r - hydraulic or geometric; 

pmap - hydraulic (hydraulic resistance); 

A - disk; 

ksb - cavitation; 

xp - critical; 

"iex - mechanical; 

« - pump; 

n - peripheral; 

non - polytropic; 

p - calculated; flow; 

c - refers to parameters of nozzlo cascade; 

cp - average; 

cpB - separation; 

T - theoretical; turbine; 

rp - friction; 

y - refers to parameters of packing (leakage); 

ui - screw conveyer; 

m - refers to meridian projections of speeds and cross 
sections ; 

r - refers to radial projections of speeds; 

u - refers to circumferential projections of speeds 
and to parameters called parameters on the 
circumference of a turbine wheel; 

z - refers to axial projections of speeds, moments with 
respect to the axis and so on; 
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• 

- - refers to all parameters determined on the basis 
of the assumption that the number of the blades 
is Infinitely large. 
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CHAPTER 1 

APPLICATION OF PUMPS AND TURBINES 
IH LIQUID-PRÏPELLAHT ROCKET 
ENGINES 

1.1. BASIC PARAMETERS OP PEED 
SYSTEMS OP COMPONENTS IN LIQUID- 
PROPELLANT ROCKET ENGINES 

The liquid-propellant rocket engine [LPRE] (WP/D u an engine 
designed for the creation of thruat with short-term action. 

Usually the operating time of the engine is measured in 

seconds or minutes. In the LPRE propellants consisting of the 

liquid comoonents, liquid fuel and liquid oxidizer, are used. 

The mass fuel consumption consists of kilograms and thousands 

of kilograms per second. The magnitude of the mass fuel con¬ 

sumption Is determined by the thrust and specific thrust of 

the engine: 

where is the mass fuel consumption, 
sumption of the components - 

) 

i.e., the total con- 
oxidizer (0om) and fuel, 

ft*’ (i,-r (1.?) 

R is thrust in Newtons (N); 

RyÄ is specific thrust in N/(kg/s). 
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The specific thrust of the LPRE, depending on the celected 

components, varies usually within 2500-4000 N/(kg/s). Let us 

estimate approximately the fuel consumption in the LPRE. If 

we accept for the LPRE Ryfl . 3300 N/(kg/s), then for each 10 kN 

of thrust 3 kg/s of fuel consumption will be required. 

The mass flow rate of each of the components can be 

determined by the total consumption Oj. and the selected value 

of the correlation coefficient of the components 

(1.3) 

By means of equations (1.2) and (1.3) we will obtain 

.^-nh0* (1.4) 

(1.5) 

As a rule, k is greater than unity (usually ic - 2-4), and 

therefore the flow rate mass of the oxidizer aQK is greater than 

the fuel consumption Qrop. The volume flow rate of the 

component is found in terms of the mass flow rate and density 

(1.6) 

(1.7) 

where Qom and Qrop are the volumetric flow rates of the oxidizer 
and fuel, respectively; 

Pqh and Prop are the densities of the oxidizer and fuel. 

Usually the density of the oxidizer (derivatives of nitric 

acid, liquid oxygen, etc.) is more than the density of the 

fuel (kerosene, alcholos, etc.), and therefore the difference 

in the volumetric flow rates of the oxidizer and fuel ic less 

than the difference in their mass flow rates. 
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The volumetric flow rates of components consist in units 

and dozens of liters per second for engines with moderate thrust 

(up to 300 kN) and hundred of liters per second for high-thrust 

engines. 

The feed pressure of the working component pBux is determined 

by the combustion chamber pressure pM, by the drop on injectors 

ûp(> and hy the resistance of the hydraulic line from the outlet 
of the pump to injectors, which with passage of the component 

(as s rule, this is fuel) through the cooling Jacket of the 

combustion chamber can be great (up to 40-60 bar): 

Am«“A| (1.8) 

With a combustion chamber pressure of 100-150 bar, drops on 

the injectors of 5-20 bar, and a resistance of hydraulic line 

of 15-20 bar, the value of the required feed pressure can be 

150-220 bar. 

Depending on the layout of the feed system of the engine, 

the feed of components of fuel into the combustion chamber of the 

LPRE can be achieved by a displacement of components from the 

tank by high-pressure gas or with the aid of pumps. In 

accordance with this, the feed systems of fuel components of 

the LPRE are divided into tw» groups: 

1) pressurized systems; 

2) pumping systems. 

In pressurized systems (Pig. 1.1) any pressure chamber is 

utilized for the fuel feed into the combustion chamber. Used as 

a pressure chamber is a gas pressure tank (air, nitrogen) or 

a unit which produces gas by means of the combustion of powder 

([SPPA] (HAA) - solid fuel pressure accumulator) or liquid 

components of any propellant ([LFPA] (WAA) - liquid fuel pressure 

accumulator). 

FTD-MT-24-1524-72 3 



A characteristic of the pressurization systeir, consists in 

the fact that the tanks with the components are unner hipih 

pressure, which exceeds the combustion chamber pressure. Therefore, 

it is necessary to make the tanks thick-walled. At high pres¬ 

sures in the combustion chamber and with considerable quantities 

of fuel being consumed during the operating time (which is 

characteristics of engines of high thrust or long useful life), 

the tanks in the pressurized feed systems wil] te extremely 

heavy, unacceptable for a rocket. Therefore, for the LPRE 

with high pressure in the combustion chamber, which operate for 

a relatively long time or which have high thrust, pumping feed 

systems are always used. 

Pig. 1.1. Diagram of the pres¬ 
surized feed system of fuel 
components of the LPRE; 1 - 
pressure chamber; 2 - tanks with 
components; 3 - cc bastion 
chamber; - reduction valves. 

Fig. 1.2. Diagram of the pump¬ 
ing feed system of components 
of fuel of the LPRE: 1 - pres¬ 
sure chamber; 2 - tanks with 
components; 3 - combustion 
chamber; *1 - reduction valves; 
5 - engine for drive of pumps; 
6 - pumps . 

In the pumping feed system within the fuel tanks, for 

example, with the aid of a gas pressure cylinder, the low pres¬ 

sure necessary to provide noncavitation operation of the pumps 

is maintained. The pressure necessary for fuel feed into 

the combustion chamber is created by the pumps (Pig. 1.2) being 

set into motion from the engine - usually from the turbine. 

Subsequently the unit which consists of the pumps and engine 



will be called the pumping unit. If in the pumping unit a 

turbine is used as an engine, then we will call such unit a 

Lurbopump unit, or in abbreviated form, [TU] (THA). The working 

medium of the turbine la the gas obtained in the gas generator 

of the engine with the combustion of components of fuel of the 

engine or with the decomposition of any substance (for example, 

hydrogen peroxide). 

The pump feed of fuel components in the LPRE was proposed 

by K. E. Taiolkovsky as long ago as 1914. The pumping feed 

system is considerably more complex than the pressurised system, 

but at high quantities of expendable fuel and high feed pressures 

the pumping system is more preferable, since the weight of the 

entire power-supply system of the LPRE, including tanks of the 

components, will be less. Even at a combustion.chamber pressure 

which exceeds 30-50 bars, it is inexpedient to use the pres¬ 

surized feed system of components in the LPRE. (The exception 

is with micromotors - engines with low thrust and low duration 

of operation used for controlling satellites and spaceships in 

which a pressurized system is used). 

The pumping feed system of components at the present time 

is the most widespread feed system of components in the LPRE. In 

the pumping feed system the pump should feed the necessary flow 

of the component, and in this case the pressure of the component 

should be raised from a low pump inlet pressure to a high pressure 

which exceeds the combustion chamber pressure [see equation (1.8)3, 

i.e., the pump should provide an increase in the mechanical 

energy of the pumped fuel component. 

An increase in the mechanical energy of 1 kg of the mass 

of liquid passed through the pump is called the pump head and is 



designated H.1 For a noncompressible fluid it is possible to 
write 

• • 
f f  ~~ P»t due 

• « ' (1.9) 

or 

» .(i. f . a. 10 ) 

where p* and p are the full and static pressures of the component 

fuel, respectively; c - speed of the component; subscripts "ex” 

and "sbix" refer to parameters of the component at the 1 ¡let into 

the pump and at the outlet from it. 

Usually cBx - 5-10 m/s, and cBux - 10-20 m/s. At identical 

or close values of cBX and cBb(x, it is possible to write 

(1.11) 

The value of the required outlet pressure pBux (feed pres¬ 
sure of the component) is estimated by equation (1.8). For 

determining the required pump heads H, let us discuss the estimate 

of the magnitude of the available inlet pressure of the pump 

Inlet pressure of the pump p (Fig, 1.3) i8 determined 
D A 

by the tank p^, the level of the liquid column, the inertia 

head and the flow friction of the main line feeding the com¬ 

ponent to the pump, and the flow velocity at the inlet. 

‘in hydraulics the mechanical energy of I kg of liquid Is 
called the liquid head. If we disregard the energy of the 
position, then the liquid head will bo determined by equation 

(5- " ^ + 5~* The PumP is an increase In the liquid head 
passed through the pump. 

G 
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Let us designate by the letter e the angle between the 
direction of motion of the rocket (axis of the rocket) and the 
direction of the force of gravity (see Pig. I.3). In the 
determination of the inlet pressure of the pump, It Is 
necessary to consider the acceleration only tangential with res¬ 
pect to the flight trajectory. The acceleration, normal with 
respect to the trajectory, leads to a nonuniformity of 
pressure on the cross section of the pipeline, but will not have 
effec'. on the value of the mean pressure. 

Fig. 1,3. Diagram of pump 
arrangement In a rocket. 

Por the liquid which flows along the tube, the Inertial 
force in ‘,hls cross section will be equal to 

Pi-u/tJ. 

where l Is the level of the liquid column above the cross section 

J is the tangential acceleration of the rocket; 
f Is the cross-sectional area of the tube. 

The value of inertia pressure will be 

ßi—l'l/. 
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Correspondingly, the gravitational pressure of the fluid 
column will be equal to pg/ cos 9. 

The sum of the gravitational and Inertia pressures can be 
presented in the form 

t,»;7oo># ! U/—o/iircost4 /). 

Taking all factors into account, the inlet pressure of the 
pump will be equal to 

(1.12) 

During the rocket flight the inlet pressure of the pump does 

not remain constant but is charged with a change in the 

acceleration of the rocket and level of fluid in the tank. 

Figure 1.¾ shows the approximate dependence of the inlet 
pressure of the pump on the flight time of the rocket in the 

powered flight trajectory when the engine is operating. With the 

rocket launch pax is usually 2-6 bar. During the motion of the 

rocket pressure PBX» in being changed, can pass through the 

minimum, since the gravitational pressure falls in connection 

with a decrease in the level of the liquid column l, and inertial 

pressure rapidly increase in proportion to an increase in the 

acceleration of the rocket (tank pressure is virtually not 
changed). 

Fig. U). Approximate 
iniet pressure of purnp 
time of the rocket. 

dependence of 
on the flight 
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Let us note that the inlet pressure p>x is an important 

parameter of the pumping feed system of the LPRE. At low pres¬ 

sure pbx et the inlet of the pump cavitation can arise (see 

Section 3*3)» which leads to a disruption of the pump - drop in 

pressure created by the pump and consumption. Therefore, it is 

Important to design the pump so that it would possess the 

necessary anticavitation properties, i.e., would be able to 

operate without cavitation stalling at the assigned inlet pressure. 

By knowing the required outlet pressure of the pump p and 
Bol X 

the available inlet pressure pBx, it is possible to evaluate 

according to equation (1.11) the required pump head. Since the 

p is incomparably less than the pressure p , the pump head 
B X BblX 

H is virtually determined by the outlet pressure. Usually the 

required value of the pressure la 10,000-30,000 J/kg. Since 

the density of the fuel is leas than the density of the oxidizer, 

the pump head of the fuel is greater than the pump head of the 

oxidizer. For pumps operating on liquid hydrogen (which has a 

very low density), the required head reaches a value of 250,000- 

400,000 J/kg. It hence follows that the pumps of the LPRE 

should be high-pressure pumps. 

The power consumed by the pump can be calculated according 

to equation 

where 0 - the mass flow rate of the component through the pump; 

nH - the efficiency of the pump. The more the efficlencv 
of the pump, the less che required power. Usually 
n ■ 0.5-0.8. 
H 

At the assigned values of the required head and efficiency, 

the power consumed by pump is determined by the mass flow rate 

of the component (thrust of the engine). The power of pumps of 

the LPRE can reach 20,000-40,000 kW and more. 
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Let us formulate In more detail the basic requirements for 
rumps of the LPRE and engines being used for their drive. 

1.2. REQUIREMENTS FOR PUMPING UNITS 
OF LIQUID-PROPELLANT ROCKET ENGINES 

1.2.1. GENERAL REQUIREMENTS. 

Let us 1’ormulate the basic, most general requirements for 
pumping units of the LPRE which consist of pumps and an engine 
for their drive: 

1) the pumping unit should provide the continuous feed of 
the necessary quantity of components into the combustion chamber 
under an assigned pressure with as high an efficiency as possible; 

2) the overall dimensions and mass of the pumping unit 
should be a minimum, and, consequently, the angular velocity of 
the unit should be as maximal as possible; 

3) the cost of the manufacture of the pumping unit should 
be a minimum; 

the pumping unit should provide noriruil operation of 
the engine in different conditions. 

These general requirements for the pumping unit arc defined 
concretely and supplemented depending on the purpose and schemes 
of the LPRE. Additional requirements are more precisely 
formulated In the examination of the specific feed system i f the 
LPRE. 

Having enumerated the general requirements for the pumpinr 

unit, let us formulate additional requirements for pumps of 
LPRE r.nd engines used for their drive. 

10 



1.2.2. REQUIREMENTS FOR PUMPS 

The requirements for pumps are almost wholly defined by 

such parameters of the engine plant as thrust, combustion chamber 

pressure, physicochemical properties of the components, tank 

pressure, and so on. These requirements are: 

1) the pump should be adapted for operation with aggressive 

fluids, which are the high-boiling and low-boiling (cryogenic) 

oxidizers of propellants of the LPRE: nitric acid and its 

derivatives, hydrogen peroxide, liquid fluorine, liquid oxygen, 

and so on. 

In operating with oxidizers the friction between the parts 

of the pump is inadmissible, which leads to the local heating of 

internal parts of the pump, inflammation and even explosion of 

the pump. In view of this the pumps in which there are friction 

paii's can prove to be unsuitable for the LPRE; 

2) pumps of the LPRE should possess high anticavitation 

properties, i.e., they should be efficient at low pressures 

af the inlet. The less the permissible inlet pressure of the 

pump, the less the necessary tank pressure of the component, and 

this leads to a decrease in the mass of the tank and decrease 

in the mass of the entire engine plant; 

3) the pump should have such a characteristic (dependence 

of the pressure created on the fluid flow rate) which would 

provide the stable operation of the feed system both on the basic 

and transient operating modes of the engine. 

In the operation of the pump there should be eliminated the 

possibility of the stalling of the conditions or the onset of 

oscillations of parameters of the pump (pressure, f..ow rate) 

under the effect of low probable deviations in the resistance of 

the feed system. 

11 



These are the basic, general requirements for pump of the 

LPRE. In isolated special cases these requirements can be 

modified, and new specific requirements can appear. 

1.2.3. REQUIREMENTS FOR ENGINES 
OF THE DRIVE OF PUMPING UNITS 

Let us formulate additional requirements for engines of the 

pump drive of LPRE, taking Into account that many requirements 

for the engine were included in the general requirements for the 

pumping unit: 

1) the drive engine should have a high angular velocity 

and, as a rule, provide drive to the pumps without using special 

devices transmitting the torque (for example, a gear train); 

2) in the engine such an energy source which does not 

require a considerable increase in the mass of the rocket should 

be utilized. In the case when the working medium used is ejected 

into the atmosphere, in passing the combustion chamber of the 

LPRE, the engine of the pump drive should have high power 

coefficients referred to the unit mass of the expendable working 

medium; 

3) the engine should be easily transferred from one mode 

to another. 

Taking into account the requirements formulated above, let 

us explain which types of pumps and engines will be best suitable 

for their use in liquid-propellant rocket engines. 

12 



1.3. COMPARISON OP PUMPS AND 
ENGINES OP DIFFERENT TYPES 

1.3.1. PUMPS 

Ther? are many types of the pumps which operate according 

to different principles and constructively are different from 

each other. 

Let us analyze briefly the operating principle and basic 

properties of pumps In connection with the requirements given to 

pumps of the feed system of LPRE. We will examine only 

mechanical pumps. For the pumping of the current-conduction 

fluids, In particular, metals, electrical and electromagnetic 

pumps of different types are used. 

According to the operating principle, mechanical pumps can 

be divided Into four basic groups: positive-displacement, 

frictions pumps, Jet, and vane. 

1.3.1.1. Positive-Displacement Pumps 

Positive-displacement pumps operate according to the 

principle of displacement. Fluid in these pumps is forced Into 

the delivery line by any moving control. The pressure being 

developed by the positive-displacement pump depends on the flow 

friction of force main after the pump and is virtually limited 

only by the clearance leakage and strength of parts of the pump. 

Basically positive-displacement pumps of three types are 

used (see source [29]): 

1. Piston (Fig. 1.5), in which the displacement of the 

fluid into the high-pressure area and also the suction of the 

fluid are produced by the piston being set into motion with the 

13 



Pig. 1.5. Diagram of a piston pump. 

aid of a crankgear from the shaft of any engine. The suction 

and displacement are achieved through the controllable or 

automatic valves. 

2. Dear or helical (Pig. 1.6). 

These pumps are arranged ir. 

such a way that the rotors, 

made in the form of serrated 

gears or screws, being rotated 

with a small clearance in the 

pump casing, cut off from the 

Intake annulus the volume of 

fluid which fell into the 

cavity between the teeth and 

housing, and it is ejected into 

the cavity of Increased pressure. 

3. Rotary (Pig. 1.7). 

Rotary pumps are arranged 

in such a way that the vanes, 

which are moved in radial grooves 

of the eccentrically rotating 

rotor, cut off the fluid from 

the Intake annulus and transfer it 

pressure. 

Fig. 1.6. Diagram of a gear 
pump. 

Pig. 1.7. Diagram of a rotary 
pump. 

to the cavity of increased 
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The major advantages of the positive-displacement pumps are: 

1) the possibility of obtaining high pressures; 

2) the Independence of the rate of discharge of the feed 

pressure. The theoretical characteristic of these pumps (depen¬ 

dence of the pressure being developed by the pump on the flow 

which flows through the pump, not allowing for a change in the 

value of the clearance leakage) is a vertical line (Pig. 1.0); 

3) high efficiency; 

i|) possibility of operation with a two-phase fluid. 

Fig. 1.8. Standard characteristics 
of positive-displacement punps: 1 - 
theoretical; 2 - real characteristic. 

Positive-displacement pumps with small clearances between 

the operating unit and housing are self-priming pumps, i.e., 

such pumps which can operate without priming, evacuating first 

the gases and vapors and then the fluid. 

The deficiencies inherent to the positive-displacement pumps 
are: 

1) large masses and overall dimensions, especially with 

high flow rates; 
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2) small angular velocity (due to the danger of great 
wear), especially In the case of the use In the crankgear 
transmission. As a consequence of this, for positive-displacement 
pumps limited productivity with the assigned mass and dimensions 
Is characteristic; 

3) the presence of rubbing surfaces can lead to the 
localized heating, which Is Inadmissible with the pumping of 
oxidizers of fuels of LPRE. 

The field of application of positive-displacement pumps as 
the basic (low flow rates and high pressures) coincides with the 
field of application of the displacement feed (low momenta), 
which has advantages with respect to the mass and structural 
simplicity. Sometimes the positive-displacement pumps can be 
used as bench pumps. 

1.3«1.2. Friction Pumps 

In friction pumps the mobile working element carries the 
fluid away because of the presence of forces of viscosity. 
Figure 1.9 gives a disk friction pump, which consists of feed 
1, disk wheel 2 and spiral branch 3 (see sources [26] and [28]). 

Fig. 1.9. Diagram of a 
pump: 1 - feed; 2 - disk 
3 - branch. 

Diagram of a friction 
feed; 2 - disk wheel; 

0 
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Hie disk wheel consiste of several thin disks fastened to 
each other by rivets on the periphery in such a way that between 
the disks there remains small clearances for the passage of the 
fluid. The operating principle of the disk pump consists in 
the following. During rotation of the wheel the fluid, which is 
located in the clearance between the disks, is twisted as a 
result of the friction against the disks, owing to which a 
pumping effect is created. 

The advantages of the disk pumps consist in their high 
anticavitation qualities. Disk pumps can operate at lower 
inlet pressures than, for example, vane pumps. This is explained 
by the fact that with the flow of the entering edges of the disks 
there appears less evacuation ti.an with the flow of the vanes. 

t 

Shortcomings of disk friction pumps are: 

1) low efficiency (usually less than (M); 

2) large overall dimensions with high flow rates and 
pressures ; 

3) great dependence of the pump performance of physical 
properties and temperature of the component of fuel being pumped. 

These shortcomings restrict the use of disk pumps as the 
basic pumps of LPRE. They can be used as the auxiliary stages of 
pumps for the improvement of their anticavitation qualities. 
Pumps which are the combination of the friction pump and vane 
pump deserve attention. 

1.3.1.3. Jet Pumps 

The Jet pump (ejector) (see further Pig. 3.103) includes 
nozzles 1, mixing chamber 2, diffuser 3 and converging nozzle 

17 



section 4. Fluid under high pressure (ejection fluid) is fed to 

the nozzle 1. Entering into the input part of the mixing chamber 

is the ejected fluid with low pressure and speed. In nozzle 1 

the ejection fluid increases its kinetic energy because of a 

pressure drop and then enters into the mixing chamber. In the 

mixing chamber in the process of mixing, an energy transfer 

occurs from the ejection fluid to that being ejected. 

As a result of this at the output of mixing the mechanical 

energy of one kilogram of the mass of the mixed fluid becomes more 

than the energy of the ejected fluid at the mixing chamber inlet. 

In the diffuser the pressure of the mixed fluid increases up to 

pressure p^ larger than p^ The advantage of Jet pumps consists 

in their structural simplicity and reliability. Jet pumps can 

be used in LPRE as auxiliary (booster) pumps in front of the 

main pumps for an increase in anticavitation qualtities of the 
pumping feed system (see sources [3¾] and [36]). 

Shortcomings in Jet pumps: 

1) low efficiency; 

2) low pressures, which they can provide. 

1.3.1.¾. Vane Pumps. 

A vane pump is a variety of a vane machine. In the vane 

pump the conversion of mechanical energy on the pump shaft into 

energy of the fluid is accomplished in the rotating channels 

formed by the blades. For vane pumps the streamline flow of 

the rotating blades by the flow of the fluid is characteristic. 

Vane pumps are divided into two basic types, centrifugal (see, 

further Fig. 3.20) and axial pumps (see further Fig. 3.69). 

In the centrifugal pump the displacement of the particle 

of fluid in the rotor occurs with a considerable increase in its 
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«»tance fro. the axU of rotation. In the energy converaion in 

e centrifugal pump, a great role is played by the Coriolis force 

o Inertia. In the axial pump the displacement of the particle 

of fluid occurs with an insignificant change in its distance from 

he axis. In the energy conversion in axial pumps the dominant 

vole is p,ayed by the circulation flow of the baldes. Besides 

centrifugal and axial pumps, there are vane pumps of the 

intermediate type - mixed-flow pump. 

Centrifugal pumps are usually used in required pressures 
exceeding 1000 J/kg. 

The field of application of single-stage axial pumps as the 

as c, as a rule, refers to less pressures and especially high 

consumptions - exceeding 150-200 1/s. If we use multistage 

n1 U 13 posslble to obtain sufficiently high pressures. 
In the LPRE the axial pumps are used basically as first stages 

of the pumps ; specifically, receiving wide application was the 

helical-type pump (worm conveyor) (see further Pig. 2.67). The 

rotor wheel of the worm conveyor has 2-3 long blades encompassing 

the hub at an angle exceeding 160». The blade of the worm 

conveyor is profiled along the height according to a definite 

law. The worm conveyor creates low pressure but can provide 

high flow rates. A shortcoming in the helical-type pump is the 

low efficiency, which reaches 0.5. Worm conveyors possess good 

anticavitation properties. Therefore, helical-type pumps found 

use in the LPRE as the stages which Improved the anticavltatlon 

properties of pumps of the LPRE (see sources [13] and [35)). 

Vane pumps have the following positive properties: 

1) the possibility of providing virtually any pressures 
and fluid flow rates; 

2) the possibility of operating at high angular velocities; 



3) the small mass of the pump; 

the small overall dimensions of the pump; 

5) the 

result of the 
possibility of operating on aggressive fluids 

absence of friction pairs; 
as a 

6) the convenience of drive from electric motors and 
turbines ; 

7) the minimum number of moving parts. 

The disadvantages of vane pumps are: 

1) a Comparatively small value of efficiency of the pump 
(usually not more than 0.8-0.85); 

2) change in the pressure being developed by the pump with 
a change in the flow rate. 

A variety of centrifugal vane pumps is the vortex pump (see 

Fig. 1.10 and source [25]). The wheel with small vanes milled 

out on the periphery is rotated in the housing so that between 

the housing and the wheel there is an annular channel of con¬ 

stant section. The inlets and outlets (see Fig. 1.10) are 

separated by a cross connection adjacent (with small clearance) 

to the wheel. Fluid is caught by the vanes, passes along the vane 

channel and is thrown out into the annular channel of the housing. 

Moving along the annular channel, before leaving the pump fluid 

repeatedly enters into the vane channels. To a certain extent, 

the vortex pump acts as a multistage centrifugal pump. 

The advantage of the vortex pump consists in the fact that 

at this circular velocity of the wheel the pressure of the vortex 

pump is higher than that of the centrifugal pump (almost two 
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Pig. 1.10. Diagram of a vortex 
pump: 1-housing; 2 - rotor 
wheel; 3-inlets; 4-outlet. 

times). Vortex pumps possess good absorptivity. With low 

productivity (up to 10 l/s) the vortex pump can have a higher 

efficiency than the centrifugal pump, and when Q > 1( l/a the 

efficiency of the vortex pumps is less than that of the cen¬ 

trifugal vane pump. 

From the brief examination of the different typos of pumps 

it may be concluded that sometimes all the examined forms of 

the pumps can find use in the feed systems of the LPRE. But 

with comparatively high flow rates of the aggressive liquid, 

vane pumps most fully satisfy the requirement given to pumps of 

feed systems of the LPRE, and therefore vane pumps found extensive 

use in feed systems of the LPRE. With further presentation of 

the course, the theory and calculation of vane pumps will be 

examined in detail. 

Let ua note the feature of contemporary pumps of the LPRE. 

Characteristic at the present time is the use of combined vane 

pumps, which consist of a different type of vane stages. In 

the combined vane pumps the best properties of each of the types 

of vane pumps are used. The most widespread Is the combination of 

the worm-conveyor stage with the centrifugal Installed on one 

shaft (see source [35]). Such a pump is called a worm-centrifugai 

(see further Pig. 3.1). It possesses high anticavltatlcn and 

delivery qualities. 
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In the feed system the LPRE, the combination of the worm- 

centrifugal pump with auxiliary (booster) Jets or vane pumps also 
finds use (see Section 3.3.8). 

1.3.2. ENGINES FOR PUMP DRIVE 

It is possible to use two engine types as engines for the 
pump drive: 

1) heat engines; 

2) electric motors. 

The use of electric motors for the pump drive of LPRE at 

the present time is made difficult due to the absence of light 

and powerful electric power sources aboard the rocket. It is 

doubtful that with the development of sources of electrical 

energy which directly use chemical, nuclear or solar energy, 

electric motors will be used for the pump dirve in LPRE. 

Virtually at the present time for the pump drive, only 

heat engines are used. For heat engines installed on the 

rocket, aboard the flight vehicle there should be a reserve of 
fuel and oxidizer. 

If we examine the two possible forms of heat engines - 

piston engine and turbine plant - in the relation of their 

conformity to requirements given to engines for the pump drive 
of the LPRE the turbine will have a clear advantage. 

The turbine maKes it possible to obtain high power with a 

small mass of construction; and the high angular velocity, 

absence of a crankgear, and consequently, unbalanced force of 

Inertia, and the direct—flow course of the working medium cause 
the low mass of the turbine. 
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Another advantage of the turbine Is the ease of Its con¬ 

nection with the vane pumps. The turbine makes It possible to 

obtain the high energy per unit of the consumption of the working 

medium, and this is very Important, as It will be shown below in 

the case the LPRE with the ejection of the working medium of the 

turbine passing by the combustion chamber. Problems of the control 

of the turbine are also solved comparatively easily. 

Therefore, the turbine is the only type of engine being used 

for the pump drive of the LPRE. The contemporary turbopump 

unit (TU) consists of worm-centrifugal pumps for feeding com¬ 

ponents of the fuel and turbine. Figure 1.11 shows the TU of 

the liquid-propellant rocket engine RD-107 (see source [27]), and 

Fig. 1.12 shows the TU of the aitcraft LPRE XRL-99, which feeds 

the components of the fuel - liquid oxygen and ammonia. The 

turbine operates on vapors of hydrogen peroxide. The frequency 

of rotation of the TU reaches at the present time 3000-^000 Z/s 

and above (see source [33]). 

GRAPH If HOT PEPPOnuCinLF. 

Given on Fig. 1.13 is a longitudinal cross section of a 

turbopump unit of the American engine J-2 for the feeding of 

liquid hydrogen. The hydrogen pump consists of a preliminary pump 

and seven-stage axial pump. 
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Pig. 1.12. Turbopump unit of the aircraft Liquid- 
propellant Rocket Engine XRL-99: 1 - Seal; 2 - 
Turbine casing; 3 - Nozzle unit; 4 - Inlet manifold 
of turbinej 5 • Turbine disk; 6 - Thrust ring of 
bearing; 7 - Bearing; 8 - Diffuser of fuel pump; 
9 - Impeller of fuel pump; 10 - Seal of fuel pump; 
11 - Seal; 12 - Diffuser of the oxidizer pump; 13 - 
Impeller of oxidizer pump; 14 - Seal of the oxidizer 
pump; 15 - Preliminary pump; 16 - Housing of pre- 
liminary pump; 17 - Seal; 18 - Thrust ring of bearing; 
^■9 — Bearing; 20 - Seal of fuel pump; 21 - Fuel and 
oil drain; 22 - Seal; 23 - Drain of steam and gas. 

Pig. 1.13. Turbopump engine 
unit J-2: 1 - Preliminary pump; 
2 - Axial multistage pump; 3 - Branch of 
axial pump; 4 - Feed of the turbine; 5 - 
Turbine wheel. 

li'.V 
i--. . ./  Ml* '’l** 

1r~Tv4 
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Figure 1.14 (see source [27]) shows the turbopump engine 

unit RZ-? with reducing angular velocity (from the turbine to 

pumps) by pinion drive. The use of the pinion drive makes it 

possible to obtain the optimum angular velocities for pumps and 

the turbine, but it considerably complicates the construction and 

makes it heavier. 

Depending on the scheme of the feed system of the LPRE the 

turbopump unit should satisfy these or different operating 

conditions. Features of the turbines and pumps of the LPRE can 

be explained only in the examination of standard patterns of the 

feed systems of the LPRE. 

. GPAPHIC NOT REPRODUCIBLE 

Fig. 1.1^. Turbopump unit with pinion drive from 
the turbine to pumps of the engine RZ-2: 1 - Worm 
conveyor of oxidizer pump; 2 - The centrifugal wheel 
of the oxidizer pump; 3 - Branch of oxidizer pump; 
4 - Centrifugal wheel of fuel pump; 5 - Branch of 
fuel pump; 6 - Two-stage turbine; 7 - Pinion drive 
from turbine to pumps; 8 - Drive gears of the units. 



1.¾. SCHEMES OP PEED SYSTEMS OP 
LPRE WITH TURBOPUMP FEEDING OP THE 
FUEL 

Let us analyze the baslj standard patterns of the feed 

systems of LPRE with a turbopump unit. The scheme of the feed 

system causes specific requirements for pumps and turbims. 

Parameters of the pumps and turbines can greatly differ depending 

on the scheme of the feed system of the LPRE. The feed system 

affects the operating conditions and parameters of the turbine 

especially greatly. 

The operating conditions of a turbine will substantially 

differ depending on whether or not after the turbine gas is 

fed to the combustion chamber. Let us accept this as the basic 

criterion for the classification of the feed systems of LPRE with 

a TU. According to this criterion, the feed systems can be 

divided into groups (Pig. 1.15). Figure 1.15 gives the short 

names of schemes of the feed system. These names are conditional 

and are introduced for convenience. 

The scheme of the feed system with the gas feed after the 

turbine into the combustion chamber will be called the scheme 

with the preoombuetion-ohamber turbine, and the scheme without 

the feed of the turbine gas into the combustion chamber will be 

called the scheme with the autonomous (independent) turbine. 

In the diagram with the precombustion-chamber turbine the 

outlet pressure of the turbine (counterpressure) is great, and 

it is determined by the pressure of the combustion chamber of the 

LPRE. 

In the scheme with the autonomous turbine the counterpressure 

Is considerably less, since the gas after the turbine is ejected 

into the atmosphere, passing by the combustion chamber. The LPRE 

with an autonomous turbine is widely used in rocket technology. 
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The development of the LPRE began from engines made according 

to scheme of this group, from which we will begin a mi re 

detailed examination of the feed systems. 

1.4.1. FEED SYSTEMS WITH AUTONOMOUS 
TURBINE 

After the autonomous turbine the gat enters into the special 

nozzles (sometimes these are the control nozzles of rocket 

control) and is ejected through them into the atmosphere, 

creating an additional thrust. If only one of the components 

of fuel Is cryogenic, then In front of the entrance into the 

nozzles the gas is used for evaporation in the heat exchanger of 

a definite quantity of cryogenic component intended for the tank 

pressurization with this component (see source [30]). If one 

of the components of fuel is high-boiling (noncryogenic), then 

part of the gas after the turbine can be used for the tank 

pressurization with this component. 

The energy source of the autonomous turbine can be connected 

with the combustion chamber of the engine and can oe independent 

of it. In the first case the turbine operates on gas taken 

from the combustion chamber (see source [351), with a subsequent 

temperature decrease up to that permissible for the turbine 

(for example, by means of injection of one of the fuel components), 

or on gas obtained by the gasification of a special liquid in 

the cooling Jacket of the combustion chamber. 

Both of these methods of the use of the combustion chamber 

as the energy source for the turbine did not find use in the 

LPRE. The first method is not used because the solution to the 

problem of the gas bleed is complex and decreases the strength 

and reliability of the combustion chamber and the second means - 

in view of its complexity and an increase in the mass of the 

engine. 
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In the scheme with the energy source of the turbine, 

independent of the combustion chamber, gas for the turbine 

is obtained in a special gas generator. Figure 1.16 gives a 

diagram of the feed system of the LPRE with an autonomous 

turbine, to which gas is fed from the gas generator, which 

operates on the basic components of fuel. Such a scheme is 

basic for the LPRE with an autonomous turbine. Part of the 

components after the pumps is directed to the gas generator. 

The gas after the turbine is used for the evaporation of part 

of the component going to the pressurisation tank. 

Fig. 1.16. Diagram of a liquid- 
propellant rocket engine with 
an autonomous turbine and heat 
exchanger in which is utilized 
the heat of exhaust gases of the 
turbine for the evaporation of 
the fuel component going to the 
pressurization tank: 1 - 
pressure accumulator; 2 - 
reduction valves; 3 - tanks; 
^ - pumps; 5 - gas generator; 
6 - turbine; 7 - combustion 
chamber; 8 - thrust regulator; 
9 - heat exchanger; 10 - valve; 
11 - return valve. 

The gas generator operates with considerable excess of one 

of the components in order to obtain gas with the temperature 

permissible for the turbine from considerations of strength 

(usually 800-1200° K). Depending on whether the gas generator 

operates with the fuel excess or oxidizer excess, the gas 

approaching the turbine blades will be reducing or oxidizing. 

Used most frequently in the scheme with the autonomous turbine 

is the reducing gas, since the oxidizing gas at high temperatures 

possesses great oxidizing properties, which are dangerous for 

metallic parts. 
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By the gas bled after the turbine, the tank of that fuel 

component on the excess of which the gas generator operates is 
pressurized. 

In the creation of gas generators which operate or. the 

basic components of fuel considerable difficulties arose in due 

time. Therefore, I.PRE with gas generators in which utilized were 

special liquids, chemically unstable substances were widespread: 

hydrogen peroxide, nitromethane, isopropyInitrate and others, 

which were gasified in the presence of a liquid or solid 

catalyst or by means of thermal decomposition. A solid catalyst 

is present in the gas generator, and a liquid cataly-t is fed 

to the gas generator as a gasified substance by a pump or by 

displacement from the tank (Pig. 1.17). 

Fig. 1.17. Diagram of the feed 
system of liquid-propellant rocket 
engines with pump feed of the 
monopropellant into the gas 
generator of the autonomous 
turbine: 1 - accumulator; 2 - 
reduction valves; 3 - tanks 
with working components; A - 
pumps of working components; 
5 - pump of monopropellant 
for the turbine; 6 - tank 
with fuel for turbine; 7 - gas 
generator; 8 - turbine. 

In all schemes of the feed systems of the LPRE with an 

automonous turbine, the specific thrust of the engine is .lowered 

as a result of the expenditure of fuel for the obtaining of gas 

being ejected after turbine Into the atmosphere with a lower- 

rate than the discharge velocity from the main nozzle. Besides 

that, the chemical energy of this gas is not used in the engine 

entirely, since in this gas the oxidizer or combustible are 
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present ln the form of a vapor, and In the case of the reducing 

gas, which possesses larger value of RT, there are also products 

of the partial oxidation of the fuel. 

For an Increase In the cost-effectiveness of the LPRE with 

the autonomous turbine, the gas flow rate through the turbine 

should be as less as possible, i.e., the autonomous turbine Is 

low-flow. With the assigned power of the turbine equal to the 

power being consumed by the pumps, the requirement for low 

consumption means that the turbine should create as great a 

specific work as possible - the power referred to the gas flow 

rate, i.e., from unity of the gas flow rate as great a work a^ 

possible should be taken. 

It Is possible to remove much work from a unit of gas flow 

rate if the gas has high energy. Since the gas temperature Is 

limited by the strength of the turbine, it is possible to 

increase the energy of the gas by an Increase in its pressure. 

The outlet pressure from the autonomous turbine is comparatively 

low (2-5 bar), and therefore at the high pressure of gas at the 

inlet the autonomous turbine has a high degree of a depressuriza¬ 

tion 6 ■ PqVpj (where pQ# and pg are the total pressure of gas 

at the inlet into the turbine and static pressure at the outlet 

respectively). Usually 6 » 20-50. Thus, the autonomous turbine 

is low-flow with a high degree of pressure drop 6. 

Pumps in the feed system with the autonomous turbine should 

possess high efficiency since a decrease in the efficiency 

Increases the required power for their drive and, correspondingly, 

the gas flow rate through the turbine. The relative gas 

consumption for the autonomous turbine (ratio of flow through 

the turbine to the total consumption of the components) depends 

on the thrust of the engine and combustion chamber pressure 

and is 2-6*. The specific thrust of the engine with the 



autonomous turbino ralis approximately sc much as a result of 
a ejection or the turbine gas into the atmosphere. 

The specifli thrust of the engine P 4-k 
the autonomous turbin« for the nUmn ? ^ pre3ence of 

® Ior the PumP di’ive is determined thus: 

where Py|flfM is the specific thrust of the chamber; 

G„ 13 the gas flow rate through the chamber; 

°T iS the ga3 flow r&te through the turbine; 

Vt t1urhtîne!Pe0lflC thr“3t °r the notzle of the 

and tiUth ai3lgne'1 lnltlal Pressure in front of the turbine 

“pend on3theSnedtrrP,the 3Pe0l flC ,hrU3t °r U‘e ” 
in the t ° Prea3Ure rr0m the tuI-blne- KIth Increase 

turt e w ??3“"’ the WS flow rate through the 

exit nLãÍ re n ^ thrust the exit nozzle of the turbine will be increased. 

In practice tne dependence of the specific thrust of the 

gine on tne outiet pressure is slight, and the outlet Pressure 
Pj, is selected In order to insure a supercritical pressure 

basínríhein rnozzie °f th"turhins- » on ^ 
n e. n .r3 r?hrUSt 0f °r t-tine as control noxjzieo, ^r linally obtain value r '-■¡uir r 
_ . * dK1r‘l? into account tne 

quirementa of the pressurized system. 

1.^.2. PEED SYSTEMS WITH a 
PRECOMbUSTIGN-CHAMBER TURblHE 

In tne case of the use of a feed svm ihm 
chamber, t ,nh< -/o.em with a precombustion- 
chamter turbine, a reduction in the specific thrust of the iPRK 

13 completely eliminated due to the fuel c-,,sumption for L 
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feed of the turbine. Having especially great advantage is the 

scheme with the precombustion-chamber turbine at high pressures 

in the combustion chamber (above 100-120 bar). 

Figure 1.18 shows a scheme of the feed system with a 

precombustion-chamber turbine with a gas generator which operates 

on the basic fuel components. One of the components is com¬ 

pletely passed through the gas generator, and the other is added 

in the quantities necessary for obtaining the necessary temperature 

in front of the turbine. The gas generator can operate both 

with an excess of fuel (reducing gas generator) (see Fig. 1.18) 

and also with an excess of oxidizer (oxidizing gas generator) 

(Fig. 1.19). The bulk of the second component enters in a 

liquid state directly into the combustion chamber. In the 

chamber there occurs afterburning of the component, which 

completely occurred in gasified form through the turbine in con¬ 

junction with the component entering into the combustion chamber 

in the liquid phase. 

Fig. 1.18. Scheme of the feed 
system of the LPRE with the 
precombustlon-chamber turbine 
operating on gas with an excess 
of fuel: 1 - fuel pump; 2 - 
the oxidizer pump; 3 - reducing 
gas generator; 4 - turbine; 5 - 
combustion chamber. 

Fig. 1.19. Scheme of the feed 
system of the LPRE with the 
precombustion-chamber turbine 
operating on gas with an excess 
of oxidizer: 1 - fuel pump; 
2 - oxidizer pump; 3 - turbine; 
^ - oxidizing gas generator; 
5 - the combustion chamber. 
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On the basis of these specific operating conditions of the 
combustion chamber, this scheme of the feed can be called still 
the scheme "with afterburning." For realization of the operation 
by this scheme the pressure in front of the turbine should be 
more than the combustion-chamber pressure. Therefore, pumps of 
the feed system with the precombustion-chamber turbine should 
provide higher pressures than in the system with an autonomous 
turbine. In a number of cases It is advantageous to have a 
separate pump feeding the gar. generator with feed to it of 
part of the component after the main pump (Fig. 1.20). 

Fig. 1.20. Scheme of the feed system 
of the LPRE with the precombustion- 
chamber turbine operating on gas with 
an excess of oxidizer and having an 
additional (gas-producing) fuel pump: 
1 - fuel pump; 2 - additional fuel 
pump; 3 - the oxidizer pump; 4 - 
gas generator; 5 - turbine; 6 - com¬ 
bustion chamber. 

In system with the precombustion-chamber turbine at the 

assigned pressure in the combustion chamber the pressure in 

front of the turbine is determined from the condition of the 

balance (equality) of power belnÉ consumed by the pumps and 

the power of the turbine at the selected gas temperature in 

front of the turbine. Since through the precombustion-chamber 

turbine there passes a high gas flow rate, the precombustion- 

chamber turbine is high-flow. With a high gas flow rate, for 

the producing of the necessary power a small pressure differential 

on the turbine is sufficient. Therefore, the precomhusticn- 

chamber turbine is a turbine with a low degree of a pressure 

drop (6 ■ 1.3-1.8, i.e., the pressure in front of the 
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precombustion-chamber turbine exceeds only by 30-80I the pressure 

behind the turbine). Let us recall that in the case of the 

autonomous turbine the pressure in front of the turbine exceeds 

by 20-50 times the pressure behing the turbine. It is desirable 

to have less pressure and temperature before the precombustion- 

chamber turbine, since the presence of the gas generator and 

high-pressure pipelines at the high gas temperature lowers the 

reliability of the LPRE and Increases its weight. 

The efficiency of the pumps and turbine, without affecting 

the specific thrust of the LPRE from the precombustion-chamber 

turbine, affects the mass and reliability of the engine plant. 

The less the efficiency, the higher the pressure and gas 

temperature in front of the turbine (in the gas generator) 

should be in order to insure the balance of powers of the TU. 

Let us note that pressure behind the pump of the gas generator 

of the turbine (see Fig. 1.20) is t) e maximum pressure in the 

channel of the engine. Therefore, the require.r^nt for high 

efficiencies of pumps and turbines is completely compulsory for 

the LPRE with afterburning. 

The logical development of the circuit with afterburning 

is the scheme in which into the combustion chamber enter both 

components in a gasified form. This scheme can be called 

"gas”; it is shown on Fig. 1.21. The gas scheme of the LPRE 

makes it possible to realize the higher pressures in the com¬ 

bustion chamber. For the gasification of the components two 

gas generators are used, one of which operates with an excess 

of fuel, and the other operates with an excess of oxidizer. For 

the realization of gas scheme it is advantageous to have two 

precombustlon-chamber turbines (in the case of spontaneous 

ignition components this requirement is compulsory). Each of 

the turbines can drive one pump, and then in the feed system 

there will be two TU (see source [3?]), but it is possible to 

Install turbines on one shaft with the pumps, and then 
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Fig. 1.21. Scheme of the feed 
system of a LPRE with two 
precombustion-chamber turbines 
(gas diagram "with afterburning."): 
1 - fuel pump; 2 - oxidizer pump; 
3 - reducing gas generator; 5 - 
oxidizing gas generator; 5 - 
turbine; 6 - combustion chamber. 

constructively one TU will be obtained. At different pressures 

in the gas generators it can prove to be advisable to have 

separate pumps feeding the gas generators with a feed in them 

of part of the components after the basic pumps. 

The operating conditions and requirements of the pumps and 

turbines of the scheme are the same as those in circuit with 

afterburning. In the gas scheme it is possible to lower 

substantially the pressure and temperature in front of the 

turbine as compared with the circuit with afterburning, since 

the gas flow passing through the turbines is great (is equal 

to the flow of the components). The scheme of the LPRE with 

the precombustion-chamber turbine can be fulfilled without 

gas generator (Pig. 1.22). In this case the gasification 

of one of the components occurs in the cooling Jacket of the 

combustion chamber. The turbine which operates by this scheme 

can be called the precombustion-chamber regenerative turbine. 

This scheme is implemented in the American engine RL-10 (see 

source [31]), where used as the fuel is liquid hydrogen, which 

is gasified in the combustion-chamber Jacket and enters into 

the turbine. At high combustion-chamber pressures the power 

selected from the chamber in the cooling system proves to be 

insufficient to provide the necessary power of the turbine. This 

circumstance restricts the use of this scheme. 
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Pig. 1.22. Scheme of a LPRE with the 
heating of the working medium of the 
turbine in the cooling Jacket of the 
combustion chamber: 1 - pump of the 
component which is the working medium 
of the turbine; 2 - pump of the second 
component; 3 - turbine; i| - combustion 
chamber; 5 - valve device. 

An examination of schemes of the feed of the LPRE with a 

turbopump unit shows that requirements for the pumps and turbines, 

the conditions of their operation and the parameters greatly 

differ depending on the selected scheme of the feed system of 

the LPRE. Subsequently, (see Section 5.1) features of the 

process and calculation of pumps and turbines operating in the 

LPRE of different schemes will be examined in more detail. 
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CHAPTER 2 

PRINCIPLES OF THE GENERAL THEORY 
OF VANE MACHINES 

2.1. DEFINITION OF A VANE MACHINE 

The centrifugal pump, axial pump and axial-flow turbines are 

the preferred forms of machine units used in feed systems of 

liquid-propellant rocket engines [LPRE] (WPA). Moreover, in 

feed systems of LPRE radial inward-flow turbines are used (see 

source [63]). All these units are vane machines according to 

the operating principle. An examination of the general theory 

of vane machines makes It possible to determine the general 

regularities and properties necessary for understanding the 

processes occurring in vane machines of different types making 

up the turbopump units of the LPRE. 

In technology the terms "vane machine ," "blade machine" or 

"turbomachine" denote the machine in which there occurs the 

conversion of external mechanical energy (energy on the shaft) 

into energy of the flowing liquid (gas) or vice versa - the 

conversion of energy of a liquid (gas) into the external 

mechanical energy accomplished with streamline flow by the 

flow of liquid of a rotating vane cascade (vane ring). The 

rotating vane cascade is the operating unit of a machine, and 

whence there occurs the name vane or vane machine. The vanes 

are fastened on the wheel disk. The disk with the vanes will 
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be called the rotor. Finally, the definition of a vane machine 

can be formulated thus: 

A vane machine ie a maahine in which there oooure a change 

in the flow of energy of the liquid or gae in the procese of 
the streamline flow of vanes of a rotating rotor. 

01ven on Fig. 2.1 Is a diagram of the rotor of a vane 

machine In general form. The rotor Is fastened to the shaft. 

The wheel Is rotated with an angular velocity u>, and, therefore, 

any point of the wheel moves with a circular velocity u: 

u » wR, (2.1) 

where R Is the radius of the selected point. 

a) b ) J« 

Development (B-B) 

Fig. 2.1. Diagram of the wheel of a diagonal 
vane machine: a) meridian cross section; b) 
view along the arrow 6; c) development of the 
cross section of blades of the surface 
rotation with the generatrix B-B. 
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The fluid flow* moves from crocs section I-I (inlet) to 

cross section II-II (output from the wheel). Usually the rotor 

of the vane machine Is depicted as a meridian cross section 

(see Fig. 2.1a), i.e., a cross section with the plane passing 

through the axis (on Fig. 2.1 the cross section along A-A) and 

by a projection on a plane which coincides with the plane of 

rotation (see Fig. 2.1b). But these projections frequently do 

not expose forms of the vanes, and therefore we use an additional 

cross section, namely, the cross section by the surface which 

is the surface of rotation the generatrix of which coincides 

with the center line of the meridian cross section (line B-B on 

Fig. 2.1a). When this surface is a plane, cylindrical or 

conical, its development is depicted on the plane of the drawing 

without distortion. Usually, in order to obtain the planar 

image of the cross section of the vanes, more complex surfaces 

passing through the axes of the channels are replaced by sections 

of conical or cylindrical surfaces. 

Figure 2.1 shows the surface scanning of rotation with the 

generatrix B-B (see Fig. 2.1c) (for the image on the plane 

the surface of rotation with the curvilinear generatrix is 

replaced by a conical surface). In this case the cross sections 

of the vanes form the airfoil cascade. 

The vane machines are widely used in technology and have a 

different purpose and design. In view of the diversity of the 

varieties of vane machines, let us make their class!fication 

according to a number of most important criteria. 

‘By liquid In 
medium. It can be 

this .section we will understand 
trui liquid or gas (vapor). 

as the moving 
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2.2. CLASSIFICATION OF VANE MACHINES 

2.2.1. DIVISION OF VANE MACHINES INTO 
ENGINE MACHINES AND EXECUTOR MACHINES 

The classification of vane machines can be conducted according 

to a whole series of criteria. One of the most important 

criteria is that the machine consumes or issues energy. In 

other words, is it an executor machine or engine machine? 

According to this criterion, the division of the vane machines 

is conducted in Table 2.1. 

Table 2.1. Division of vane machines into engine 
machines and executor machines. 

Vane engine machine 
(machine with the 
power consumption) 

Vane executor machine 
(machine with power 
consumption) 

Hydraulic turbines 

Steam turbines 

Gas turbines 

Pumps 

Compressors 

Ventilators 

Turboexpanders 

Wind motors 

Water-pressure wheels 

Blowers 

Propellers 

Screw propellers 

Vane hydraulic brake 

Let. us say that at the present time created for hydraulic 

systems are reversible units which can operate under conditions 

of the pump and under conditions of the turbine, i.e., be 

utilized both as an executor machine and as an engine machine. 

The group of the combined machines can be referred to as hydraulic 

couplings or turbocouplings, which include the pump and turbine. 

Air and screw propellers refer to the vane engine machines, since 

they utilize the power fed to them for the rejection of masses of 

air or wa;er and thereby create the thrust force. 



Characteristic for the vane machine is the flow of moving 

liquid about the impeller vanes without a change in the volume 

of internal cavities of the machine. Hydraulic volumetric 

machines (see section 1.3.1.1)» in which the liquid is forced 

out by vanes from a closed volume (i.e., different rotary pumps 

with vanes), it is not possible to consider as vane machines, 

although constructively they car have a rotor and vanes. Water- 

filled wheels of a different kind refer to a special group of 

hydraulic engines, which also we will not call vane machines. 

These wheels are driven only under the action of the gravity of 

water. Of the water wheels only pressure-filled wheels - the 

simplest water turbines - can be referred to as vane machines. 

'¿.¿.2. DIVISION OF VANE MACHINES 
ACCCRDINO TO THE SCHEME OF THE 
DEVICE 

The vane machine, as a rule, consists of rotating rotors and 

fixed feed and discharge devices made in the form of nozzles, 

stators, Jackets, collectors, and so on. The presence of the 

rotor is compulsory for any vane machine, and the feed and 

discharge devices can be absent; for example, there are no 

propeller and wind motor. 

A characteristic criterion for division by the scheme of 

the device is the direction of the flow of the working medium 

relative to the axis of rotation. in accordance with this, 
vane machines are divided into: 

a) radial (Fig. P.2), in which the flow lines of liquid 

in the rotor form the flow surfaces close to the planes 

perpendicular to the axis of rotation, l.e., the generatrix of 

the stream surface on the major portion of its length is 

perpendicular to the axis (B-H on Fig. 2.?); 



b) axial (Piß. 2.3), in which the flow lines of liquid 

form the flow surfaces close to the coaxial circular cylindrical 

surfaces, i.e., the generatrix of the flow surfaces is parallel 

to the axis (B-B on Pig. 2.3)} 

c) diagonal (see Fig. 2.1), in which the flow lines form 

the surfaces of revolution with the generatrix inclined toward 

the axis at an arbitrary angle. 

Pig. 2.2. Diagram of a radial Fig. 2.3. Diagram of the axial 
vane machine: 1 - guide vane 
at the inlet into the rotor; 
2 - rotor; 3 - guide vane at 
the outlet from the rotor. 

vane machine : 1 ~ guide vane 
at the inlet into the rotor; 
2 - rotor; 3 - guide vane at 
outlet from the rotor. 

On the diagrams given on Pigs. 2.2 and 2.3, the numeral 1 

designates the guide vane at the inlet to the rotor, and numeral 

2 - the rotor and numeral 3 - the guide vane at the outlet from 

the rotor. 

The radial and diagonal machines, in turn, are subdivided 

into centrifugal and centripetal (Pigs. 2.H and 2.5, respectively). 

In centrifugal machines displacement of the particle occurs 

with an Increase in its distance from the axis of rotation. 

In centripetal vane machines the particle of l^uid is moved 

from larger radii to smaller, i.e., with a decrease in the dis¬ 

tance from the axis of rotation. 



Vane engine machines and vane executor machines can con¬ 

structively be made as radial (diagonal) and axial. Vane 

machines in which the flow part can be formed from elements of 

the axial and radial mrchines are used. 

As will be shown further (see sections 2.12.3 and 2.12.5), 

the selection of the specific scheme of the vane machine is 

determined by the relationship of the frequency of rotation of 

the rotor volume flow rate and specific work. 

2.2.3. SEPARATION OF VANE MACHINES 
ACCORDING TO THE NUMBER OF STAGES 

Let us accept the number of stages as the following cíiterinn 
of classification. 

We will call the stage of the vane machine the combination 

of the rotoi with the feed and discharge devices. Consequently, 

shown on Figs. 2.2, 2.3 and 2.'\ were single-st age vane machines. 

In technology multistage vane machines are frequently used. 

Multistage machines can include both axial and radial stages In 

different combinations. The number of stages of the vane machira 

is determined by the number of rotors. Thus, Fig. 2.6 shows a 

diagram of an axial two-stage vane machine. Figure 2.7 shows a 

diagram of a two-stage vane machine whose first stage is axial and 
the second - radial. 

MMMÊIÊÊÊk MÉÉHWKÉÉMAÉIANaMIMMMIMI ■ 



Fig. 2.6. Diagram of a two- Fig. 2.7. Diagram of a two- 
stage axial vane machine. stage combined vane machine. 

A large number of stages (which can be measured in the dozens) 

have axial-flow compressors and steam turbines of fixed systems. 

In feed systems of the LPRE the number of stages of the vane 

machines usually does noc exceed two. This, in turn, is 

connected with the high angular velocities of vane machines of 

the LPRE and with the requirement for the limitation of their 

mass . 

For f»ed with high pressure of liquid hydrogen, which has a 

low density, high pressure is necessary. The number of stages of 

the pump in this case substantially increases and can reach 

4-8 (see Fig. 1.13). 

Let us examine briefly the basic stages of development of 

vane machines . 

2.3. BASIC STAGES OF DEVELOPMENT 
OF VANE MACHINES 

The water-filled wheel and the simplest wind wheel are the 

earliest engine devices operating according to the principle of 

vane machines (see source [43]). 
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The theoretical bases of the calculation of hydraulic 

vane machines were laid by Danil Bernoulli and Leonard Fuler. 

A large role was played by D. Bernoulli's work which was published 

in 1733, "Hydraulics, or a Report About the Forces and Motion of 
Liquids . " 

In 1750 a Hungarian scholar, Segner, invented the reactive 

hydraulic turbine - the so-called "Segner wheel." L. Ruler in 

175^ published the work "A More Complete Theory of the Machines 

Driven by the Action of Water", where it gave the theory of 

Segner's wheel and developed the general positions of the theory 

of vane hydraulic engines. There Euler expressed the idea 

about the use of a turbine which consists of a guide vane and 

rotor. 

The 19th century is characterized by the rapid development 

and extension of vane machines. Vane pumps, ventilators, 

hydraulic and steam turbines received especially widespread 

acceptance at the end of the 19th century in connection with 

the development of high-speed electric motors and electric 

generators. 

The development of gas turbines v/as retarded by the absence 

of heat-resistant materials and highly effective compressors, A 

great contribution to the development of gas turbines was made 

by Russian scientists and engineers. In 1892 P. D. Kuz'minskiy 

developed project and constructed the first gas turbine of con¬ 

tinuous action in the work. A great significance for the develop¬ 

ment of steam turbines was in the transactions of the Swedish 

engineer Gustav Laval and English engineer Charles Parsons. 

The development of aviation caused the producing of pro¬ 

pellers - vane machine-motors. N. Ye. Joukowski's service In 

the matter of the producing of vane machines and, specifically, 

piopellers is great. The theory created by him during the 



years of 1890-1900 of the airfoil lift became principle for 

calculating not only the wings of aircraft, but also vanes of 

turbines, propellers and pumps. 

In the USSR the production of steam turbines, centrifugal 

pumps and hydroturbines was started as long ago as in 1921 

according to the plan of QOELRO (State Commission for the 

Electrification of Russia). At the present time in all branches 

of Soviet technology vane machines are used. 

Vane machines play an important role in aviation technology. 

The gas-turbine engine - the engine which has the turbine and 

compressor as the necessary component parts - is the basic type 

of the contemporary aircraft engines. The producing of liquid 

rocket engines required the use of centrifugal and axial pumps 

for the fuel feed and turbines for the pump drive. 

The calculation and design of the contemporary vane machine 

require a great amount of knowledge. In a whole number of 

scientific and designer collectives the questions of the theory 

and practice of vane machines are successfully worked out. 

2.¾. BASIC PROPERTIES OF VANE 
MACHINES 

Let us examine which features and advantages over other 

types of machines vane machines possess and which conditioned 

their extremely wide application. 

Let us list the basic, most general properties of vane 

machines. 

1. Continuity of action. Vane machines are machines of 

continuous but not cyclic action, and they pass per unit tine a 

large quantity of working medium; therefore, they possess good 

specific indexes - specific mass, specific volume, and so on. 



2. High speeds of the operating unit. The rotor wheels 

of the vane machines can have high circular velocity. The 

more the circular velocity will be, the more the work per unit of 

flow of the working medium will be, as follows from the Euler 

equation (see further Section 2.7.1). The strength of the 

material of the rotor places a limit to the increase in the 

circular velocity, since at high speeds Immense inertia forces 

act on the rotor. 

At the present time the maximum circular velocity of cen¬ 

trifugal compressors approach 500-600 m/s, and circular 

velocities of turbines operating in more difficult temperature 

conditions, 350-^50 m/s. At such circular velocities the 

rotors of the small-size turbines and compressors have a 

rotation frequency of the order of 3000-10,000 Z/s. The greatest 

rotation frequency (up to 10,000 Z/s) are in turbines of 

refrigerators. Because of the high values of the rotation 

frequency, vane machines have, as a rule, small values of 

specific mass, i.e., the mass per unit of power. 

3. The possibility of the achievement in one unit of 

practically umlimited powers and flows of the working medium. 

Thus, at the present time the turbine is an engine capable of 

developing the highest power during a prolonged time. The 

power of separate steam turbines and hydroturbines reaches 

500-800 thousands of kW. At the same time, in instrument 

manufacture turbines whose power is measured in several watts 
are used. 

Large industrial ventilators pump through thousands of cubic 

meters of air per second, and water pumps pump dozens of cubic 

meters of water per second; at the same time, there are vane 

pumps with a productivity of less than 0.1 Z/s. 



4. The possibility of the achievement of high efficiency. 

The efficiency, i.e., the ratio of the useful power to that 

available for contemporary vane machines can reach a value of 

0.8-0.9. Vane machines of aviation gas-turbine engines - turbines 

and axial-flow compressors - have efficiency values sometimes 

exceeding 0.9. 

5. Equilibrium. It is principally possible to provide 

the the operation of a vane machine without the action of the 

unbalanced force of Inertia. The unbalanced forces of inertia 

in vane machines can appear only as a result of errors during 

the manufacture. In practice they are reduced to the per¬ 

missible minimum by the dynamic rotor balancing of machines. In 

the [TU] (THA) of LPRE the rotor can be balanced to within 
-4 

10 N*m. The equilibrium of the machine is a valuable per¬ 

formance feature. Loads on supports, frame and foundation are 

sharply dycreased, and the entire construction can be made 

lighter. Included in this is the considerable advantage of 

vane machines over reciprocating engines having a crankgear 

wliicn is always unbalanced. 

6. High reliability and easy servicing, which are valuable 

performance churacteristics of vane machines. 

7. The convenience of connection with electric motors, 

generators, etc. Vane machines as the machines of rotary motion 

are easily connected with electrical machines. Moreover, the 

drive of the vane machine requiring power (compressor, pump) 

from the vane machine-engine (turbine) is easily carried out 

by their direct uniting. Such units are widely common in 

technology. The present course is dedicated to the theory and 

calculation of a unit of such form, a turbopump unit of a 

liquid-propellant rocket engine. True, sometimes in the TU 

of an LPRE a gear train between the pumps and the turbine is 

used (see Pig. 1.14), but this scheme is not typical for con¬ 

temporary LPRE. 



This does not exhaust all the characteristic properties of 

vane machines. Above only most considerable and general features 

for all types of vane machines were shown. In each special case 

of the use of a vane machine there are its features and the 

advantages and shortcomiigc of it in comparison with other types 

of machines. 

2.5. PARAMETERS OP VANE CASCADES 

The vane cascades (vane rings) which form the stage of the 

vane machine are three-dimensional, but if the stage is cut 

by the coaxial surfaces of revolution, distant along the normal 

at an Infinitesimal distance (for example, for the axial machine - 

cylindrical surfaces), then we will obtain the elementary stage 

of the vane machine consisting in the scan of two-dimensional 

plane vane airfoil cascades. 

In the theory of vane machines, frequently instead of the 

examination of the available, in actuality, flow of three- 

dimensional unsteady fluid flow around the vanes one is limited 

to the examination of the two-dimensional steady flow of foil 

cascades on a number of cross sections, i.e., the idealized 

schemes of flow (with the cylindrical flow surfaces for axial 

machines and flat flow surfaces for purely radial machines) are 

examined. 

The plane vane cascade consists of plane single vane 

profiles. Let us examine the basic parameters of the single 

plane vane profile and plane vane cascade. 

Figure 2.8 shows a single vane profile. The locus of the 

centers of circles inscribed into the profile forms the camber 

line. In general any point of profile can be assinged by two 

coordinates - x and y. The x-axis is usually directed along the 

line connecting the outermost point of the camber line, called 
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the chord. The concave part of the profile is called the trough, 

and the convex part - the back. The coordinates of points which 

form the back have the subscript McM, and the coordinates of 

points forming the trough - the subscript "km. 

} 

I 

c 

Fig. 2.8. Vane profile with the designation of 
the basic dimensions. 

For the assignment of the profile these concepts are still 

utl11 zed: 

Quantity Dmax is the maximum profile thickness or the 

maximum díamete.* of the circumference inscribed into the outline 

of the profile; fmax is the maximum deflection of the chamber 

line o** the greatest distance of the chamber line from the 

chord. 

Frequently all values which characterize the profile are 

assigned In relative coordinates, in fractions of chord b . For 
— n 

example, the relative maximum thickness D_QV ■ D /b and so on. 
ms y ma x /1 

The leading and trailing edges of the profile can be made rounded 

off or sharp. 

Figure 2.9 shows a plane straight airfoil cascade, and 

Fig. 2.10 shows a plane circular airfoil cascade. The plane 

straight airfoil cascade is obtained with the scanning of the 

f 
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Pig. 2.9. Two-dimensional air¬ 
foil vane cascade. 
KEY: (1) Front of cascade. 

Pig. 2.10. Two-dimensional 
circular vane cascade. 
KEY: (1) Front of cascade. 

cross section of vanes of the axial machine by the cylindrical 

surface with the axis coinciding with the axis of rotation. The 

plane circular airfoil cascade is obtained with the cross 

section of the vanes of the radial machine by the plane 

perpendicular to the axis of rotation. 

The line passing through the extreme points of the leading 

edges is called the input front of the airfoil cascade (line 

1-1 on Pig. 2.9). The line passing through the extreme points 

of the trailing edges of the plane vane cascade forms the leading 

front of the cascade (line 2-2 on Pig. 2.9). In the plane 

cascade the front is a straight line, and in the plane circular 

cascade it is a circle. 
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Distance along the front between the appropriate points of 

the adjacent profiles Is called the cascade spacing t. For a 

foil cascade the pitch at the inlet into the cascade Is equal 

to the pitch at the output from it. For the circular cascade 

the values of pitches at the inlet into the cascade and at 

output from it differ between each other (see Fig. 2.10). The 

angle made up by the chord of the profile and front of the 

airfoil cascade is called the setting angle x (see 2.9). 

For the airfoil cascade let us introduce the concept of 

the width of the cascade b. The width of the cascade is the 

distance along the normal between fronts of the cascade. The 

plane airfoil vane cascade will be completely assigned by the 

profile, the angle of setting and the cascade spacing. For the 

assignment of the plane circular vane cascade, it is necessary 

to know still the diameter of the circle at the inlet into the 

cascade or at the outlet from it. 

For investigating the flow through the plane vane cascade, 

the inlet and outlet angles of the cascade profile play an 

important role. Usually the inlet angle of the profile in the 

cascade 8, is defined as the angle composed by tangent to the 
1 n 

camber line at its initial point and the inlet front of the 

cascade (see Fig. 2.9 and 2.10). The outlet angle of the 

cascade profile will be designated 3^. 

The angle 0 (see Fig. 2.9) characterizes the angle of 

curvature of the profile: 

•-W—ft4+W. 

An important parameter of the airfoil cascade is its 

solidity or the ratio of chord to the pitch: 
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or the inverse ratio, called the relative pitch: 

Frequently the solidity and the relative pitch are determined 
from the value of the width of the cascadei 

f"—- and 

Plane vane cascades can form channels of various shapes. 
The form of the vane channel of the cascade can be judged if' 
between adjacent profiles we inscribe the circles so that they 
would touch both profiles (Pig. 2.U). The centers of these ' 
circles form the center line of the vane channel If the center 
line of the channel la straightened, then the r /elopes of the 
inscribed circles form a straight axial vane channel, 

Fig. 2.11, Convergent vane cascade. 

The cascades whose vane channels are 'larrowed (convergent 
cascades, see Fig. 2.11) provide the acceleration of the fluid 
flow. The cascades which provide the acceleration of flow but 
already in supersonic flow include such cascades the vane channels 
of which first become narrow and then expand (see further Pig 
4.17). 
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Por subsonic speeds the vane cascades with divergent vane 

channels are diffuser cascades which provide the braking of the 

fluid flow (Pig. 2.12). 

Pig. 2.12. Diffuser vane cascade. 

The cascade can have identical flow areas at the inlet and 

outlet. Such cascades (Pig. 2.13) are used in impulse vane 

machines (see further section 2.9). 

Fig. 2.13. Cascade for impulse vane 
machines . 
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Turbine cascades as a rule are convergent, and the cascades 

of compressors and pumps are diffuser. Impulse cascades are used 
in both machines. 

2.6. KINEMATIC RELATIONSHIPS POR 
VANE MACHINES 

2.6.1. BASIC INFORMATION 

With the hydrodynamic computation of cascades of vane machines 

problems of two forms, the so-called direct and inverse problems, 

are solved. The direct problem is the determination of the 

velocity field of fluid flow through the given cascade at the 

assigned boundary conditions. The inverse problem is the 

construction of cascades which satisfy the definite optimum 

law of the velocity distribution. In the solution of the direct 

and inverse problems, in general it is necessary to examine the 

three-dimensional flow and in connection with the airfoil 

cascades - the two-dimensional flow. Por the solution of these 

problems it is necessary to make sufficiently laborious calcula¬ 

tions. Elements of the two-dimensional theory of flow in airfoil 

cascades will be given below. In the present section we will 

examine the velocities averaged over the cross section, i.e., we 

will proceed from the one-dimensional theory o.’ flow. In spite 

of obvious simplification of the pattern of flow, the one¬ 

dimensional theory makes it possible to examine many laws 

governing vane machines. 

In general the vector of the absolute velocity c can be 

expanded^lnto three components: circular - c , radial - c and 

axial - c2 (Pig. 2.1¾).1 The circular velocity componentries 

»111 »rïïrtürïîï: 0f in recording, we will write the sign of the vector above the symbol which 
designates the speed only when it is absolutely necessary. 
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in the plane of rotation and is directed along the line of the 

vector of the circular velocity. Radial and axial components 

c and c lie in the plane which is called the meridian plane. 
* té 

This plane passes through the axis of rotation of the vane machine. 

We will designate the projections of speeds on this plane by 

the subscript "m”. 

The meridian velocity component cm is the sum of the radial 
and axial components (see Fig. 2.1*0: 

m c + c . 
r z 

(1) 
finoctocm* 
ivauitmta 

Fig. 2.1*4. Expansion of absolute 
velocity into its components 
(parallelpiped of 
KEY: (1) Plane of 

9m Meridian plane. 

(2) 
'Mil X’ t 

absolute velocity), 
rotation; (2) 

The absolute velocity c is completely determined by the 

meridian component cm and circular velocity component cu: 

■+ -*■ 
c ■ c + c . m u 

The circular component cu characterizes the "twisting" of 

the flow and is connected directly with the value of specific 

work, as will be shown below. The meridian component cm is 
determined by the volumetric fluid flow rate through the vane 

machine and by the cross section normal to the direction of 

component cm> which we will designate F^. In practice the flow 

cannot fill the whole cross section due to the presence of 

separation zones. In general 

F m 
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where o Is the coefficient of narrowing (o < 1); 

^mp *8 calculated flow area. 

Usually we assume that a ■ 1. The velocity c will be found 

from the equation of continuity* 

0 " pcmPm* (2.2) 

where G Is the mass flow rate In kg/s¡ 

P Is density in kg/m3. 

Por p ■ const 

where Q Is the volume flow rate In m3/s. 

By knowing the absolute velocity of fluid c jnd the circular 

velocity of the wheel (velocity of following) u, it In easy to 
find, by applying the general rule of the addition of velocities 

of complex motion, the speed of the fluid relative to the moving 

vane - the relative speed w: 

w - c - u. (2.U) 

These three vectors lie in one plane shaded on Pig. 2.14. 

Transferring this plane to the plane of the drawing, we can 

obtain for any vane machine the scheme of the speeds or the 

velocity triangle, i.e., the construction showing the vector 

coupling of absolute, relative and circular velocities. Por 

a purely axial vane machine the meridian velocity component is 

equal to the axial, and for a purely radial machine it is equal 

to the radial component speed, i.e., 

for the axial machine c ■ o and c • e 
r m Z» 

and for the radial machine c • 0 and c • c 
* m r* 
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Consequently, for the axial vane machine, the parallelepiped 

obtained in the expansion of the vector of absolute velocity into 

components (see Pig. 2.1¾) will be replaced by the parallelogram 

located in the plane tangent to the coaxial cylindrical surface 

(Fig. 2.15). In this plane the construction of velocity schemes 

for the axial machine will be produced. 

Pig. 2.15. Expansion erf absolute velocity into 
its components for the axial vane machine. 
KEY: (1) Plane of rotation; (2) Meridian plane. 

Por a purely radial vane machine the parallelepiped of the 

vector of absolute velocity (see Pig. 2.14) is replaced by the 

parallelogram in plane of which is the plane of rotation, and 

the construction of the velocity will be produced (Pig. 2.16), 

Pig. 2.16. Expansion of absolute velocity into 
its components for the radial vane machine. 
KEY: (1) Plane of rotation; (2) Meridian plane. 



2.6.2. INLET INTO THE WHEEL 

We will assume that the vector of the absolute inlet velocity 

of the vane channels c1 is known, or that it is possible to find 

it. In general it is determined by two components - meridian 

clm an<1 clrcul*r The meridian component is determined by 

the value of the volume flow rate Q and the flow area of the 

wheel normal to meridian velocity component directly in front of 

the vanes Flm [see equation (2.3)]. 

The circular velocity component at the inlet clu is found 

from conditions of the flow of fluid in the feed device. 

For the inlet into the wheel it is possible to record the 

relationt 

♦ ♦ 
W1 ■ °1 - «i» 

where u. is the circular velocity on the mean diameter of the 
leading edges of the vanes. 

Velocities o^, w^ and in the plane passing through vectors 

°lm 4,1,1 ur In th® construction of schemes this plane is 
combined with the plane of the drawing. Let us accept the 

direction of vertical line in the plane of the drawing as the 

meridian direction (direction of velocity clm), and then the 

circular velocity Uj is depicted as a section of the horizontal 

line, and w^ will be found as the difference in vectors c, and 

u2 (Pig. 2.17). 

Fig. 2,17, Velocity triangle at the 
inlet into the wheel of the vane 
machine. 
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Angle a1 is the angle between the direction of the flow In 

absolute motion and the direction of the circular velocity. 

The angle Is the angle between the direction of the flow 

In relative motion determined by vector w1 and the direction of 

the circular velocity - for a turbine and the opposite direction - 

for a pump. In general the angle cannot coincide with the 

angle of inclination of the vane 0^. The angle i - between the 

direction of flow in relative motion at the inlet into the vane 

and the direction of the leading edge of the vane - is called 

the angle of attack. Consequently, the angle of attack i is 

determined by the angle between the velocity vector w^ and tangent 

to the camber line of vane at the inlet. 
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2.6.3. PLOW ALONO VANE CHANNELS 
OP THE WHEEL AND AT THE OUTLET 
PROM THE WHEEL 

In order to find the absolute velocity of fluid at any 

point of the vane channel at a certain distance from the inlet 

to the vanes, it is necessary to produce a vectorial addition of 

the relative velocity of the fluid in channel w and the velocity 

of following u. The relative velocity w at any ralius within thy 

vane channel is found according to the direction which is deter¬ 

mined in the first approximation according to the direction of the 

center line of the vane (angle and according to the value of 

the meridian velocity component cm n (Pig. 2.18). The assumption 

relative to the fact that the direction of the profile tangent 

to the center line is parallel to the relative speed, strictly 

speaking, correct only for the lattice which consists of an 

infinitely large number of infinitely thin profiles. If necessary 

the velocity vectors which correspond to this design scheme will 

be noted by the sign « (z ■ •). 

Pig. 2.18. Plotting of velocity triangles in 
vane channels and at the outlet from the wheel 
of a centrifugal pump. 
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Por determining the value of the averaged velocity within 

the vane channel, it is neceasary to consider the profile 

thickness together with the thickness of the boundary layer 

displacement. With detached flow one should consider the thickness 

of the separation zone. 

In the first approximation, especially for machines in 

which the flow areas are commensurable with the cross section 

encumbered by the vanes, only the thickness of the vanes (for 

example, in pumps) is considered. 

Let us conduct the determination of the meridian velocity, 

taking into account the thickness of the vanes in the cross 

section of the wheel located on an arbitrary radius in the example 

of a centrifugal wheel (see Pig. 2.18). Let us designate the 

flow area of the wheel (radius r) F . and the flow cross- m 
sectional area at the same radius r, taking into account the 

thickness of the vanes, will be designated F„ Ratio F_/F_ . 
* ms m m a 

is the coefficient of contraction of the cross section; let us 

designate it k. Cross sections F_ and Fm „ can be calculated 
m m n 

by the vane pitch t (t ■ 2irr/z, where z is the number of vanes); 

then 

•t* 
»«-•)* 

(2.5) 

(2.6) 

Here a is the thickness of the vanes determined on a cir¬ 

cular arc (approximately ohordwlse). The connection between 

the normal thickness 6 and thickness o is easily estacllshed 

from an examination of Fig. 2.18: 



To find the meridian velocity, taking into account the 

thickness of the vanes in the cross section of the wheel located 

on an arbitrary radius, let us use the equation directly ensuing 

from equation (2.3): 

( 2.8 ) 

where k, taking into account expressions (2.4) and (2.6), can be 

recorded in the form 

__»_ (2.9) 

Here em ^ la the meridian velocity taking into account the thick¬ 

ness of the vanes; and cm is the meridian velocity not allowing 

for the thickness of the vanes. 

The relative velocity in the arbitrary cross section of the 

wheel, taking into account the thickness of the vanes, is found 

by plotting the velocity triangle according to the known velocities 

cm n and u and according angle (see Fig. 2.18) or from the rela¬ 

tion 

(2.10) 

The outlet velocity triangles from the wheel are constructed 

Just as for the arbitrary cross section but not allowing for 

contraction of the cross section by the vanes. 
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Figure 2.18 shows the relative location of the velocity 

vectors of the relative, migratory and absolute motion in the 

example of the centrifugal vane machine (pump) for the arbitrary 

and outlet radii. Also shown there are flow lines of the fluid 

for the wheel of the centrifugal pump (when z ■ ») in the relative 
(a) and absolute (b) motion. 

2.6.1*. EXAMPLES OF THE PLOTTING OF 
VELOCITY SCHEMES 

Figure 2.19 shows the basic sections of the stage of an 

axial vane machine (axial pump). Such cross sections are the 

meridian section (a) and the development of the cylindrical cross 

section of the vane cascades (b) (diameter of the cylinder is 

equal to the mean diameter of the stage, its generatrix is I-I). 

In general the stage of the axial pump has a guide device at 

the inlet and a stator at the outlet. The guide device provides 

the necessary torsion of the flow at the inlet into the wheel 

('•lu> • ^ke stator is a diffuser device which converts kinetic 

energy into pressure energy. 

Fig. 2.19. Characteristic cross sec¬ 
tions of the stage of the axial pump 
and velocity triangles: a) meridian 
cross section; b) development of the 
cylindrical cross section with the 
generatrix I-I. 
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The plotting of velocity schemes (triangles) (Fig. 2.20) 

will be carried out for the mean diameter D . Let us assume 
cp 

that the fluid flow at the inlet into the wheel has a circular 

component clu (frequently it is equal to zero). The meridian 

component (in this case axial) is found from the relation 

£■ 
(2.11) 

In this case F, is the ring cross section with a height of 

(2.12) 

By knowing the volumetric flow rate or having defined it 

as the quotient of the division of the mass flow rate for the 
density: 

let us find the velocity value c. ■ c, : 
Iz 1m 

**1» 
—2l_. 
•t/Mi 

(2.13) 

(2.14) 

Fig. 2.20. Plotting velocity 
triangles for an axial pump. 



Having two projections of absolute velocity c, and c, and 
lu lz 

knowing the value and direction of the circular velocity u, let 

us plot the velocity triangle at the inlet into the vane cascade. 

On Pig. 2.20 the order of the plotting is noted by numerals 

in circles. The direction w^ is determined by the relationship of 

velocities Cj and u and in general can comprise the angle of 

attack i tangent to the profile at the inlet of the vane. 

For the plotting of the velocity triangle at the outlet 

from the axial vane cascade, let us find the value of the axial 

component of absolute velocity. It is determined by the 

volumetric fluid flow rate and the flow cross—srctional area at 

the outlet from the cascade: 

(2.15) 

where F2m is the flow cross-sectional area at the outlet from 

the cascade: 

-10. **:,• (2.16) 

Besides the value of the axial velocity component, the 

flow direction at the outlet from the cascade is known in the 

first approximation. We will consider that the direction of 

the relative outlet velocity from the vane channel coincides 

with the outlet angle of the vanes (design scheme z * »). 

Then the velocity triangle is completely defined (see Fig. 2.20). 

The absolute velocity at the outlet from the wheel c2 is found 

with respect to the value and direction. 

Let us give the plotting of schemes of velocities for an 

axial-flow turbine. Figure 2,21 shows the necessary projections 
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Fig, 2.21. Characteristic cross sections of an 
axial-flow turbine and velocity triangles: 
a) meridian cross section; b) cross section in 
a scheme; c) development of a cylindrical cross 
section (increased two times in comparison with 
a and b). 

which expose the form and dimensions of the axial-flow turbine - 

the meridian cross section along I-I, the cross section In schem 

II-II and the development of cylindrical cross section with a 

diameter equal to the mean diameter of the turbine. 

The guide device at the inlet Into the turbine, usually 

called the nozzle box, providing the expansion of gas and its 

acceleration, should Insure such a direction of absolute inlet 

velocity to the turbine wheel (a^) in order to obtain a large 

value of the circular component clu. Thus, the velocity c1 

is assigned. In other respects the plotting dees not require 

explanation. Figure 2.21 gives plans of the velocities directly 

near the profiles, and Fig. 2.22 gives combined schemes of the 

velocities for the inlet into the rotor and outlet from it. 

Let us observe the plotting of the schemes of velocities 

for the radial inward-flow turbine, the wheel of which is a 

circular vane cascade. Installed in front of the roto-- is a 

nozzle box, which provides the acceleration of flow to the 
velocity c^. 



— *»• 

Pig. 2.22, Velocity triangles f;r 
an axial-flow turbine. 

Figure 2.23 shows the basic sections which expose the form 

and relationship of dimensions of the nozzle box and radial 

wheel. Such cross sections are the meridian cross section (J.-I) 

and cross section in the scheme (II-II). 

For a radial vane machine the axial component of absolute 

velocity is equal to zero: 

c,-0. 

Fig. 2.23. Characteristic cross sec¬ 
tions of a radial-flow turbine. 



At the inlet Into the turbine the flow should have a con¬ 

siderable circular component clu created by the guide (nozzle) 

apparatus installed in front of the wheel. The value Cj should 

be assigned. The meridian component (in this case radial'1 is 

found from the relation general for all vanes (?.n). 

For the radial machine is the cylindrical crorn section 

with a width along the generatrix equal to the width of the 

circular vane cascade bJ and la equal to: 

(2.17) 

According to the known value of volumetric flow rate at the 

inlet into the wheel, let ua find the velocity c, * c : 
lr 1m 

where 0, ■ .I 
1 »i •- 

ClrT Im1 , ¢1, (2.18) 

Having two projections of absolute velocity c, and c 
1 lu lr 

and knowing the value and direction of the circular velocity, 

we plot the velocity triangle at the inlet Into the circular 

cascade. As a result of the plotting we find the value and 

direction of the relative speed Wj (Fig. 2.24). 

..nstead oí c^u and Q^, the velocity at the outlet front the 

nozzle box c^ and angle a^, which determines the direction of 

velocity Cj, can be assigned. Then the plotting of the velocity 
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Fig. 2.24. Plotting of velocity tri¬ 
angles for a radial-flow turbine. 

triangle is carried out in the following manner: we plot the 

velocity c^ at angle (see Fig. 2.24), and we subtract vector 

^ from the vector c^ and obtain the vector w^. 

To find the absolute velocity at the outlet from the wheel, 

let us conduct the plotting of the velocity triangle. 

The meridian (radial) component of absolute velocity at the 

outlet from the wheel is found from the known formula: 

(2.19) 

where ■ 

Besides the radial velocity component, u2 and the direction 

of flow at the outlet from the wheel are known. The angle of 

inclination of the vector of relative speed is taken equal to the 

output angle of the vanes e2/1 (z ■ •). Then the value and di¬ 

rection of the absolute outlet velocity of the wheel will be 

determined by the plotting of the velocity triangle presented 

on Fig. 2.24. 



Having selected the basic procedures of the plotting of the 

schemes of velocities for wheels of the vane machines, ]et us 

pass to the development of the fundamental principles ensuing 

from the law of the conservation of momentum for the wheel of 
the vane machine. 

2.7. FUNDAMENTAL PRINCIPLES WHICH 
ENSUE FROM THE LAW ON MOMENTUM 

2.7.1. EULER EQUATION FOR VANE 
MACHINES 

Between the fluid flow and Impeller blades a force Inter¬ 

action is achieved. This interaction indicates In the final 

result the fact that on vanes of the rotating wheel there 

acts a difference in forces of pressure on both sides of the vane; 

otherwise It is not possible to transmit energy from the wheel 

to the fluid and vice versa. For the pump (compressor) this 

pressure difference determines the moment of resistance on the 

shait and for the turbine - the torsional moment. 

For an example, Fig. 2.25 gives the pressure distribution along 

the cross section of the vane channel of the wheel of the cen¬ 

trifugal pump. As a result of the nonuniformity of the pressure 

distribution with the steady nature of the relative flow of 

fluid through the rotor, the absolute motion of the fluid through 

the rotor will have a nonatationary nature. In fact, each 

particle of the rotor periodically passea by the point connected 

with the housing. The instantaneous absolute velocity at this 

point will be cyclically changed in accordance with the pressure 

distribution (relative speed) in thy vane channel. Consequently, 

in the absolute flow the feature of the steady motion, the 

constancy of the velocity at a particular point of space, will 



Fig. 2.25. Approximate 
pattern of the pressure dis¬ 
tribution along the cross 
section of the vane channel 
of the centrifugal wheel. 
KEY: (1) form A. 

not be held. But, by examining the averaged velocities, it is 

possible to use the fundamental laws of mechanics for the steady 

motion to the flow of fluid relative to the fixed coordinates 

called the absolute fluid flow. 

For determining the total moment which acts on the rotor 

during the flow of fluid through it, let us use the theorem about 

the moment of momentum. 

The moment of the resultant of external foroea applied to 

the ohoeen oontour of the fluid is equal to a change in the 
moment of momentum of the maae of fluid flowing per unit time 

through this oontour. 

Let us use the theorem about the moment of momentum for the 

radial vane machine, although it is correct for any machine. 

Let us take the contour limited by surfaces F^ F2 and Fh, 

i.e., including all the channels with the exception of the vanes 

themselves (Fig. 2.26). 

Taking into account the nonstationary nature of absolute motion 

in the rotor, let us find the average (in mass) value of the moment 

of the circular velocity component: 

(2.20) 
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Let us record the equation of the theorem about the moment 

of momentum relative to the axis of rotation in the form 

G(rj,r,—.W, (2.21) 

where 0 is the mass fluid flow rate per second; is the resultant 
moment of the external forces. 

In general the resultant moment of external forces consists 
of the moment of surface forces - moment from the effect of 

the rotor (surface on Fig. 2.26) on the chosen volume of 

fluid - and moments M_, and of surface forces acting over 
'l ^2 

boundary surfaces and F2. Of the volumetric forces only the 

forces of gravity (weight) will be external, but as a result of 

the axial symmetry they give relative to the axis a moment equal 

to zero. 01 the surface forces which act on boundary surfaces, 

moments Mp^ and Mp^ relative to the axis of rotation can give 

only tangential ptresses, i.e., the forces of friction caused 

by the turbulent exchange of momenta. The forces of pressure 

on the bc-mdary surfaces as normal forces do not give the moment 
with respect to the axis: 

M,■»/•*, Mf* ( 2.22 ) 

The moment which acts on the chosen volume of the fluid on 
the side of the rotor in general is the moment of the surface 

forces, i.e., the forces of pressure and forces of friction. 

In more detail the nature of the acting forces is explained 

later in an examination of the relative flow thorugh the rotor 
of the vane machine. 
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Pig. 2.26. Diagram of the flow of fluid 
through the wheel of a centrifugal vane 
machine. 

Eo.uation (2.21) shows that a change in the moment of 

momentum of the fluid in absolute motion through the wheel of 

the pump is equal to the resultant moment of forces acting on the 

chosen volume of the fluid. By disregarding the moments of the 

surface forces which act along surfaces and P2, we restrict 

the rotor of the vane machine, and on the internal surfaces, which 

restrict vat». s in width, we will obtain that the moment acting 

on the side of the vanes on the fluid will be equal to 

1 [N*m]. (2.23) 

The moment from the effect of flow on the rotor will be 

opposite in sign: 

/If, “ — Mr (2.24) 

According to the value of the moment Mu, it is fossible 

to define the power of the rotor of the vane machine as the 

product of the moment and the frequency of rotation. Let us 

call it the circular power: 
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In referring the power to the macs flow rate per second, we 

will obtain the expression for the specific work of the vane 

machine. The specific work is the energy transmitted to the 

turbine wheel by a urit of mass of fluid (1 kg) or transmitted 

by the wheel of a pump to a unit of mass of fluid (1 kg): 

N 

u 
r w 
LkgTË 

J *3 
s *kg 

J 
kg ]• 

(2.26) 

If we express Lu by the moment Mu, then we will obtain 

L‘ o ' (2.27) 

In substituting the developed expression for Mu [formulas 

'2.23) and (2.24)], we will obtain 

(2.28) 

The equation written in this form is called the Euler 

equation for vane machines. It is correct for all types of 

vane machines. For axial vane machines u ■ u-^ * u^, and the 

Euler equation will be recorded in the simplest form: 

¿•■■«(ft, — ?*). ( 2.29 ) 

An analysis of the Euler equation shows the following. 

1. The specific work of the varie machine, expressed in J/kg, 

dees not depend on the kind of the working medium, since the 

physical parameters of the working medium do not enter into this 
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formula. This work depends only on the value of the circular 

components of absolute velocities and circular velocities of the 

rotation of the rotor. 

2. The work Is transmitted to the rotor from the fluid 

(i.e., the energy of the fluid Is decreased) when 

and vice versa, the rotor transmits the work, l.e., It Increases 

the energy of the fluid when The vane machines, which 

transmit energy from the fluid to the rotor operate under con¬ 

ditions of the engine-turbine. The vane machines which transmit 

external mechanical energy to the gas or fluid are actuating 

machires and operate under conditions of the compressor or pump. 

Consequently, for the turbine the Euler equation will be 

recorded In this form: 

M (2.30) 

where Lu Is the specific circular work of the turbine2» 

i.e., the energy transmitted to the rotor by one kilogram of 

fluid. 

In the pump or compressor the energy Is transmitted from 

the i tor to the fluid; corresponditgly we will obtain 

H,** — La\ 
(2.31) 

lThe line (averaging sign) over c^ and c2u will subsequently 

be omitted. 
2Term ’’circular" means "on the circumference of the rotor" on 

the vanes"; thereby It Is emphasized that we are speaking about 
the specific work of the vane cascade and not the machine as a 
whole. 
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where HT is specific theoretical (circular) pressure or the 

energy transmitted by the rotor of 1 kg of mass of the fluid which 

passed through the pump or compressor (which will suhsC' uently 

be called compressor vane machines). The notations L, and Ht 

are introduced for convenience and are conventional for the turbines 
and pumps. 

3. The specific work of the vane machine will be more, the 

greater the circular velocity component c^ and circular velocity u 

entering into first terms of equations (2.30) and (2.31). In 

the case of the turbine this means the need for the provision 

by the nozzle box of such a direction of velocity c^ in order 

that the circular component would have a large value. In 

the case of the compressor vane machine the necessary value c^, 

is provided by a deviation in the flow in the rotor, l.e., by 

the angle of the Impeller vanes at the outlet 0., : the more 

^2/1* more c2u k®* The large value of the circular 

velocity u^ for the turbine and for the pump can be obtained 

at the high frequency of rotation w or at large diameters of 

the rotor Dt for the turbine and D? for th<* pump. 

The specific work of the vane machine on the circum¬ 

ference of the rotor will be more if the circular velocity 

component, which enters into the second term of (2.30) and (2.31), 

will have a different sign than the circular velocity component 

in the first term of these equations. 

For the pump and compressor this means that with the twist 

of the flow at the inlet to the side opposite the rotation, 

the pressure of the machine will be Increased, and with twist 

of the flow to the side of rotation it will be decreased. 

For the turbine the torsion of the ,flcw at the outlet 

from the rotor to the side of rotation decreases the work of 



the turbine. The presence of the circular velocity component 

at turbine outlet, directed to the side opposite the rotation, 

increases the work of the turbine; however, it lowers its 
economy, as will be shown further. 

2.7.2. FORCES WHICH ACT ON THE VANE 
PROFILE OF AN AXIAL CASCADE 

The Euler equation does not reveal the nature of the forces 

acting on the rotor of the vane machine from the side of the 

fluid. Por axial vane machines the nature of the forces which 

act on the side of the fluid on the impeller vanes is determined by 

the theorem of N. Ye. Joukcwski about forces which act on a stream¬ 
lined profile. 

Let us examine, following N. Ye. Jcukowski, the forces acting 

on the vane profile of an axial cascade of a unit length in 

relative steady motion. In the examination of the streamline 

flow of a single profile, the concept of averaged relative speed 
w ^ is introduced. cp 

The relative averaged flow velocity w,^ is the average 

vector from values of relative velocity at infinity in front of 
the vane and behind it (Fig. 2.27): 

(2.32) 

»1« ¡ »3m (2.33) 
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Fig. 2,21, Combined velocity tri¬ 
angles at the Inlet Into the'axial 
cascade and at the outlet from it. 

As N. Ye. Joukowski showed, the force F, which appears 

with the streamline flow of the vane profile, can be determined 

according to the value of circulation of the relative speed 
around the profile1: 

(2.3¾) 

\The force Intensity is determined for the profile of unit 

length, and therefore the dimensionality of the forces is N/m). 

Here ra w - is circulation along the contour ABCD (Fig. 2.28) 

(2.35) 

Equation (2.3¾) expresses N. Ye. Joukowski’s theorem. 

The force with which the flow of nonvlncous fluid acta on the 

profile is equal to the product of the density p of the fluid, cir< 

dilation w of the relative velc-'ty on the contour ABCD encom¬ 

passing the profile, and the avert! flow velocity at infinity. 

’N. Ye. Joukowski’s theorem about forces acting on a wing pro' 
file and cascade is derived in detail in courses In gas dynamics 
L 37 J and [38]. 



Fig. 2.28. The determination 
of circulation around the vane 
In an axial vane machine. 

This force Is called lift, and Its direction Is perpen¬ 

dicular to the direction of the velocity w (Fig. 2.29). This cp 

means that the lift, i.e., the force of pressure of the fluid on 
the profile, directed perpendicular to the averaged flow velocity, 

appears as a result of the imposition of the circulation flow 

on the flew determined by the assigned flow rate. 

In this case on the convex side of the profile the velocity 

increases, and the pressure drops, and on concave side the opposite 

is true. A pressure differential , which acts on the profile, 

create.- lift. The lift can be expanded into a circular component 
Fu and axial component ?z. 

.* 

! 

Fig. 2.29. Forces which ac *. 
on the streamlined profile. 



In vane machines the total circumferential force P _, 

whici acts on the vanes, creates a torque on the shaft. Therefore, 

for vane machines very important is the conclusion following 

from N. Ye. Joukowski's theorem about the fact that the cir¬ 

cumferential force which acts on the vanes is proportional to 

the circulation of the relative velocity along the contour, 

which encompasses the profile and passes through the axes of the 

vane channels and circular arcs at the inlet into the cascade 

and at the outlet from it. ror the real fluid the force of 

action on the profile will be changed. 

Figure 2.¿9 also depicts the scheme of forces which act 

on the profile of the axial cascade in a real viscous fluid 

at the same velocity wcp (in general values of the averaged 

velocity and circulation will also be changed). 

In courses in gas dynamics [37] and [38] it is shown that 

A*(2.37) 

where LcQnp is the work of force Rx (drag) referred to the 

mass unit of fluid and improved on the path being passed by the 

profile relative to the fluid per unit time (w ): 
cp 

***«» *»i»i (2.38) 

where R is che resultant force of reaction of the flow; R is 

the force which acts in the direction of the velocity wcp(drag). 
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Thus, the viscosity effect was revealed both directly - in 

the form of the appearance of an additional resisting force 

(drag), and in an implicit form - by means of the change in 

velocities and circulation. 

The ratio of the drag to the lift is called the inverse 

quality of the profile and is equal to the tangent of the angle 

X (x - the angle formed by force R and normal to the direction 

(2.39) 'IX- 

where R. is the force normal to the direction vj (lift) y cp 

Let us determine the moment of the rotor of the vane machine 

first, not allowing for the interaction of the profiles: 

II, •» t*ir,pkt « 

« ala fc, -, 
(2.Ü0) 

With motion of the vane (rotation) the power referred to 

the profiles of the unit length will be equal to 

(2.41) A’, i-. » iRm »In (A, +1). 

The work which occurs for 1 kg of mass of fluid (for 

a pump - theoretical pressure HT), determined in the calculated 

cross-section (on radius r), for the section of the vane with 

a length dr will be equal to 



where dQ is the volumetric fluid flow included between the two 

cylindrical surfaces with radii r and r ♦ dr; 

éQmiUjr, (2.42) 

taking this into account 

lie* " Ur (2.43) 

As is known from aerodynamics, the airfoil lift of a unit 

length is equal to 

(2.44) 

and since 

e®*** 

then 

tCOil • 
(2.45) 

By substituting expression (2.45) for R into equation (2.43), 
we obtv^in 



From relation (2.M6) it follows that the specific energy 

of the elementary axial stage of the vane machine is proportional 

to the coefficient of airfoil lift and to the cascade solidity. 

By knowing the airfoil lift coefficient and being assigned the 

cascade solidity, it is possible to calculate HT. 

ÍTo calculate the interaction of profiles, introduced is 

the coefficient which considers the distinction in tne coefficient 

of the airfoil lift in the cascade c „ from the lift coefficient 
y psuj 

of the unit profile: 

(2.K7) 

In practice this method of the calculation of specific work 

of a vane machine is applicable for widely space cascades 

(b^/t < 1): for dense cascades the interaction of the profiles 

will be greatly expressed, and the lift coefficients, obtained 

during testing of separate profiles, will not characterize the 

work of the profile in the cascade. Furthermore, it is 

necessary to keep in mind that the nature of the streamline 

flow of the profile in the machine even with widely spaced cascades 

differs from the nature of the streamline flow of the profile 

in the wind tunnel, i.e., from the conditions under which cy is 

usually determined. 

The method of calculation of the value of specific work of 

the vane machine, based on relations (2.43) and (2.^6), is 

applied only in the calculation of axial pumps, hydroturbines and 

screws with low cascade solidity. 
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2.7.3. CONNECTION OP THE MOMENT 
OP THE WHEEL OP A RADIAL VANE 
MACHINE WITH THE MOMENT OP THE 
CORIOLIS FORCES OP INERTIA 

Let us examine the nature of the forces acting on the side 

of the fluid on the vane of a radial (diagonal) machine In the 

relative steady motion. In the radial vane machines together with 

the aerodynamic forces, determined by Joukowskl's theorem, 

of great significance (and, frequently, the basic) are the Inertial 

forces of the fluid. 

In examining the relative motion of the fluid In the rotating 

wheel, In essence, we examine the flow of fluid relative to the 

evenly rotating coordinates fastened to the wheel, i.e., the 

flow In the nonlnertial coordinate system. In this case added to 

the volumetric forces which act on the fluid, which Is located 

In the wheel, besides the forces of gravity (weighO, are the 

forces of Inertia from the movable and Coriolis accelerations, l.e., 

the centrifugal and Coriolis forces of Inertia. 

Centrifugal forces pass through the axis and therefore do not 

give the moment with respect to the axis of rotation. The Coriolis 

forces of inertia in radial vane machines give the moment with 

respect to the axis. 

As is known, with the motion of the fluid along the channel 

of the rotating wheel the Coriolis (rotary) acceleration, which 

acts on the fluid, is connected with the change in the direction 

of relative velocity w and a change in the velocity u. The 

Coriolis acceleration is imparted to the fluid by the vanes (walls 

of the channel) through elastic forces (forces of pressure). The 

Coriolis force of inertia is equal to the force which acts on 

the fluid on the side of the vanes and directed In an opposite 
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direction. Acting on the vanes is not the Coriolis force 

themselves, but the forces of pressure counterbalancing it. 

In the case of the pump the moment from the Coriolis forces ir. 

the form of the moment of forces of pressure is counterbalanced 

by the external moment applied to the rotor. 

We record the moment of the Coriolis force of inertia, which 

acts from the fluid on the wheel, in the integral form 

(2.48) 

where Fku is the circular component of vector of the Coriolis 

force of inertia referred to the unit mass; V is the volume of 

the chosen fluid element; is equal to the circular component 

of the vector of Coriolis acceleration taken with the opposite 

sign: 

From the examination of Fig. 2.30, where the vectors of 

velocity and acceleration for the motion of the stream along 

the diagonal rotor are shown (see also Fig. 2.32), it follows 

that 

y,,«2Lx (2.49) 

since the angle between u and wr is equal to 90°, then according 

to the value 

F,,« —(2.50) 
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Pig. 2.30. Determination of 
the Coriolis force of inertia 
in a centrifugal vane machine. 

The elementary volume dV can be presented in this form: 

./V'—i/ri. »/■</». (2.51) 

By substituting expressions (2.50) and (2.51) for Fku and 

dV into equation (2.^8) and passing over to the definite 

integrals, we obtain 

'i ÎÇ 
.If*,»» — J £ j r:2ww¿jt/r r'bi'f. 

(2.52) 

According to the equation of continuity the mass flow rate 

for all radii is a constant value: 

• !< • • 
C j 

then 

(2.53) 
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w |W. WfW 
fill ^ 

Let us transform formula (2.23), utilizing the relations 

ensuing from the triangles of averaged velocities (see Pig. 2.24): 

í.-í, 1 «i and 

We will obtain the following equation for the moment 

acting on the side of the van<*s on the fluid: 

M» -0 (•»'i - »»✓»)+0 (*/i “ +'1* (2.54) 

taking Into account expression (2.53), we obtain 

VI.T,) l-.Mi„ ( 2.55) 

t 
where Mk z Is the moment which acts on the fluid on the side of 

the rotor equal In magnitude but opposite In sign to the moment 

Mk z t®'e expression (2.53)3. 

The first term In equation (2.55) can be represented In terms 

of circulation of the flow w In the relative motion around 

the contour ABCD, which includes the profile of the vane 

(Fig. 2.31)1 

(2.56) 

‘Subsequently (in Section 2.10.1) it will be shown that 
the relative flow in the rotor of the radial vane machine Is 
vortex (nonpotential). Hence, the contour of the calculation 
r„ w cannot be taken arbitrarily as any contour encompassing 

the profile of the vane. We will understand by the circulation 
of the relative velocity rn w as the circulation along the con¬ 

tour ABCD, i.e., on the contour passing through axes of the vane 
channels and circular arcs at the inlet Into the circular cas¬ 
cade and at the outlet from it. 
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Pig. 2,31. Determination of 
circulation around the vane in 
a centrifugal vane machine. 

The moment applied to the rotating rotor In value la equal 

to the moment which acta on the flow from the rotor but oppoalte 
to it in sign: 

(2.57) 

or in the expanded form: 

• W. - G («„r, _ w}är,) f C («.r, - ( 2.58 ) 

The first term of (2.58) is the moment which appears as a 

result of the streamline flow of fluid flow about the vanes 

and proportional to the circulation, calculated according 

to the relative speed, the number of vanes and the mass fluid 

flow rate. The pressure distribution over the vane profile, 

which corresponds to the circulation of relative velocity, 

can be obtained by means of the scavenging of fixed vane 

velocities by the flow with velocities and angles of incidences 

corresponding to the relative velocity. 

The second term of equation (2.58) expresses the moment 

appearing on the wheel of the vane machine from the effect of 

the Coriolis forces of inertia. Under the effect of the circular 
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j: 

rrr n° r t for°e °f in#rti*-th* nuid «».»pt. 
' I0“ ílr,0tl0n- Th« ™"« P«v.nt th. mov.- 

m.nt of th. fluid und.r th. .ctloh of th. foro. of In.rtl. and 

n th. van., th.r. win .pp.,r a pr...ur. dlff.r.no. which 

quant., th. fore, of in.rtl» .nd oraatu an additional 

t“p! m0"’nt f6r th* tUrMn* âní "0nent of «•‘«•nc. for 

diff.rrntlr:in th* r‘4ui v,n# "“chin# tn* *«»i p«»«. 
dlff.r.ntl.l on th. van.» app.ar. .. . r..ult of th. .ff.ct 

ln Tí M M! ‘he ‘tr,,,nlln* fl0" of f1™ »“«ut th. van.» 
În.r! ! ”'0tl0n Snd th# ,ffeCt 0f th« '»-toll» forca, of 
«no ò; t Pr*"U" t». van.. !..d. to th. .m.r- 
«nc. of th. moment on th. rotor relativ, to th. „1. 0f rota- 

!°r/he ^141 V,n* Biohln•• “‘““l"* ‘hat th. Inlet and 
et of th. fluid occur, on on. radlu«, w. have 

•f-m. 

Th. ..cond t.rm of (2.58) In thl, c... will b. .qu.l to zero 

This mean, that th. moment on th. Impeller vane, of th. axial 

van. machin. 1. determined only by th. .treamlln. flow of th. 

fluid flow about th. vane. 1„ relative motion. Th. value of 

this moment depend, on th. valu, of circulation of th. fluid 

around the contour passing over th. center line, of th. van. 

channel, and segment, of th. circular arc. at Inlet and 

outlet equal to the pitch [compare formulas (2.57) and (2.58)]: 

a.; .W.~ 67 
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The value of the circulation Is determined by expression 

(2.35) In accordance with Pig. 2.28. In the axial vane machine 

the Coriolis forces of inertia will not give the moment applied 

to the rotor with respect to the axis of rotation, since they 

are radial forces passing through the axis (Pig. 2.32). 

For the pump or compressor, in accordance with expressions 

(2.27) and (2.58), the equation for theoretical pressure will 
be recorded thus: 

*«<«.. -K,j (2.59, 

Correspondingly, for the turbine we will obtain 

/..■»(«t.ii,—: («¡-if}). (2.60) 

The first terms in equations (2.59) and (2.60) express 

the specific work of the rotor connected with the moment from 

the circulation of relative velocity on the contour ABCD 



(see Pig. 2.3D. We will conditionally call these terms 

the specific work connected with the circulation forces. The 

second terms express the specific work of the rotor deter¬ 

mined by the moment connected with the Coriolis forces of 

inertia. Let us conditionally call these terms in equations 

(2.59) and (2.60) the specific work of the Coriolis forces. 

The equations take the general form for all the vane machines. 

For the axial machine the second terms of equations 

(2.59) and (2.60) will be equal to zero. 

When u2 * u1 ■ u 

and i, 

In the axial vane machine the rotor will accomplish work 

only In such a case when as a result of the streamline flow 

of the impeller vanes the direction of the relative velocity, 

i.e., the circulation of the relative speed will be different 

from zero [see equation (2.^0)]. 

Vane cascades of the axial machines should be profited 

quite thoroughly. For them great significance is in the 

selection of the perfected shape and camber, the optimum value 

of the angle of incidence and other parameters connected with 

the provision of the assigned circulation (work). 

In radial vane machines the dominant role in the producing 

of the moment on the rotor is played by the Coriolis force 

of inertia, the work of which does not depend on the shape of 

the vanes but depends on their radial extent. The greater 

the difference in the circular velocity, the more the value of 

the Coriolis forces, and the less the role the flow in the 

relative motion plays. 
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With the unsuccessful profile of the vane and with nonopti¬ 
ma : angles of incidences the losses in any vane machine will 

Increase, but in an axial machine simultaneously with this the 

circulation (work) decreases; for a radial machine this does 

not have considerable importance. Furthermore, in a radial 

machine losses in the rotor comprise a small fraction of all 

the bosses. Hence, in radial machines approximation methods 
of the construction of thî vanes, which are based mainly 

on design and technological considerations are used extensively. 

Let us note that because of the energy transfer by the 
*nertla] forces in channels of the centrifugal compressor 

machine (pump), it is possible to obtain a pressure increase 

in the rotor wheel with convergent flow of the flow along the 

.ane channel (in the absence of diffuser flow). For convergent 
flows less values of hydraulic losses and less stringent 

requirements for the shape of the profiles which form the vane 
channels are characteristic. 

Effects of the Joriolis forces of inertia and the streamline 
flow of vanes in relative motion can be added, i.e., increase 

the total pressure difference on the vane, and car be subtracted 
from each other by decreasing the pressure difference on the 

vanes (see source [¿49]). This depends on the direction of 

flow of the vanes, the direction of rotation and the direction 
of flow with respect to the axis, i.e., on what kind of radial 
machine is examined, i.e., centripetal or centrifugal. 

!* igures 2.33 and 2.3¿4 depict diagrams of flow, respectively, 

for the centrifugal and centripetal vane machines which operate 
under conditions of the pump (compressor) and turbine. 

The pressure In the vane channel caused by the Coriolis force 
of inertia is marked pH. The direction of the increase in 



Pig. 2.33. Explanetion of the 
operating principle of a centrif¬ 
ugal vane machine. 
KEY: (1) Turbinei (2) Pump. 

Fig. 2.3^. Explanation of the opera¬ 
ting principle of the centripetal 
vane machine. 
KEY: (1) Pump; (2) Turbine. 

- —.. 
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pressure pK coincides with the direction of the circular component 

of the Coriolis force of inertia. 

The pressure distribution, caused by the flow of the fixed 

vane profile, quantitatively determined by the circulation of 

relative velocity on the contour ABCD (see Pig. 2.31), is 

marked py (see Pigs. 2.33 and 2.34). 

With the streamline flow of the common vane profile (for 

example, that depicted on Pigs. 2.33 and 2.34) with a small 

angj-e of incidence on the blade face an Increased pressure is 

formed, and on the back a reduced pressure is formed. In 

accordance with this Pigs. 2.33 and 2.34 show the pressure 

distribution on the vane channel py, caused by the streamline 

flow of the vane profile. For an example, the greatly bent 

profile is taken. (In the case of the pump the profile is bent 

according to rotation). .% 

The directions of rotation of the rotor in the work of 

the assigned profile in turbine conditions (clu > c2u) and in 

pumping conditions (c2u > clu) will be the opposite (on Pigs. 

2.33 and 2,34 the angular velocities for these cases are desig¬ 

nated wT and wh, respectively). Hence, the directions of the 

circular components of Coriolis force of inertia for the turbine 

and pump will also be the opposite. Figures 2.33 and 2.34 

show the pressure distribution on the vane channel, which 

appears from the Coriolis forces of inertia, by these diagrams: 

for the turbine - PHtT and for the pump - PH H. 

In the case of inward-flow turbine (see Pig. 2.34) the 

total pressure difference acting on the vane profile will 

be more than in the case of centripetal pump, since in the 

tunine the directions of the Increase in pressures from the 
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Coriolis forces of inertia and from the streamline flow of 

the vane coincide (see Pig. 2.3*0. In the centripetal pump 

the pressure difference on the vanes will be less other con¬ 

ditions being equal, since an increase in pressure from the 

Coriolis force of inertia and from the steramline flow of 

the vanes occurs in cifferent directions. As a result of 

this the specific work for the inward-flow turbine will be 

more than that for the centripetal pump at the same values 

of the relative velocity of the inlet into the cascade, the 

angle incidence of angular velocity , and so on. 

Por the centrifugal vane machine the picture will be 

different (see Pig. 2.33). In view of the fact that the 

directions of the Coriolis forces of inertia for the pump and 

turbine will be opposite, diagrams pu u and p , will 

differ. Por the pump a pressure increase from the Coriolis 

forces of inertia is directed from the convex to the concave 

side of the vane, i.e.. Just as this occurs in the case of 

the pressure distribution appearing with the streamline flow 

of the vanes (having the profile and conditions of flow 

depicted in Pig. 2.33) by the flow in relative motion. Con¬ 

sequently, for the centrifugal pump (see Pig. 2.33) these 

effects will be added and for the turbine, subtracted. 

The specific work of the centrifugal vane machine, other 

conditions being equal, will be more for the pump but less for 

the turbine. This follows from equations (2.59) and (2.60): 

in centrifugal machines u2 > u1, and the second term in the 

equation for the pump is positive; for centripetal machines 

u^ > u2, and in this case the second term of the equation for 

calculation of the specific work of the turbine is also positive. 
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Hence it is possible to make a practical conclusion that, 

as a rule, it is not advantageous to use centrifugal turbines 

and centripetal pumps. However, with the small radial extent 

of the vanes (small difference between u^ and u^) the effect 

of the Coriolis force of inertia is small, and in this case 

the use of centrifugal turbines and centripetal pumps can 

prove to be advisable 

With the considerable difference in dimensions of the 

inlet and outlet of the redial vane machine the effect of the 

term (u|-u‘) in equations (2.59) and (2.60) can be determining. 

For the radial rotor with straight vanes (Fig. 2.35) when 

W1 " w2* the theoretical pump pressure is completely deter¬ 

mined by the work of the rotor connected with the moment from 

Coriolis forces of inertia. 

Fig. 2.35. Diagram of flow in a 
centrifugal pump with a guide de¬ 
vice at the inlet. 

From equation (2.59) it follows that in this case 



Let us discuss In more detail the relationship between the 

works from the circulation forces caused by the circulation of 

the relative speed and from the Coriolis forces of inertia in 

centrifugal pumps (see source [50]) and the inward-flow tur¬ 

bines, which are the preferred types of radial machines in 

the LPRE. 

Let us examine first the centrifugal pump. Let us 

designate the specific work transferred with the aid of circu¬ 

lation forces Hy, and the specific work transferred by means 

of Coriolis forces of inertia, - Hwop. Then equation (2.59) takes 

this form: 

wunl— 

The ratios H to and H to H characterize the portions 
U T HOP T 

of energy transferred to the fluid, respectively, by means of 

circulation and Coriolis forces: 

_" 

VUHt - #1,111 
(2.6?) 

(2.63) 
y «J- ■}' 

From velocity triangles at the inlet into the rotor and at 

the outlet from it (see Fig. 2.26), it follows that 

w„— -(«i-<•„); (2.6M 
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where ß2i is the angle of the vanes at the outlet from the rotor. 

Having transformed expressions (2.62) and (2.63) by means 

of relations (2.64), it is possible to obtain 

(2.65) 

(2.66) 

In equations (2.65) and (2.66) the letter q denotes the 

complex (c2m/u2)ctg ß2n, called the flow parameter. The values 

hu and hHop are by the ratio of diameters of the 

inlet into the rotor and outlet from it (Dj/D^, by the flow 

parameter q and by the relative twist of flow at the inlet 

The dependence of hy and hMOp on these parameters is shown 

by Fig. 2.36. The ratio ■ 1 corresponds to the axial 

pump the specific work of which HT is created only by the 

circulation forces: hy - 1; hMQp • 0. With a decrease in D1/D2 

and increase in q and cju/u^* the portion of energy transferred 

with the aid of the circulation forces hy is decreased, and the 

portion of energy transferred with the aid of the Coriolis 

forces h is increased. 
H Q p 

For pumps with the ratio D1/D2 < 0.5-0.6 and q > 0 (the 

latter corresponds to rotors with the angle ß2n < 90°) hy becomes 
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Pig. 2.36. Dependence of the 
relative work of Coriolis forces 
of inertia and relative 

work of circulation forces hyon 

the ratio of diameters D^/^» 

q and c^/Uj 

pump ; -t 

for the centrifugal 

- " Jwhen olu/Ul . 
nH Op" 

0; 

hp when clu/u1 ^ 0. 

negative, and h is more than unity, i.e., in the process 
K 0 p 

of the flow of fluid about the vanes the energy is not trans¬ 

ferred, but, on the contrary, is subtracted from it (the energy 

in transferred from the fluid to the rotor). The rotor transfers 

the energy of the fluid only by means of the balancing of 

Coriolis forces, compensating the energy taken from the fluid 

by means of circulation forces'. For these pumps the geometric 

parameters of the profile of the vane and conditions of flow 

(angles of incidences do not have a noticeable effect on the 

external criteria. 

In the care of pumps when D1/D2 > 0.5 the energy transfer 

of the fluid when h^ > 0 and hKOp > 0, i.e., specific work is 

created by both Coriolis and circulation forces. For such 
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pumpa the profiling of the impeller vanes and the provision of 

favorable angles of incidences are already of vital importance. 

Let us examine the inward-flow turbine. Having designated 

the specific work transferred by the circulation forces by L , 

and the specific work transferred by Coriolis forces bv L 
J MOP * 

let us present equation (2.60) in the form 

L*"* L*,* + £» ¿a*"*¡a«i - Vuaii 

Then 

(2.67) 

(2.68) 

Prom the velocity triangles (see Fig. 2.2¾) it follows that 

W|a“«la—*i; ».'a ^ f J§ - Mj{ fi, ••= (2.69) 

Solving equations (2.6?) and (2.68) in conjunction with 

(2.69), we obtain 

(2.70) 
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(2.71) 
, i-uM>.y - 

. to* «i _ ¿n /P« y 
■i.*i ” «i loi/ 

The values of l and l _ depend on the angle of the de- 
U HOP 

parture of flow from the nozzle box and on the ratio of diam¬ 

eters the ratio of velocities u/c1 and relative twist of 

the flow at the outlet of the rotor c2u/u2 (Pig. 2.37). With 

an Increase In the ratio u^/c^ the portion of work of the 

Coriolis forces is increased, and the portion of work of the 

circulation forces is decreased. At high values of u^/c^ the 

value of l becomes negative, and îunn becomes more than unity. 

However, under conditions which usually correspond to inward- 

flow turbines (u^/c1 < 1) the energy is transferred to the 

rotor both by the work of the circulation and the Coriolis forces 

(Z > 0, Î >0). Therefore, for the inward-flow turbines 

usually important are a profile of vane and the provision for 

favorable angles of incidences. 

2.7.H. AXIAL AND RADIAL FORCES 
ACTING ON THE ROTOR OP THE VANE 
MACHINE 

Besides the torsional moment (moment of resistance), on 

the side of the fluid axial and radial forces can act on the 

rotor. 

For determining the axial thrust, let us use the theorem 

about the momentum: the resultant of the external forces 

applied to any contour of fluid is equal to the change in the 

momentum of the mars of fluid passing per unit time through this 

contour. 



Fig. 2.37. Dependence of the 
relative work of Coriolis 
forces of inertia ZHQp and 

relative work of circulation 
forces on the ratio of 

diameters D2/'Di» ul//ci and 

c2u^u2 ^or tlle lnward”i’low 
turbine (a1 « 20°) : 

_i 

4 [when c2u/u2-0; 
I I 
HOP 

when c2u/u2 M 0. 

Let us take the contours distinguished on Fig. 2.38 by 

the dashed line. The contour abcde (see Fig. 2.381) encompasses 

the rotor of the pump; contour aabb (see Fig. 2.38CII) encompasses 

the turbine rotor. In the projection on the z axis we will obtain 

p(//■', Gir„-ru), (2.72) 

where Rz is the force which acts on the rotor in an axial 

direction (positive direction R coincides with direction c, ); 
¿ Iz ’ 

1*2 is the projection of the contour on the plane perpendicular 

to the z axis; is the axial component of the velocity from 

the rotor oí the outlet; c^z is the axial component of the velocity 
of the inlet into the rotor. 
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Fig. 2.38. Determination of 
the axial forces which act on 
rotors of vane machines: 
I - screw-centrifugal pump; 
II - axial-flow turbine. 

r i 

Let us determine the pressure p subsequently. 

During off-design conditions or partial admission (removal), 

as a result of the unsymmetric pressure distribution and velocities 

over the circumference of the rotor, i.e., due to the disturbance 

of the axial symmetry of the flow, an additional radial hydro- 

dynamic force acting on the wheel appears. This radial stress is 

quite complex to define, since the pressure distribution and 

velocities in off-design conditions with the unsymmetric pattern 

of flow through the rotor is usually impossible to calculate. 

For the specific forms of vane machines there are empirical 

formula . The determination of axial and radial stresses will be 

examined in more detail in Section 5.3. 

2.8. FUNDAMENTAL RELATIONS WHICH ENSUE 
FROM THE LAW OF THE CONSERVATION OF ENERGY 

Equations (2.59) and (2.60), based on the law about the moment 

of momentum, dc not reveal the relation between parameters of the 

fluid with its flow along channels of the flow area of the vane 

machine. Such a relation can be established from the law of the 

conservation of energy. 

If we disregard the change in energy of the position for 

flow In vane machines (in view of the small absolute dimensions 

of elements of the machine), then the equation of the conser¬ 

vation of energy without the feed of external mechanical energy 

and external heat will be recorded In the form 

(2.73) 
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r 
i 

Fcr the compressible fluid (gas), which is subordinated 

t the equation of state in the form (ideal gas) p/p - RT; t 

the equation of the conservation of energy will be recorded thus?: 
coT* 

or+f' -fonM. (2.) 

For the incompressible fluid during its flow without 

friction, the internal energy remains constant during the mutual 

transition of energy from one form to another (T « const), and 

the energy equation (Bernoulli equation) will be recorded in the 
form 

Jl 
« 

ei_ 
1 

=const. 
(2.75) 

Equation (2.73) is correct for the flow with friction 

(hydraulic losses), since the work of friction passes over to heat 

and increases the enthalpy of the fluid. The nature of losses in 

individual kinds of vane machines will be examined further 

(see Section 2.13). In the case of the use of equation (2.73) 

for processes of flow with friction, it is necessary to deter¬ 

mine the enthalpy according to the real state of the fluid. 

For incompressible fluids in the examination of processes 

of the flow with friction, one usually operates purely with 

mechanical and not thermal values. Even during flow with 

friction a change in temperature of the fluids is small. For 

an examination of flow with friction we use the energy equation 
recorded in the form 

/i .• . ± 
t? 2 e 1 2 “ (2.76) 

For Irrotational flow, equations (2.75) and (2.76) are valid 
for the entire flow. 

«th the removal of mechanical energy the equation of the 

conservation of energy will be recorded in the form 
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(2.77) /i : -y'-fj 

where L is the removea specific energy (specific work). With the 

feed of energy instead of L we will have HTWith the opposite sign. 

For the incompressible fluid equation (2.77) can be 

recorded thus: 

-j--f (2.78) 

Equations (2.77) and (2.78) are valid for the fixed 

coordinate system, i.e., for the absolute flow (flow in fixed 

elements of vane machines). 

Let us examine how equations (2.77) and (2.78) ere trans¬ 

formed for flow in the rotor, i.e., for the flow relative to the 

evenly rotating coordinates. 

For the steady relative motion of fluid, the equation of 

motion in the Euler form in projections toward the direction 

of movement of the particle will be recorded thus: 

l/f ■m 

(2.79) 

where ds is the element of the line flow (Fig. 2.39), Fg - the 

component of the mass forces in the direction of motion of the 

particle referred to a unit of mass. 

During relative motion the centrifugal forces of inertia 

refer to the mass forces - from the rotation of the coordinates 
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Pig. 2.39. Derivation of the 
energy equation. 

and due to the curvature of the flow line - and the Coriolis 

force of inertia [the effect of gravity (weight) and acceleration 

of the rocket to flow in the rotor are disregarded]. 

The component of the centrifugal force from rotation of the 

coordinates (see Pig. 2.39) will be equal to 

The projections of centrifugal force w2/R , which appears 
s 

as a result of the curvature of the flow line, and the Coriolis 

force Pk in the direction of the movement will be equal to zero, 

since these forces are perpendicular to the direction of the 

relative velocity, i.e., the direction of the movement. Then 

Substituting the value Fr, into equation (2.79), we obtain 

— _ jl 
Q tit lit (2.80) 

having multiplied equation (2.80) by us and changing signs, 

we obtain 

(2.81) 
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Integrating equation (2.81) for the calculated cross sections 

1-1 and 2-2, we obtain for the compressible fluid 

i t ¿ 

for the incompressible fluid 

2 2 # * 

or 

* f * r • 

In such a form the energy equation (not allowing for losses) 

can be applied for the stream of the fluid flowing in the rotating 

rotor, i.e., for the stream of fluid in the field of inertial 

forces of the rotary motion. 

Taking into account the hydraulic losses, equation (2.82) 

will be recorded thus: 

t 

for the incompressible fluid 

Pi-P\ _ L 

(2.82) 

(2.83) 

(2.84) 
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Equation (2.89) is recorded for the compressor vane machine. 

For the Inward-flow turbine It will be recorded In the form 

(2.90) 

Let us show the physical meaning of each term In equations 

(2.89) and (2.90), and let us Introduce some new concepts In the 

example of the equation written for the radial compressor machine. 

An increase In the kinetic energy of the fluid In absolute 

motion will comprise the dynamic head of the rotor 

(2.91) 

Let us use the energy equation of relative motion (2.85) 

to the flow of the compressible fluid through the rotor: 

where Cíâ Is an increase in the potential energy. 

} • 

We will call this value the static head of the rotor 

-f (2.92) 

for the incompressible fluid 

(2.93) 
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Let. us note that the losses decrease only the static 

head without changing the dynamic head. 

In comparing expressions (2.89), (2.91) and (2.92), we con¬ 

clude that 

\H(1 + L-r (2.9*0 

Let us analyse expression (2.92) for the static head In 

more detail. Term (w^-w?)/2 Is the change in kinetic energy 

of the fluid In relative motion and shows that a pressure 

Increase can be achieved by the stagnation of flow in relative- 

motion. 

o 2 
The term (u)j-Uj)/2 is the portion of work of the rotor 

spent for the displacement of the mass of fluid from smaller 

radii to larger in the field of inertial forces of rotary 

motion. This work Is quantitatively half of the work produced 

by the Coriolis force of inertia [see formulas (2.59) and (2.60)], 

and it is connected with an increase in the potential energy in 

the moving fluid from the region of low pressure at smaller 

radii into the high-pressure region at larger radii. 

For a radial wheel with straight vanes (see Fig. 2.35), when 

Wj * , equation (2.89) will be recorded in the form 

In this case c„ = and 2 m 1m 
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In this case, as «íes shown earlier [see formula (2.6l)], 

the theoretical pressure 

Half of the theoretical pressure consists of an increase in the 

kinetic energy and half - a theoretical increase in the potential 

energy. 

On the basis of the above, the work of the rotor connected 

with the Coriolis forces of inertia can be understood as the 

work spent for the displacement of the particles of fluid to 

larger radii, for a larger energy level (potential energy) - 

the second term of the right side of equation (2.95), and to 

an increase in the kinetic energy as a result of the increase 

in the velocity of following - the first term of the right side 

of the equation (2.95). 

For the axial pump expressions (2.89) and (2.93) are 

simplified : 

/# (2.96) • a ' j 

1,4- <3-9T> 

For the turbine (centripetal) the change In the potential 

energy L with passage of the rotor will be equal to the 

change in kinetic energy In re.ative motion, to the work returned 

to the rotor in the moving of the fluid from larger radii (greater 

pressures) to smaller radii (less pressures), and to the work 

spent for the overcoming of the resisting forces: 
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■*-■1 
(2.98) ¿o’ K, «M|* f 

•Î-Î 
5 ' 

For the axial-í’low turbine 

£4|«b _ (2.99) 

Let us designate the third term of the right side of equation 

(2.90) 

then 

4 £.,„ - £c#^. (2.100) 

Equations (2.94) and (2.100) visually show which form of 

energy of the fluid is changed in work of the rotor of the 

vane machine. 

2.9. FUNDAMENTAL RELATIONS OBTAINED 
FROM THE ONE-DIMENSIONAL (STREAM) THEORY 
OF CHANNEL FLOW OP THE ROTOR OF VANE 
MACHINES 

Let us Introduce the concept about the kinematic degree 

of reaction of the rotor of the vane machine. The kinematic 

degree of reaction of the rotor determines the type of vane 

machine and makes it possible to evaluate its basic properties 

without carrying out a detailed calculation. 
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Let us define the kinematic degree of the reaction of the 

rotor as the ratio of a theoretically possible change in the 

potential energy when L'conp * 0 to the total variation in 

{) " I, 

energy of 1 kg of mass of fluid passing through the rotor. 

For the rotor of the pump which operates on incompressible 

fluid, the expression for the degree of reaction will be recorded 

thus : 

", (2.101) 

For the turbine rotor the expression for the degree of 

reaction will be recorded thus: 

The kinematic degree of reaction is ,he very characteristic 

parameter of the vane machine. Let us analyze the connection 

of the operation of the rotor of the vane machine and degree of 

reaction in more deteil. 

We will assume that for the pump and compressor the value 

of the twist at the inlet clu = 0, i.e., that they have a radial 

inlet, and for turbine, on the contrary, let us assume the value 
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of the twist at the outlet c2u - 0, i.e., we will consider that 

it has a radial outlet (minimum losses with the outlet velocity). 

In this case the pressure or specific work on the circumference 

of the rotor will be expressed by one term in the appropriate 

Euler equations (2.31) and (2.30): Ht - c?uu2 (pump and 

compressor) or Lu * ciuui (turbine). 

In presenting the material in this section, we will examine 

the ideal vane machine without losses, i.e., we will assume that 

(2.103) 

The angle of incidence everywhere in this section will be taken 

as equal to zero. Furthermore, we will assume that there is an 

equality of the meridian velocities at the inlet and outlet: 

clm " c2m * cm (whlch ls frequently held in practice). 

The expression for the kinematic degree of reaction of the 

rotor with the adopted assumptions can be presented (for the 

pump and compressor) in the form of 

V» , and//,„ 
J 

Let us write c2 as the sum: 

since it is accepted that c, 
lu 

0. 
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Taking into account these relations we obtain 

(2.10H) 

The expression for the static head takes this form: 

(2.105) 

and the expression for the degree of reaction 

(2.106) 

Similar expressions can be obtained for the structural be¬ 

havior and degree of reaction of the turbine rotor. 

(2.107) 

The twist of the flow, which determines the value of the 

transmitted or obtained specific work, will be designated cu> 

understanding by this for the turbine clu - cu, and for the 

pump c2 = cu. 

Tn accordance with this let us write: 

(2.108) 

and 
(2.109) 
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where u is the circular velocity at the outlet from the rotor - 

for the pump, or the circular velocity at the inlet into the 

rotor - for the turbine; for generality we will write u without 

the corresponding subscripts. 

As before, by value Ht we will understand as the energy 

transmitted by the rotor to the mass of fluid per 1 kg, and 

by Lu - the work returned to the rotor with a mass of the 

fluid equal to 1 kg. 

Subsequently, for the pump and turbine we will write 

(2.110) 

Let us call ratio cu/u - cu the relative twist. Let us 

introduce the concept about the coefficient of theoretical 

pressure (for the pump) or the coefficient of circular work (for 

the turbine). 

For the pump the coefficient of theoretical pressure if the 

ratio of theoretical pressure to the square of the circular 

velocity : 

(2.111) 

For the turbine, correspondingly, the coefficient of the 

circular work is the ratio of the circular work to the square 

of the circular velocity; 

(2.112) 
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For the pump without twist at the inlet the coefficient of 

theoretical pressure is equal to the relative twist [see 

equation (2.31)J: 

Tt,(2.113) 
« 

For the turbine without tw'.st at the outlet the coefficient 

of circular work [see equation (2.30)] is also equal to the 

relative twist: 

** ( 2.11M ) 
» 

Let us examine equation (2.110) in general form for any 

vane machine. 

1) *»2; 7?, 

in this case cu ■ 2u; 

^ill* 2**. 

Consequently, for the purely active vane machine the energy 

conversion occurs only by means of a change in the kinetic 

energy of the working medium. 

The velocity triangles for this case in the example of axial 

machines are shown, respectively, for the pump and turbine on 

Figs. 2.^0a and 2.4la. The relative velocities at the outlet 

from the rotor and at the inlet into the rotor are equal to 

each other. For the pump the angle of the inlet into the rotor 

is equal to arctg cm/u and the angle of the outlet from the rotor 

is equal to l30° - arctg cm/u (for the turbine - vice versa). 



Fig. 2.40. Velocity triangles and pro¬ 
files of vanes of an axial pump. 

'if f.-t 

Fig. 2.41. Velocity triangles and profiles of 
vanes of an axial-flow turbine. 



The profile of the vane is symmetrical. 

0.* ÎÎ- ^ i; 7/,=ï.**!; 

in this case cu » u; 

//,=-/, - a*. 

The velocity triangles for the pump and turbines which 

correspond to this case are plotted on Fig. 2.lJ0b and 2.lJlb. 

Relative velocities of the outlet from the wheel of the pump 

and at the inlet into the turbine wheel have an angle of in¬ 

clination equal to the angle of inclination of the vanes, 

ß * 90°. The angle at the inlet Into the pump and at the tur¬ 

bine outlet is equal to arctg cm/u. The shape of the vane is 

unsymmetric. 

3) 0,-1 When r,mmSL.wmO, since r, as0 and/1 oo; 

in this case 

//«i»O; 

//,-/...0. 

The velocity triangles for the pump and turbines which 

correspond to this case are plotted on Fig. 2.^0c and 2.4lc by 
solid lines. 

With passage through the rotor the flow does not change its 

direction and velocity. The flow angle 0 * arctg c /u. The 
m 

profile of the vane takes the form of a plate. 
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Prof iles In the form of a plate are applied l.i pumps and 

tartines, but at the positive angle of Incidence for the pump 

(the angle of the vane is more than the flow angle) and negative 

for the turbine (the angle of the vanes is less than the flow 

angle). In tills case will be less than unity. The profiles 

which correspond to the degrees of reaction close to unity are 

widely applied (cn Fig. 2.i40c and 2.iJlc they are shown by a 

dashed line); there by a dashed line the velocity triangles, inlet 

for the pump and inlet for the turbine, which correspond to 

conditions 1 > > 1/2,are plotted. 

The profiles of vanes for the pump and for the turbine 

are similar to each other but are oriented differently. The 

same profile in principle can operate under conditions of the 

compressor (pump) and under conditions of the turbine, but 

in this case different guide devices are necessary, and the 

direction of rotation relative to the camber will be the reverse 

(compare Figs. 2.hQ and 2.4l). Generally speaking, the shape 

of the leading edges should also be different, but there are 

specially designed hydraulic machines which can operate both in 

turbine and pump conditions (the so-called reversible units). 

If along the axis of the abscissa we plot the value of the 

relative twist cu , along the axis of the ordinates we plot 

conditionally upward the relative pressures H, l.e., the 

pressures referred to u2 (all values referred to u2 are noted 

from above by a line), including the coefficient of theoretical 

pressure of the compressor vane machine Ht , and along the axis 

of ordinates downward we plot the relative work L transmitted 

to the turbine rotor (including the coefficient of circular 

work Lu), then we will obtain the graphs given on Fig. 2.42. 
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ill pup ....... »u «uk. 

Fig. 2.42. Dependence of the 
coefficients of pressure and 
work on the relative twist of 
the flow, the degree of re¬ 
action and the angle of the 
vanes. 

Let us note apain that 1IT (for clu * 0) and Lu (for c2u ■ 0) 

are nothing else than the relative twist cu. We plot along the 

axis of the abscissa also the degree of reaction, and in 

accordance with the velocity triangles given on Figs. 2.40 and 

2.41 we plot the angles of the vanes - for the pump the outlet 

and for the turbine - the inlet. 

From an examination of the graphs given on Fig. 2.42 

(clu ^or PumP anc* c2u *'or turl;)^ne ai>e equal to zero), it 
is possible to make the following conclusions: 

1) the more the relative twist is in absolute value, the 

less the degree of reaction; 

2) the smaller degrees of reaction end larger relative 

twists correspond to the larger values and larger coefficients 

of theoretical pressure and circular work; 

3) the maximum value of the static head or change in the 

potential energy takes place when « 0.5 and at the slope 
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angle of the vanes of 90° (for the compressor machine - at 

the outlet and for the turbine - at the Inlet); 

*0 the camber of the vanes Increases with a decrease in the 

degree of reaction (see Figs. 2.40 and 2.41) ; 

Cj) wltl1 the negative degrees In reaction (p < 0) with an 

Increase In the angle up to values greater than (180° - arctg c /u), * 

the coefficient of theoretical pressure (work) of the vane 

machine will increase, but In this case In the Impeller channels 

of the compressor (pump) the pressure will drop and In channels 

of the turbine - Increase, which Is undesirable; 

6) with the degrees of reaction more than unity (p >1) 

the vane machines (when clu = 0 for the pump and c2u « 0 for the 

turbine) those functions for which they were intended cannot 

be fulfilled, i.e., the compressor will operate only under 

the conditions of the turbine, i.e., accomplish work because 

of the energy of the fluid, and the turbine will operate under 

conditions of the compressor, i.e., increase the energy of the 

fluid because of external mechanical energy. 

Figures 2.43 and 2.44 give velocity triangles for rotors 

of radial vane machines - respectively, for the centrifugal 

pump and the inward-flow turbine - for different degrees of 

reaction (pk « 0; 1/2 and 1). Plotted in these figures are the 

diagrammatic representations of profiles of vanes of radial 

vane machines. From these representations it is possible to 

Judge the profile of the vane for any value of the degree of 
reaction. 

In Figs. 2.43c and 2,44c plotted by 

diagrammatic representations of profiles 
a dashed line are 

and velocity triangles 
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~U}¡ mi> P*"4 

Fig. 2.43. Velocity triangles and 
diagrammatic representations of 
profiles of vanes of a centrifugal 
pump (c j u ■ 0 ). 

for 1 > p > 1/2. It Is evident that for the pump when p <0.5 

the vane Is bent back In the direction of the rotation, and when 

0 > 0.5 - opposite the direction of rotation (for the turbine - 
H 

vice versa). 

Everything said above is correct when clu * 0 (for the pump) 

and c2u * 0 (for the turbine). If for the pump c^ P 0 (respec¬ 

tively, for the turbine c2u t 0), then the relationships of 
pressures and degrees of reaction will be different. 
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Fig. ?.44. Velocity triangles and 
diagrammatic representation of pro¬ 
files of vanes of an inward-flow tur¬ 
bine (e2u = 0). 

Plotted on Fig. 2.4? by a dashed line are lines H and L 
T U 

for the cases of twist opposite to the direction of the rotation 

and of twist in the direction of the rotation (at the inlet - for 
the pump and at the outlet - for the turbine). 

The twist opposite to the direction of rotation (c, < 0 - 
lu 

lor the pump and < 0 - for the turbine) increases the energy 



transmitted to the fluid or tapped near it. The twist in the 

direction of rotation decreases the work of the vane machine 

(see Pig. 2.^2). The lines which correspond to the coefficients 

of theoretical pressure (work) are displaced by the value 

Vlu or, correspondingly, the value û?c2u. Here u^ ■ Oj/Ug and 

* uo/nl' means of "twisting" to the side opposite to 

the direction of rotation, it is possible to obtain pressure from 

the pump with the degree of reaction p * 1 (in this case 
H 

c2u “ ciu) and even w!ien P„ > 1* 

According to the value of relative twist cu or the degree 

of reaction connected with it, taking into account the nature of 

the curves given on Fig. 2.^2, it is possible to select the type 

of vane machine depending on its purpose and evaluate its 

properties in the most general form. 

So, if a vane machine with a high value of the operating 

factor is necessary, with a high specific power (the power per 

unit of consumption of the working medium) with the limited 

value u,,, then one should use the vane machine with a high £ _ 
relative twist cu, i.e., an active vane machine. The high 

efficiency of such a machine is difficult to obtain, since 

values of velocities of the flowing of the working medium in it 

(at an assigned circular velocity) will be high. On the other 

hand, a high value of efficiency should be expected from a machine 

with low relative twist, but the work of the stage in this case 

will be small, and therefore such machines are most frequently 

made multistage. 

Prom an examination of the passage of 

on Pig. 2.-42, It is possible to make other 

for example, at the compressor outlet only 

the curves given 

conclusions. If, 

kinetic energy 
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of the flow (for example, of a blower) Is necessary, then It Is 

advantageous to use vane machines of low reaction. If at the 

outlet basically potential energy (high pressures and low speeds) 

la necessary, then one should prefer the reactive vane machines 
(pumps for fluid). 

When selecting the type of vane machine, one proceeds from 

a large number of design, economic and operating requirements. 

Only examples of the general approach to the selection of the 

type of the vane machine on the basis of Its properties expressed 

in general form were mentioned here. Considerations of strength 

frequently play decisive rcle. For radial machines on the basis 

of conditions of strength, It frequently proves to be advisable 

to use the rotor with radial vanes (pumps for the pumping of 

liquid hydrogen, the superchargers, Inward-flow turbines) - ß 
* ^ 
for the turbine and 8,, fox1 the pump * 90°, 

Subsequently, when we analyze the requirements for pumps 

and turbines of the LPRE, we will discuss in more detail the 

selection of their parameters connected with the coefficient of 

theoretical pressure (work) or the degree of reaction. 



2.10. ELEMENTS OF THE TWO-DIMENSIONAL 
THEORY OF FLOW IN AIRFOIL CASCADES 

2.10.1. METHODS OF SOLVING PROBLEMS 
OF THE TWO-DIMENSIONAL THEORY OF 
FLOW IN AIRFOIL CASCADES 

The direct problem of the two-dimensional theory consists in 

determining the velocity field of the fluid vx ■ vx(x» y)» 
V ■ V (x, y) for the assigned airfoil cascade. The case of the 

«/ «X 

potential, i.e., irrotational flow is of special interest. 

Irrotational flow is the flow the particles of which do not rotate 

about its axis. The importance of the case of irrotational flow is 

determined by the fact that with the flowing around by flow of air¬ 

foil and fixed circular cascades, the rotation of the particles is 

practically absent almost in the entire flow, with the exception 

of regions of a small extent, where a sharp change in the velocity 

value occurs and where, consequently, the angular velocity of 

rotation of the liquid particles ß is significant. 

In the flow around the blades such regions are the boundary 

layer on the body, the wake behind edges of the blades, and the 

shock wave. In the boundary layer the velocity is changed from 

zero on the surface of the body to considerable velocity on the 

boundary layer*. Particles rotating in the boundary layer enter 

into the wake behind the body. Found in the wake are vortices 

which are formed as a result of the separation and contraction of 

the boundary layer. 

With nondetached flow of the body, thicknesses of the boundary 

layer and wake appear small as compared to dimensions of the body. 

In the first approximation they can be excluded from the examination, 

and the examination of the streamline flow of the body by a real 

fluid can be replaced by an examination of the Irrotational flow 

by an ideal (nonviscoua) fluid. The regularities obtainable here 

are close to the real ones. 
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In the case of a rotating circular cascade, the problem is 

complicated by the fact that the flew in relative motion Is 

vortical and rotational; in absolute motion the flow is considered 

to be irrotationai. All the transformations are conducted according 

to the ratio to absolute motion, and the effect of the pump rotation 

is considered as the introduction of the flow of constant vorticity 
(-tü) . 

As Is known from hydrodynamics, the condition of the potentiality 
of the flow is written in the form 

i \ Ox if 

or 

(P.115) 

It is known that if condition (2.115) is satisfied, then there 

is such a function qp » <p(x, y) by which it is possible to express 

vx and Vy in the following form: 

•'“Tí5 
,J± 

The function qp is called the velocity potential. The intro¬ 

duction of the velocity potential q> facilitates the problem of the 

definition of vx and vy with irrotational flow, since instead of two 

unknowns (vx and vy) It is possible to operate with one unknown 
function qp. 

Ihe equation of continuity for two-dimensional flow is written 
in the form 

j-f -he medium is incompressible or if the compressibility of 

the medium can be disregarded (M < 0.3-0.M, then equation of 

continuity will be written in the form 

Ox 
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or 

Then instead of variables vx and vy it is possible to use the 

function ^ * <Hx, y)» called the stream function, with which and 

V are connected in the following manner; 
y 

àx ' 

If the flow is the potential and incompressible, then for determining 

V and V it is possible to use the function 9 and function >|<. 
X y 

X 

Pig. 2.1*5. Flow lines 
■ const) and lines 

of equal potential 
(<p ■ const). 

Figure 2.1*5 depicts lines 9 ■ const 

and 1J1 ■ const. The property of these 

lines consists in the fact that the flow 

velocity v is normal to line b const 

and is tangent to the line ■ const. 

Line 9 ■ const is called the line of equal 

potential, and line ÿ * const - the flow 

line. The change in the function 9 along 

the normal to the line of equal potential 

determines the velocity: 

ÍL 
in 

—r. 

It is possible to show that the velocity potential qp and the 

stream function v are harmonic functions. This makes it possible 

to present them in the form of the sum of harmonic functions. 

- 

In other words, the solution of the complex flow can be 

presented as the sum of solutions of simple flows on which the 

complex flow is decomposed. Such simple flows, called "character¬ 

istics'’ are three flows: parallel flow, flow from the point source 

(or to the point flow) and the flow around the vortex (Fig. 2.46). 
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Pig. 2.46. System of characteristics: 
a) plane-parallel flow; b) flow from 
a point source; c) flow toward a point 
flow; d) flow around the vortex. 

For each of these simple flows the expressions of the velocity 

potential and the stream function ip are known. In the solution 

to the problem of the flow of the vanes, the vane is replaced by 

such a system of features which satisfies the boundary conditions: 

the flow lines adjacent to the surface of the vane coincide with 

the contour of the vane, and the point of descent of fluid from 

the vane coincides with the trailing edge of the vane (condition 

of nonseparated flow). 

Then the solution to the problem will be found by means of 

the summation of the flow encountering the vanes and the flow 

created by the system of features replacing the vane. This method 

is called «-he method of characteristics. The method of character¬ 

istics makes it possible to solve the problem for the flow of a 

vane of any form. The difficulty consists in the determination of 

the intensity of the system of characteristics, in which the 

boundary conditions are satisfied. The conducting of a number of 
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the successive approximations, which Increase the volume of the 

calculations Is necessary. At the present time this difficulty is 

overcome by the use of a computer. 

Subsequently, we will use source [60], in which on the basis 

of the method of characteristics the problem of the angles of lag 

of the flow from the direction of the vanes for a circular cascade, 

taking into account the variable height of the channel is solved. 

Another method of calculation of the streamline flow is the 

method of conformal transformations, in which the detailed theory 

of the complex variable functions is used. The problem of the flow 

of the simple figure - circumference, is solved. The solution by 

the method of conformal transformations is transferred to the 

streamline flow of the vane of assigned form. The complexity of 

the method consists in the selection of the complex function which 

would reflect the contour of the vane into the circumference. 

At the present time this problem is solved for some special 

cases. For example, mapping functions for the airfoil cascade 

composed of linear segments and for the circular cascade with vanes 

which are cross sections of the logarithmic spiral are found. In 

the presence of a mapping function the solution of the problem is 

facilitated by use of a computer. 

The method of characteristics and the method of the conformal 

transformations can be used and for cascades of variable width, 

and the compressibility of the medium can also be taken into 

account. 

There are the approximate, so-called "channel" methods of 

calculation (see source [01]) of the streamline flow of the vanes. 

In the vane channel of the airfoil and fixed circular cascade 

approximate lines of equal potential are constructed; in the 

rotating circular cascade approximately constructed are lines 

normal to the flow lines in relative motion and are assigned by the 

velocity distribution law along these lines. 
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ihe channel method makes It possible to consider the compress¬ 

ibility effect of the medium at high subsonic speeds of flow. Having 

determined the velocity field v ■ v(xt y) from the solution of the 

problem of the streamline flow of the cascade vanes, it Is possible 

to find the pressure field p - p(x, y). In this case the energy 

equation for an ideal fluid is used. 

2.10.2. VELOCITY FIELDS AND PRESSURE 
FIELDS WITH THE STREAMLINE FLOW OF 
VANE CASCADES 

A detailed study on methods of the solution of problems of 

two-dimensional flow in cascades goes beyond the limits of the 

present course. This question Is analyzed in detail in a number 

of the books (see, for example, sources [20] and [61]). In the 

present section let us examine the patterns of flow in vane cascades 

obtained as a result of a solution by means of the two-dimensional 

theory of problems of the determination of the velocity field with 

the streamline flow of specific cascades. Let us simultaneously 

describe a number of experimental results on the measurement of 

velocity and pressure fields in vane cascades. 

2.10.2.1. Flow in an Airfoil Vane Cascade 

Source [2] gives results of the calculation by the method of 

conformal mappings of potential streamline flow of the compressor 

cascade the profile of the vane which is given on Fig. 2.47a. Tne 

cascade had a relative pitch of t/b - 1 and an angle of incidence 

of the profiles of x * **5°. The graph of the velocity distribution 

over the development of the contour of the profile for the different 

angles of incidence is given on Fig. 2.47b. The streamlime flow 

with positive angles of incidence (which correspond to inleakage 

to the concave side of the profile) was examined. In the stream¬ 

line flow with the zero angle of incidence, the velocity quite 

sharply Increases from a zero value at the tip of the branching 

off (critical point) up to a maximum value on the back of the 

profile and somewhat smaller value on the concave side. Then the 
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velocity ir, smoothly decreased toward the trailing edge in view of 

the diffusivity of the cascade. With an increase in the angle of 

Incidence the flow pattern is changed. The critical tip is somewhat 

displaced to the side of the trough. Near it along the back a 

sharp peak of velocity is formed. The flow is accelerated with 

the streamline flow of the leading edge of a profile. Then the 

velocity is sharply decreased. This rapid decrease in the velocity 

corresponds to the positive pressure gradient, and the boundary- 

layer separation (for such cascades when i >_ 8-10°) can be observed. 

Prior to the appearance of separation the velocity distribution, 

obtained theoretically, agrees well with the experimental data, 

with the exception of the trailing edge, where a wake is formed. 

b) 

Fig. 2.47. Distribution of dimension¬ 
less velocity w along the profile of 
the compressor (pumping) axial cascade 
at different angles of incidences: 
1 - 1 * 0°; 2 - i - 10°j 3 - -i » 20°. 

Figure 2.^8 gives the profile of the active turbine operating 

cascade TR-1A and the velocity distribution along the development 

of the contour1 of the profile (see source [6l]), obtained by the 

calculated method (channel method of Samoylovlch-Sherstyuk) - lines 

and experimentally - points. The angle of the Inlet of flow 
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* 21°, and the relative cascade spacing t » 0.585; \ ■ 0.76. 
m W2 
The velocity near the vane ba'1' considerably exceeds the velocity 

of the face. On the vane back near the trailing edge, the 

calculation indicates the existei ce of a small diffuser section 

(according to x-esults of experiments sue. « section is absent). 

tilín ij U it 9 1 S J I Í t 19 It 19 
Numbers of points 

Pig. 2.48. Distribution of the 
reduced velocity \ along the 
profile TR-1A of the turbine 
active axial cascade. 

On Fig. 2.49 for the same profile experimental diagrams of 

the distribution of pressure on the contour of the profile at 

different inlet angles of the flow and at different M numbers are 
w2 

given (see source [2]). At the small angle of the inlet (ßj^ ■ 18°) 

in the inlet section of the back there appears a diffuser flow, 

and at large angles of the inlet near the whole back a convergent 

flow appears. The region of minimum pressure is located near the 

txailing edge. The pressure of the face considerably exceeds 

the pressure of the back. The velocity everywhere remains subsonic 

and barely affects the nature of the pressure distribution. It is 

noticeable only that the region of minimum pressure with a velocity 

increase is moved toward the trailing edge. 
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Pig. 2.49. Distribution of the dimension¬ 
less pressure p on the profile TR-1A of 
the turbine axial cascade; a) at different 
How angles j b) at different numbers 

M (8, » 18°). 
W2 

Figure 2.50a (see source [24]) gives diagrams of the pressure 

distributions on the profile of the reactive cascade. A change in 

the pressure bears a smoother nature than that of the active 

cascade. The circular projections of forces of pressure r.. the 

profile determine the value of the circumferential force. A 

pressure differential on both turbine profiles is created basically 

due to the presence of rarefaction on the back. 
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Pig. 2.50. Distribution of 
dimensionless pressure p on the 
profile of a turbine reactive axial 
cascade (a) at different flow angles 
a0, and the dependence of the loss 

factor in the reactive cascade (b) 
on the flow angle an (b/t ■ 1.35; 
M - 0.5). 0 

2.10.2.2. Plow in a Circular 
Revolving Cascade 

The flow in rotating circular cascades has a more complex 

nature, since the flow along vane channel occurs in the field of 

inertial forces. Let us find the velocity distribution law in the 

cross section of the vane channel for the rotating circular cascade 

■ °)* Let us isolate in the vane channel the elementary 

fluid volume with the mass dm ■ pbdnds , where b is the width of the 

channel in a direction perpendicular to the plane of the drawing 

(Pig. 2.51). 
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Fig. if.51. Determination of the 
change In velocity over the width 
of the vane channel of the wheel of 
the radial vane machine. 

Let us examine the equilibrium of the elementary fluid volume 

In the direction of the normal to the flow line In relative motion 

(see source [5¾]). Acting on the chosen element are the following 

forces, which have components in the direction of the normal: 

the surface forces (pressure) the total component of which is 

equal to 
« (p + dp)bds - pbds * dpbds; 

the component of the centrifugal force of Inertia which appears 

in view of the presence of the centripetal acceleration due to 

the rotation of the wheel 

p 
dmu> r cos 6; 

the centrifugal force of Inertia which appears in view of the 

presence of centripetal acceleration due to the curvature of 

the flow line 2 

dm r* 
s 

the Coriolis force of inertia 

dmPwu). 
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The sum of all these forces Is equal to zero: 

2 w2 
-dpbds + dmw r cos $ ♦ dm jp - dm2ww *-• 0. (2.116) 

Having divided and multiplied the first term of the left side 

of the equation by pdn, having reduced all terms by dm » pdsdnb, 

and having replaced cos 6 ■ dr/dn, we obtain 

<2.117) 

Assuming the energy of the streams on the pitch to be constant, 

which is correct for the absolute potential, although nonstationary, 

motion (see source [38]), from equation (2.81) we obtain the 

following relation: 

rfw M 4# . «4lrWf 
as afs ' as (2.118) 

In accordance with expression (2.117) this relation is 

transformed thus: 

as äT 
(2.119) 

Let us conduct the integration of equation (2.119), having 

considered that the radii of curvature of all the streams are 

equal to radius of the vane (R. • R„): 
8/1 

m 9 

.1 J-Ä, — m J 
•« • 

(2.120) 

w 

We assume that on the center line of the channel (n ■ 0) 

wcp* integrating equation (2.120), we obtain 

2 >#4 ■“ Vf, 
at. 
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—n/R 
With the expansion of e ^ in aeries 

e 

if we are limited to two first terms (since n/R^ << 1), then after 

conversions we obtain 

(2.121) 

From equation (2.121) it follows that a change in the velocity 

across the channel is subordinate to the linear law. The high 

velocity appears near the rear (nonoperative) side of the vane, 

and the lower velocity - near the leading (operative) side. Using 

equations (2.81) and (2.121), it is possible to find the theoretical 

pressure distribution in the vane channel. 

Let us show an example of radial vane that the difference 

in the velocities, expressed by the second term of the right side 

of equation (2.121), determines the transfer by the wheel of the 

moment equal to moment from Coriolis forces. 

Front wall D*-* r\ V» t.t «*»"11 

Fig. 2.52. Theoretical velocity 
distribution over the width of 
the vane channel of the wheel of 
the radial vane machine. 



Figure 2.52 shows diagrams of the relative velocity which 

correspond to the circular cascade with radial vanes. The velocity 

in the nonoperative side is called w and in the operative side, w . 
X y 

From formula (2.121) it fellows that 

wx " wcp + 2wl “ wcp + uti (2.122) 

Wy " wcp " 2wl " wcp ■ ut- (2.123) 

On radius r a pressure differential on the vane will be found 

from equation (2.81): 

• ft* 

or taking into account expressions (2.122) and (2.123), 

Ap ■ p2wtw . 
cp 

(2.124) 

The moment from the pressure differential is found from the 

relation r2 

M - -JrApbzfldr. (2.125) 

rl 

By substituting expression (2.124) into (2.125), we obtain 

r2 
M - -J 2wptw bzflrdr. (2.126) 

rl 

mass 

By replacing in equation (2.126) ptw bz 
cp /1 

flow rate Q. we obtain 
r2 

M • -20(0 J rdr. 

in terms of the 

(2.127) 

Integrating (2.127), we obtain expression (2.53), i.e., the 

moment M is the moment of the Coriolis forces transferred from the 

wheel of the fluid. The specific energy transmitted by the wheel, 

in accordance with this moment, will be determined by the previously 

derived formula (2.61). 
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Fig. 2.53. Real velocity 
distribution over the vane 
channel of the wheel of radial 
vane machine . 

Figure 2.53 (see source [52]) shows the velocity distribution 

in the wheel of the centrifugal compressor at different radii. 

The velocity distribution, which corresponds to the calculated 

scheme of flow, takes place at the input radii and in the middle 

of the channel; on the output radii the real pattern of flow greatly 

differs from that calculated. 

Approximately the same velocity distribution was observed in 

the wheel of the pump (see source [52]). Deviation from the design 

scheme of the flow is connected with the lag of flow from the 

direction of the vanes as a result of the inertia of the fluid and 

the presence of forces of viscosity (separation zones and secondary 

flows ). 

2.1C.3. DEFLECTING PROPERTIES OF 
VANE CASCADES 

At the outlet from the cascade the fluid flow can have a 

direction different from the direction of the tangent to the camber 

line of the profile due to two basic reasons. 

The first reason is the development of inertia of the fluid, 

and the second is connected with the effect of the boundary-layer 

thickness, the presence of separation zones etc., i.e., with the 
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effect of viscous forces in the streamline flow of the cascade. 

The action of the inertial and viscous forces is developed together, 

but it is systematically more convenient to examine their effect on 

the cascade flow separately. A deviation in the flow from the 

direction of the cascade as a result of the inertia of the flow 

would be developed in the flow of an ideal fluid. 

2.10.3.1. The Effect cf the Inertia 
of Fluid on the Deflecting Properties 
of Cascades 

Any cascade comprised of profiles with angles ß2/) j ßin (and 
with inleakage with the angle of attack not equal to zero, and when 

ß2n “ Sln)» changes the direction of the flow. In this case the 

flow, as a result of its inertia, attempts to keep the initial 

direction, as a result of which the flow passing through the cascade 

is turned at a smaller angle than the angle of curvature of the 

profile. 

In a straight cascade (axial machine) for the observer, who 

moves together with the fluid flow, a deflection in the flow would 

be explained by the fact that the centrifugal forces of inertia, 

which appear as a result of the curvature of the profile, near 

the outlet from the cascade deflect the flow in the direction from 

the center of the curvature. At the outlet from the cascade the 

pressure on both sides of the profile is equalized and the surplus 

pressure from the concave side near the end of the profile no longer 

counterbalances the centrifugal force of inertia. A deflection in 

the flow from the assigned geometric direction of flow at the outlet 

fror, the cascade will take place for any cascade - fixed and rotating, 

straight and circular. The more the cascade density, the less the 

direction of flow will be distinguished from the direction given 

by the cascade. The more widely spaced the cascade (the less its 

solidity), the greater the effect this phenomenon will have. 
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Fig. C.5í<. Diagram of the deflection 
of flow by a fixed circular cascade (a) 
and an airfoil (straight) cascade (b). 

Figure 2.5^ shows a diagram of the change in angles at the 

inlet into straight and circular cascades of constant width and 

at the outlet from them [circular cascade (see Fig. 2.5½) can be 

conformally mapped (with the retention of the angles) into an 

airfoil cascade (see Fig. 2.51*b)]. If the outlet angles of the 

camber line of the profile are greater than the inlet angles (see 

Fig. 2.5^b, profile B), then the flow will emerge at a smaller 

angle than the angle 82/i (6 - 82n - ß2 > 0). If the outlet angles 

are less than the inlet (see Fig. 2.5^, profile C), then the flow 

will emerge with a larger angle than angle ß2ji (6 < 0). At an 

invariable angle of the profile the flow is not deflected (6 » 0) 

(see Fig. 2.54b, profile A). 

In the rotating circular cascades, the deviation in the flow 

is also affected by the Coriolis forces of inertia. Therefore, 

the effect of the final number of vanes quite greatly affects the 

work of the radial compressor machines. 

Let us examine briefly the physical phenomena explaining the 

additional deviation in the flow from the direction of the vanes 

in centrifugal pumps and compressors. 
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vane (A) and energy difference of the 
pressure in wheel and at the inlet into 
the wheel of the pump (B): w « 70 1/s. 

The pressure differential on the Impeller vane of the 

centrifugal pump is connected with the streamline flow of the vane 

in relative motion and with the presence of Coriolis forces of 

inertia. In the outlet section of the wheel from both sides of 

the outlet edges of the vane the pressure is equalized. An 

experiment confirms this (see Fig. 2.55» where data on the energy 

difference of pressure on the front and rear walls of impeller 

vanes of the centrifugal pump were given). 

Such a pressure distribution along the vane means that in the 

outlet part of the vane channel the Coriolis force of inertia FH 

is not counterbalanced by the forces of pressure and moves the 

fluid in a circular direction to the side opposite to the direction 

of rotation, changing the direction of the flow (see Figs. 2.56 

and 2.57, where represented schematically are the forces acting on 

the particle of fluid and the basic kinematic relationships for 

the wheel with bent-back blades). Due to the pressure balance near 

the ends of the blades the fluid is "undertwisted." In practice 

this denotes that the flow "slips," i.e., it seemingly obtains a 

circular component in a direction opposite to the direction of 

rotation and emerges at an angle different from the angle of the 

blades (see Fig. 2.57). 
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Fig. 2.56. Forces 
which act on a 
particle of fluid 
in the vane channel 
and at the outlet 
from the centrifugal 
pump. 

Fig. 2.57. Velocity 
triangles at the 
outlet from the wheel 
taking into account 
and not taking into 
account the effect 
of the finite number 
of blades. 

An increase in the energy of the fluid as a result of the 

iffeet on the flow of the wheel of the vane machine, which 

lorresponds to the mechanical energy actually taken from the wheel, 

Ls found from the Euler equation, into which there should be 

substituted the real value c2u: 

H c2uu2 - CluV (2.128) 

Let us designate the theoretical pressure which corresponds 

to the circular velocity component calculated from the scheme 

z ■ «, H : 

H • u- - c, u.. (2.129 
T® 2u® 2 lu 1 
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The value H Is the pressure which theoretically could be 

transmitted to the fluid If the scheme of flow z » 00 would be 

realized. For centrifugal pumps the distinction of H from H 
T T00 

is great (sometimes It is 3(M0*). 
» 

Let us Introduce the concept about the coefficient considering 

the distinction In values of H and H : 
T T'* 

(2.130) 

The relationships of Ht and H is most greatly affected by 

the number of the blades. Therefore, this coefficient is called 

the coefficient considering the finite number of blades. 

e... In the radial inward-flow 

turbines, which have outlet 

from the wheel in the form of 

a cylindrical surface of radius 

r^ (Fig. 2.58), the flow by 

virtue of its inertia also 

differs from the direction of 

the blades. Because of the 

pressure balance at the ends 

of the blades, the Coriolis 

force of inertia is not counter¬ 

balanced by the forces of 

pressure and deflects flow, 

whereupon this deflection will 

occur in the direction of 

rotation. The flow in the 

Fig. 2.58. Forces acting on 
a particle of fluid In the 
vane channel and at the outlet 
from the wheel of the inward- 
flow turbine. 

wheel of an inward-flow turbine is "undertwisted." Just as it 

usually is in the case of a centrifugal compressor machine, this 

circumstance will decrease the work which is evident from the 

velocity triangles (see Fig. 2.58, on which for clarity the 

magnitude of deflection is excessive): 
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In turbines the number of blades is usually greater than that 

■in compre . ors and pumps, and therefore in turbines a deviation in 

the flow from the direction of the blades is insignificant. In 

inward-flow turbines with an axial outlet the effect of the inertia 

of fluid does not directly affect the deviation in the flow at the 

outlet, but, can influence the redistribution of velocities on the 

radius. The latter fact is confirmed by experiments (see source 

In the rotating circular cascades the angle of deflection of 

the flow, connected with the tendency to maintain the direction, 

and the ant le of deflection of flow caused by rotation (effect of 

Coriolis forces), can be added and subtracted from each other. 

Thus, l'or Instance, for the centrifugal machine at angles of 

inleakage less than the outlet angles of the blades (diffuser 

cascade), the angles of deflection of the flow are totaled 

(6 3 ß^n - Bln > 0, see Pig. 2.5^8, profile B). At angles of 

inleakage greater than the outlet angles of the blades (convergent 

cascade), the deviation in the flow connected with the tendency 

to maintain the direction can exceed the deviation caused by the 

rotation, and 6 < 0 can take place (see Pig. 2.5i*a, profile C). 

In this H. e the real value c^,, will be more than c- , and H 

can be move than H œ (see source [593; see also Section 3.1.1.3). 
T w 

2.10.3.2. '/iscosity Effect on Deflecting 
Properties of Cascades 

i’ho direction of the rate of flow of the boundary layer of 

a profile Incides with the direction of the tangent to the profile. 

But the it .symmetry of the boundary-layer development in the vane 

channel ads to a deflection in the flow. The direction of the 

flow vo lo -ity will be deflected to the side of surface with a 

smaller value of the boundary-layer thickness. For example, the 

flow at the outlet from the diffuser cascade deviates to the side 

of the e n ove surface of the blade as a result of an increase in 

the boundary-layer thickness, its swelling and separation on the 
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blade back. In dense cascades this phenomenon can have a greater 

effect than the undertwist of the flow as a result of the limited 

denseness. The separation zones lead to an increase in the 

relative velocity and, in turn, to a deviation in c2u from the 
calculated value. 

Tne deviation of the actual dii'ection of the outlet velocity 

from the cascade from the calculated direction can also be connected 

with a number of other factors, for example, as will be subsequently 

shown, with the deviation of the flow in an oblique section of the 

turbine cascades at supercritical differentials. A distinction in 

theoretical pressure or theoretical specific work of the vane 

machine i rorn the calculated theoretical pressure (work) can take 

place also as a result of the fact that in the design scheme 

(specifically, when z = <*) flows with a uniform velocity distribution 

are examined, whereas in actuality the flows of the vane channels 

have an uneven distribution of velocities (see Fig. 2.53). 

Subsequently, in presenting the material in concrete forms of 

vane machines formulas for calculating the finite number of blades 
will be given. 

2.11. CALCULATION OF THE THREE-DIMENS TONAL 
NATURE OF FLOW IN THE CALCULATION OF VANE 
MACHINES 

ror the calculation of machines with the blades of large extent 
a^ong the normal to the stream surface, it is necessary to know 

the change in parameters of the fluid in the clearances in front 

of the blades and behind the blades. In the twisted flows which 

flow in the space limited by the surfaces of rotation (walls of 

the housing, fairing«, jacket, etc.), the inertial forces which 

appear with bending by the flow of the contours of the housing 

are counterbalanced by forces of pressure, and, therefore, the 

pressure and other parameters of gas along the normal to the flow 
will be nonuniform. 
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Calculation of the three-dimensional spatial flow of fluid 

presents great difficulties. Therefore, it is necessary to re; art 

to simplifying representations. Thus, for instance, it is considered 

advisable thus to design the stage of a vane machine in order that 

the flow lines of fluid will form stream surfaces close to the 

surfaces of rotation; in this case it is possible to expect a 

decrease in the losses and, moreover, the calculation of the 

machine is simplified, since it is possible to use results of 

wind-tunnel tests of airfoil cascades more reliably. 

An experiment shows that velocities along the normal do not 

exceed 5-6* of the meridian velocity. Consequently, in calculating 

the parameters in the boundary cross sections of the vane ring 

(at the inlet and outlet), one considers a change in the parameters 

characteristic for the state of equilibrium of the fluid in the 

direction of the normal to the stream surface, i.e., one imposer 

the requirement of the absences of deflection of the stream 

surfaces from the surfaces of rotation: 

cn « 0 (cr ■ 0). 

The work of the wheel of the vane machine is determined by the 

schemes of velocities at the inlet and outlet. The velocity 

triangles for the vane machine will be completely assigned for all 

cross sections along the normal (for the axial machine - on the 

radius), if the law of the change along the normal of the circular 

components clu(n) and c2u(n), meridian components clm(n) and c2m(n) 

and circular velocity u(n), i.e., a total of five variables are 

assigned. Consequently, kinematics of the flow at the inlet into 

the stage and at the outlet from it for each cross section along 

the normal will be described by five equations. 

The equilibrium conditions, recorded for cross sections of the 

flow at the inlet into the rotor and at the outlet from it, are 

two equations of five necessary for the full assignment of the flow 
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at the inlet into the machine and at the outlet from it. The third 

equation will be the law of the change in circular velocity along 
the radius: 

u ■ wr. 

It is advantageous to assign by the fourth equation the 

energy distribution along the normal to the stream surface (according 

to height or width of the blade). Frequently the obtaining of 

constant work (pressure) according to the blade height is attained. 

In this case in all cross sections of the blade along the normal 

identical energy will be fed or removed, which will eliminate the 

interaction of the streams on oach other, which can lead to added 

losses. The fifth equation, generally speaking, can be arbitrary; 

it will determine finally the form of the stage of the vane machine. 

In practice a change in parameters of the fluid along the normal 

are considered with sufficiently high blades: D /h < 5-8 
cp /1 

Let us discuss the derivation of the balance equation. Let 

us examine the equilibrium of the elementary volume of fluid in 

the noninertial coordinate system, i.e., in the coordinate system 
connected with this volume. 

Acting on the fluid volume in the clearance of the vane 

machine (Fig. 2.59), which possesses a circular velocity component 

Gu and a meridlan velocity cm, are the centrifugal forces of inertia 

and a pressure difference. The angular velocity of the rotation 

of the coordinate system is equal to cu/r. 

The expression for the centrifugal force of inertia, which 

acts on the volume element in the rotating coordinate system will 
be recorded thus: 2 

pc^dfdn 

where df is the area of element in the plane tangent to the flow 
line. 
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\ 
Pig. 2.59. Derivation 
of the balance equation. 

Due to the presence of the curvature of the flow lines, acting 

on the particle of fluid in the clearance in the coordinate system, 

which moves together with the particle, will also be the centrilugal 

force Nr: 

The total force component of pressure along the normal will 

be equal to 

Pn * (p + dp)df - pdf * dpdf. 

Since we examined the volume element which does not move 

relative to the coordinate system, the Coriolis force of inertia 

is equal to zero. 

In the mobile coordinate system the particle is In equilibrium, 

and the sum of the projections of forces on the direction of the 

normal n-n is equal to zero: 

N cos Y - NR - Pn * 0, 
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or in the expanded form 

2 
pc‘dfdn 

. dpdf + —2-- r 

finally we obtain 

cos y - P (2.131) 

Equation (2.131) is called the balance equation along the 

normal. 

For an axial machine, assuming y “ 0 and R » », l.e., 

disregarding the streamline curvature in the meridian plane, we 

obtain 

(2.132) 

From the equation of the conaervation of energy for an 

incompressible fluid (2.78) (if we disregard the heat supply and 

the change in energy of the position and consider the losses in 

all the streams to be identical) it follows that 

it- 
(2.133) 

where i is the subscript which designates the cross section of 

the blade. 

By comparing expressions (2.131) and (2.133), we obtain 

When Lj(n) ■ const or » 0 

(2.135) 

For the axial machines 

(2.136) 
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Replacing in expression (2.135) by (cu + cm)» we obtain 

íííi)tîî. -[ 2-~-Cfwv“5i -**- -0, ■ ./— * m * A ,ln ’ Jn ' r R 

or for the axial machine, where cni = c^, since dn » dr, 

(2.137) 

ii^i l-ililldL ; *v]_0i 
dr r* I *r I 

we finally obtain 

•'(Q , J. •'KiaOa. 
dr dr 

(2.138) 

This equation establishes the dependence of the circulai- 

and axial velocity comporents on the radius in clearances of the 

axial vane machine. 

When dLA t J equation (2.13^) correspondingly will be recorded 
in the form M _ . 

dL. 

#• *i -2 dr (2.139) 

The calculation of the change in parameters along the normal 

to the stream surface is produced mainly in axial machines, since 

in axial machines (specifically, in precombustion-chamber turbines 

of liquid-propellant rocket engines) the blades are relatively 

long: D, /h » 5-8. Moreover, in diagonal machines the pressure 
cp n 

increase caused by presence of c^ is partially counterbalanced by 

the pressure Increase due to the curvature of the flow lines in 

the meridian cross section (see Pig. 2.59)« 

For a purely radial machine R = », y » 90° (direction of the 

normal is parallel to the leading edge of the rotor), and therefore 

equations (2.134) and (2.133) take the following form: 

üîîl: 
dH 

Al 
dH 

•¿AÍL ; 
dH 

>0. 

(2.140) 

(2.141) 
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Consequently, pressures at the Inlet Into the radial wheel 

and at the outlet from it with the accepted assumptions will be 

constant along the width of the blade. 

Let us examine the basic procedures of the radial profiling 

of axial machines. 

2.11.1. THE PROPILINO OP THE BLADES 
OP AXIAL PUMPS ALONG THE RADIUS 

The stage of the axial pump is a combination of the elementary 

stages located on different radii. Operating conditions of these 

elementary stages are considerably different. 

Conditions of radial equilibrium, which are advantageously 

maintained at the inlet into the operating cascade and at the 

outlet from it in order to avoid losses connected with the radial 

leakage, will give two equations for determining the kinematics 

of flow in the stage. In accordance with formulas (2.138) and 

(2.139), these equations for the axial pump will be recorded thus: 

-Ä+iiJMS-O, (2.142) 

-í£tl+i.íJiada_,í2u.. (2.143) 

The law of the change in circular velocity in radius u ■ wr 
is the third equation. The fourth and fifth conditions additiunally 

being formulated determine finally the form of the stage. In the 

absence of a guide device at the inlet into the axial rotor 

(clu * °)» which is typical for axial pumps of liquid-propellant 

rocket engines, four equations are completely sufficient in order 

to determine the form of the stage. Let us examine the specific 

laws of profiling of cascades of the stage of axial pumps. 
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2.11.1.1. Stage with Constant Circulation 

Assuming that at the Inlet Into the rotor and at the outlet 

from It the potential (irrotational) flow takes place, we obtain 

the fifth condition: 

(2.1^¾) r - c r - const, u 

consequently, ciur “ const and C2ur * const* 

The presence of Irrotational flow at the inlet into the rotor 

and at the outlet from it means that the energy feed on the radius 

is constant [i.e., Hr ^(r) ■ const]: 

(2.1H5) Ft ^r) - w(c2ur* - clur) " const. 

Sometimes such stages are called stages with a free vortex, 

since the irrotational flow around the vortex is described by 

equation (2.1^5), which expresses the constancy of circulation 

around the vortex. 

Prom equations of radial equilibrium (2.1^12) and (2.143), It 

follows that when clur « const we have clz¡(r) ■ const, and when 
c^r ■ const we have Cpz(r) * const, since Ht j(r) » const. 

Thus, in the ideal case the stage of the axial pump with the 

constancy of circulation is characterized by the uniformity of the 

axial velocities. In the absence of twist at the inlet (clu « 0) 

[see equation (2.132)] the inlet pressure along the radius will 

also be uniform. 

Figure 2.60 shows a change in the pressure and circular 

velocity components of the fluid along the radius for the stage 

with constant circulation and axial inlet. At the outlet from 

blades of the rotor wheel the pressure along the radius, in 

accordance with equation (2.131), la increased. Integration of 

equation (2.131) gives 
(2.146) 
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If the stator, which stands behind the rotor, completely 

deflects the flow In an axial direction, then the pressure behind 

It will be uniform (see p^ on Pig. 2.60). 

Fig. 2.60. The change 
in the pressure and 
circular velocity 
components of flow along 
the radius In the stage 
of the axial pump with 
constant circulation 
(cyr “ const ). 

The degree of the reaction of the stage with constant circula¬ 

tion will be variable along the radius. la general when oiu t 0 

the expression for the degree of reaction will be recorded In the 

form [it can be derived slmllar-to formula (2.106)] 

(2.W) 

By multiplying the numerator and denominator of the second 

term of the right side of formula (2.14/) by r, we obtain 

Consequently, for this stage (rc^u and rc2U accordlng to the 
condition are constant) we obtain 

* 1-W' (2.148) 

i.e., the larger the radius, the more the degree of reaction. 

The coefficient of theoretical pressure (theoretical pressure 

referred to the square of the current circular velocity) is also 

changed along the radius. For this stage Ht jCr) ■ const, and 

therefore, 
— • (2.149) 

l.e., the coefficient of theoretical pressure Is changed Inversely 

proportional to the square of the radius. 

...-... 
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The velocity triangles for different cross sections are 

different (Fig. 2.61). Parameters in the mean section are 

indicated by the subscript "cp," in the peripheral cross section 

"n," and in the hub - "bt." 

Fig. 2.61. Velocity triangles 
and cross sections of blades at 
different radii of the stage of 
the axial pump (cur ■ const). 

A change in the angle can be established from the velocity 

triangles : 

ÍÜ-- 

When clz(r) ■ const (clu « 0) 

or rtiiPi-coiini. (2.150) 

At the zero angle of incidence r tg ■ const. This 

relation means that the leading edge of the blades of the stage 

should be twisted along the spiral surface (as is known, the 

equation of the spiral surface r tg ßj( « const). But the entire 

surface of the blade of the stage, made according to the law 

our ■ const, does not coincide with the spiral surface. Let us 

find the dependence of the outlet angle of the blade from the radiu 

(disregarding the deflection of flow from the direction of the blade) 
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After* the elementary conversions, assuming c ?z 
c„ 2z cp 

= conn , 

we btuin 

iff 
;j con*!’ n - conn* 

Tne smaller the radius, the larger ß ,fl» 1•e•» the more the 

profile will bend (see Pig. ?.6l), and the larger the setting 

angle. 

The major advantage of the stage with constant circulation is 

in the low hydraulic losses, l.e., in the high efficiency and the 

constancy of pressure on the radius. The high efficiency and 

constancy of pressure on the radius make it possible to utilize such 

stages as the pressure stages of multistage axial pumps. Such 

pumps, according to conditions of strength, should be made with 

short blades. 

In this case ci * d /D will be 0.5-0.7. 
B T B T Up 

A shortcoming of stages with constant circulation is the fact 

that at the assigned circular velocity the pressure quality of 

the stage la low, since the coefficients of theoretical pressure 

of the peripheral cross sections are low. 

In the case of long blades the abrupt change in setting angles 

and the degree of reaction on the radius Is also a shortcoming In 

these stages. In the root cross sections the degree of reaction 

can take negative values, which leads to reduction in the efficiency. 

« 
if 
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2.11.1.2. Stage with the Constant 
Coefficient of Theoretical 
Pressure on the Radius 

For the constancy of the coefficient of 

when clu * 0, the twist at the outlet should 

the radius (fourth necessary equation): 

c. 
H 
T 1 

’ 2u 
u 

«* const, 

theoretical pressure 

be proportional to 

or 

const. (2.151) 

In this case the entire mass of the fluid at the outlet from 

the rotor is rotated around the axis of the rotor with the law of 

the distribution of circular velocity components as near the rotating 

solid. The stage with the constant coefficient of theoretical 

pressure is called also the stage with a change in the twist on the 

radius "according to the law of the solid," or "according to the 

law of the forced vortex." In this case the pressure of the 

elementary stage will be increased in proportion to the square 

of the radius: 
Ht A - const*r , (2.152) 

°r 
Ht j ■ const*u . 

The pressure is rapidly Increased towards the periphery. 

The integration of equation (2.132) gives the dependence 

F: (O - r.tj- 

I! 
(2.153) 

The comparison of formulas (2..HJ6) and (2.153) makes it possible 

to draw the conclusion about the different nature of the change in 

pressure for two laws of radial profiling - cur * const and 

cu/r ■ const. 
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Having assumed tuat r we will obtain that the pressure 

with the law cur - const approaches a finite value (see Pig. 2.60) 

and with law cu/r - const - to a infinite value. 

When clu - 0 and clz(r) ■ const the profiling of the leading 
edge of the rotor blade of the axial pump does not depend on the 

form of the stage and should be made according to a spiral surface 

r tg - const, since the input velocity triangles (see Pig. 2.61) 

in this case are identical for all forms of the stages. 

A change in the setting angle of the profile on the radius 

with profiling according to the law cu/r - const is less than that 

with profiling according to the law cur ■ const. 

With the profiling of the blades according to the law 

Ht i - const the kinematic degree of reaction will be constant 

on the radius: 

ph " 1 “ "IS - 1 “ r ■ const. (2.15^) 

2.11.1.3. Other Forms of Stages 
of Axial Pumps 

It is possible to uso other forms of axial wheels with the 

law of profiling different from cur ■ const or cu/r ■ const. 

In general the law of profiling can be recorded in the form 

curm - const, (2.155) 

where m is changed from +1 to -1. 

It is obvious that m ■ 1 corresponds to law cur ■ const, and 
m ■ -l corresponds to the law cu/r ■ const. 
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The rotors profiled according to the law cu = const (m ■ 0) 

are called semivortical. It is obvious that the theoretical 

pressure in this case is changed in proportion to the radius: 

H . = c- u s const*r. 
T 1 ¿U 

(2.156) 

The coefficient of theoretical pressure H’t for such a wheel 

will be decreased with an increase In the radius: 

const 
H 
T i 

(2.157) 

In pumps of liquid-propellant rocket engines the 

axial vane wheel made on a spiral surface is widespread; such a 

wheel is called a spiral-screw wheel. 

2.11.1.4. Spiral-Screw Axial Stage 

Figure 2.62 gives the main notations for the cascade of the 

spiral-screw wheel of constant pitch. The pitch, i.e., the axial 

displacement of helical line on the length of the full circumference 

is designated by the letter s. The angle of the blade and the 

pitch are connected by the relation tg ■ s/ttD. The length of 

the plate which forms the blade is designated by the symbol b^, 

and the distance between the corresponding points on the circum¬ 

ference - the cascade pitch - 1n denoted by the letter t: 

t » r- (2.158) 

where z is the number of the blades. 

Two- or three-entry screw conveyors (two or three blades) are 

commonly used. Figure 2.62 shows the cascade of a two-entry screw 

conveyor, i.e., spiral-screw wheel with two blades. The width of 

the vane channel is designated by the letter a: 

a “ (t - o) sin (2.159) 
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where 0 

o - the thickness of the blade in the plane of rotation; 

6 - the normal thickness of the blade. 

Pig. 2.62. The cascade and velocity 
triangles of a spiral-screw wheel of 
constant pitch. 

The development of the cylindrical cross section of the screw 

conveyor of constant pitch is the cascade of direct plates. 

Therefore, the deflection in the flow by such a cascade (see 

Section 2.9) will be observed only at positive angles of incidences 

(®/i > ®1^‘ srcatpr the angle of incidence, the greater the 

pressure of the screw conveyor (Pig. 2.63). 

Fig. 2.63. Experimental 
dependence of pressure 
of a screw conveyor on 
the incidence. 

!• (f*P 0,,) 
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Pig. 2.64, Development: oí’ a cylindi'ical 
cross section and velocity triangles of 
a screw conveyor of variable pitch. 

If the angle of the blades is increased from tne inlet to the 

outlet (in this cylindrical cross section), then such a wheel will 

be called a screw conveyor of variable pit^h. The blade of such a 

screw conveyor will be the spiral surface of variable pitch. The 

development of the cylindrical cross sectior of the screw conveyor 

of variable pitch is represented on Pig. 2.64. 

Even in the absence of twist at the inlet into a screw 

conveyor (the most typical case when using a screw conveyor as a 

preliminary pump of the liquid-propellant rocket engine) the angle 

of attack is changed on the radius. Let us show this: 

since 

_i_Î1L 
ik/««K1¾; ,.-,Ä. l-'~, r* 

I + IK ft 'U i«,. • 
2.1-/0 

(2.160) 

IK ; le ?, ^ c-h- :=. fit- . 
2.V o *>r 

The smaller the r, 

(r) ■ const, constant 

the larger t he 

on the radiu;., 

angle of attack, 

is the relation 

tg ws 

When 

(2.161) 

f 

il 



The velocity c2z is variable on the radius (Pig. 2.65), but 

the mean-flow velocity at the inlet and outlet are identical: 

const along the length). 'lz '2z c (when d 
Z BT 

“2t* 2u 

Pig. 2.65. Experimental 
dependences c2u, c2z and 

Hct on the radius R for 

the screw conveyor. 

From the velocity triangle (Pig. 2.66) it follows that 

CS0 • u ** * £. (2.162) 

where czQ is the axial velocity at the zero angle of incidence, 

i.e., with zero theoretical pressure (the effect of the thickness 

of the blade in the outlets of the given section will be disregarded). 

Pig. 2.66. Velocity 
triangles for the 
screw conveyor. 
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When i * 0 the theoretical pressure H = 0, since c 2u 0; 

cz0 obviously corresponds to the maximum flow rate for this 

screw conveyor; is the flow rate at which the flow enters into 

the blade with a zero angle of attack (H^ = 0). 

Taking into account equation (2.162), the relation (2.161) is 

recorded thus: 

6i « !s_ 
tg ß c A' zO 

Let us designate this ratio by the letter q, and we will call 

it the flow parameter: 

¥ •«>, •* ’ 0, 
2.ii, 

(2.163) 

When s ■ const, q(r) « const. 

For the screw conveyor of variable pitch, q will be recorded 

in the form 

¥ •* >8^4 « K s' Ou «*î (2.16^) 

where cz0 and Qq correspond to the zero pressure of the screw 

conveyor of variable pitch (Ht ■ O). 

The theoretical pressure in this cross section of the screw 

conveyor is found from the Euler equation (when ciu * 0): 

Ht i * c2ulV (2.165) 

Figure 2.65 shows the experimental dependences c2u, c^„ and 

H _ on the radius. 
CT 

Since in all the cross sections an increase In energy is 

different, the theoretical pressure of the stage will be defined 

as the average pressure integral according to the flow: 
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(2.166) 
2.1 f r,rutH,¿r 

*mrn 

where 1 Is the sign of any intermediate cross section between d 

and Dn (Pig. 2.67). BT 

Pig. 2.67. Spiral- 
screw wheel (screw 
conveyor). 

In an experimental study [47] Ht ^ and 

Ht for an individual screw-type pump were 

determined from equations (2.165) and (2.166) 
on the basis of the velocity fields c2zi 

and c2ui ro**8ur«<1 experimentally. The 

diameter at which Ht ^ was equal to Ht was 

taken as the calculated. The calculated 

diameter was larger than the mean quadratic 

and arithmetic mean: 

"""—I— (2.167) 

(see Fig. 2.67). This is explained by the nature of dependence Ht ^ 

on r and by the fact that at the outlet near the hub the zone of T 

countercurrents was observed. Por the screw conveyor, being used 

as a stage of the screw-centrifugal pump, in view of the effect of 

the centrifugal wheel on the zone of return currents, the value of 

the calculated diameter is less than that for the screw-type pump, 

and it can be taken as the arithmetic mean: 

D ♦ d 
DP " Dcp * "T • (2.168) 

For this diameter we will construct velocity triangles, 

examining the Joint operation of the »crew conveyor and centrifugal 

wheel. The theoretical pressure of the screw conveyor H will be 

expressed by the flow parameter q and the circular velocity on the 

calculated diameter by up (assuming c^ p ■ 02Z p): 



Pig. 2.67a. Calculated 
dependences of the 
coefficient of pressure 
on the radius for three 
axial wheels when 
3 , • 0.25 and 

tg e2/i « 0.3: 1 - spiral 

screw wheel; 2 - wheel 
with cur * const; 3 - 

wheel with cu/r * const. 

Plgure 2.67a gives graphs of the change in the coefficient of 

pressure depending on a radius fcr three axial wheels: spiral- 

screw wheel, the wheel designed according to the law cur * const, 

and the wheel designed according to the law c^/r ■ const. A 

comparison Is conducted with the same coefficient of pressure on 

the periphery. 

In relation to the provision for ncneavitation work of the 

centrifugal wheel, the wheel designed according to the law 

cu/r ■ const and the spiral-screw wheel used as preliminary pumps 

have a favorable passage of the depet de.. H ■ f(r), since the 

dimensionless static head is changed little on the cross section. 

1er the wheel with cur ■ const the stati.. head in the hub sharply 
falls, owing to which a cavitation zone at the outlet from the 

wheel can appear. The spiral-screw wheel has a technological 

advantage over other wheels in view of the simplicity of geometric 

form of the blades (spiral surface). Therefore, as a preliminary 

pump of pumps of the liquld-propellnd rocket engines usually used 

ir a spiral-screw wheel as that which provides the favorable 

distribution of parameters on the cross section and which is simpl 

to manufacture, although hydraulic losses : these wheels are 

considerable. 



2.11.2.1. Stage with Constant Circulation 

The profiles of turbine blades when D/hfl < 7-8 are flowed 

around under substantially different conditions.” Such blades (let 

us call them conditionally "long") can be found In turbine* of 

liquid-propellant rocket engines with the gas feed into the 

combustion chamber (in precombustlon-chanber turbines). The flow 

at the outlet from the nossle box has a large circular velocity 
component - twist. 

With a constant pressure along the radius at the inlet into 

the nozzle cascade the pressure at the outlet will increase toward 

the periphery. This will mean that the degree of pressure drop In 

the nossle box will be changed along 

the radius (Pig. 2.68). With long 

blades, moreover, the circular velocity 

is noticeably changed. With the 

profiling of the blades at different 

radii all this should be taken into 

consideration (see source [57]). 

Pig. 2.68. Change in 
the pressure and 
velocity along the 
radius in the axial 
clearance of the stage 
of an axial-flow 
turbine. 

Let us examine the work of the 

stage In which there should be fulfilled 

the condition of constancy of the 

circulation of velocity over height at 

the inlet Into the rotor blades and at 

the outlet from them: 

clur " const} 

c2ur * const. 

(2.1-0) 

(2.171) 
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These conditions are the f nirth and fifth equations determining 

the kinematics of flow in the stage. Prom conditions (2.170) and 

(2.171) there ensues the condition of the constancy of work on the 

radius (Lu * const): 

<o(clur 
c2ur>' 

Prom equation (2.138) it follows that with * const 

clz(r) » const. 

Thus, in the stage of the axial-flow turbine with constant 

circulation, Just as in the stage of the axial pump, the flow has 

a constant axial velocity c^z along the x’adlus. 

Prom equation (2.139) it follows that with * const and 

Lu - const the axial component of the velocity at the outlet 

from the blades will be constant: 

c2z^ * con3t’ 

Let us recall that all the relations of this section were 

obtained for an incompressible fluid. Let us say that a density 

change along the radius leads to the appearance of a radial 

component and a certain disturbance of the uniformity of flow. 

Fig. 2.69. Velocity triangles of 
the stage of the turbine profiled 
according to the law c^^r * const 

for two cross sections - peripheral 
(dashed line) and hub (solid line). 
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Figure ?.69 gives the velocity triangles for the peripheral 

and hub sections. From them it Is possible to judge a change in 

the angles of the blades with a change In the radius, assuming in 

the first approximation that the flow angles coincide with the 

angles of the blades. 

Figure 2.70 shows the change in the degree of reaction of the 

stage with clur • const, Lu • const over the height of the blade, 

and profiles of the blades of peripheral and hub cross sections 

are given. 

Fig. 2.70. Shapes 
of blades and a 
change In parameters 
along the radius for 
the stage of the tur¬ 
bine profiled according 
to the law Cj r ■ const. 

The advantage of the method of the design of the stage 

according to the law cur • const consists in the fact that in this 

case low hydraulic losses are provided (this Is explained by the 

uniformity of the axial velocities). The great change in angles 

of the blades and the possibility of the appearance of negative 

reaction in the root are shortcomings of this method of the design 

of the stage. 

2.11.2.2. Stage with Constant Angle Oj 

For preconbustion-chamber turbines of liquid-propellant 

rocket engines, it is advantageous to use stages whose angle o1 

is constant along the radius, i.e., the nossle blades are not • 
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twisted, and, consequently, they are simpler to produce. Thus, 

the law » const Is the fourth equation determining the velocity 

triangles of the state. Parameters at the outlet are assigned by 

the fifth equation. 

Equation (2.136) is converted into the following form: 

since cu « c^cos o^. 

«»‘«i -0. 

After the integration of this equation we obtain 

2 
cos a, 

clur - const. 

Fig. 2.71. Comparison of the 
change in parameters of stages of 
the turbine profiled according to 
laws clur * const and a^ir) ■ const 

(clashed line) (see source [21]). 

On Fig. 2.71 the comparative graphic representations, which 

show n change in parameters along the height of che blade for 
,2 

stages profiled according to laws clur « const and c^urCÛ': al * const 

, (r) ■ const]. 

With the method of profiling a^r) ■ const (see Fig. 2.71) 

considerable nonunlforrnity of the axial veiocitier occurs. 



Pig. 2.72. Dependence 
of the degree of 
reaction in the hub of 
the turbine on the 
relative height of the 
blades with a different 
degree of reaction on 
the mean diameter and 
different laws of 
profiling. 

Upon consideration of the losses, the angle of noszle blades 

should be increased toward the periphery (see source [6]). 

Figure 2.72 shows the dependence of the degree of reaction in 

tne hub on the relative height of the blades with a different decree 

of reaction on the mean diameter and different laws of profiling. 

According to data of experimental studies (for example, [41] 
and [56]) the use of blades profiled over height when D /h < 5-6 
leads to a noticeable gain in efficiency (up to 5-6*). CWhen ~ 

VN " 8“10 an increase in the efficiency will be insignificant. 

Stages designed according to different laws of profiling 

different from laws clur - const and a^r) - const can be used. 

In general turbine blades, just a. the blades of pumps, are designed 
on the basis of relation ‘2.155). 



rppr 1 WW.P"...............' 1 ... 

2.12. SIMILARITY OF BLADE MACHINES 

2.12.1. GENERAL INFORMATION 

In connection with the fact that some processes In vane 

machines do not yield to theoretical calculation, the experimental 

study of vane machines acquires special importance. During tests 

it is necessary to process experimental data in such a way that 

results of the study of the specific machine could be used with 

the calculation and design of other machines. Moreover, it is 

necessary to deal with tests of vane machines on rcdel working 

medii, in model conditions or with model tests of the vane machine 

of other dimensions. Primarily, this is caused for the followin' 

reasons: the impossibility of the use of a natural working medium 

as a result of its agressiveness and toxicity and the undesirability 

of the use of complex and expensive equipment in the testing of 

natural models of high power in natural conditions. The processing 

of experimental material, the selection of the model working medium, 

model conditions and dimensions of the model are carried out in 

accordance with laws of the theory of similar phenomena (see source 

[531). 

The similar phenomena are phenomena of an identical physical 

nature for which relations ‘of similar parameters characterizing 

these phenomena are identical at similar points and at similar 

moments cf time (the latter condition refers to the unsteady 

processes ). 

Phenomena of an Identical physical nature are understood as 

such phenomena which are described by the same system of equations 

and which can be characterized by the same physical parameters. 

Phenomena of a different physical nature can be mathematically 

described by systemic of equations of an Identical structure. In 

this case the similar phenomena or mathematical analogy are 

indicated. The method of analogy is also applied in the study of 
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processes in vane machines (see source [40]). Por example, the 

method of electrica* analogy Is used for the Investigating of the 

flow of blade profiles. 

The theory of similitude establishes that for similar phenomena 

the dimensionless complexes, called the similarity criteria, 

composed of parameters characterising this phenomenon (characteristic 

parameters;, are identical. In order that the phenomena are similar, 

a necessary and sufficient condition is the provision of equality 

of the so-called determining similarity criteria. In other words, 

with the equality of the characteristic criteria the phenomena 

will be similar, and the similar indeterminate criteria (operating 

factors, efficiency and so on) will be identical. Each indeterminate 

criterion can be expressed in the form of a function of the 

characteristic criteria. 

The characteristic criteria Include such criteria which include 

parameters entering into conditions of uniqueness, i.e., into 

conditions reducing the phenomenon to this specific case. Conditions 

of the uniqueness in a strict mathematical form can be obtained 

from the solution of the problem of existence and from the uniqueness 

of the solution of the system of equations describing this phenomenon. 

However it is not always possible to obtain this solution. Moreover, 

the very system of equations which describes the phenomenon is 

frequently unknown, and in the compilation of the criteria it is 

necessary to operate not with the system of equations but with the 

parameters characterising this phenomenon. Usually the conditions 

of uniqueness include boundary and initial conditions, geometric 

characteristics of the system, and numerical values of physical 

constants, i.e., those parameters whose values can be selected 

during the experiments. 

On the basis of the theory of similitude, let us find the 

similarity criteria for vane machines. The working medium of the 

pump is the fluid the compressibility of which can be disregarded. 

The working medium of the turbine is compressed gas. Therefore, 
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the parameters whlcr characterize processes in the pump and 

turbine will be different. In connection with this, let us examine 

the similarity criterion separately for the machine operati.-ç 

on incompressible flvid (for example, for a pump) and for the 

machine operating on "i compressible fluil (for example, for the 

turbine ). 

2.12.2. SIMILARITY OP PUMPS 

Let us examine the case when cavitation is absent or does not 

affect the pressure and power of the pump. Then the process in 

the pump and its effectiveness will be characterized by the 

following parameters: 

a) Oeometrlc Parameters of the Pump 

These parameters include all parameters determining the 

dimensions and design of the inlet, the wheel and the discharge 

device, Including the surface roughness and structural clearances. 

These parameters are divided into dimensional: DQX (diameter of 

the inlet ), , A, b, etc. - with the dimensionality in meters, 

and dimensionless : 6 (structural angles of elements), z (number 

cf impeller vanes, number of diffuser vanes, etc.). 

b) Hydrodynamic Parameters of the Pump 

2 2 
H - pump head In J/kg (or in mVs '); 

2 3 
N - pump power1 in W (or in m 'kg/s ); 

G - mass of the working medium passing through the pump per 

unit time, in kg/o; 

ui - frequency of rotation of the pump in s ; 

T - characteristic time interval in s. 

'in Section 2.12 the power and efficiency are understood as 
the Internal power and internal efficiency (see Section 2.15). 
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c) Parameters of the Working Medium 

■» 
o - density in kg/nr ; 

u - dynamic v.scoalty In N'e/m [or In kg/(m*8)]. 

Thus, all the characteristic parameters can be expressed by 

dimensional units: m, s, and kg. Let us take the three parameters 

according to the number of the basic dimensionality. These parameters 

should have an Independent dimensionality, i.e., such that the 

dimensionality cf each parameter could not be expressed In terms of 

the dimensionality cf the other two. As such parameters let us 

select parameters D2 (or any otner dimensional geometric parameter), 

u and p. 

The characteristic parameters as follows from the theory of 

similitude can be reduced to the dimensionless completes whose 

quantity will be less than the quantity of the parameters them¬ 

selves by the number of parameters with an independent dimensionality. 

In this case the n characteristic parameters give n - 3 dimensionless 

complexes. The dimensionless complexes are obtained as a result of 

the division of the characteristic parameters by the product 

D2«t*pY. Values of exponents a, 0 and y are determined from the 

condition of the dimensionality of the complex. 

From the geometric parameters we will obtain the following 

dimensionless complexes: Dtx/^2* ®* 8 1111(1 30 on* 

These complexes in their totality comprise the condition of the 

full geometric similarity of the pumps. The pumps which have 

identical values of the indicated complexes will be geometrically 

similar. 

The hydrodynamic parameters, Including parameters of the 

working medium, form the dimensionless complexes, which for 

geometrically similar pumps are the similarity criteria: 



1) Euler's criterion Eu ■ H H 

2) power criterion Ñ * —or the efficiency of the pump n; 
pw D 

3) flow criterion Q ■ 
o»D^ 

4) Reynold's criterion Re ' 

5) criterion of homochronism Ho » tu. 

For an example, let us give the derivation of Euler's criterion 

(dimensionless complex of pressure): 

h 2 2 

rr. 
ki 

m 

,Y 

3Ÿ 

in order that the dimensionless expression would be obtalneo, the 

following equations should be va"1 id: 

2 - a ♦ 3y » 0; -2 ♦ ß « 0; -y “ 0. 

Solving these equations, we obtain a - 2; ß * 2; consequently, 

the dimensionless complex 

H .. H -j—•£ » const -w 
aí, 

ÏÏ. 

For geometrically similar pumps the determinate criteria (see 

Section 2.12.1) are Q, Rt and Ho, and the indeterminate criteria 

are H and ¡1 (or n). The relation between the indeterminate and 

determinate criteria is recorded in the form 

H, Ñ (or n) * f(Q, Re, Ho). (2.172) 
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Th« ¿«terminate criterion Q 

for g«om«trloally similar pumps is 

th« criterion of kinematic similar¬ 

ity. The kinematics similarity of 

flows will take place when at sim¬ 

ilar points of the flows the veloc¬ 

ities will be proportional, and 

their vectors will have identical 

directions. For flows in the rotating channels this means the 

similarity of the velocity triangles (Fig. 2.73)« For such flows 

the condition of kinematic similarity will be recorded in the form 

. a_ . ü_ 
c w u * M n M 

where the subscript "mw means "model.” 

Let us show that the flow criterion $ is actually the criterion 

of the kinematic similarity of geometrically similar pumps. Let us 

examine the cross section in front of the inlet into the centrifueal 

pump in which the twist of the flow is absent, i.e., c1 * clm 

(right triangle of velocities). Understood by velocity ^ the 

average speed in the cross section. 

Let us express the flow Q in terms of the velocity cx * clm 

[see equation (2.3)]: 

Q ■ tD1b1e1. 

Fig. 2.73. Similar velocity 
triangles. 

Then it is possible to record that 

5 ■ } 
D, b 
mA ■■■■ i—l 

D„ D- u, «2 u2 1 

With the equality of criteria 9 of geometrically similar 

pumps (5 ■ 5), we obtain 

or 

This indicates the fulfillment of the conditions of kinematic 

similarity with the equality of the flow criteria Q. 



The criterion of homochronism Ho characterizes the similarity 

c * he passage of processes in time. Por steady processes the need 

f V riterion He disappears. Then equation (2.172) will be 

reu- "t.i !:; the form 

ff, ÍÍ (or n) ■ f(Q, Re), (2.173) 

The Reynold’s criterion Re, as is shown in hydrodynamics, 

characterizes the ratio of forces of inertia in fluid to the forces 

of viscosity. The equality of the Reynold's criterion R? of 

geeme. rically similar pumps determines their similarity in the 

relationship between the forces of inertia and forces of viscosity. 

At large values of the Re criterion the effect of the forces 

of viscosity on the flow weakens (in comparison with the Inertial 

forces). Usually at Re > 106 the Re criterion virtually does not 

affect the dimensionless complex of pressure (see source [55]), 

and at Re > 10 - the power criterion N and efficiency n, i.e., 

the region of self-similarity on Re approaches. For the region of 

self-similarity on the Re criterion expression (2.173) takes the 

form 

3, if (or n) » f(Q). (2.17*0 

With the geometric similarity of model and natural pumps ani 

with equal or self-similar values of the Reynold's criterion, 

parameters of the natural punr can be found from test data of the 

model pump, reduced to the cnterial form of (2.173) or (2.17^). 

For similar conditions Q * the flow through the natural 

pump will be expressed by the flow of the model pump in the 

following manner: 

0.175! 

where x is the coefficient of the ratio of linear dimensions of 

the nature and the model - the scale of modeling. 



In the similar conditions Q ■ Euler’s criterion Eu(îî), 

the power criterion ÎÎ and the efficiency n will be equal for the 

model and nature. Then in similar conditions the pressure, the 

power and the efficiency of the natural pump will be determined 

according to the formulas: 

" • ■■ k<k)'A 
n - v 

If it is necessary to design a pump with a flow Q and pressure 

H, geometrically similar to the model pump with parameters Q , H 

and then by means of equations (2.175)-(2.178) it is possible 

to find the necessary coefficient x ®nd the necessary frequency of 

the rotation u and determine the power and efficiency of the designed 

pump. 

In the study of pumps of the liquid-propellant rocket engines 

tests of models of natural pumps usually are not carried out. 

This is explained by the comparatively small dimensions of pumps 

of liquid-propellant rocket engines. However, tests on model 

fluids, most frequently in water are used extensively. In this 

case the conversion of parameters from the model fluid to the 

natural is also produced according to equations (2.175)-(2.178), 

in which it is assumed that x ■ 1. 

In testings of the pump on the same working medium in different 

conditions, the similarity of the renditions is maintained, as 

follows from the equation (2.175) when Q/w ■* const. Maintained in 

similar conditions will be the ratios 

H N 
• const; ■ const and n ■ const. 

u w3 

(2.176) 

(2.177) 

(2.178) 



Frequently In the producing of the reduced model of the 

natural pump. It Is not possible to Insure the geometric similarity 

over the surface roughness and structural clearances, for example, 

in the packings of the wheel. In this case the incomplete geometric 

similarity of the model and natures or the approximate modeling 

are Indicated. 

As was already mentioned, the complexes IT, N, Q, Re and He 
retain the properties of similarity criteria only for pumps 

geometrically similar. F' r pumps of complexes not geometrically 

similar IÎ, Ñ, Q, Re are used as dimensionless complexes and have 

the following names: H is the dimensionless pressure (or the 

coefficient of pressure), Ñ is the dimensionless power (or 

normalised power), 5 is the coefficient of flow and Re is Reynolds 

number. The dimensionless complexes H, Ñ, Q, and Re are widely 

used in the gen« alizatlon of these objects not similar geometrically. 

Their convenience consists in the fact that with the transition to 

there complexes the number of variables with which it is necessary 

to operate during the study is decreased. 
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2.12.3. POWER-SPEED COEFFICIENT 
OF THE PUMP 

Having divided Q1/2 by H3/\ having multiplied the obtained 

result by 23/^*193.3*), we will obtain the dimensionless complex, 

which establishes the relationship of the three basic parameters 

characterizing the work of the pump: 

«, ** IP*- HO,3 • (2.179) 

The complex n8 is called the power-speed coefficient of the 

pump. For geometrically similar pumps the complex ns is the 

dimensionless number. Having expressed the criterion iî by the 

criterion Q and Re [see elation 2.173]| it is possible to trans¬ 

form the expression (2.179) to the following form: 

The latter equation shows that in the case of the geometrically 

similar pumps having equal values or values self-similar on H of 

the criterion Re, the complex n8 is connected only with the flow 

criterion 5. And since the flow criterion Q determines the 

kinematic similarity, then for such pumps the power-speed coef¬ 

ficient will be the criterion of kinematic similarity, and it 

can be used instead of the criterion 5. For geometrically dis¬ 

similar pumps the complex Q loses the sense of the dimensionless 

number, and, consequently, the complex ns loses properties of the 

dimensionless number. 

The power-speed coefficinet n_ found wide application in the 

theory of pumps as a complex which connects the basic parameters 

'The dimensionless coefficient 193-3 is introduced in order that 
the numerical value n » calculated according to equation (2.179), 

would coincide with value ns calculated in the system of units kgf, 

m, s, r/min according to equation ns » 3.65nÆrjj-. 
H 

184 



of the pump - H, Q and u. It is used in the generalization of 

experimental data of geometrically dissimilar pumps - for the 

systematization of the standard calculated coefficients and 

geometric relationships of pumps. In particular, with the aid of 

the power-speed coefficient it is possible to characterize 

approximately the geometric form of the meridian section of the 

wheel of the pump (Fig. 2.7*0. According to data given In Fig. 

2.7*4, it is possible to Judge how the form of wheel is changed with 

an increase in n . With small n we have pumps of low power-speed 
s s 

factor - the meridian section of the channel of the wheel is 

narrow and long. With an increase In n_ the channel widens itself, 

the ratio b0/D2 increases, the diameters of the outlet and inlet 

are connected, ratio increases, and the wheel is gradually 

converted from a radial into a diagonal and then into an axial 

type of wheel. 

b e/'t c t ■;v^n 
Tu tu V 

*t*rc»(2' 
(i;-.vi iat; -»J ■ « * • V « • • * 

.I ' • J M Í *<♦ 
iá « 

JM 

h 
■ «»I ♦ «•** 

tj • r*3 • JJI 

ù‘ 

II 

f¡* *0,1 0.9 

FJ 
ns-tfO}rtM 

Fig. 2.7*4. Approximate form of the meridian 
section of wheels of centrifugal pumps with 
the different values of the power-speed coef¬ 
ficient (see source [91). 
KEY: (1) Centrifugal pumps; (2) Low-speed 
v.heel; (3) Normal wheel; (*0 High-speed wheel; 
(5) Wheel of mixed-flow pump; (ó) Wheel of 
axial pump. 



However, there is no unique relationship between the geometric 

relationships of the wheel (Dq/^, etc*) and the power-speed 

coefficient of the pump n . The geometric relationships are 
0 

affected by other parameters of the pump, which are selected when 

designing independently of value nB (see source [39]). Thus, 

for instance, to provide for high anticavitation properties of 

the pump, it is necessary to increase the diameter of the inlet 

into the wheel Dq and width of the wheel b^. And this at the same 

value ng leads to an increase in the ratio DQ/D9 and 

In pumps of liquid-propellant rocket engines the selection of 

parameters which affect the geometric relationships of the wheel 

and the calculated coefficients is produced in a wider range than 

in pumps of general mechanical engineering. Thus, the angle of 

the outlet from the wheel of the pump of liquid-propellant rocket 

engines is changed from 25° to 90°, and in wheels of pumps of the 

general mechanical engineering - from 20° to 30°. As a result of 

this in pumps of liquid-propellant rocket engines the power-speed 

coefficient ns only very approximately characterizes the geometric 

relationships of the wheel and determines the calculated coef¬ 

ficients. In pumps of general mechanical engineering and the 

dependence between the geometric relationships and the calculated 

coefficients can be stricter. 

Let us note that for the multistage pumps the power-speed 

coefficient na is calculated not for the entire pump but for the 

stage of the pump. If the stage of the pump has a bilateral inlet, 

the value ns is determined from the flow arriving at one Inlet. 

The power-speed coefficient can be calculated also according to the 

entire flow through such a wheel (see source [^0]); then it will 

be designated n*. For stages of the bilateral Inlet the relation 

between n* and na is expressed thus: n* ■ /5n . and for the 
° 0 8 8 

stages of the one-way Inlet n* ■ ng. 
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2.12.4. SIMILARITY OP TURBINES 

Let us find the dimensionless number for a turbine. The work 

and effectiveness of the process In the stage of a turbine Is 

characterized by the following parameters: 

a) Geometric Parameters of a Turbine 

Just as for the pump, the geometric parameters of a turbine 

Include all parameters determining the dimensions and design of 

all elements of the turbine, Including the foughness and structural 

clearances. These are the linear dimensions of the turbine 

(Dcp, hfl. A, etc.), angular dimensions (aln, ß2n, etc.), and the 

number of blades of the wheel and nozzle box (z , z ). H C 

b) Gas-Dynamic Parameters of the Turbine 

G - mass of gas passing through the turbine per unit time in 
2 3 

kg/s; N - energy of the turbine ln W (or in m •kg/s^); L*- adia- 
2 p 

batlc work of the turbine in J/kg (or in mVs ); Lla^ - adiabatic 

2 2 
work of expansion in the nozzle box In J/kg (or in m /s ); pg - 

total pressure at the inlet into the turbine In N/m2 [or in kg/ 

(m*s )]; Tg - total temperature at the inlet into the turbine in 

°K; u - frequency of rotation of the turbine in s"1; t - charac¬ 

teristic time interval in s. 

c) Characteristics of the Working Medium 
at the Inlet into the Turbine 

pt - the density of the gas determined from the stagnation 
U 3 2 

parameters in kg/nr; R - gas constant in J/(kg-0K) [or in m / 

(s •°K)]; Cp - specific heat of the gas at constant pressure in 

J/(kg*°K) [or in m2/s2*t’K)]; A - coefficient of the thermal 

conductivity of gas in W/(m*°K) [or in kg*m/(sJ*°K)]; un - the 
2 ^ 

dynamic viscosity of the gas in K-s/m (or in kg/(m*s)]. 



Let ua select Dcp, TJ, w, and pj as the parameters with 

Independent dimensionality. Then from the geometric parameters 

we will obtain the dimensionless complexes h /D , A/D , etc.. 
/1 C £3 C |3 

alfl» *2n etc» and ZM» and zc* 71,686 complexes In their totality 

comprise the condition of the total geometric similarity of turbines. 

The gas-dynamic parameters and characteristics of the working 

medium give after the definite conversions the dimensionless 

complexes, which for geometrically similar turbines are the 

dimensionless number: 

I# Plow criterion ff—— 
*4, 

2. Power criterion -7^- or the efficiency of the turbine 

3. The criterion of reaction of the stage ), where 
1 

PT is the thermal degree of reaction of the stage (see Section 
4.2.1.2). 

4. »—J 
fi 

i;*n coefficient which considers the distinction 

in the imperfect gas from the thermodynamically ideal gas, for 

which Ç ■ 1. 

Subsequently, we will accept that the working medium of the 

turbine can be considered a thermodynamically ideal gas. 

5. The criterion of kinematic similarity u/c , where 
afl* t * 

6. The Reynold's number which determines the 
ft 

similarity in the relationships between the forces of inertia and 

forces of viscosity in the fluid which flows in elements of the 

turbine. 
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7. The criterion k » cp/cv, which determines the similarity 

of the relationships between the specific heats of the gas. 

3. The normalized velocity 

where ak9~ /*~Tnrl .„.-I HT. - the adiabatic exhaust gas 

velocity from the nozzle box. 

The normalized velocity A is uniquely connected with the Mach 

number M through k. Therefore, Instead of the normalized velocity 

it is possible to use the Mach number, for example,M 
'la* 

Wv 
where a^ is the speed of sound determined from the parameters at 

the outlet from the nozzle box at the discharge velocity c 
la** 

The criterion \ (or M ) characterizes the compressi- 
claA clüA 

billty of the working medium. In conjunction with the criterion 

k. It determines the density ratio of the gas at similar points 

of geometrically similar turbines. The value A (or M \ 
clüA Clafl; 

governs losses of special form, namely, the wave losses connected 

with shock waves. 

9. The Prandtl number Pr«. which determines the similarity 

of the transfer of heat in the gas. In turbines with th'’ uncooled 

elements of flow area, the effect of this criterion can be dis¬ 

regarded. 

10. The criterion of homochronism Ho « tu. The criterion 

Ho for steady states drops out of the examination. 

One should note the generality of the recording of expressions 

for the flow G(Q), power (ÏT) criteria and Re number for vane 

machines (turbines and pumps). 
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Por turbines the determinate criteria are u/c , Re, k, A 
V , „ a'Q GlaA 

(or M } and Ho, and the indeterminate - Q, N (or n) and p . 
laA T 

For the steady-state process of geometricar.y similar turbines the 

relationship between the indeterminate and determinate criteria 

is recorded in the form 

S, .V (or lit tfi (e/<*,,, Re. ^ , k). (2.180) 

or 

(I, X* (or n), 0,^/1«.R«. (2.180») 

At large Reynolds numbers (Re ■ 10^-10^) the effect of the 

Re number on the Indeterminate criteria can be disregarded, since 

virtually when He > 105-106 the region of self-similarity on the 

Reynolds' number approaches. In this case equation (2.180) takes 

the following form: 

ÏÏ, A* (or Ci“*/ •/*•»• k). (2.181) 

It would be possible to give similar considerations for the 

compressor. 

(k 

If geometrically similar turbines are tested on the same gas 

idem), then equation (2.181) will be recorded in the form 

if. \ (or (2.182) 

For determining the parameters of turbines, testing of 

turbines on model gases (air, freon) is carried out (see source 

[58]). In this case the geometric similarity is undoubtedly 

observed but values k for the natural and model gases cannot be 

maintained equal. This leads to the incomplete (approximate) 

similarity. The effect of the deviation from condition k ■ idem, 
as can be disregarded with the conversion of parameters of the 
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turbine Q, Ñ (or n) from the model to the natural gas if the 

difference in values of k does not exceed 10-15Í. 

For geometrically dissim5.1ar turbines the complexes (T, FT, 

(or M ) lose the sense of the dimensionless 
c 
áñ 

PT. u/caA, Re, k, Xc 

number. They are used as dimensionless complexes and have unlike 

the criteria, the follow..ng names: the normalized flow and power 

(G and ÏÏ), the degree of reaction pT, the ratio of velocities 

u/c , Reynolds number Fe, the normalized velocity X (or 
Ca n 

With the disturbance of the geometric similarity in the 

relation of roughnesses and clearances, the incomplete geometric 

similarity, the effect of which is considered with the conversion 

of data of the test of the model in nature, is discussed. 

2.12.5. POWER-SPEED COEFFICIENT 
OF THE TURBINE 

With the aid of the criteria G and u/c. . it is possible to 

make up the complex which will also be the dimensionless number 

of geometrically similar turbines: 

or, bearing in mind the dependence (¿.lÖG1) for G: 

(2.183) 

Equation (2.183) shows that at equal or' scif-similar values 

of Re, X and equal k, the criterion H can be considered as 
Cla,q 

the criterion of the kinematic similarity of geometrically similar 

turbines instead of the criterion u/c . 
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Having multiplied and divided the criterion n by the density 

of gas at the outlet from the nozzle box which corresponds 

to the discharge velocity clafl, we will obtain 

J «y*). 
f W» 

(2.184) 

where is the volumetric gas flow rate at the inlet into the 

turbine wheel calculated from parameters of the adiabatic process. 

w/Q, _ 
The dimensionless complex -multiplied, by analogy with 

, aA 
expression (2.179), by 193.3» is called the power-speed coefficient 

of the stage of the turbine and is designated n T» On the basis 

of equation (2.184) it is possible to record: 

ns;;;; »» • 
(2.185) 

Thus, the expression of the power-speed coefficient for the 

turbine is recorded similar to the expression of the power-speed 

coefficient for the pump. 

The last expression makes it possible to conclude that for 

geometrically similar turbines the power-speed coefficient ng T 

under specific conditions (at equal or self-similar values of Re 

and X and equal k), Just as criterion n , is the criterion of 
la* s 

kinematic similarity. 

The criterion Ho and the power-speed coefficient n are not 

used for geometrically similar turbines. It finds use in the study 

of geometrically dissimilar turbines. Thus, the power-speed coef¬ 

ficient of the turbine ngT, Just as the power-speed coefficient of 

the pump ng, is used for the characteristic of the shape of the 

meridian section of the turbine wheel (Fig. 2.75). With an 

Increase in nsT the span of the blade of the wheel increases, and 



Pig. 2.75. Approximate form of the meridian section of 
wheels of the axial and inward-flow turbine with the 
different values of the power-speed coefficient. 
KEY: (1) Slow-speed wheels; (2) Normal wheels; (3) 
High-speed wheels; (4) Radial inward-flow turbines; 
(5) Axial-flow turbines. 

the ratio of diameters of the radial turbine U2cp/Dl increases. 

Turbines with n < 60 are made, as a rule, with an incomplete gas 
3 i 

feed along the circumference of the wheel (partial admission) 

for an increase in span of the blade. 

However, there is no strict unique relation between the 

geometric relationships of the turbine wheel and value ng T. 

The geometric relationships of the wheel are affected by other 

parameters which are selected in the calculation independently 

of n . In order to show this, let us express the volume flow rate 
s - 

^laa ^ the i,°i-lowlnK manner: 
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QM,»a/)(r*4lirto(«ln«„ (2.186) 

where Dcp and hfll are for the axial-flow turbine the mean diameter 

of the wheel and span of the rotor blade at the Inlet, and for the 

radial inward-fluw turbine - the outside diameter of the wheel 

and width of the blade on the outside diameter: e is the degree 

of admission of the turbine (see Section 4.3.3.1). 

Having substituted expression (2.185) into equation (2.186), 

we obtain after transformations 

A.i . _ "î» 
— tri? — ■         ...—in———«»■ 9 

jj ' n VI 

** (IM,3): 3} 2.11 »*««1 

The last expression shows that with an increase in the power- 

speed coefficient, other conditions being equal, a broadening of 

the channel of the wheel in the meridian section occurs. But 

the value of the ratio h./D is affected by the selection of 

the ratio of velocities u/cafl, the degree of reaction pT, the 

angle of the nozzle box a1 and the degree of the admission e. 

Subsequently, in the study of course we will encounter 

coefficients n and n,. complexes whose use facilitates the 
ST 3 

solution of some problems of the theory. 

Figures 2.74 and 2.75 show the wheels of vane machines which 

have different values ns and ng T. Pumps of the liquid-propellant 

rocket engines usually have * 30-109. Moreover, corresponding 

to the fuel pumps are smaller values of n and to the oxidizer 
ST 

pumps, i.e., large, since the volume flow rate Q of the oxidizer 

pump is more and the pressure H is less than the corresponding 

values for the fuel pump (see Section 1.1). Therefore, fuel pumps 

have wheels with a narrower and longer meridian section. 

Autonomous turbines of liquid-propellant rocket engines, made 
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axial, have n8 T < 60-80, and the precombustion-chamber turbines - 

ns i > and therefore wheels of the precombustion-chamber axial- 

flow turbines have longer blades than those of the autonomous 

turbines. 

2.13. LOSSES IN VANE MACHINES 

2.13.1. CLASSIFICATION OF BASIC 
FORMS OF LOSSES 

In an ideal vane machine without an external heat exchange 

and friction, the operating conditions are an ideal adiabatic 

procese, i.e., the isentropic process which subsequently we will 

conditionally call the adiabatic process. 

With the réalisation of the operating conditions in a real 

vane machine, irreversible losses of mechanical energy take place. 

Losses of mechanical energy can be divided into four groups: a) 

internal losses, b) high-speed outlet losses, c) losses connected 

with leakages of the working medium, d) mechanical (external) 

losses. 

a) Internal Losses 

By internal losses we will understand as all loaseis within the 

vane machine leading to a change in the state of the working medium. 

This group of losses includes the losses connected with friction 

and separation (in turbines and compressors upon the -eaching of 

transonic speeds - also wave losses). The internal losses con¬ 

nected with the flow In vane cascades, feeds and removals will be 

called hydraulic. Let us call the added losses connected with work 

of the wheel of the vane machine disk losses. The Internal losses 

should also include the power losses, which lead to a change In 

the state of the working medium In connection with Its leakage, 

for example, the preheating of the working medium with its throt¬ 

tling In the clearances and with subsequent mixing with the main 

flow. 
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If the fluid overflowing through the clearances (leakage) Is 

not mixed with che main flow, and, consequently, does not change 

the state of the working medium, then the losses appearing in this 

case will not be referred to internal losses. As an example of 

suc.i losses can be the leakages of fluid through the drainage into 

the atmosphere. 

The real processes of flow in the vane machine are processes 

with the heat feed, i.e., polytropic processes. 

b) High-Speed Outlet Losses 

The kinetic energy of the fluid, calculated from the outlet 

velocity in individual forms of vane machines (specifically, in 

turbines of liquid-propellant rocket engines), is conditionally 

taken as the lost energy. This energy can be considered as lost 

in the sense that It cannot be converted Into the useful work of 

this vane machine. These losses, which are called high-speed 

outlet losses, are calculated according to the escape velocities 

of the gas from the vane machine: 

L. 
(2.187) 

c) Losses Connected with Leakages 
of the Working Medium 

The power being projected or consumed by the machine also 

affects the loss (leakage) of the working medium. The quantity of 

working medium, according to which the available or useful power 

of the vane machine is calculated, can differ from the quantity of 

the working medium passing through the wheel of the vane machine, 

due to the presence of its clearance leakages, which separate the 

wheel fren the housing. 

196 



’’WW*» 

I 

In pumps and compressors part of the fluid escaping from the 

wheel passes along clearances and can again enter Into the inlet 

into the wheel. The energy obtained by this part of the fluid 

in the wheel is dissipated and in the form of thermal energy can 

again be fed to the main flow of the fluid. In the turbine not 

all the fed quantity of gas proceeds to the wheel - part of it can 

escape through the axial and radial clearances between the wheel 

and housing. In connection with this, the effective power will 

be less than the energy calculated according to the fed quantity of 

gas. 

The quantity of leaking fluid with the known designs and 

parameters of the machine can be designed. The value of the fluid 

leakage in general is calculated from the following formulas: 

for the incompressible fluid 

0,^/,1¾¾. (2.188) 

where y is the coefficient of flow of the packing slot; fy is 

the cross-sectional area of the slot; Apy is the pressure dif¬ 

ferential for the packing; 

for the compressible fluid 

Gy***%f (If). ( C . 1 89 ) 

where the critical parameters are calculated according to parameters 

of gas in front of the packing, and the given flow is taken as 

a function of the degree of pressure drop in the packing: 

= / (ly)- 

Let us specify that the losses enumerated characterise the 

work of the separate vane machine - the pump, turbine or turbopump 

unit. In the examination of the engine installation as a whole, 

some losses of the individual vane machine cannot be losses for 

the Installation. Thus, for instance, the high-speed energy of 
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the gas at the turbine exhaust can be used for producing an 

augmented thrust. The mechanical energy of the fluid which passed 

into thermal energy is a loss for the pumps but is not a loss for 

the engine installation as a whole, since it increases the enthalpy 

cf the fuel in the chamber. For schemes with the precombustion- 

chamber turbine this consideration will be correct for the turbine. 

The individual forms of the losses can be calculated, but the 

theory, as a rule, gives only the structure of the equation, and 

the calculated coefficients are basically determined by means of 

experimental study. 

d) Mechanical (External) Losses 

Mechanical (external) losses include losses in bearings, in 

the contact end packings of the shaft, sealing rings, the expendi¬ 

ture of energy to the drive of impellers, and so on. 

Mechanical losses are not connected with the operating 

process and do not affect directly the state of the working medium 

of the machine, although the heat of mechanical losses by means 

of the heat feed can be transferred to the working medium. 

The power expended on mechanical losses is called with the 

power of mechanical losses. 

2.13.2. INTERNAL LOSSES IN VANE MACHINES 

Let us examine the hydraulic losses, l.e., losses in vane 

cascades and in the channels of feeds and removals. 
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2.13.2.1. Hydraulic Losses 

A. LOSSES IN VANE CASCADES 

Energy losses during cascade flow can be divided into three 

groups, which we conditionally call: profile (primary) losses, 

end (secondary) losses and additional losses. 

Irofile losses are energy losses which appear with the flow 

around of plane vane cascade. Profile losses consist of: 

1) boundary-layer friction; 

2) losses to the formation of vortex zones with the flow 

arou id of the profile and outlet edges (separation losses); 

3) wave losses connected with i.he passage of the t low through 

shock waves. 

These losses in the case of axial machines and fixed elements 

of radial machines can be determined most accurately by a wind- 

tunnel test of the vane cascade. 

Tip losses are losses caused by the limitation oi the circular 

vane cascade over the span (width). These losses are revealed 

by a comparison of results of the wind-tunnel test of the fix'-d 

circular vane cascade and airfoil cascade with length preventing 

the effect of the limiting surfaces. These losses include the 

following; 

1) friction losses in end surfaces which restrict the cascade 

along the span (width) and losses to the formation of pair 

vortices ; 
2) losses connected with the disturbance of the main flow with 

¡.he gas leakage through the radiai clearance from one side of the 

blade to the other In the case of blades without a shroud (Fig. 

2.76); 
3) fan losses, i.e., losses connected with the nonoptimal 

cascade density in off-design cross sections; 
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4) losses connected with the 

diffusivity of the meridional cross. 

For the additional losses let 

us refer to the losses connected 

with the Joint operation of guide 

and losses connected with the 

rotation of the operating cascade, 

namely: 

1) losses caused by the tran¬ 

siency and nonuniformity of flow 

(loss for the alignment of the 

velocity field) after the cascade; 

2) losses connected with the flow which appears in the boundary 

layer due to the rotation of the cascade. 

Fig. 2.76. Leakage of 
fluid (gas) in blades 
without a shroud. 

a) Boundary Layer and Profile Losses 
in Vane Cascades 

Profile losses are determined by the boundary-layer flow. 

The flow pattern and boundary-layer losses depends both on the 

shape of the blade and the velocity. 

In this section \.j will discuss the clarification of the 

3tructure of the boundary layer and examine the nature of profile 

losses at subsonic speeds in order to reveal the general laws 

governing the flow around of blades of low-pressure turbines and 

pumps. Features of the flow and losses at supersonic speed, 

characteristic for high-differential turbines, will be examined 
further in Chapter 4. 

Mgure 2.77 shows schematically the pressure distribution 

obtained by calculation (see source [62]) and boundary layer for 

the turbine and pump cascades comprised of infinitely thin profiles 

with an Identical relative pitch and setting angle. 
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Fig. 2.77. Pressure distri¬ 
bution and boundary layer on 
blades of the turbine and pump 
axial cascades. 

In the turbine cascade on both sides of the blade almost on 

the entire contour pressure decrease occurs. In the pumping 

cascade almost on the entire blade a pressure increase is 

observed. In the turbine cascade with a pressure decrease the 

boundary layer thickness remains small along the entire width cf 

the blade, and separation does not appear. In a pump cascade 

the boundary layer thickness, due to a pressure increase along the 

flow, rapidly Increases, and on both sides of the blade boundary- 

layer separation occurs. This leads to the narrowing of the cross 

section of the vane channel. Losses of the diffuser cascade 

noticeably exceed losses of the convergent cascade. 

Figure 2.78 gives results of the calculation of the coefficient 

of losses (see source [62]) 
• • 

where w^r> is 

pressures in 

the axial velocity; pjw and p£w are the total 

the relative motion. 
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Pig. 2.78. Dependence of the 
loss factor on the relative 
pitch for pump and turbine casades 
and for the cascade of plates at 
the zero angle of Incidence: 
1 - pump cascade; 2 - cascade of 
plates; 3 - turbine cascade. 

Tne angle of deflection (angular difference of the flow at 

the Inlet into the cascade and at the outlet from it) in all the 

cascades is equal to 25°. Therefore, the pressure differential 

on th< blade at low values of the relative pitch is low, and at 

t/tn the blades are less bent than at large values of t/b . At 
n 

small values of t/b^ the loss factor is great for all cascades, 

since these are the dense cascades in which the friction losses 

are great. At large values of t/b^ an increase in the losses is 

connected with large bending of the blades and boundary-layer 

separation. The optimum relative pitch, which corresponds to the 

minimum losses, is less for the pump cascade (see Pig. 2.78). 

On Fig. 2.78 the loss factors for the turbulent and laminar con¬ 

ditions of the flow around the cascades of plates with the same 

relative pitch and with a zero angle of attack are also plotted. 

Convergent cascades have loss factors greater than those with 

the laminar flow of the plates but less than those under turbulent 

conditions. Diffuser cascades have the greatest less factors. 

The frictional resistance is less with laminar flow. With 

the separation of the flow the losses increase, and therefore it 

is desirable to design blades and select operational conditions 

so that the laminar boundary layer would have a large extent and 1 

order that the separation zones would be absent. 
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The cascades of centrifugal pumps, as a rule, are diffuser, 

and therefore the growth of the boundary layer and its separation 

are observed in these cascades more frequently. At the positive 

incidences common for centrifugal pumps, as shown in Pig. 2.79, 

the separation of flow occurs toward the end of the blade from 

its back side. At this place the kinetic energy of liquid particles 

of the boundary layer will be insufficient for the overcoming of 

a pressure differential. 

Let us examine in more detail the pattern of boundary-layer 

flow in the example of certain turbine profiles. 

Figure 2.80 gives a schematic representation of a boundary 

layer on the profile of a reactive convergent cascade at subsonic 

speeds. The reactive convergent cascades are used in turbines, in 

particular, in nozzle boxes, and in the rotor of the precombustion- 

chamber turbine of liquid-propellant rocket engines. The leaking- 

in flow is divided by the profile into two parts. Point a is 

called the branch point or stagnation point. In it the velocity 

is equal to zero, and the pressure reaches a maximum value. 

Fig. 2.79. Possible vortex zones with the flow around of 
the impeller vanes of a centrifugal purnp with positive 
incidences. 

Fig. 2.80. Schematic representation of a boundary layer n 
the profile of a reactive cascade: a) branch point; b) 
laminar boundary layer; c) transition point; d) laminar 
sublayer; e) turbulent layer. 

03 
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On the trough, beginning from point a, the boundary layer 

thickness gradually increases. It 1r nearer to the outlet in 

the convergent section, where the flow is accelerated, and the 

boundary layer becomes thin. On the back of profile the thickness 

of the layer usually slowly builds up, noticeably increasing in 

the section of the oblique section. In this sec'ion the separation 

of flow from the profile is possible. Depending on the flow 

ccj'diticne and the profile, the boundary layer can be laminar, 

turbulent or mixed. 

Figure 2.30 depicts the pattern of the boundary-layer flow 

when the boundary layer on the trough and on the back near the 

branch point Is laminar, and then on the back it passes over to 

turbulent v.’ith a thin laminar sublayer. With considerable con¬ 

verge tice of the vane channel, the transition point of the laminar 

boundary layer into the turbulent layer can be located in the 

oblique section. 

In individual cascades with a low degree of reaction and at 

the positive angles of incidence in the outlet part of the back 

diffuser flow, the swelling of the boundary layer and its separation 

(Fig. 2.81) can take place. Separation gives rise to the formation 

of vortices with the ret¿rn current near the surface. The vortex 

cores pass over into the main flow and attenuate in it. Energy 

is spent on the reconstruction of the vortices, and profile losses 

with the flow around the blades increase. At negative angles of 

Incidence separation sones can appear also near the surface of the 

trough. 

In uurbines of liquid-propellant rocket engines active 

cascades (see Fig. ¿. 13). With the subsonic flow around the 

profile ■T' the active cascade in the boundary layer usually It Is 

also possible to distinguish three sections (Fig. 2.82): laminar 

(b), turbulent (t) with laminar sublayer (d), and the separation 

region (f:. Their extent greatly depends on the angle incidence. 

At positive angles of incidence the transition point (c) and 

separation gone (f) approach the inlet. 
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Fig. 2.81. Schematic representation of the flow with 
separation in the blade back. 

Fig. 2.82. Schematic representation of the boundary 
layer on the profile of the active cascade (see 
designations in Fig. 2.80): f) separation zone. 

A comparison of the pressure distribution along the profile 

of the blades of the active and reactive cascades (see Figs. 2.49 

and 2.50) shows that with the flow around impulse blade a deeper 

lowering of pressure on the blade back and a great peak of pressure 

on the side of the trough at the inlet into the blade are 

observed. With such a pressure distribution in the trailing edge 

of the impulse blade there takes place the diffuser flow, which is 

accompanied by the detached flow. At a small angle of the inlet 

the diffuser region appears at the outlet part of the back. 

The Reynolds number affects the losses with the flow around 
wb c 

the blade profiles (Re ■ ——). The less Re (when Re < lO'1), the 
v 5 

more the losses. As a rule, at numbers Re > 10 the roughness 

more noticeably affects the magnitude of losses than do the flow 

conditions determined by the Re number. In vane machines of 

liquid-propellant rocket engines, usually Re > 10 . 

With large roughnesses the losses in the cascade noticeably 

Increase. At the mean-square height of the roughnesses to urn 

the quality of the finish has little effect on losses in the 
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jaacade, since the roughnesses of the surface are covered by a 

laminar sublayer (see source [Jí¡V]). Usually the flow area of the 

t'urrc, the internal surfaces of the housing and disks of the wheel 

are made with a finish of 76 (average height of the roughness is 

*C urn) and above. After casting such a finish is reached by 

special treatment. An increase in the purity leads to an Increase 

in the efficiency of the pump. Thus, a decrease in the roughness 

from 135 down to 20 pm can lead to an increase in efficiency of 

6-1QÏ (see source [51]). The flow area of the turbine, as a rule, 

is made ^ith a purity of 7/ (average height of the roughness is 

6.3 um) und above, and surfaces of the disk and housing are made 

with a purity of 76. The less the absolute dimensions of the 

vane machine, the greater the surface roughness is necessary. 

Considerable losses appear in the flow around the outlet 

edges. The edge losses, commensurable with friction, refer also 

to profile losses. Emerging from the cascade, the flow undergoes 

sudden expansion and behind the edge vortex separation sones appear 

(see Fig. 2.8C ), The thicker the trailing edge and the denser 

the cascade, the greater the edge losses. The fl w escaping from 

the cascade is considerably nonuniform (Fig. 2.83). 

Fig. 2.83. Flow parameters at 
the outlet from the cascade: 

y/t * 0.1j - y/t * 1.8 
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b) End (Secondary) Losses 

Let us examine in succession all the losses which refer to 

• end losses. 

1) Losses of friction ''n cylindrical surfaces which limit 

» the vane channel in height. Pair vortex. 

The friction on the external and internal limiting surfaces 

leads to the stagnation of the velocity in these walls, the 

presence of the velocity gradient and the developed boundary 

layer; in general the frictional effect on the external and internal 

surfaces is different, but the basic regularities should be 

similar. These friction losses are determined by the flow condi¬ 

tions and the surface condition and can be estimated according to 

common equations taking into account the Reynolds number. In 

the total balance of losses their portion is considerable only 

In the small height of the blade. The presence of friction on 

the limiting surfaces with flow along the vane channels, which are 

always curvilinear, causes parasitic vortex flows called pair 
■ 

vortices. 

The pressure distribution along the vane channel of the 

cascade (for an example, the turbine cascade is taken) will be 

different on the average by the height of the cross section (I—I 

in Fig. 2.84) and for the restricting surfaces (cross sections 

1I-II and III-III in Fig. 2.84). For greater definition an 

examination is conducted for the cascade which has a ring which 

encompasses the blades and rotates together with them (the so- 

called shroud). 

Near the surfaces which limit the blade in height, the rate 

of flow will be less and a pressure increase on the blade face oí' 

these surfaces will also be less than in the middle of the channel. 

Consequently, acting on the particles of gas which are located at 
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cri-. 2.84. Diagram of secondary 
flow in the vane channel: 1 - 
boundary layer; 2 - diagram of 
relative velocity 'conditionally 
turned into the plane of the 
drawing). 
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efficiency of the streams n mr] outlet angles of the flow 02. 

The greatest losses are observed at places of the boundary layer 

thickening on the blade back. At these places the outlet flow 

angle increases, which is explained by the boundary-layer separation. 

The less the span of the blade, and the more its width, the 

greater the part of the main flow is occupied by a pair vortex 

and the greater the relative percentage of power losses. 

Losses to the pair vortex sharply increase when pair vortices 

are linked with each other. In this case the magnitude of the 

losses begins to depend on the relative span of the blade. This 

begins with relation h^/b^ i 1-1.5. Because of this the short 

turbine blades of the TU of the liquid-propellant rocket engine 

must be made quite narrow. 

Losses to the pair vortex are connected with the presence 

of the pressure gradient across the vane channel. Therefore, all 

factors which facilitate an increase in the pressure differential 

on the b'ades simultaneously increase the losses to secondary 

flows. Such factors are, for example, the curvature of the profile, 

being characterized by angle [180° - (0ln + 82/^°-l* and the 

positive angles of incidence. 

The effect of the span of the blade on the level of the losses 

can be observed in Fig. 2.50b, where the loss factor for different 

relative spans are plotted. A reduction in the span of the 

cascade sharply increases the losses. 

In vane channels of pumps there also appears the pair vortex - 

the parasitic vortex motion caused by the effect of the walls 

restricting the channel over the height or width. 

Figure 2.85 shows the pair vortex in the cross section of the 

vane channel of the centrifugal pump. The pair vortex Is removed 

by the main flow. 



Pig. 2.85. 10/. Il 
channels of n .-irira 
wheel. 

2) Losses connected with leakage throufV 1 he radial cl 

The nature of secondary flows in the p- • , e of a j 

clearance becomes complicated. Gas leaks through the radit 

clearance from the face, i.e., from the cavli.v high pre¬ 

to the blade back (see Fig. 2.76). Here the flov cf the .• 

gas under the action of the pair vortex and the rraln flow L 

convoluted, forming an unpaired vortex. It 1>: -jivantageci . 

have a closed radial clearance, i.e., to use ihi-ouds for th 

of the vane channel on the periphery (see Fig. 2.84) and cl 

wheels of centrigual pumps (see further Fio. 3.8a). 

3) The fan losses which appear in the lono vane rintrs 

connection with the fact that the optimum bladt? pitch (sc ' 

is selected only for any one calculated cross section. 

Fan losses can be lowered, using blades with a variât, 

chord, for example, for axial machines - with a chord 1:. ■. 
on the radius. 

4) Losses connected with the diffusivity c •' the m.-rhi! 

section of the blades. 



For the smooth outline of the flow area of the blade machines, 

it is frequently necessary to introduce the diffusivity of the 

meridian section of the rotor blades (Fig. 2.86). The introduction 

of diffusivity leads to added losses. The scavenging of stationary 

blades showed that the secondary losses depend on the expansion 

angle of the meridian section X. 

Fig. 2.86. Dependence of 
secondary losses on bn/h„ * n 

at different angles of dif¬ 
fusivity of the meridian 
section (see source [10]). 

Figure 2.86 gives test data of blades with a shroud when 

Xri ■ X ■ X. Plotted along the axis of the ordinates is the 

coefficient of secondary losses; b^ is the width of the blade; 

t^/b^ • 0.65 - the relative pitch of the cascade; ß1;i ■ 35° - 

inlet angle; pT » 0-15* - reaction of the cascade. The boundary 

layer in the limiting surfaces in the direction of the gas flow, 

as a result of diffusivity, is thickened, and detached flow is 

possible. 

The effect of the height of the cascade on losses can be 

Judged from Fig. 2.50b, where experimental data on the loss factor 

at a different value of the relative height (h /D ) are given. 
n2 CP 

c) Additional Losses 

1) Losses connected with the transiency of the flow. 

Losses to the transiency of flow are connected with the 

balancing of the field of velocities and pressures in the flow of 



gas which escapes from the cascade. The distrubance of the axial 

symmetry of the cascade flow, which can take place Jn off-design 

conditions or technological errors during the manufacture of 

cascades or feeding and discharge channels, also leads to a 

noticeable increase in the losses. 

The transiency of the flow is explained, furthermore by 

the periodic change in the arrangement of operating cascade 

relative to the guide (see source [M]). Flowing about operating 

cascade in this case is the nonuniform flow due to the presence 

of edge traces with a periodicity depending on the number of the 

guide vanes and frequency of rotation of the rotor (see Fig. 2.83). 

2) Losses connected with radial leakage due to the rotation 

of the cascade. 

With rotation there can arise losses from the leakage in the 

operating cascade, which appears under the action of inertial 

forces. Acting on the fluid which flows on the cascade in relative 

motion are the centrifugal and Coriolis forces of inertia. 

In axial machines the Coriolis force of inertia acts in a 

radial direction, coinciding with the centrifugal force of inertia 

(see Fig. 2.32). The rotation of rotor blades can change the 

magnitude of the profile and secondary losses in view of the effect 

of the centrifugal and Coriolis forces of inertia on the boundary 

layer. 

d) Coefficients Which Evaluate Losses 
in Vane Cascades 

Usually losses in the vane cascades are estimated by a 

lowering of the total pressure (stagnation pressure), although 

other coefficients are used [see, for example, formula (2.190)]. 
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The ratio of the total pressure at the outlet from the 

cascade to the total pressure at the inlet into it is called the 

coefficient of the total pressure 

(2.191) 

In turbines it is accepted to define losses in cascades by 

velocity factors. In nozzle cascrdes the velocity factor for the 

stream is the ratio of the real discharge velocity to the adiabatic 

velocity: 

In the operating cascades the velocity factor for the stream 

is the ratio of the real outlet velocity to the adiabatic: 

A sss ■ il i t 

With nonuniform flow the velocity factor is ratio of the 

averaged real velocity to the velocity in the absence of losses. 

Averaging for the determination of the flow rate, momentum and 

kinetic energy should be produced differently, since the flow rate 

is proportional to the first stage, the momentum proportional to 

the second, and the energy proportional to the third stage of 

the velocity. 

In experiments, depending on the procedure taken for the 

tests each of these three velocity factors can be determined. 

Their magnitude, generally speaking, will be different, but 

usually this distinction is small. 

Between coefficients o and $ or ij/ in gas dynamics the following 

relation is established: 
* 

(2.192) 

jUWMia 
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where 

•■»l**,.,)-¾ and 

i, 
(2.193) 

The loss factor In the cascade can be also determined 

according to the following equation: 

(2.19^ ) 

(2.195) 

The efficiency of the cascade is determined by the ratio 

of the squares of velocities: 

(2.196) 

Profile losses can be determined by the scavenging or spij.1 

of airfoil cascades. The sum of the profile and secondary losses 

for axial machines is determined by the scavenging or spill of 

circular cascades. All losses in the cascades can be determined 

only by way of the measurement of the fields of total pressures 

in the operating machine, which is always associated with consid¬ 

erable difficulties. In the calculation of vane machines the 

additional coefficients, considering the end (secondary) losses 

in the cascades are frequently Introduced. The determination of 

these coefficients and their numerical value will be given in 

further sections. 



B. LOSSES IN FEEDS AND REMOVALS 

Losses in the feed and removal channels can bead to two forms 

of losses: losses of friction and losses from the local resistances, 

The losses of friction in complex channels of feeds and 

removals can be defined as losses in pipelines of arbitrary form 

by means of the determination of losses in the equivalent pipeline 

of round cross section with the same hydraulic radius. 

The diameter of such a tube will be found from the known 

equation 

D' n’ (2.197) 

where F is the cross-sectional area of the channel; n - wettable 

perimeter of the channel. 

Then the losses of friction in the channel (when p 

M < 0.3-0.4) will be equal to 

const or 

9 V Ht.tf 't Ikg I 
(2.198) 

where c is the average rate of the flow; l - length of the 
cp 

channel; p - the average density; D the average hydraulic 
I • c p 

diameter. 

For channels A is found depending on the Reynolds number and 

relative roughness of walls of the channel. 

When Pc>5-1 

) *0,316 — fox- the smooth walls 

■tiM . 
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and >*■ for the rough walls 

where k is the absolute roughness. 

Losses connected with the local resistance include losses to 

the local change In the cross sections, losses to the mixing of 

the streams, losses to the rotation of the flow, and losses con¬ 

nected with the diffusivity of the channel. For example, in 

centrifugal pumps attributed to the local losses can be losses to 

the rotation in the case of - elbow-shaped or semispiral feed (see 

further Fig. 3.2) and losses to the mixing at the outlet of the 

flow from the wheel into the spiral removal. 

Losses to local resistances are estimated according to the 

general equation 

(2.199) 

where (, is the coefficient of local resistance; c is the character¬ 

istic rate of flow in the channel (usually in front of the local 

resistance ). 

Specific values of coefficients of local resistances are 

found experimentally. The experimental data are classified in 

handbooks. For vane machines of liquid-propellant rocket engines 

little experimental data on coefficients of local losses is 

published. Some data will be given subsequently - with the 

presentation of specific material on pumps and turbines of liquid- 

propellant rocket engines. 

An estimate of channel losses can be produced also by means of 

coefficients of total pressure [see formula (2.191)]. 
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2.13.2.2. Disk Losses 

A. LOSSES OF DISK FRICTION 

In the rotation of a wheel disk of a vane machine additional 

energy Is expended; let us call It the power of disk losses. 

With the rotation of the disk, the fluid (gas) in the clearance 

also begins to be rotated as a result of the action of forces of 

friction. The diagram of the circular velocity components of 

flow In the clearance between the wheel disk and the housing is 

given in Fig. 2.87. The presence of a circular velocity component 

in the fluid in the clearance leads to the appearance of radial 

flow of the fluid in the clearance. The approximate form of the 

flow line in the meridian plane of the radial wheel is shown in 

Fig. 2.88. 

Fig. 2.87. Diagram of the circular velocity components 
of flow in an axial clearance between the wheel disk and 
housing. 

Fig. 2.88. Flow line of fluid in the axial clearance 
between the wheel disk and housing. 

The antitorque moment of the wheel of the vane machine appears 

as a result of friction. Imparted to the fluid is the moment and, 

since the twisted fluid moves toward the periphery and new portions 

of the fluid will continuously approach the rotary disks, the 

expenditure of energy to friction in view of the pumping action of 

the disks constitutes a noticeable value. 
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Let us derive the dependence of the power of friction of the 

disk on parameters of the wheel for an incompressible fluid. 

Conditions of friction of the disk can be considered turbu¬ 

lent, ana then the tangential stress t will be proportional to 

the product of the density of the fluid and the kinetic energy 

calculated according to the relative velocity of the surface and 

fluid. In this case the relative velocity of the fixed fluid and 

wheel is the circular velocity, and t will be equal to 

where C’ is the coefficient of friction; p is the density of 
rp.-n 

the fluid in the clearance. 

The moment of friction can be found by means of the integra¬ 

tion: 

xr‘2nrttr. 

where r2 is the external radius of the disk, or* 

After integration we obtain 

(2.200) 

la the coefficient of friction of the disk, which where C Tp.il 
includes all the constants. 

The power of the disk friction is determined from the 

equation 

(2.201) 

(coefficient 2 considers the friction along both sides of the disk), 



“*• Iwl- (2.202) •V »M 

As follows from equation (2.202), the power of friction of 

the lateral surfaces of the wheel Is proportional to the fifth 

power of the radius and to the cube of the angular velocity. 

The coefficient of friction CTp ^ is determined depending on 

the Reynolds number. Por smooth disks, assuming that the angular 

velocity of the rotation of the fluid in the clearance is equal 

to half of the angular velocity of the wheel, taking the 

experimental data into account, we will obtain for Re > 10' (see 

source [42]) 

r 0.0.» 
(2.202a) 

The Re number is calculated according to the equation 

n 'I1* 
Re“v (2.202b) 

B. OTHER LOSSES REFERRED TO THE DISK 

Let us refer to the group of losser conditionally called the 

disk, apart from the losses of disk friction, also losses connected 

with the feed of the working medium to the wheel not along the 

entire circumference but only on part of It (losses to admission, 

see Section 4.5.2.2). Let us also refer some power losses 

connected with the work of the wheel in off-design conditions to 

disk losses, for example, in pumps of the loss of "hydraulic 

stagnation" with low flow rates (see Section 3-1.2.2). 

The presence of disk losses in pumps increases the required 

driving power. The presence of disk losses in turbines decreases 

the effective power of the turbine. Die’, losses turn into heat 

and, if we disregard the external heat exchange, then this heat 
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will be entirely fed to 

means that these losses 

whole. The expenditure 

by the equation 

the working fluid. The name "dink losses" 

refer to the rotor (to the stage) as a 

of work to disk losses will be determined 

(2.203) 

i 

* 

2.14. BASIC THERMODYNAMIC RELATIONSHIPS 
AND THERMAL DIAGRAMS USED IN THE 
EXAMINATION OP PROCESSES IN VANE 
MACHINES 

Let us examine the basic thermodynamic relationships for 

processes in vane machines occurring with fricition and, is a 

result of tills, with the heat feed to the fluid. In this case, 

for the sake of simplicity in the calculations, we will assume that 

the inlet velocity of the vane machine is equal to the outlet 

velocity of vane machine (cn * c,,). 

By the work of resistance L [see equation (2.73)] we will 
conp 

understand as all the internal losses. 

For flow without external heat exchange 

Having used the equation of the first law of thermodynamics 

and examining the vane machine as a whole, wc will obtain 

t 

-J olp { (2.204) 

By comparing equation (2.204) with (2.77) when ci » c^, and 

designating the energy transmitted v the fluid or selected from 

the fluid (taking Into account the work of friction), as the 

internal work of the vane machine, respectively, for the pump 

(compressor) we will obtain 
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for the turbine 

n. i.-u \»tp t-.-s 
r 

(2.205) 

i 3= j vjp (2.206) 

For the gases which satisfy the equation of state pv ■ RT, 
for the adiabatic process (pv1* * const) we will obtain 

v4p~ 

(2.207) 

i Vlp~ 

'"'l1 (ft)‘ ]• (2.208) 

For the pump (compressor) the adiabatic pressure Is the minimum 

pressure which must be transmitted to the fluid for a pressure 

Increase up to the assigned magnitude. For the turbine the 

adiabatic work is a theoretical available work. In turbines as 

theoretical available work accepted more frequently Is the work 

of the adiabatic expansion from the input stagnation parameters 

to the output static parameters: 

(2.209) 

This work is the maximum theoretical work with the full use 

of the outlet velocity. 

The real processes are polytropic processes with the heat 

feed as a result of the work of friction. With the heat feed 

the volume of compressible liquid (gas) Increases. In this case 
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the work of the expansion and work of compression also increase. 

This is visually evident with the representation of the process 

Jn the vane machine in the pv-diagram. 

In order to explain the features of the occurrence of processes 

in turbines operating on gases and vapors and in pumps for the 

compressible and incompressible fluids, let us examine in p-v 

coordinates the phase state for the component in the most general 

case (Pig. 2.89). The line A-Hp-B is a boundary curve. The curve 

A-kp determines the specific volume of the saturated fluid, and 

curve rtp-B - the specific volume of the saturated vapors (point 

"hp'; is the critical point). The remaining lines are isotherms. 

At high temperatures the overheated steam medium is close to the 

state of an ideal gas. The isotherm in this case is depicted in 

coordinates p-v as a hyperbola: its equation is pv ■ RT. 

, Fluid 

Pig. 2.89. Representation of 
isotherms in coordinates p-v 
for different phases of the 
substance. 

At less temperatures the vapors do not behave as ideal gases. 

For the equation of the isotherm of vapors (imperfect gas) many 

equations are proposed. Typical for this region Is the equation 

of van der Waals: 

(2.210) 
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where a and b can be considered as constants only in the small 

temperature range. 

In general 

a-/v* V and *-/(* T). 

The region shaded in Pig. 2.89 is the region of the fluid 

medium where a change in the pressure barely leads to a change in 

the specific volume, although a certain decrease in the volume 

almost always takes place. For individual fluids, for example, 

for hydrogen, the compressibility, i.e., a change in the specific 

volume, is considerable. In turbines of liquid-propellant rocket 

engines usually used as the working medium are combustion gases 

and overheated vapors at such parameters when their state is close 

to the state of an ideal gas. Sometimes (for example, when vapors 

of liquid metal are utilized) it is necessary to design the turbine 

for the operating with moist vapor. 

Let us examine the representation in the pv-diagram of the 

process in a turbine operating on gas or steam (Pig. 2.90). 

Fig. 2.90. Representation of the 
process in the turbine in 
coordinates p-v. 

The adiabatic work of the turbine In coordinates p-v as a 

difference in enthalpy i-i-ip will be depicted as the area 
» afl 

1-2 -3-^, where line 1-2 corresponds to the adiabatic curve. 
3 Ä 
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The real process of the expansion occur« with the heat feed: the 

line depicting this process will be the polytropic curve pvn with 

the index n < k. The line of polytropic curve 1-2 with the heat 

feed passes more slopingly than does the adiabatic curve. The 

specific volumes additionally increase as a result of the heat 

feed. Consequently, the work of expansion or the gas (let us call 

it conditionally polytropic) 

will be depicted in coordinates p-v with an area 1-2-3-^. 

(2.211) 

It is 

the actual available work. This work la greater than work of the 

adiabatic expansion: 

The difference in the polytropic and adiabatic works is the 

additional work of the volumetric expansion, obtained as a result 

of the heat feed from the work of friction Hv: 

*.*.-*« (2.212) 

where Hv is the part of the work of friction being returned, which 

is realized in the form of an additional work of expansion, and 

therefore the designation corresponds to an Increase in energy 

(letter H). Usually Ky is 15-201 of the entire work of friction. 

The difference LcQnp and Hy is the irreversible lost part of 

the entire work of friction: 

(2.213) 

The difference in entire available work of expansion L 
no /1 

and the entire work of friction Lconp will determine the internal 

work of the turbine [see equation (2.206)]: 

¿••i-íc.M-'i-'i-*.,. (2.21M 
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Prom equations (2.212), (2.213) and (2.214) it follows that 

—(2.215) 

The internal work of the turbine can also be shown in 

coordinates p-v. The enthalpy i in coordinates p-v (see Pig. 2.90) 

will be graphically depicted as the area 0-4-1-5» the enthalpy 

12 - the area 0-6-A-5, where point A is found by the intersection 

of the isotherm T? with the adiabatic curve passing through point 

1. The area l-A-6-4 is proportional to the difference of the 

enthalpies i^ip - LBH-The area 3-6-A-2afl corresponds to the real 

expenditure of mechanical energy to friction LnoT* total 

negative work is equal to the sum of areas 3-6-A-2afl and l-2-2aA- 

In practice for calculations of vane machines more frequently 

Is-dlagrams are used, although in them all components of the 

balance of works are not shown, in particular, the additional work 

of the volumetric expansion is not shown. 

In many cases the use of is-diagrams makes it possible to 

show most simply and visually the process in the blade machines. 

For such working media, as steam, imperfect gases and liquid, the 

use of an is-diagram considerably simplifies the calculations, 

since the relationship of the parameters for these substances is 

frequently difficult to represent in an analytical form. The is- 

diagrams are used especially extensively for calculations oí a 

turbine. 

Figure 2.91 shows the representation of the pi’ocess in the 

turbine in i-s coordinates. Point 1 corresponds to the static 

parameters of the inlet, and point 1* - to the stagnation 

parameters of the inlet. Point 2^ characterizes the state of the 

gas with its adiabatic expansion up to pressure p2, point 2*A - 

the state of the gas at the turbine exhaust with the adiabatic 

process according to the stagnation parameters. Point 2 corresponds 

to the actual process of the gas expansion (taking into account all 

the internal losses). 
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Pig. 2.91. ReprésentâtIon of 
the procese In the turbine ln 
l-s coordinates. 

The difference In enthalpies if - 1- characterizea the 
■A 

available adiabatic work (point A in Pig. 2.90 corresponds 

to point A in Pig. 2.^1). The difference in enthalpies if - it 

corresponds to the energy Lu which would be selected for the 

gas and transferred to the wheel during an ideal adiabatic process. 

The segment it - i- characterises the energy loss with an 
a* sa 

outlet velocity in an ideal turbine. The difference in the 

enthalpies ij - ijj characterises the internal work of the turbine 

Lbh* Work Lsh COI,r,esponds to the total variation in the gas 

energy. (When ^ ■ c2, as was accepted in the examination of 
process in the pv-diagram, LBM • ^ - i2). 

Segment 2-2afl corresponds to the mechanical energy LnQT lost 

in connection with the presence of the work of friction. Work L , 

transmitted by the gas to the wheel, which is determined by the U 

Euler equation (2.30), is more than work Lbh by the magnitude of 

the work of disk losses (including losses with leakages): 

(2.216) 

Let us examine the basic thermodynamic relationships for 

pumps (compressors). The most general case is the work of the 

pump on a compressible fluid, but the majority of the pumps 

operates on virtually an incompressible fluid. 
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The pump of liquid-propellant rocket engines, as a rule, 

pumps through an incompressible liquid. The representstion of its 

process in coordinates p-v is presented in Pig. 2.92. Line 1-2 is 

simultaneously an isotherm, adiabatic curve and isochor. The 

area 1-2-3-^ is proportional to the pump pressure: 

HwmllZJfh. f i-l . 
t Ug J 

The work of friction is not connected with an increase in the 

volume and can conditionally be shown as the area l-l'-M'-H. 

Then in the pv-dlagram the area ^-2-3-^1 will correspond to the 

theoretical pressure equal to the adiabatic pressure. 

For the pump which pumps over the compressible fluid, for 

example, liquid hydrogen (and for the compressor), the process in 

the pv-diagram will be depicted in the manner which it is shown 

in Pig. 2.93. 

Fig. 2.92. Representation in coordinates p-v of process 
in the pump (for an incompressible fluid). 

Fig. 2.93. Representation in coordinates p-v of the 
process in the pump (compressor) for a compressible 
fluid. 

The area 1-2.^-3-^ corresponds to the minimum work of compres¬ 

sion (adiabatic). The heat feed as a result of losses of friction 

(including disk losses and heating as a result of the return of 
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leakages) increases the volume of the fluid being pumped through 

and additionally Increases the work of the pump (compressor) up 

to value Lv. 

The actual process of the pressure Increase will be depicted 

as line 1-2, which corresponds to the polytropic curve, i.e., to 

the process with the heat feed (n > k). The value of the additional 

increase in work Lv will be depicted in the pv-dlagram as area 

The value Ly is not the only expenditure of work as a 

result of losses. The full expenditure of the work as a result of 

friction is the sum of the work strictly of friction and the 

additional work which arose in connection with an increase in the 

volume with the heat feed of friction: 

(2.217) 

The area 1-2-3-¾ is proportional to the polytropic work jvip, 

i.e., the work spent for an Increase in the energy of the fluid 

with a pressure increase from pj^ to p2: 

(2.218) 

This value should be called the pressure of the pump 

(compressor), since it corresponds to a real increase in the 

specific energy of the fluid. The total internal work spent for 

the pressure increase of 1 kg of mass will be depicted as the area 

5-6-2-3 in accordance with equation (2.205) as a difference in 

the enthalpies 

M, 

Point 6 will be found by the intersection of the isotherm 

T1 “ const carried out through point 1 with the adiabatic curve 
passing through point 2. The horizontally shaded area 1-2-6-5-¾ 



Fig. 2.9^. Rep¬ 
resentation of the 
process in a pump 
(compressor) in 
coordinates i-s. 

characterizes the frictional work Lconp. The 

full expenditure of energy in connection 

with the losses of friction and the feed (as 

a result of this) of heat to the fluid 

corresponds to the area H-l-2afl-2-6-5. 

The process in the pump (compressor) in 

coordinates i-s depicted in Fig. 2.91*. The 

adiabatic process is depicted as the line 

parallel to the axis of ordinates. The 

total increase in the energy of the fluid 

during the adiabatic process corresponds to 

a difference in enthalpies of i| - if- The 
â/l 

minimally necessary increase in energy up to 

assigned outlet pressure (not allowing for high-speed output energy) 

is characterized by the segment H. ■ i. 
3Ä l2 " 1ï' 

Sfl 

The real process with the preheating of the fluid as a result 

of all losses is depicted as line 1-2. The difference in enthalpies 

of iÇ-i? corresponds to an increase in the total energy of the 

fluid H (when c2 * C1 H 
BH 

i^-i^, as was accepted in the plotting 

of the pv-diagram, see Fig. 2.93)- 

The difference in the total variation of energy of the fluid 

and change in the energy during the adiabatic process ^15"i23^) 

characterizes the irreversible expenditure of energy directly 

the work of friction Lconp and, connected with this, to the 

additional work of compression in connection with an increase in 

the volume of fluid Lv [see equation (2.217)]. (Point 6, see 

Fig. 2.93, is transferred for clarity also in Fig. 2.9^)- 

In connection with the losses and an increase in the volume 

of fluid, it is necessary to expend higher energv in order tc 

obtain the assigned parameters p2 and c2 at the outlet. Wi ;h the 

realization of the real process in the pump (compressor), besides 
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the mechanical energy, the internal energy of the working medium, 

is unavoidably increased and the entropy la Increased, which is 

undesirable since this leads to an increase in the required 

external energy transferred by the wheel of fluid. 

Directly in the flow area of the wheel (compressor) of 

fluid there is transferred the energy HT, which calculated according 

to the Euler equation (2.31), is less than Hbh. Part of the 

energy from the drive engine is transferred to the fluid in the 

form of heat from losses of friction of the disk, heat from the 

return of leakages, i.e., from the fluid which already obtained 

earlier the energy in wheel and having higher energy: 

(2.219) 

where Hfl is the energy (thermal) fed to the fluid because of disk 

losses (including the heat feed as a result of the return of the 

leakages). 

The real Increase in the specific mechanical energy corre¬ 

sponds to the polytropic work of compression: 

i i.-Jw,+±4. (?>220) 

Theoretical pressure Ht exceeds the real pressure by the value 

of the hydraulic losses in the flow area of the pump. 

Por the incompressible fluid the value Ly - 0 and real increase 

in the specific mechanical energy of the fluid (real pressure) is 

equal to the adiabatic pressure H ■ H . 
àA 

2.15. EFFICIENCIES OF VANE MACHINES 

The power Nu expressed by equation (2.25) is not the power 

on the shaft. For the pump and compressor the power on the shaft 

(power input) will be more by the value of power connected with 

the expenditure, disk and mechanical losses. 
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For the turbine the power on the shaft (developed power), as 

a result of the same resistances, will be less. In order to 

find the available power of the vane machine, it is necessary to 

measure the torsional moment on the shaft and the frequency of 

rotation: 

(2.221) 

This means is used for determining the power during the 

testing of vane machines. 

In the case of the design of a vane machine, it is necessary 

to calculate its power. To solve this problem by means of the 

calculated determination of the torsional moment or the total 

moment of resistance is sufficiently complicated. In the practice 

of the design of vane machines, the power is determined by means 

of the calculation of the available or required power and the 

evaluation of losses by the introduction of a number of efficiencies 

For the pump and compressor the minimum required power is 

defined as adiabatic useful power, i.e., the power which would be 

consumed by the pump (compressor) for an increase in pressure and 

velocity up to the assigned magnitudes in the absence of any 

losses : 

where G is the fluid flow which enters into the system. 

(2.222) 

For the pump and compressor, which operate on compressible 

fluid, the real pressure is the poly tropic pressure H Q/1 [see 

equation (2.220)]. In connection with this, for compressor 

machines operating on gas and compressible fluids, it is possible 

to introduce the concept about the polytropic net power (ocasionally 

it is also referred to as hydraulic): 
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(2.223) 

In the work on an incompressible fluid ihe concepts Na^ and 

Nnoj) coincide, since the heat feed of the losses does not change 

the volume of fluid in the process of delivery. In compressors 

it is more frequently accepted to define the net power as the 

adiabatic, since its value is determined from the input parameters 

and outlet pressure without a detailed calculation of the com¬ 

pressor. 

For the turbine the available power, as the maximum value of 

energy which can be selected from the fluid per unit time, is 

determined by the product of the adiabatic work of the expansion 

of 1 kg of gas calculated from the stagnation parameters at the 

inlet and the static parameters at the outlet (see Fig. 2.91)» 

by mass gas flow rate, applied to the turbine: 

Nu-Llfl. (2.224) 

The available power of the turbine - is the maximally possible 

power which the turbine would develop in the absence of any losses. 

The real available power of the turbine is the power calculated 

from the polytropic work: 

Nl*-LLta. (2.225) 

As a rule, the calculation of efficiency 5s conducted 

according to the adiabatic available power, which is considerably 

more convenient, since its value is easily determined from the 

input parameters and inlet pressure without a detailed calculation 

of the turbine. 

Let us introduce the concept about the efficiencies evaluating 

the different losses with the realization of the process in the 

vane machine. In this section let us conduct the classification 

of efficiencies and give their definition. The dependence of the 
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efficiencies on the deeign parameter* and parameter* of the con¬ 

ditions will be examined in an account of the material relating 

to pump* and turbine* of liquid-propellant rocket engine*. 

2.15.1. HYDRAULIC EFFICIENCY OF 
VANE MACHINES. CIRCULAR 
EFFICIENCY OF THE TURBINE 

Let u* call the hydraulic (adiabatic) efficiency for pump* 

(compressor*) the ratio of the adiabatic pressure to the theoretical 

pressure: 

.W.. (2.226) 

Since 

W» 

(2.227) 

then 
. Lf + ¿C f.titcta , 

’'•"I-H,-1-H,- 

The hydraulic (adiabatic) efficiency estimates the losses 

connected with the heat feed from all losses and purely hydraulic 

losses in the flow area of the pump. 

When operating on an incompressible fluid the hydraulic 

efficiency estimate* only the hydraulic losses in the flow area 

of the pump, which are determined by the hydraulic resistances: 

H <i M».ip.iipWT.WW 

"'"w, //, 
(2.228) 

When operating on a compressible liquid a similar efficiency 

will be the polytropic efficiency: 

. H (HOJ) u (2.229) 

For the turbine the hydraulic (adiabatic) efficiency is 

determined as the ratio of circular work LJ determined from the 
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stagnation parameters, i.e., the sum of work Lu, the ideal gas 

with passage e'er the flow area of the turbine, and kinetic energy 

at the outlet, to the available adiabatic works 

(2.23Ü) 

Thus L*j is the work which the gas would complete during the 

full use of the high-speed energy with the deduction of hydraulic 

losseu: 

t|r--- y — I — -■ -»■ pr-""l  -‘y*-. (2.231) 
*•»* 

The hydraulic efficiency of the turbine estimates the ir¬ 

reversible expenditure of energy to hydraulic losses in the flow 

area of the turbine. Sometimes it is called the efficiency 

according to stagnation parameters. The hydraulic polytropic 

efficiency of the turbine will be determined by the ratio 

_ l. , ¿«HUMP I.MC tu 
Mr (h JJ ) ■»-JÎ- "I — —— -,-- . 

Por the turbines used as drive engines, there is groat 

significance in the circular efficiency, which is the ratio of 

the circular work to the adiabatic available work: 

11,*=! ~f-« I • 
limr.iip.T.Mci« + J 

\ 

¿T. (2.232) 

The circular efficiency of the turbine estimates the 

irreversible expenditure of energy for hydraulic losses in the 

flow area of the pump and for high-speed losses (energy losses 

with the outlet velocity). 

Let us refine the concept about the circulai'* power (power on 

the circumference of the wheel), [see formula (2.25)]. 

For the pump 



* 

(2.233) 

The circular power of the pump is value of the mechanical 

energy transmitted by the wheel per unit time (1 s) to the mass of 

fluid 0’ kg passing through the wheel of the pump. 

For the turbine 

(2.23¾) 

The circular power of the turbine is value of mechanical 

energy transmitted to the wheel per unit time (1 s) by a mass of 

fluid of 0' kg passing through the turbine wheel. 

2.15.2. INTERNAL AND DISK EFFICIENCY 
OF VANE MACHINES 

The ratio of the adiabatic presura to the internal pressure 

will consist of the Internal efficiency of the pump (compressor): 

n —— i_*u u 1 u • 
"Ml 

(2.235) 

In accordance with the is-diagram given in Fig. 2.94: 

---¿rÿ-- 
1 ¥U 

(2.236) 

The internal efficiency of the pump estimates all the energy 

losses with the exception of mechanical losses. 

The ratio of the Internal work of the turbine to the adiabatic 

will be the internal efficiency of the turbine. 

‘ï 
(2.237) 
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In accordance with the is-diagram given in Fig. 2.91r 

it (2.238) 

The internal efficiency of the turbine estimates all the 

energy losses except the mechanical (including the energy losses 

with the outlet velocity). 

Let us call the ratio of theoretical pressure of the wheel 

to the internal pressure the disk efficiency of the pump: 

(2.239) 

where • N^/0* - disk losses. 

Let us call the ratio of the internal work of the turbine 

to the circular work the disk efficiency of the turbine: 

(2.240) 

For the pump the internal efficiency can be represented as 

the product of the hydraulic and disk efficiency: 

•L-VI,. (2.241; 

For the turbine the internal efficiency can be represented as 

the product of the circular and disk efficiency: 

»U-Vlâ* (2.242) 

2.I5.3. MECHANICAL EFFICIENCY 

Let us introduce the concept about the internal power of the 

vane machine, .he internal power of the pump will be called the 

power consumed by the pump in the absence of mechanical losses: 
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(2.2^3) 

where G* is the mass flow rate through the wheels of the pump, 

which exceeds by the value of the leakages the flow being fed iuto 

the system: 

G'-G+C,. 

The internal power of the pump can be represented as the sum 

of the circular power and power of the disk losses: 

A'-—V.-t-tf,, (2.244) 

The total power being consumed by the pump will be more than 

Nbh by the value of the power of mechanical losses: 

f .Vwt. (2.245) 

The total power of the pump can be represented also as the 

sum of the circular power, the power of the disk losses and the 

power of the mechanical losses: 

•V.-.V.-r-.V.+.V^. (2.246) 

The ratio of the internal power to the total power consists 

of the mechanical efficiency of the pump nMBx: 

»W-“4. (2.247) 

Let us call the internal power of the turbine the product of 

Internal work on the real mass flow rate through the turbine 

wheel: 

AfM=¿MG'. (2.248) 

The flow rate 0’ differs from the flow rate, suitable for the 

turbine by the value of leakages. Usually 
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(2.2K9) ü'~U-(Jr 

(sometimes the gas flow rate through the turbine wheel can 

increase in connection with the inleakage). 

The internal power of the turbine car be represented as the 

difference in the circular power and power of the disk losses: 

Xtn-N§-Nt. (2.250) 

The effective power of the turbine Nt is less than the 

internal by the value of the mechanical losses: 

AV«» N*, “ Ar«»r (2.251) 

The effective power of the turbine can be represented also 

as a difference in the circular power and the power of disk and 

mechanical losses: 

(2.252) 

The ratio of the effective power to the internal power will 

be the mechanical efficiency of the turbine: 

(2.253) 
"Ml 

The portion of strictly mechanical losses is usually very 

low, but in taking into account the power for driving the Impellers 

for the pump it can consist cf a noticeable value. The value of 

the mechanical efficiency of the turbine of liquid-propellant 

rocket engines is taken equal to unit, referring all the mechanical 

losses in the turbopump unit to the pumps. 

[ 
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2.15.4. POWER AND PLOW EFFICIENCY 
OP VANE MACHINES 

The ratio of the useful adiabatic power to the total power 

will be the power efficiency of the pump, or simply the efficiency 

of the pump: 

(2.254) 

Having substituted into this formula the expression for the 

adiabatic energy (2.222), having replaced the total power by the 

Internal power and the mechanical efficiency, and having expressed 

the internal power according to equation (2.243), we will obtain 

¢2-255) 

Let us call the ratio of the mass flow rate which enters 

into the system to the flow rate through the wheels of the pump, 

Q/Q', the flow efficiency of the pump (compressor) and designate 

it n 

(2.255)' 

Then the efficiency of the pump can be represented in the 

form of the product: 

ww 
The product 

¥ Hjr s» *•" 

can be called the internal power efficiency, 

(2.250 

If we develop the expression for ri » we will obtain that 
0 H 

the efficiency of the pump is the product oí the particular 

efficiencies - hydraulic, disk, mechanical and flow: 

lU-ivn.yW.* (2.257) 
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In the calculations of the pumps (compressors), it is 

convenient, by utilizing the statistical data, to be assigned 

the efficiencies of the pump or particular efficiencies and cal¬ 

culate the power input on the basis of the assigned magnitudes 

of required head and flow rate. 

From equations (2.222) and (2.25*0 it follows that 

(2.258) 

The ratio of the effective power of the turbine to the 

available adiabatic power will comprise the power efficiency of 

the turbine, or simply the efficiency of the turbine: 

(2.259) 

Having substituted into equation (2.259) the expression for 

adiabatic power (2.224), having replaced the total power by the 

internal power and the mechanical efficiency, and having expressed 

the internal energy according to equation (2.248), we obtain 

(2.260) 

Let us call the ratio of the mass flow rate through the 

turbine wheel to the flow rate, which enters into the system, 

G'/G, the flow efficiency of the turbine and designate it rip. 

Then the efficiency of the turbine can be represented in the form 

of the product: 

(2.261) 

or, having developed the expression for n [see formula (2.241)], 

we will obtain that the efficiency of the turbine is the product 

of the particular efficiences, circular, disk, flow and mechanclal 

(2.262) 
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The flow efficiency of the turbines is always greater than 

the efficiency of the pumps, since in the pump through the seals 

there flows the fluid of the same density, and in turbines there 

always flows the gas which was already expanded in the flow area. 

Furthermore, with the identical absolute magnitude of the clearances 

their relative effect in the pump can be more than that in the 

turbine, in view of the less absolute dimensions of the pump. 

In the calculations of the turbine it is convenient, by 

utilizing statistical data, to be assigned the efficiency of the 

turbine or particular efficiency and calculate the effective power 

on the basis of the assigned adiabatic work and available gas flow 

rate through the tui'bines. From equations (2.224) and (2.259) It 

follows that 

(2.263) 

In the calculation of turbines the concept about the internal 

power efficiency is sometimes Introduced: 

(2.2G4) 

Table 2.2 gives the accepted designations of pressures (works), 

powers and efficiencies. 

Table 2.2. Designations of pressures (works), powers 
and efficiencies of vane machines of liquid-propellant 

rocket engines._____ 

HO. 

_hat_ ■■ - 

Nan« Ocalgnatlon Poraula 

Dtoon* 
alon- 
allty 

1 

2 

2 

1. rroaauroa 

Raal 

Theoretical 
tcircular) 

Theoretical 
(circulan with an 
Infinitely large 
nuaber of blalea 

H ' 

It, (//.> 
<*-*>• 

—•i**! 

«¡.„Ml «ÍH«I 

J/kC 

JAe 

JA« 
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rP  .i . 

Table 2.2. (continued). 

1 

2 

.1 
4 
5 

1 

2 

a 
4 
i 

ti 

Internal 

II. rover* 

Uieful 

Circular 

internal 
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Table 2.2. (continued) 
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Figures 2.95 and 2.96 for clarity depict the approximate 

balances of powers, respectively, for the pump and turbine. The 

relationships of the width of the separate regions correspond 

to the relationships of the powers. By taking the ratios of the 

corresponding values of the width of these regions, it is 

possible to Judge the Individual forms of efficiency. 

Fig. 2.95* Balance of powers 
for a pump (when operating on 
a compressible fluid). 

THtpMr 

Fig. 2.96. Balance of 
powers for a turbine. 

As follows from Table 2.2 and Figs. 2.95 and 2.96, there is 

a complete analogy between the efficiency of the pump and the 

efficiency of the turbine. 
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CHAPTER 3 

PUMPS OF LIQUID-PROPEUANT ROCKET 
ENGINES 

3.1. CENTRIFUGAL PUMPS’* 

3.1.1. LAYOUT OF THE DEVICE. 
OPERATING UNITS OF THE PUMP, 
HYDRAULIC LOSSES IN THE PUMP 

As a pump of a liquid-propellant rocket engine [LPRE] (WPA) 

the pump having two rotors - axial (screw conveyor) and centrifugal, 

is usually used. Subsequently, we will call such a pump screw- 

centrifugal pump. The purpose of screw conveyor is to improve the 

anticavitation and energy qualities of the pump. Figure 3.1 

depicts the structural scheme of a screw-centrifugal pump. 

Fig. 3.1. Diagram of a screw-centrifugal pump 
(A) and graphs of the change in parameters of 
the fluid along the length of the flow area 
(B) . 
KEY: (1) Inlet; (2) Outlet of cross section. 

2H6 



The flow area of the screw-centrifugal pump consists of the 

following elements (see Fig. 3-1A): feed a; screw conveyor b; 

centrifugal wheel c, occasionally referred to as an impeller, and 

removal d. 

Figure 3.IE shows the change in the flow parameters of the 

fluid - velocity c, pressure p and total pressure p* along the 

length of the flow area of the pump. Section bx-1 characterizes 
the change of tne parameters in the feed. Because of the intro¬ 

duction of convergence in inlet the pressure of the fluid somewhat 

drops, and the velocity increases. The total mechanical energy 

of the fluid - total pressure p* - will be lowered due to the 
presence of hydraulic losses. With the flow of the fluid without 

losses, the total pressure in the inlet part will remain constant 

(dashed line on Fig. 3.IB). 

In the screw conveyor (section 1-2) the total pressure is 

increased as a result of the feed of external energy; usually in 

this case the static pressure and kinetic energy increase. 

The basic increase in the total pressure as a result of the 

transfer of the fluid of external energy is accomplished in the 
centrifugal wheel (section 2-3) and the pressure and velocity in 

this case increase. In the removal, which consists of a spiral 

collector (section 3-^) and conical diffuser (section 4-b-x), the 

conversion of kinetic energy into pressure occurs. As a result 

of hydraulic losses, the total pressure will be reduced. 

The total pressure will be increased only in the axial and 
centrifugal pumps, and in the remaining elements the total pressur 

is decreased due to the presence of losses. The difference in 

the total pressures at the inlet and outlet for the incompressible 

fluid characterizes the real pressure of the pump H. 



The real pressure Is determined in experiments by means of 

the measurement of pressures and velocities before the Inlet Into 

the pump and at outlet from It In accordance with equation (1.10). 

The velocity Is not usually measured directly but Is calculated 

from the measured value of the volume flow and known area of the 

pipelines in the inlet and outlet sections of the pump. 

For this pump, in terms of the known dimensions and values of 

velocities at the outlet from the centrifugal wheel, the theoretical 

pressure Ht is easily calculated [see equation (2.31)]. 

The real pressure of the pump can be found by calculation 

means successively subtracting from HT the values of hydraulic 

losses over the entire flow channel of the pump: H ■ H - L . 
n 4-uj . r r r rn.qp.noT 
i.ut this means Is laborious and does not give very reliable 

results, since values of the calculated loss factor can be estimated 

only approximately (see source [13]). The tentative value of the 

real pump pressure is determined more simply by using the concept 

of the hydraulic efficiency of the pump (see section 2.15.1): 

//«A/.V (3.1) 

3.1.1.1. Feed of the Pump 

The feed serves to provide for feed to the wheel of the pump 

with the assigned velocity and definite direction. It should 

satisfy the following requirements: 

1) provide the axisymmetric flow of the fluid at the inlet 

into the screw conveyor with as uniform distribution of velocities 

and pressures as possible; 

2) provide the velocity recommended for the inlet into the 

screw conveyor, usually equal to 5-10 m/s; 
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3) provide the necessary direction of the velocity - most 

frequently, axial; 

4) have a minimum of hydraulic losses. 

On the basis of these requirements the feed is usually 

fulfilled with the convergent (narrowing) section, where there 

occurs an increase in the velocity to 15-30¾ (in the accelerated 

flow a more uniform velocity field and less possibility for the 

flow separation are obtained). 

Pour forms of feeds are distinguished1 (Fig. 1.2)\ conical 

straight connecting piece a - axial feed; elbow-shaped intake 

pipe b; circular intake pipe c and semispiral intake pipe d. 

Fig. 3.2. Inlet devices of pumps: a) 
axial feed; b) elbow-shaped feed; c) 
circular feed; d) semispiral feed. 

To provide for the axlsymmetrlc flow and uniform velocity 

distribution, it is most advantageous to have a straight conical 

connecting piece, axial feed, but it requires a cantilever 

arrangement of the purnp, and therefore in the turbopump unit [TUJ 

(THA) of the LPRE it is rarely used. The use of such a connecting 

• . 
‘Feeds of the centrifugal and screw-centrifugal pumps virtually 

do not differ from each other. 
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piece is advantageous when it is structurally possible to carry 

out a transition of the pipeline directly into the connecting 

piece of the pump without rotation. 

The elbow-shaped connector, although it does not provide a 

uniform velocity distribution, is structurally simple and is 

frequently used in turbopump units for the cantilever arranged 

pumps. The most widespread are circular and semispiral feeds. 

As the experiments showed (see sources [8?, 102]), at the 

inlet velocities cax ■ 5-8 m/s a change in the feed virtually does 
not affect the energy performance of the pump. At large inlet 

velocities the effect of the feed on the performance can be 

affected noticeably. The feed in pumps of the LPRE affects 

basically the cavitation parameters of the pump. With an increase 

in losses in the feed the pressure at the inlet into the screw 

conveyor is decreased, which makes the anticavitation qualities 
of the pump worse. 

An increase in the nonuniformity of the flow at the outlet 

from the feed also has a negative effect on the cavitation 

parameters of the pump (see source [106]). For the velocity 

distrioution in the feed at low flow rates and at the overexpanded 

inlets nominal flow rates are affected by the twisted return 

currents coming out of the screw conveyor. In the presence of 

circular and semispiral feeds, return currents are quenched in 

the removal, and the twist is not transferred to the inlet pipeline 

but in the case of the use of axial and elbow-shaped feeds the 

twist is transferred to the inlet pipeline. 

During the calculations it is possible to accept values of 

the coefficients of local resistance for the axial feed Ç ■ 0.2-0.3 
for the elbow-shaped - Ç . 0.8-1.0; for the circular and semispiral 

£ ■ 1.3-1.4 (see source [85]). These values correspond to 
convergence 20-30¾. 



As a rule, th3 form of the inlet is determined by the total 

structural layout of the turbopump unit. 

One of the possible variants of circular feed is shown on 

Pig. 3.3« The diameter of the feed D is determined by the outside 

diameter of the screw conveyor D(ü> and the diameter d - by the 

diameter of the liner of the screw conveyor dBT: D • (1.02-1.05)0 

d ■ (1.05-l.l)d . The diameter of the inJet into the feed D 
01 0 X 

is selected on the basis of the condition of the provision for an 

increase in the velocity from the inlet into the feed to th^ 

outlet from the connecting piece by 15-20*: D ■ (1,07-1.1) 

¿rr?. 
The basic dimensions of the connecting piece are assigned 

in fractions of a diameter D . On the section from the inlet 
u X 

into the connecting piece up to cross section I-I, the velocity 

Increases by 2-^¾ by means of a decrease in the area of this cross 

section. The areas of other cross sections of the feed vary in 

proportion to the angle ¢: 

Pig. 3.3. A possible variant of 
the circular feed: 1 - separat¬ 
ing fin; 2 - guide fin. 
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The form of the cross sections Is selected from the condition 

of the provision for a smoothness of the internal surfaces of the 

feed. For the uniform feed of the fluid to the screw conveyor in 

the feed, separating fin 1 and guide fin 2 are fulfilled. 

3.1.1.2. Rotors 

figure 3.¾ gives the scheme of rotors of a screw-centrifugal 

pump, and the characteristic cross sections are shown: 1-1 - 

inlet into the screw conveyor; 2uj-2uj - outlet from the screw 

conveyor; lu-lu - inlet into the centrifugal wheel; 2-2 - outlet 

from the centrifugal wheel. Subsequently, the designations of the 

cross sections will be used as subscripts for the parameters. The 

sulscript 'V in a number of cases is omitted if the parameters at 

the outlet from the screw conveyor are examined on the periphery 

u ), at the calculated diameter (p) and near the liner of the 

screw conveyor (bt). The subscript "u" is omitted in those sections 

where only the centrifugal wheel is examined. 

A. SCREW-CONVEYOR WHEEL 

At the assigned operating mode of the pump, i.e., at the 

known flow Q and angular velocity w, it is possible to construct 

a velocity triangle at the inlet into screw conveyor for any radius 

(see Fig. 2.62 and Fig. 2.61»). The angle between the direction 

of the relative velocity and the reverse direction of the circular 

^ (see Fig. 2.62 and Fig. 2.64), i.e., the flow angle at the 

inlet into the screw conveyor is determined by the operating mode, 

i.e., by the angular velocity and the fluid flow rate. Usually 

this angle in screw conveyors of LPRE does not exceed 6-8°. 

The screw conveyor should raise the pressure in front of the 

centrifugal wheel in order to insure its noncavitation operation, 

and therefore the screw conveyor is a reactive axial wheel. The 

screw conveyors obtained especially widespread use in pumps of LPRE. 
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Pig. 3.^. Designations of basic 
dimensions of the screw-centrifugal 
pump and velocity triangles at the 
outlet from the screw conveyor and at 
the inlet into the centrifugal wheel. 

Screw-conveyor wheels are simple to produce and possess as a 

preliminary pump of the centrifugal wheel a favorable nature of 

the change in the parameters along the radius (see Section 2.11.1.4) 

In screw conveyors of LPRE dense cascades are used (b;i/t > 1.5) 

Por such cascades we will consider that the flow at the outlet 

from the preliminary pump takes the direction of the blades; thus, 

on Pig. 2.62 ß2 • and on Fig. 2.64 B2 - &2n. 

B. CENTRIFUGAL WHEEL 

a) Angles of the Impeller Vanes 

The flow, having left the wheel of the screw conveyor, enters 

into the centrifugal wheel. Disregarding the losses, it is assumed 

that the flow in space between the screw conveyor and the blades 

of the centrifugal wheel is achieved according to the law 

c r u 
const. Under this assumption and the assumption about the 
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fact that the streams flow, not mixing, along the known circular 

component of absolute velocity at the outlet from the preliminary 

pump, It is possible to find the circular velocity component at 

the inlet into the centrifugal wheel: 

The meridian component of absolute velocity remains constant 

or is decreased. Plotted or Pig. 3«^ are the velocity triangles - 

at the outlet from the screw conveyor (for the arithmetic mean 

diameter) and at the inlet into the centrifugal wheel (for the 

m*in diameter of the leading edge). For the screw conveyor, which 

operates with the centrifugal wheel, the arithmetic mean diameter 

can be taken as the calculated (see Section 2.11.1.¾). 

According to the plotted velocity triangle, the angle of 

entry of the flow into the centrifugal wheel is determined. 

The magnitude of this angle determines the value of the inlet 

angle of the blades: 81;lil4 » 8l4 ♦ i4. Usually it is taken at 

*4 " 0-15°. In this range of the change in the energy and 

cavitation properties of the centrifugal wheels weakly depend on 

the angle of incidence. This is evident from Pig. 3.5, where 

given are the experimental data on the effect of the angle of 

incidence on the head, efficiency and inlet pressure p , upon 

which there begins cavitation separation. It is advantageous to 

h ive the angle ß^n.u suf^ci©ntly large, since in this case the 

degree of the cjiffusivity of the vane channel will be decreased. 

Blades at the outlet can have different angles 8 in the 

plane cf rotation. The wheels, generally speaking, can have 

blades cf three basic types: 

a) 82j1 < 90°; b) 82ji - 90°i c) 82/1 > 90° (see Pig. 2.43). 

WÉttttMkWl 
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Fig. 3.5. Experimental dependence 
of separation pressure, head and 
efficiency of the centrifugal pump 
on the angle of incidence at the in¬ 
let into the wheel. 

Let us examine which wheels having different outlet angles 

satisfy more the requirements given to pumps of LPRE. 

1. On the basis of the requirement for obtaining the minimum 

hydraulic losses of the pump: 

a) it is advantageous to have a large portion of static head, 

since losses in the process of the transformation of large values 

of kinetic energy into pressure energy in the discharge devices 

are great; consequently, it is more preferable to have ß2;i < 90° 

and PM - 0*5 (see Pig. 2.42). 

b) it is necessary to select the optimum shape of the vane 

channel in the plane of rotation. Figure 3.6 shows shapes of a 

channel in the plane of rotation with the straightening of the 

axis (equivalent diffuser). With comparatively small ß- the 
¿n 

angle of taper of channel is less, and consequently, the possibility 

for the separation of flow is less, and the possibility for the 

appearance of return currents, especially at large ratios Dj/D,, 

is less. When ßgj, < ßj^ the cascade will become convergent At 

the too narrow angles of the channel can be (especially with 

low ratios Dj/L^) very narrow and long, which, in turn, leads to 

an increase in the hydraulic losses. On the basis of the most 
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favorable hydraulic shape of the channel In the plane of rotation 

It Ik advantageous to select angles 80n within the limits of 
20-40°. 

Pig- 3-6. Shape of the expanded 
vane channel of the wheel at dif¬ 
ferent angles . 

2n 

? It is necessary to bear in mind that with a decrease in 

32j1 and an increase ir the static head (see Pig. 2.42) the losses 

connected with leakage of the fluid from the outlet cavity (great 

outlet pressures from the wheel) increase. 

3- One should remember that the absolute value of H at 

this circular velocity is small at narrow angles ß2/). Figure 3.7 

gives the dependences HjaB and ÍÍ - the coefficients of theoretical 

pressure when z -- and the pressure of the centrifugal pump - from 
the angle &2r. 

In order to obtain high pressure from the wheel with a small 

angle S2/1, it is necessary to increase the circular velocity, and 

this leads to great friction losses of the disk. The coefficient 

cf theoretical pressure when z - » is determined from the equation 

Ht- ’ Ht»/u2 * or when ciu " °» UBing expression Htoo - c2 „Up and 

the relations resulting from the velocity triangle at the^utlet 

from the centrifugal wheel, we will obtain 

J-f, (3>2) 

where q • (c2m/u2) ctg the flow parameter. 



im 

-VA 
Fig._3.7. Dependences of ffT0, 

and H on 62/1* 

The coefficient of pressure in the design conditions is 

determined from the equation 

77^^(1 —V». (3.3) 

where k is the coefficient which considers the effect of the 
z 

number of blades (see Section 2.10.3). 

Usually for pumps when D^/Dg i 0*55 

M,-=0,8-^0,68, 

and for pumps when D^/Dg >0.55 

( 3. ^) 

(3.5) 

Figure 3.7 shows that at low values the increase in 

e2n up to values which exceed 40-50° is inexpedient, since the 

pump pressure in this case is changed little. For large values 

■¿UHl háHMMtttMN «Há J 

257 



cr,m/u? one should select the larger angles ß2n up to 90°. But at 

the same time, let us specify that for wheels with a large ratio 

Dj/Dp exceeding 0.6 small angles " 15**20° are sometimes used 

for an increase In the cascade density of the wheel. 

On the basis of the requirements for obtaining the 

continuously falling pressure pump characteristic [dependence 

H • f(Q)], which provide static stability of the pump system, as 

will be shown subsequently, it is more preferable to have angles 

S?n 1 30-^0°. 

5. For the transfer of the maximum energy to a unit of mass 

of fluid it is more preferable to have large angles (ß2n > 90°), 

which provides greater pressure at the same circular velocity. But 

in the relation to the strength the blades radial at the outlet 

(ß2/i * 9o°* possess considerable advantage, since they do not 

undergo great bending moments from the action of centrifugal 

forces. 

The circular velocity in pumps of LPRE do not usually exceed 

200-250 m/s, and, as a rule, these pumps were underloaded in a 

strength relation, and therefore on the basis of conditions of 

strength the use of angles &2n < 90° is completely possible. 

Taking into account the requirements formulated above for the 

magnitude of the angle » ** is possible to consider that the 

optimum magnitude of the angle ß2|1 for pumps lies within limits 

of 20-60°. Usually for pumps of LPRE the value &2n -30-50°, and 

the value c> is close to 0.75-0.65. 

For pumps which pump hydrogen which possesses low density, 

high pressures (large coefficients of pressure) are necessary. 

Therefore, for a reduction in the overall dimensions of hydrogen 

pumps the value ß2n in these pumps is selected equal to 90°, 

i.e., blades with a radial outlet part, which also satisfy the 
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conditions of strength at increased circular velocities are used. 

Por hydrogen pumps the circular velocity can reach values of 

350-450 m/s (see source [107])* 

ï 

I 

b) The Types of Wheels 

In pumps of LPRE most frequently encountered are double 

shrouded rotors having driven and driving disks (front and rear 

cover walls) (Fig. 3.8a); but single shrouded (see Pig. 3.8b) and 

unshrouded (see Fig. 3.8c) wheels can be encountered. 

Types of centrifugal 
wheels: a) double shrouded; b) 
single shrouded; c) unshrouded. 

Usually the efficiency of a pump with double shrouded wheels 

is more than the efficiency of a pump with the single shrouded or 

unshrouded wheel. In unshrouded wheels there appear losses 

connected with the leakage of the fluid through the axial clearance 

A from one side of the blades to the other. Single shrouded and 

unshrouded wheels must be made with a small axial clearance, since 

with an increase in the clearance the efficiency of the pump which 

has such wheels is decreased (see source [68]). Pumps with double 

shrouded wheels are little sensitive to axial clearance. This 

makes it possible to maintain the clearance with less accuracy 

which gives structural advantages to such pumps. Unshrouded wheels 

are simpler in a technological respect. 

c) Profiling of the Impeller Vanes 

Widespread use has been obtained by the construction of the 

center line of the impeller vane by the circular arc (cylindrical 
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blades). For wheels with a ratio D1/D2 < 0.5-0.55, for which the 

dominant role in the energy transfer is played by the Coriolis and 

not the circulation forces (see Section 2.7.3), the selection of 

the simple shape of the blade is completely substantiated. 

Experience shows that wheels with cylindrical blades, as a rule, 

are equivalent in cost effectiveness to wheels of blades of a more 

complex shape. In a technological respect cylindrical blades are 

the most simple. 

For centrifugal wheels with large ratios of diameters 

> 0.6) the role of the circulation forces in the energy 

transfer Increases. This requires the use of aerodynamically 

more perfected shapes of blades. Such wheels can be made with 

three-dimensional blades, i.e., with blades of twofold curvature. 

The method of the construction of such blades is presented in work 

[13]. 

Let us discuss the construction of the center line of the 
cylindrical blade (see source [15]). Circles with diameters Dj 

and D2 are drawn (Fig. 3.9). On the circle of diameter D2 the 

arbitrary point Q is selected, and it is connected with the center 

of the circle 0. From radius 00 the angle equal to the sum of the 

angles B1/) + S2/1 is plotted. At this angle the radius OK of the 

circle of diameter Dx is drawn. Point 0 is connected with point K 

and line QK is continued up to the intersection with the circle 

of diameter at point B. Drawn from point 0 is the ray at angle 

ß2„, which is plotted to the left of line 00. From the middle of 

line GB a perpendicular is erected up to its intersection at point 

M with the ray drawn from point 0. Point M will be the center 

from which one should draw the arc forming the center line of the 

blade - arc B0. 

It is easy to show that the arc B0 is inclined toward the 

circle of diameter Dx at an angle 6lJ1 and toward the circle of 

diameter D2 at angle 02/l. Having designated the angle 00B by 

symbol we obtain 



mrnmmm 

¿OR K ¿0K B 
¿ Mfífí » / Vü/I « ^ 

¿o/Mf -¿OB/C-ÍMBO-y,' Hu 1-;-^-.^^. 

Correspondingly , 

¿LRin ¿OHM« h, and ^.VCO =/.WC0 

It is also possible to constuct the center line of the blades 

by two circles, a parabola, etc., but for this angles at the inlet 

and outlet - 31;1 and ß2i) - and the angle of inclusion of blade e. 

From the center line of the profile it is necessary to plot 

the profile thickness 6. The law of the change in the profile 

thickness is assigned. The maximum profile thickness is located 

approximately on the middle of the center line. Usually 

5max^b/i * 0*05-0.08; for an improvement in the anticavitation 

qualities of the wheel leading edge is sharpened on a length equal 

to 0.2-0.3 from the length of the blade. For the purpose of 
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decreasing the blocking of the cross section the leading edge is 

i-so made sharpened; the sharpening occupies approximately the 

same length as that at inlet. At a distance of the pitch t ■ irD^/z 

the following blade is similarly constructed. The obtained vane 

channels must be checked. The law of the change in the flow area 

should be smooth and approach the samples recommended in practice. 

The flow area of the vane channel, which is perpendicular to 

lines of current in relative motion, is approximately determined 

by the area of the trapesoid, the center line of which is equal to 

the diameter of the circumference inscribed into the vane channel 

(see Pig. 2.12), and the height is equal to the width of the wheel 

in the meridian section b on the radius corresponding to the 

selected point on the center line of the vane channel. The 

diameter of the circumference inscribed into vane channel condi¬ 

tionally replaces the distance along the normal between the two 

adjacent profiles. 

Having a high hydraulic efficiency are rotor wheels whose 

change in the flow area of the vane channel depending on the 

radius passes through the maximum at approximately one-third of the 

length of the channel; value A should be 10-201 of Pg-0 (Pig. 3.10), 

With a similar change in the flow area of the vane channel the 

area of diffuser flow is decreased. 

Pig. 3.10. Optimum change in the 
flow passage cross-sectional area of 
the vane channel of the centrifugal 
wheel along the radius. 
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3.1.1.3. Theoretical Pressure of 
a Screw-Centrifugal Pump Taking 
into Account the Finite Number of 
the Blades 

• 

For determining the theoretical pump pressure, or, In other 

words, the specific energy transmitted to the fluid, we take the 

• boundary cross sections at the inlet into the screw conveyor and 

at outlet from the centrifugal wheel. Then the theoretical 

pressure of the screw-centrifugal pump (if we accept the scheme of 

the wheels with an infinitely large number of blades) is calculated 

in accordance with equations (2.31) and (2.59). 

In the presence of a screw conveyor the specific energy 

transferred to the fluid by the centrifugal wheel will be less 

by the value of the specific energy transferred to the fluid screw 

conveyor. The theoretical pressure of the centrifugal wheel should 

be calculated taking into account the circular component at the 

inlet into the wheel: 

H T« ■■■ //f«'* )•• If im*t 
or //,.—(<•,„*-'■i.«)«, !-('•i«**!-n 

Juder the assumption that the flow between the screw conveyor 

and the centrifugal wheel obeys the law cur ■ const, we obtain 

(f; mM)m P 

and then 

//»% •• UViJl,* 

When clu ^ ■ 0 the equation is simplified: 

, (3.6) 
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Consequently, the theoretical pressure of the screw-centrifugal 

pump i* determined by the outlet parameters of the centrifugal 

wheel, l.e., just as If there Is one centrifugal wheel, under the 
condition that c, ■ o. 

lu u 

In view of the Inertness of the fluid, it Is not possible to 

transmit from the wheel with the finite number of blades the 

energy corresponding to HT„. The energy distinct from H and 

equal to Ht (see Section 2.10.3) Is transferred to the fluid: 

H, **»",*. 

For the case where clu ^ - 0, we will have 

*■}■■“ Vfc». (3,7) 

and the coefficient of pressure H - kznrXjm [see equation (3.3)]. 
The relation between Ht and HTo# was established by a whole number 

of researchers on the basis of calculated or experimental depend¬ 

ences (see for example, source [15]), 

The most theoretically substantiated data on coefficient k 

and theoretical pressure Ht can be obtained In the solution to the 

problem of the flow of the circular cascade of the centrifugal 

wheel, m source [60] thl. problem for the potential Incompressible 

flow Is solved by the method of singularities. The spaciousness 

of the cascade (variable width of the blade) was considered by the 

Introduction of the system of flows whose Intensity was changed 

depending on the width of the blade. 

For training purposes the determination of coefficient k of 

the screw centrifugal pump, can be conducted according to data 

given In work. [60] and [100] (Pig,. 3.11-3.13), even If the 
geometric parameters cf the wheel, differ somewhat from those for 

which the data in these works are obtained. 
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Pig. 3-11. Dependence of coefficient k on the relative diameter 
| ¿i 

■ D^/Dp and the number of blades z (when ßp r * 30°, c2m/u2 i 

<0.2 and « 28°). 

Fig. 3-12. Dependence of coefficient kz on the relative diameter 

D1 * and the tiUmbef of blades z (when ß,_ * 60° , c2m//u2 - 

< 0.2 and ßln ■ 28°). 

Let us examine in more detail the effect of parameters of the 

pump on krr. The effect of the operating mode of the pump on 

coefficient kz is important in the range c-^/u^ < 0.15-0.2 (see 

Pig. 3.1^1 borrowed from source [60]), which is of practical 

interest. The number of blades considerably affects the coefficient 

kz. With an increase in the number of blades z the coefficient 

k„ increases (Pig. 3.15). 
t* 
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Fig. 3.15. Effect on 
coefficient k of the z 
number of blades 
angle SJn (Slrl 

;1 

z and 
20-28°; 

b/t, * 1.8-1.9). 

As regards the i’elative diameter D, its effect is 

felt only with the low cascade density of the wheel, beginning 

from denseness b^/t^^ < 1.8-1.9 (t1 - the cascade pitch at the 

inlet) (ses Figs. 3.11-3.13). With the usually accepted number of 

blades z • 6-12 the effect of Dj is developed in the region 

Dj > 0.5-0.6. With an increase of the number of blades the value 

Dj, beginning from which falls, is increased. Therefore, at 

large values of Dj, for an increase in kz it is necessary to 

increase the number of the blades. In the limit when the relative 

diameter of the circular cascade of the wheel D. -* 0, the cascade 

density becomes so low that it does not exert a deflecting effect 

on the flow, and k -» 0. 

With an increase in the angle of blades at the outlet ß-, 
¿/i 

coefficient k is monotonlcally decreased (Pig. 3. lb). This i?: 

explained by an increase, with an Increase in of a pressai e 

differential on the blade (Increase in the load) similar to an 

increase in the load with a decrease In the number of blades. The 

greatest effect developed In the region of the low values 

of the angle (3,, j < ^0-50°) and in the region of large angles 

(ß2n > 110-120°). 

If in the case of diffuser wheels [F./F0 < 1 (30 > 6, )] 
1 2 ~ 2n l/i 

there will always be H < H , 0 < k < 1 and angle ó * 8_ - ß., 

is positive, then in the case of convergent wheels fF./F, > 1 

(S2n < ß^)] the theoretical pressure Ht can exceed the theoretical 
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Fig. 3.16. Dependence of coefficient 
kz on the angle 6?;i (D * 0.5; ß. « 

■ 28°; z * 12) 

pressure vith rji Infinite number of blades H.^ or be equal to It 

(f7r - ÍTt«) (see Section 2.10.3 and Fig. 2.5*»)! In this case the 

■-tncie of lag 6 will be negative or equal to zero (6 < 0), and k 

cari lîce Vîiiues equal to unity or larger than unity (Fig. 3.17)* 

ind also negative: kz > 1; kz < 0. The possibility of obtaining 

the Indicated values 6, Ht and kz, which ensue from the theory, 

Is confirmed experimentally (see source [59]). 

Figure 3.17 depicts the experimental values of 6, íf and k 

ior the convergent cascade of the centrifugal wheel (F^/F- ■ 2.2). 

Ihey are calculated according to the measured angle of flow at the 

outlet; the wheel worked In free space without a spiral branch pipe 

(see source [82]). The nature of the change Ht and kz according to 

C2m * c2n/u2 corresponds to the nature of their change predicted 

by the theory (see source [60]). 

Ht large values of c2m .he theoretical pressure Hi becomes 

.-no re than Hra>, and, consequently, becomes more than'unity, and 

5 is negative. When c2m - tg ß2/], when HTa> « 0, value k , in 

accordance with equation (2.130), lo equal to infinity. 
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Fig. 3.17. Dependence of the angle of lag of 
flow 6 at the outlet from the centrifugal 
wheel and coefficients k . H_, and H_ on 

rp m TOO 9 T® T 

ratio c-m/Up for the convergent cascade of the 

centrifugal wheel (F^/F0 « 2.2). 

When c,m > tg 8-,. the value HTai takes the negative values, Ht 

i k2 becomes m 

H * 0 the value k take- a zero value. ! Z 

remains positive, and then k becomes negative. At the point 
Cá 

3.1.1.4. Branch Pipe of th^ Pump 

A. GENERAL INFORMATION 

The branch pipe serves for the collection of the fluid coming 

out of the wheel, its direction into the system, and the conversion 
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in this case of the kinetic energy of '’low Into the pr- ssure energy 

Tills is necessary because the flow at the outlet from the wheel 

lias a velocity of 150-200 m/s and sometimes it is more, i.e., it 

possesses high kinetic energy, while for the feed system of the 

LPKK high pressures (15-30 tWr.2) and the low speed of the fluid 

at the outlet from the pump UBuy - 6-15 m/s) are necessary. The 

high speeds of motion of the fluid in the system lead to high 

hydraulic losses. Furthermore, the hydraulic impact with the 

action of the automation elements of the LPRF, (velocity is quenched 

down to zero) will be more at a higher initial velocity. 

¿he available kinetic energy for conversion into pressure 

energy in the discharge device is equal to 

'J-ik* 
2 2 ' 

At values 32ji common for pumps, equal to 30-50°, it consists 

in the design conditions of 25-35¾ of the entire theoretical 
pressure of the pump. 

The branch pipes have the following requirements: 

1) converting the kinetic energy of the fluid flow into 
static head with minimum losses; 

2) insuring the uniform field of velocities and pressures, 

creating conditions for the steady relative motion of the fluid 

through the wheel and for the reduction in the radial stresses; 

3) having the smallest possible dimensions. 

ihe branch pipe of . ngle-stage pump (Fig. 3.18) usually 

consists of a circular vaneiess diffuser (section 2-2’), a spiral 

collector (section 2'-3) and a conical diffuser (3-4) 
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Fig. 3.I8. Spiral branch pipe. 
KEY: (1) "Tongue." 

Besides the vaneless diffuser, the branch pipe can include 

even m vane diffuser (Fig. 3.19). Technologically the vane 

diffuser is complex, but during its use increase stx’ength and 

rigidity of the housing, and the efficiency at the precalculated 

point can also be increased. 

t 

wl 
Fig. 3.19. Diagram of a pump with a circular 
vane diffuser: 1 - spiral collector; 2 - 
conical diffuser; 3 - circular vanele^s 
diffuser; 4 - circular vane diffuser. 



*.*;e vaneless diffuser plays an auxiliary role in pumps of 

LPRE* U separates the wheel of the pump from vanes of the vane 

diffuser or from the "tongue" of the spiral part of the branch 

pipe. Converted in it into potential energy is the insignificant 

portion of the kinetic energy of the flow. 

In compressors and blowers the vaneless diffuser has an 

independent importance. In the vane and conical diffusers there 

occurs the conversion into pressure of virtually the entire 

available kinetic energy of the flow. The spiral collector is 

intended for the collection of the fluid coming out of the wheel 

Its direction through the conical diffuser into the main 

livery line. In conical dliluser basically the conversion of 

kinetic energy into potential energy occurs. 

The branch pipes of multistage pumps, besides the indicated 

elements. Include reverse guiding vanes II (Fig. 3.20), which are 

intended for the removal of fluid from one stage of the pump to 
the other. 

Fig. 3.20. Multistage centrifugal pump: I - 
circular vane first-stage diffuser; II - 

-tagesE Vane between the first and second 

Let us examine in more detail the flow In the elements of 
discharge devices. 
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B. VANELESS ANNULAR DIFFUSER 

At the inlet into the plane vaneless diffuser, which is 

annular space at lie outlet from the wheel (Fig. 3.21), the flow 

has the rate equal to the escape velocity of the 

fluid from the wheel. The rates c2m and c2u (velocity components 

Cj) are determined respectively from equations (2.3) and (3.7). 

As a rule, c2u is considerably more than c2m, and therefore in 

diffuser elements of the branch a pressure Increase occurs 

basically because of a decrease in circular velocity component c2u. 

Fig. 3-21. Determination 
of the flow line of fluid 
in a circular vaneless 
diffuser. 

Let us examine how velocities c2jn and c2u in the plane vaneless 

diffuser are decreased. A decrease in the veljcity c2m is reached 

by an increase in the flow area with an increase in the radius: 

**. Fm i*** 
(3.8) 

Hence when b • b^ we obtain 

(3.9) 

i.e., the meridian velocity component cm is decreased inversely 

proportional to the radius of the vaneless diffuser. 

I 
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Let us establish the dependence of the circular component c. 

un the radius R from the moment-of-momentum equation (2.21), 

assuming that the wall friction of the diffuser Is absent: 

Hence we will obtain 

Consequently, the circular velocity component c will be decreased 

with an Increase in the radius (Fig. 3.22). 

Pig. 3.22. Distribution 
of pressure and veloci¬ 
ties In a circular vane¬ 
less diffuser. 

The ratio cm/cu - tg a determines the Inclination of the flow 

line. With the aid of expressions (3.9) and (3.10), we obtain 

(3.11) 

i.e., the flow line in the vaneless diffuser retains the Initial 
angle a?. 

Let us find the expression for the flow line. The flow 

passing from radius R <?ee Fig. 3.21) to radius R ♦ dR follows 

along line s, which is the flow line with the angle equal to a,. 

From the elementary triangle aöB we obtain ¿ 
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Hence let us record the differential equation of the flow line in 

polar coordinates: 

— tK 

Integrating this equation within limits from r2 (correspond¬ 

ingly, ¢-0) to the current values R and ¢, we obtain 

\ o* I» —«y»*«i: 

(3.-12) 

Equation (3.12) is the equation of the logarithmic spiral. 

passing through the point ♦ »' 0 and R » r^. Thus, the flow line 

in the vaneless diffuser of constant width is the logarithmic 

spiral. The less the angle a0 (the more c2u in comparison with c2m), 

the more the length of the flow line s (see Fig. 3.21) and tho 

larger the path the particle of fluid passing from radius r2 to 

radius R of the vaneless diffuser passes. Friction increases the 

angle of inclination of the spiral a. 

Let us define how the pressure increases in the vaneless 

diffuser (not allowing for friction). From the Bernoulli equation 

(2.75) we obtain 

(1-îh 

After the substitution into this equation of expressions (3-9) and 

(3.10), we find: 

(3.13) 
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With an Increase In the radius the pressure In the vaneless diffuser 

is Increased (see Pig. 3.22). For the conversion In the vaneless 

diffuser of a considerable part of the kinetic energy of flew into 

potential energy, it is necessary to increase the external radius 

of the diffuser, considerably increas'ing its radial extent. There¬ 

fore, as a basic diffuser device the vaneless diffuser in pumps 

of the liquid-propellant rocket engine is not used. Moreover, 

pumps of liquid-propellant rocket engines have a small ratio 

c2m/c2u *3ma11 value oo, « 5-10°), and this, as was already mentioned, 
leads to the great length of the flow line, and, therefore, to 

great friction losses of the fluid against the walls of the 
diffuser. 

Losses in vaneless diffusers of pumps ^f liquid-propellant 

rocket engines are usually not calculated separately. Hiese 

refer to losses in the spiral part of the branch or to losses in 

the vane diffuser. In pumps of liquid-propellant rocket engines 

the external radius of the vaneless diffuser is usually equal 

to (1.05-1.15)r2. 

C. VANE ANNULAR DIFFUSER 

The vane annular diffuser Is made In the form of a circular 

cascade installed between wails (see Fig. 3.19). The liquid Jet 

is deflected by the blades from the trajectory of free motion 

along the logailthmic spiral. The trajectory in the particles 

of fluid is obtained more steeply. With the same radial displace¬ 

ment the circular velocity component in the vane diffuser is 

decreased more greatly than it is in the vaneless. A decrease in 

c is basically provided by a decrease in c2u, since value c is 
generally comparatively small. 

¿he shape of the blade (Fig. 3*23) is selected so that the 

angle a-, would be more than the angle c^', determined by the 

inclination of absolute velocity to the circular direction with a 
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Pig- 3-23. Diagram of 
a circular vane diffuser. 

free flow of fluid. The vane channel in this case is expanded, 

and the angle of expansion should not exceed 8-10°. 

The expansion ratio of the vane diffuser is equal to (see 

Pig. 3.23): 

«i, ’ (3.1^) 

where is the coefficient of narrowing of the section by the 

blades at the outletj is the coefficient of narrowing of the 

section by blades at the inlet. 

It is recommended to select the width of the vane diffuser 

b* somewhat larger than the width of the flow area of the wheel: 

~(U-: 1.2)*,. 

This makes It possible to compe:,sate for the inaccuracy in the 

relative location of the wheel and diffuser. 

In channels of the vane diffuser the stagnation of flow is 

achieved on a shorter path of the particle of fluid than in the 

vaneless annular dlifuser, and therefore at the narrow angles of 

the outlet of the Jet from the wheel hydraulic losses In the vane 

diffuser are less than those in a vaneless annular diffuser. The 

number of blades is usually 5-12. 
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The installation of the vane diffuser complicates the design 

of the pump, but sometimes its use is desirable from a structural 

point of view, since the vane diffuser can insure great rigidity 

and strength of the pump casing with thin walls. 

The outlet velocity from the vane diffuser is found from the 

known a> gle of inclination of the center line of the blades to the 

circular direction and according to the known meridian velocity 

component: 

(3.15) 

(3.16) 

The elocity behind the blades will be less, since the 

meridian component is lowered due to an increase in the cross- 

urct.tonal area: 

c- 

The circular component will not be changed: 

(3.17) 

The pressure increase in the vane diffuser is determined from 
the energy equation 

Pi-Pi-*« 

Assuming that k ■ 1 and c£ * c^/sin - (angle of attack 

is equal to zero), we obtain that 
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Since then with identical dimensions in the vane 

diffuser a larger pressure increase than in the vaneless diffuser 

is achieved [see equation (3.13)]. The flow In the vane diffuser 

and losses in it are calculated as in the vane circular cascade 

if ratio bn/tcp < 1 (here is the length of the blade; t is 

che pitch at the mean diameter of the vane diffuser). When 

k/Z^cp > * vane diffuser is considered as a system of the 

channels. The losses in it are determined from equations of 

hydraulics (see Section 2.13.2.IX 

Usually vane diffusers have D3/D¿ • 1.35-1.45; ^^2 “ 1 

(see source [ ^]). The angle of the blades at outlet from the 

diffuser a3n is tricen to be 12-15° larger than angle ot£n. The 

center line of the diffuser vanes is outlined by a circular arc. 

The method of construction of the center line is similar to the 

method of construction of the center line of blades of the 

centrifugal wheel (see Section 3.1.1.2). The maximum thickness of 

the blade is located approximately on its middle. The leading 

edge of the blade is rounded off by a larger radius than is the 

trailing edge. 

After the construction of the blades, it is necessary to be 

convinced of the fact that the angle of the equivalent conical 

diffuser, which has a length equal to the length of the vane 

diffuser and flow areas equal with it, does not exceed 10-12°. 

If the angle proves to be more, then for a decrease in its losses 

it must be decreased down to permissible values by means of a 

decrease in the angle or increase in the ratio of diameters 

D^/D^ and number of blades z. 
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D. SPIRAL COLLECTOR 

The spiral collector is widely used in centrifugal pumps. The 

circular and meridian velocities of flow in it will be decreased 

with an increase in the radius (see Fig. 3.18). As a result of 

this a certai! increase in the pressure along the radius occurs. 

An additional increase in the cross section for the conversion of 

kinetic energy c2u/2 into pressure energy (geometric diffuser 

effect), as a rule, is not provided, since that increases the 

losses in the collector. 

If in the outlet section of the collector the average 

velocity is equal to c3, then the pressure increase in it is 

determined from the energy equation; 

where c¿ is velocity at the inlet into the collector (outlet from 
the vaneless diffuser). 

Let us derive the fundamental relations for calculating the 

spiral collectors. Let us assume chat the fluid flow through the 

element of the arc of the outlet circumference of the wheel is 

proportional to the angle of the coverage of this arc. Let us 

designate as the flow through the arc a6 (see Fig. 3.18) of 

the circle described by radius R£: 

«--¿•e. (3.18) 

where ♦ Is the angle of coverage of arc eh, and Q Is the fluid 
flow which enters from the wheel into the spiral. 

The flow through the elementary cross section df - bdR (see 

sketch on the upper left on Fig. 3.I8) is designated 

tlQf * <v// ^eJbJR. 
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The flow through the whole cross section ö-ö'is also equal to 

S 4 
(3.19) 

Having substituted here the expression for from equation 

(3.18), we obtain 

Hence there results the basic equation for calculating spiral 

collectors, which establishes the relationship of the current 

angle * and geometric parameters b and R : 
C 

(3-20) 

The last equation is the basic equation for the design of 

the collector. If we assign the law of the change in cu and 

width b along radius R, then from equation (3.20) the dependence 

of the radius of spiral R on the angle <)> is determined. The c 
cross section of the spiral can be circular (see Fig. 3.1.'), 

pear-shaped (see Fig. 3.18), trapesoidal (see Fig. 3.I8A), 

rectangular (see Fig. 3.I8B) and so on. The simplest is the 

rectangular cross section (b « b^ ■ const). 

Collectors with a rectangular cross section are frequently 

used in screw-centrifugal pumps. The width of the collector bi. 

is selected on the basis of the width of the wheel. It can be 

more or less than the width of the wheel b^, taking into account 

the thickness of disks of the wheel, but not less than the width 
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of the flow area of the wheel t>2 (Pig. 3.2*0. When - b? there 

is eliminated the appearance of vortex zones in the region shaded 

by faces of the disKs. But with the width of the spiral b¿ 

exceeding the width of the wheel br. the energy of the Jets flow¬ 

ing from disks of the wheel is used. Collectors with a width of 

b’ larger than bfl are usually used: 

+(0.04 : 0,08)/),. 

An experiment shows (see source [91]) that an increase in 

the width of the collector, which will be accompanied, other con¬ 

ditions being equal, by a decrease in the height of cross sections 

of the collector, does not have a substantial effect on parameters 
of the pump. 

a) 

Pig. 3.24. Narrow (a) 
and wide (b) inlets into 
the spiral collector. 

Let us examine the scheme of the calculation in which we 

proceed from the fact that the external wall of the collector 

should not have a disturbing effect on the flow. In this case 

the contour of the external wall of the spiral should coincide 

with the direction of flow lines of the fluid which moves from the 

wheel in free space. As is known, the free flow at the outlet 

from the wheel, not allowing for friction, obeys the law 
cuR ■ const. 

Assuming that cuR ■ c2ur2, from equation (3.20) we obtain 
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When b « b£ ■ const 

toí“»í¿7 

Taking Into account that 

we obtain 

K, 
t. »« •¿•«»i 
Hf « 

(3.21) 

(3.22) 

Equation (3.21) for the external radius of the spiral of the 

rectangular cross section of constant width is the equation of 

the logarithmic spiral. The external wall of the spiral coincides 

with the flow line of fluid in the case of the absence of losses 

[see equation (3.12)]. 

The presence of losses in the spiral collector, caused by 

the wall friction and the nonuniformity of flow at the outlet from 

the wheel (inlet into the collector) and in the collector (losses 

to eddy viscosity in the flow) leads to a distinction in distribu¬ 

tion of velocities and pressures in the collector from their 

distribution in the case of the absence of losses (cuR * const). 

Figure 3.25 gives the experimentally obtained velocity field 

in cross sections of the collector. It is evident, in particular, 

that the velocity cu is decreased more slowly than according to 

the law cuR ■ const, - in general according to the law cuRa * const 
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Fig. 3.25. Theoretical (dashed “ine) and 
experimental curves of the chi».;~‘ in the cir¬ 
cular velocity component of the ro* c along 
the radius of the spiral collector. u 

(a < 1) (see source [75]). The mixing of the Jets in the collector 

leads to the equalizing of the circular velocity on cross sections 

of the collector. This makes it possible to carry out calculation 

of the collector from the assumption of constant velocity 

cc " const in all its cross sections. 

Let us accept for the velocity cc that velocity which would 

take place in the absence of losses (cuR ■ const) in the middle 

of the outlet section of the collector, i.e., on the radius 

For the collector with a rectangular cross section b ■ const, 

by utilizing expression (3.22), it is possible to record: 

Then 

The cross-sectional area of the outlet from the collector 

[inlet into the conical diffuser (see Fig. 3.18)] will be determined 

according to the equation 
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(3.23) 

The areas of the intermediate cross sections are determined 

according to the area of the inlet into the cónica] diffuser f,: 

/f-(*/fc«)/„ (3.21») 

Since when b • const 

(3.25) 

Then, by substituting expression (3.25) into (3.24), we will obtain 

the following relation of the radius of collector R with the 

angle *>i 

Hwa.)^. (3.26) 

It should be noted that the operation of the pump with a 

small deviation in the actual contour of the external wall of the 

collector from that calculated is not greatly affected. However, 

deviation from the calculated area of the cross section of the 

inlet into the conical diffuser can affect the parameters of the 

pump (see source [91J). 

E. CONICAL DIFFUSER 

In the absence of a vane diffuser the basic stagnation of the 

flow is achieved in the conical diffuser. Its portion consists 

of 80-85* of the dynamic head converted into the static head in 

the discharge devices. The conical diffuser is made in the form 

of a widening connecting piece of variable cress section 

Fig. 3.26a). Its inlet section corresponds to the form of the 

cross section of the spiral collector, and the outlet section 

is usual]y made circular, since the conical diffuser will be 

Joined directly with the pressurizing pipeline. 
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Pig. 3-26. Diagrams of conical 
diffusers: a) conical diffuser; 
b) stepped conical diffuser. 

As studies showed (see source [91])» on the initial section 

of the diffuser it is advantageous not to increase the cross- 

sectional area. This leads to the equalizing of the velocity 

field and a decrease in the diffuser losses. It is possible to 

take the length of the section with a constant cross-sectional 

area on which the shape of the cross section of the inlet into 

tne diffuser passes over to a circle equal to 0.2-0.35 of the 

length of the diffuser. The expansion ratio of the conical 

diffuser is characterized by the angle of opening y°. The circular 

sections can have an opening angle 10-20°. The larger angles of 

opening lead to great losses connected with the boundary-layer 

separation. 

In pumps of liquid-propellant rocket engines the large 

expansion ratios are used, since values of the escape velocities 

from the spiral cc » c^ are great and can reach 100-150 m/s. The 

average velocity in the outlet section of the spiral (at the inlet 

section of the conical diffuser) is found from the rate of 

discharge and the known value of the cross section. 

The velocity «Bblx(Ci|) in the outlet section of the conical 

diffuser determines the degree of its expansion: 

?, IB -!■/§ 

/•«* 

Then the pressure increase in the conical diffuser will be 

equal to 
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The length of the conical diffuser Is usually limited to the 

value equal to (2.5-6.5)dj, where d^ Is the equivalent diameter of 

the initial cross section of the diffuser 

If after the conical diffuser the velocity proves to be 

inadmlssibly large (higher than 10-20 m/s)» then a stepped conical 

diffuser is used (see Pig. 3.26b) or vane diffuser is placed at 

the outlet from the wheel The use of a diffuser with a constant 

pressure gradient (diffuser with an increasing angle of expansion) 

deserves attention. 

F. LOSSES IN THE COLLECTOR AND 
CONICAL DIFFUSER 

During the calculations the losses in the spiral collector and 

in the conical diffuser are estimated totally with the use of 

statistical data. The calculation of losses in elements of the 

collector and conical diffuser by methods of hydraulics (see 

Section 2.13.2.1) is uncertain, since it does not consider, for 

example, the great nonuniformity of the field of velocities taking 

place in the collector and conical diffuser. Losses with the 

mixing of the Jets which escape from the wheel with the flow 

which moves along the spiral collector should especially be 

noticeable. Because of the turbulence the velocities in the 

spiral along the cross section are equalized (law euRa « const, 

a < 1), and the velocity c2 escaping from the whee] has a higher 

value than the flow velocity which approached this cross section. 

Tie sum of the losses in the collector and conical diffuser 

is expressed as the kinetic energy of the flow at the inlet inte 

the collector. If the branch consists of a vaneless diffuser, 

collector and conical diffuser, then losses in such a branch are- 

expressed as the kinetic energy of flow at the outlet from the wheel: 
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(3.27) 

where C0TB * 0.18-0.22 (see source [95]) - the loss factor In 

branch. When c^u ^ ■ 0» disregarding the velocity C2m (Insignifi¬ 
cant in comparison with c2u), with the aid of expression (2.128) 

it is possible to record: 

C.-C.JWÍ. (3.28) 

3.1.1.5. Hydraulic Efficiency cf 
the Pump 

The hydraulic efficiency of the screw-centrifugal pump is the 

efficiency which evaluates the hydraulic losses in the flow area 

(see Section 2.15.1). The hydraulic efficiency of the screw- 

centrifugal pump can differ from the efficiency of the centrifugal 

pump not having a screw conveyor. 

At small ratios - 0*5“°.55)» which is character¬ 
istic for small values of n,, (n„ < 6O-8O), the arrangement of screw 

conveyor has little effect on the hydraulic efficiency of the pump. 

With large ratios D./D2 (Dj/I^ > °*55) the installation of the 

screw conveyor, as a rule, increases the hydraulic efficiency of 

the pump by 10-15$ Uee source [50]), and sometimes an increase in 

the efficiency reaches 20-30$. 

At values of > 0*55 the efficiency of tho centrifugal 

wheel decreases, and the installation of the screw preliminary 

pump makes it possible to hold it at a level of 0.82-0.85. This 

circumstance is very important for pumps of liquid-propellant 

rocket engines, since the centrifugal wheels of the pumps of 

liquid-propellant rocket engines of high thrusts have large ratios 

D1/D2. Therefore, the screw preliminary pump is frequently used 

not only for an increase in the anticavitation qualities of the 
pump, but also for an increase in efficiency. 

288 



The maximum values of hydraulic efficiency (Pig. 3.27)» as 

experimental studies show» lie at values of relative "twist" at 

the Inlet into the centrifugal wheel c^u ■ 0.3-0.¾. With 

an Increase In c^u y (which corresponds to the large pitch of 

the screw preliminary pump) Increases the portion of energy 

transferred by means of the Coriolis force of Inertia (see Pig. 

2.36), and the portion of energy transferred by the wheel as a 

result of the circulation flow is decreased. 

Pig. 3.27. Effect of 
twist at the Inlet Into 
the centrifugal wheel on 
the hydraulic efficiency 
and pressure of the 

Hydraulic losses with the transmission of energy by means 

of Coriolis forces are connected only with the rate of the flow, 

i.e., with the relative velocity, and it Is decreased with an 

increase In clu ^ (see Pig. 3.¾). As a result of this, the energy 

losses in the centrifugal pump are lowered. With a further 

increase in clu y (screw pitch) the portion of losses of the screw 

preliminary pump in the total energy balance increases, and the 

efficiency of the screw conveyor is somewhat less than the 

efficiency of the centrifugal wheel. Furthermore, at high values 

of c, the losses on the section between the ^crew conveyor 
lu u 

and the centrifugal wheel Increase. 

The effect of the shape of profiles of the blades of an axial 

preliminary pump and centrifugal wheel on the magnitude of the 

hydraulic efficiency of the screw-centrifugal pump is small: 



The ratio 

H,-L .m — fmp « T • 

"t 
(3.29) 

is the efficiency of the screw-centrifugal wheel, where HMOr is 

pressure of the screw-centrifugal wheel. Disregarding losses in 

the feed, it is possible to record: 

’V-V.'W (3.30) 

It is difficult to calculate directly nr Mî it can be determined 

with the aid of equations (3.28) and (3.30), finding the 

preliminarily hydraulic efficiency of the entire pump (n ) and the 

efficiency of the branch: 

For calculating the hydraulic efficiency of the pump, results 

of the generalization of statistical data are used. For pumps 

with the ratio of the diameter« .<0.55 the hydraulic 

efficiency nr ■ 0.82-0.85. When 0.55 < D1/D2 <0.8 

nr-(U-l.l.i)(it3-|L). (3.3D 
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3.1.2. LEAKAGE LOSSES IN A PUMP. 
DISK AND MECHANICAL LOSSES 

3.1.2.1. Leakage Losses In Pumps 

A. GENERAL INFORMATION 

In the most general case leakages of fluid in the centrifugal 

pump can occur along three channels (Fig. 3.28): 

1) through the front seal, which separates the cavity of high 

pressure from the cavity of low pressure (Qyl)» 

2) through the discharging openings (Qy2)J 

3) through the seal along the shaft (Qyj)* 

Fig. 3.28. Diagram of leakages of 
fluid from the pressure cavity of 
the centrifugal pump. 

There can be no discharging openings, and therefore leakage 

Qy2 Is not necessary for all pumps. 

It Is attempted to make the seal on the shaft, which separat', 

the flow area of the pump from the drainage cavities, as a rule, 

with full sealing, using contact seals, and Impellers; In this ca.e 

the leakage virtually occurs through the drain holes into the Inlet 

into the pump, the tank or the atmosphere. 
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In unshrouded wheels the fluid leakage from the pressure cavity 

‘•Uo the ^ntake cavity can occur through clearance between the 

blades, and the housing. The presence of a cover disk, or shroud, 

eliminates the overflowing through the blades from the forcing side 

tu the nonoperative side, but does not remove the total leakage from 

the pressure cavity into the intake cavity. 

In the designing of a turbopump unit of a liquid-propellant 

rocket engine [LPRE] (WPA), it is important to know quantity of 

fluid running off from the cavity of high pressure: 

Q,: Qy. 

The method of calculation of the amount of fluid which escapes 

through the seal Is given in the example of a slot ring seal, which 

separates the cavity of high pressure from the cavHy of low pressure 

on the driven disk of the centrifugal wheel (see Fig. 3.28A). 

The leakage Qyl depends on the flow passage cross-sectional 

area of the slot in the seal, the design of the seal (sharpness of 

edges, etc.) and the pressure differential. 

The flow through the slot with an assigned pressure differential 

found according to the known equation: 

<w, 
or 

(3.32) 

where y is the coefficient of flow; 

D - the diameter on which the seal 

radial clearance, p - pressure in 

at the inlet into the wheel; L - e 

overflowing through the seal. 

ly - the flow area of the seal; 

is located; 6y - value of the 

front of the seal, p^ - pressure 

nergy lost by the fluid with 
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Let us express Ly in terms of the static head of the wheel: 

/ ^ (3.33) 
* t * • • 

wi'.ere is pressure at the outlet from wheel. 

The term (p2 - Py)/0 in equation (3*33) characterises the 

pressure difference at the outlet from the wheel and in front of 

the seal. 

In order to calculate the leakage through the seal, one should 

first find the pressure in front of the seal py, which is determined 

by the law of motion of the fluid in the clearance between the 

rotating wheel and pump casing. 

B. DETERMINATION OF PRESSURE IN THE 
CLEARANCE BETWEEN THE ROTATING WHEEL 
AND PUMP CASING 

The pressure distribution in the clearance between the wheel 

and the pump casing depends on the nature of the motion of the fluJa 

in the clearance. Directly at the wall of the wheel the fluid is 

rotated together with the wheel. Near the wall of the housing the 

fluid is immobile. It is obvious that the interlayers of the fluid 

in the clearance are driven by forces of viscosity, but they have 

a circular velocity less than the circular velocity of the wheel 

on this radius. An approximate diagram of circular velocities (in 

the cross section of the clearance by the cylinder of an arbitrary 

radius) is shown on Fig. 2.87. 

With the rotation of the fluid in the clearance, its motion in 

a radial plane appears. Under the action of centrifugal forces the 

layers of fluid adjacent to the wheel will be moved to a larger 

radius. Under the effect of increased pressure at the outlet from 

the wheel, along the wall of the housing motion from the periphery 

to the axis will begin. An approximate diagram of the meridian 
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velocity of the motion of fluid in the axial clearance is represented 

'r' Mg’ :t*29» and the flow line for the centrifugal pump is given 

on r'tg. 2.88. The velocity distribution in the clearance is 

affected by the "twist" of the main flow at the outlet from the 

wheel c2u. With the flow of the fluid through the seal, the diagram 

of the meridian velocity in the axial clearance will be unsymmetric 
(see Pig. 3.29). 

Pig- 3.29. Diagram of meridian 
velocity in the axial clearance 
between the disk and the pump 
casing. 

no a first approximation let us find the pressure in front of 

the seal for the case where the fluid leakage through the seal, in 

view of the smallness of the flow of effluent fluid, will not 

noticeably affect the distribution of velocities and pressures in 

the clearance. In this case the average angular velocity of the 

rotation of fluid will be equal to half of the angular velocity of 

rotation of the wheel (see source [9]): 

t 

Let us find the law of the change in pressure along the radius 

in the clearance for particles of fluid which is in radia 

equilibrium. Acting on the fluid element, which is ln radial 

equilioriuir, in the coordinate system connected with this element, 

is the centrifugal inertial force pu)^ rdfdr and the pressure 

difference dp (see Fig. 3.29). 

From the equation of radial equilibrium [see equation (2.131)] 
it follows that 



( 3* 3*0 
ir ^ 

Integrating this equation from r (moving radius) to r2 and 

replacing w*L „ • w^/4, we obtain 
Cp • IN 

rl—r* 

-V* 

whence the pressure in the clearance in radial equilibrium will be 

equal to 

or 

(3.35) 

By knowing the radius on which seal is located( let us find 

the pressure in front of the seal p (see Pig. 3*28)s 

hence we will obtain the pressure difference: 

'■-'•-•i’l1 (¾)) 
and the corresponding pressure lost in the seal: 

w.-il-SI- 

(3.36) 

(3.37) 

(3.38) 

where HCT » Hkoj) - taking equations (2.104) and (3-29) into 

account, we obtain 

7/„—(*h«ncta—fiJ. (3.39) 

Figure 3.30 depicts the pressure distribution in the clearance 

and wheel. 
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F.lg* 3« 30. Diagrams of pressures in the axial 
clearance between the disk and pump casing and 
in the flow area of the wheel: A - not 
allowing for leakages; 6 - taking leakages 
into account. 
KEY: (1) In the wheel; (2) In the clearance. 

The value of pressure Ly lost in seal can be made more accurate 

L.V means of an account of the effect of leakages through the axial 

clearance and the effect of the circular flow velocity at outlet 

from the wheel c¿u- In work [67], taking this effect into account, 

the dependence for the pressure difference on radius r^ ^nd moving 

radius r of axial clearance is obtained. By assuming that at the 

inlet into the axial clearance the circular velocity of the fluid 

is equal to the circular flow velocity at the outlet from the wheel, 

it is possible to present the indicated dependence in the form 

(3.^0) 

where p is the pressure on the moving radius r; ky, a and 0 are the 

coefficients which depend on the flow through the seal Q 1 (Fig. 

3.31). 

Fig. 3.31. Dependence of 
coefficients k , a and 0 on the 

y 
value of leakages through the 
axial clearance. 
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In the region where r > O.BSrg» it Is possible to accept the 

linear dependence of the difference pg - P on radius r: 

(i - (s.1*!) 

Assuming that r ■ Ry < 0.85r2, let us find the pressure 

difference at the outlet from the wheel and in front of the seal: 

and the pressure corresponding to this difference 

ip - H„ - v*'* •' 

Since the pressure Ly depends on leakages Qy^ (in terms cf 

coefficients k , o and ß), and the value of leakages Qyl, in turn, 

depends on Ly {see equation (3.32)], then value Qyl will be 

determined as a result of several approximations. 

The calculation according to equation (3.^0) shows that the 

presence of leakages through the axial clearance lowers the pressure 

In the clearance and in front of the seal (see Pig. 3-30). 

C. DETERMINATION OF THE COEFFICIENT 
OF FLOW y 

The coefficient of flow p in equation (3-32) is the ratio of 

the flow through this seal Q to the theoretical flow rate QT through 

the opening with the same cross-sectional flow area: 

The introduction of the coefficient of flow p makes it possiule 

to reduce the complex nature of the outflow through the clearance 

of the seal to the case of the outflow through the opening. 

(3.^2) 

(3.^3) 
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lí value Qyl lg determined experimentally, then, by knowing 

pressure In front of the seal py and pressure at the Inlet Into 

the wheel the coefficient u can be defined by equation (3.32) 
as an experimental value. 

Ihe coeiflcient of the flow p is determined by the magnitude 

of the hydraulic resistances of the seal. The greater these 

resistances, the less the flow through the seal at the assigned 

pressure differential. Hence for a decrease in the flow through 

the seals, an attempt is made to increase the hydraulic losses along 

the channel, increasing the resistances artificially by the 

introduction of sharp edges, sudden expansions, sharp turns and so 
on. 

Figure 3.32 gives approximate data on the magnitude of the 

coefficient of the flow u for three forms of slit seals when 
Z /6 ■ 100-200. 
y y 

Fig- 3.32. Diagrams of the seals of the 
centrifugal wheel and values of the 
coefficient of flow u for these seals. 

-n the determination of leakages through the discharging 

openings (Qy2), we assume p - 0.8. Studies (see, for example, source 

L9°J) show that the magnitude of the leakages is affected also by 

the angular velocity of the shaft. Futhermore, with large pressure 

differentials on the seal high rates of flew appear in it, which 

lead to cavitation. With cavitation in the seal the value of the 

leakages is decreased (see source L65]). 
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D. CALCULATION OF THE IMPELLER 
SEAL OF THE SHAFT 

In the turbopump unit [TU] (THA) of the LPRE the hydrodynamic 

seals of the shaft - impeller seals, are widely used (Fig. 3.T3). 

The impeller seal serves for the prevention of the entering of fluid 

from the cavity of high pressure (p2M,*,n) lnt0 the <5as cavity of 

low pressure (PlM(v.n)- 

Fig. 3.33. Diagram of impeller seals 
of a shaft with unshrouded A) and 
shrouded B) impellers: 1 - disk of 
the impeller; 2 - blade of the impeller. 

In the TU the impeller seals separate the cavities of the p^mps 

and cavity of the turbine and also cavities of the pumps and 

cavities which are connected with the atmosphere - drainage cavities. 

The impeller seal is a wheel (impeller) which is installed in 

the housing with small axial (6 ) and radial (5 ) clearances. The 

shape of the impeller vanes (radial, bent back or forward) Joes not 

affect the effectiveness of the seal, since through the impeller 

there is no flow of fluid. From technological considerations the 

blades of the impeller are made radial. The number of blades is 

selected at 6-8. 

The impellers can be unshrouded (see Fig. 3>33A) and shrouded 

according to the outside diameter (see Pig. 3.33B) (see source 

[69]). The use of shrouded impellers decreases the incidence of 
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the gas Into the cavity filled with fluid. The blades oi' the 

Impeller draw In the fluid In rotation with the angular velocity 

“V The Pressure distribution in the axial clearance filled with 

fluid is determined by this angular velocity. Integrating the 

expression (3.31*), ve obtain 

ft««—fl*,—».a«*(3.¾¾) 

where a - (w^/w)2. Assuming r - r^, let us find the expression for 

the pressure differential on the seal: 

Ihmê — 
I 

(3^5) 

It Is obvious that the maximum pressure differential held by the 

s;al will take place in the case of the full filling of channels of 
the Impeller (r^ - r^): 

(*JWW ~ AmmU, . (3^6) 

Viith a differential which exceeds the maximum, the Impeller 

seal becomes nonhermetic: fluid from cavity p0 will penetrate 

into the cavity With the aid of relation (3^6) the required 

radial dimensions of the impeller at the assigned pressures p2 
and plM.m in the cavities being sealed are found. 

Coefficient a In expressions (3.¾¾). (3-¾¾) and (3^6) depends 
on tie width of the blade of the impeller h and axial clearance ó . 

The more the width of the blade and the less the axial clearance! 

the less the angular velocity of the fluid W(h will be distinguished 

from the angular velocity of the impeller w (Fig. 3.3¾) (see source 

[69]). Usually a = 0.78-0.82. 

The power consumed by the Impeller with a completely filled 

seal (maximum pressure differential) depends on the viscosity of 

the fluid, dimensions of the impeller and angular velocity u. This 

power can htí expressed by the power of the friction of a smooth disk 

Nt [see equation (2.202)]: 
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where 

V mtK V 

•' "«il ^ 

C,i» O.OG'i/i He>iw 

when We»«« - “^ï»»»/v > IO*; 

(3.n) 

Fi g. 3.3^. Determination of the 
coefficient a of the impeller 
seal. 

Is the coefficient which considers the friction of blades Mrln 

of the impeller and the external cylindrical surface against the 

fluid. 

The processing of experimental data carried out by the author: 

(see source [69] gives the following dependence of the coefficient 
K on ratio h/(h + ó ) in the range h/(h + 5 ) « 0.15-0.80: M i-i n z z 

-3-2 
^ i» 

(3.^8) 

A decrease in the pressure differential on the seal down to 

0.5 (p~, - Pt ) (incomplete filling of the impeller) leads to 
r2n(-.n lurm max 

an Insignificant decrease in the consumed power - by a total of 

15-20¾. 

The power consumed by the impeller at the assigned pressure 

differential (P2hi n * plnnn^max lí3 determlntíd wlth tbe ald ^ 
expressions (3.^6) and (3-^7): 
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(3.J»9) 
•V.,»-.0,078V.,. v' * f-lifi-r ft-- • . 

1-(-(^11 ^ 
From equation (3.*»9> it follows that at the assigned pressure 

differential an increase in the angular velocity of impeller decreases 

the consumed power, since the diameter of the impeller is decreased. 

An increase in the density of the fluid also leads to a decrease in 

the power. Therefore, in pumps of LPRE which have high angular 

velocities, the impeller seals had an extensive application. 

The power expended for the drive of the impeller goes for the 

preheating of the fluid which fills the impeller. In connection 

with the small exchange of fluid in the impeller with fluid in the 

housing, the preheating of the fluid proves to be considerable. In 

the case of the use of cryogenic components of fuels of LPRE, this 

can lead to the boiling up of the component and the loss of 

airtightness. Thus, as a rule, impeller seals are used for the 

high-boiling liquids. 

3.1.2.2. Disk Losses in Pumps 

In the operation of the pump the expenditure of the power 

connected with disk losses Is unavoidsble. In pumps of LPRE besides 

the power losses connected with the friction of esternal surfaces 

of the wheel against the fluid (which bears the general nature for 

all vane machines, see Section P.13.2.2), the expenditure of the 

energy for hydraulic stagnation (NrT) refers to the disk losses: 

With the flows less than the calculated (Q « Q ) at the 

inlet into the wheel and at outlet from it intense retu^currents 

are observed (see source [101]). The return currents of fluid 

increase the friction surface. The jets which obtained twist in 
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the wheel penetrate the flow without twist or with less twist. Due 

to the presence of eddy viscosity, the twist of the effluent Jets 

is decreased. The total reduction of the moment of momentum of the 

fluid will correspond to the moment of resistance of wall friction 

of the housing. Consequently, reverse flows increase the moment of 

resistance. The basic effect on losses of hydraulic stagnation 

is rendered by return output currents from the wheel, since the 

"tongue" of the spiral exerts considerable resistance to the return 

currents. The quantitative evaluation of these losses is extremely 

difficult and are detected only experimentally when Q < (0.7-0.8)Qp. 

The expenditure of power for the friction of disk is determined 

by equation (2.202). If value CTp<|j; is substituted into equation 

(2.202), then we will finally obtain 

•V.p CQU*t WJ*. (3-50) 

3.I.2.3. Mechanical Losses in Pumps 

Mechanical losses in a pump (loss in bearings, contact seals 

and impeller seals) depend on the specific design of the pump. It 

is possible to consider approximately 

V)B,-(0f0ai-f-0t0i).V.. (3.51 

In general the dependence of the power expended for friction 

in contact seals and bearings can be represented in the form 

.V.,..tw j- V,«, =- iwl, M. : c«nH (3-52/ 

Losses in bearings are proportional to the square of the angular 

velocity. Losses in tr ? contact seals (in sealing rings, packing 

glands) are usually proportional to the angular velocity in the 

first power. The fina., nature of the dependence is determined by 

the specific design of the pump. 
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The basic portion of the power of mechanical losses of a pump 

consists of the power expended for the drive of the impellers (see 

Section 3-1.2.1), which, as a rule, are used in contemporary TU. 

3.1.3- EFFICIENCY OF A PUMP 

3-1.3-1. Flow Efficiency of a Pump 

We convert the equation for the flow of a pump (see the 

equation given in Table 2.2), recorded in the form 

(3.53) 

Let us assume that leakages in the pump occur through two 

Identical seals of the wheel; then it is possible to record [see 

equations (3-32), (3-38), (3-39)]: 

0| J (3.5M 

Expressing Ht by the flow parameter of the pump q , which 

corresponds to the design conditions [see equation (3.3)], and 
transforming with the aid of equation (2.179) expression (3.54), 
we obtain 

where 

Q, 
l.lMOtp 

o, \£/, / U, ) CM,0- «„>1 

¿ ■ (w,«. - w - -i^Mi - #,)1-- - t(i - (£/ I^j jf* 

n5 - the power-speed coefficient of the pump calculated 
entire flow through the pump Q. 

(3.55) 

over the 

Having substituted expression (3.55) into equation (3.53), we 
will obtain 
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A 
(3.56) 

I I ,:»• lü«;. 
IM. <1 -*fW 

The design equation (3.56) for the flow efficiency includes 

the ratio of diameters of the centrifugal wheel D-^/D-,. It is 

possible to record that 

(3.57) 

where D0 is the diameter of the inlet into the wheel; 

*û.- (3.58) 

- the coefficient of the diameter of the inlet1 (as will be shown 

further, this coefficient is determined in the calculation of the 

pump for cavitation), i is the number of inlets into the wheel. 

After the transformation of equation (3-57) with the use of 

equations (2.179) and (3-3), we will finally obtain 

^•-0.007 Tpr*- KW(I - (3.59) 

whex-e 

f-IhlDt. 

Figure 3-35 depicts the dependence of the flow efficiency of 

the pump , on the power-speed coefficient n and flow parameter P s 

‘The dimensionless coefficient 2.13 in equation (3.58) is 
introduced in order that the numerical value , calculated 

0 
according to this equation, would coincide with value Kp , calculated 

0 

according to formula Kn * Dn/î7<ï/i*, where n is in r/min. 
u0 
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Fig. 3-35. Dependence of flow 
efficiency for pumps with one-way 
and two-way inlets on the powei- 

« 
speed coefficient n_ and flow s 
parameter q (K- « 5.2-8.0). 

p u0 

During the calculations values of the product k n and values 
z r* 

nr.H were determined from equations given in Section 3.1.1. Values 

of the remaining parameters which enter into the equations (3.57) 

and (3*59) were accepted as the following: y » 0.^; 6 /D ■ 0.85 x 

* 10"3¿ Dy/Dj » l.Hj 9 - 0.9. y y 

The dependence given on Fig. 3.35 can be used for the 

preliminary evaluation of the flow efficiency of the pump. With an 

increase in ns the value np increases, which can be explained by 

the growth in Q with an increase in n with an approximately 
s 

invariable value Q . An increase in the flow parameter q leads to 
y p 

a decrease in np, since there occurs an increase in the static head 

of the wheel and pressure in front of the seal. With an increase 

in Kp the diameter of the seal is increased and the leakages 

increâse, and therefore n decreases. However, when Kn ■ 5:8 the 
P Dq 

effect of Kn is small, and with precomputations it can be 
u0 

disregarded. 

3.1.3.2. Disk Efficiency of the 
Pump 

In design conditions (Q - Q ) disk losses of the pump 
M nH max 

consist only of losses of disk friction. Then the equation for 
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disk efficiency will be recorded thus: 

//» . . *»► « --iti-. 
‘ ' ••’Um," ~ 1° ' ay)Hf + * 

Let us substitute into this equation the expression for the 

power of disk friction (2.20?). After the transformations similar 

to the transformations carried out in Section 3-1-3«!» we will 

obtain the design equation for the disk efficiency: 

n, ** i - 
__ (3.60) 

C,r, +1.3.10-11.« 1*, ( i ¥p>rX* +17I* -r ^ “) (^)V (' * 4 

Fig. 3.36. Dependence of disk 
efficiency for pumps with one-way 
and two-way inlets on the power- 

« 
speed coefficient n^ and flow 

parameter q of Kn J ^.2-6.0. 
P i>0 

Figures 3.36 and 3.37 depict the dependences of the disk 
n 

efficiency n on n and q at different values of K. , obtained Asp LJo 
with the aid of equation (3-60). In the calculatlona values kznr, 

n . u, <5 /D , and D /D, were defined in the same way as in Section 
V. * y y y 1 
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3-1-3-1- The hydraulic efficiency of the pump nr was determined 

from the equations given in Section 3-1.1.5. The coefficient of 

friction of the disk C is accepted equal to 0.002, which 

cori’esponds to Re ■ 3*10^. 

Fig. 3-37. Dependence of disk 
efficiency for pumps with one-way 
and two-way inlets on the power-speed 

coefficient no and flow parameter q 
5 

when Kn «8. 
u0 

3.I.3.3. Internal Power Efficiency 
of the Pump 

The internal power efficiency of the pump nBH N is defined as 

the product 

t.v-'vn.v 

Having substituted expressions (3-56) and (3-60) into this 

equation, we obtain 

n.„.v' 
1-(.1,33- I0*n 

\°'I (o, ) c*.n.d-+ 

(3-61) 
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« 
The dependences of n M on n and q at different K. are 

Q h J >1 5 p ^ n 
» u 

represented on Pigs. 3-38-3.^0. With an increase in ns the quantity 

n m increases, but at a definite value of n the quantity n j, 

begins to be decreased, since ratio D^/D0 reaches high values at 

which nr greatly decreases [see equation (3.31)]. 

Fig. 3«38. Dependence of Internal 
power efficiency for pumps with one¬ 
way and two-way inlets on the power- 

speed coefficient nt, and flow 

parameter q when Kn “5.2. 
P u0 

Fig. 3.39. Dependence of internal 
power efficiency for a pump on the 
power-speed coefficient n^ and flow 

parameter qp when KD^ * 6.5: - 

one-way inlet; — - - two-way inlet. 
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Fig. 3.^0. Dependence of internal 
power efficiency for the pump on the 

power-speed coefficient n* and flow 
s 

parameter q when K. 8: 

one-way inlet; - two-way Inlet, 

3.1.3,^. Mechanical Efficiency 
of the Pump 

The mechanical efficiency of the pump Is determined by the 

expression 

In the absence In the pump of Impeller seals, the mechanical 

efficiency of the pump, in accordance with equation (3.51), reaches 

the value n.)ex - 0.99-0.995. The use of impeller seals leads to a 

reduction in the mechanical efficiency down to 0.95-0.97. These 

values can be used in the precomputations of full efficiency. It 

is more accurate t > evaluate the mechanical efficiency of the pump 

with impeller seals possibly by means of the use of equation (3.^7) 

for the energy consumed by the impeller. 
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3.1.3.5. Total Efficiency of the 
Pump 

The total efficiency of the pump n is defined as the product 

of the internal power of the efficiency nUH ^ and the mechanical 

efficiency n^: 

''ii ** tV'Vrl* ( 3 • 6 2 ) 

3.1.4. ENERGY CHARACTERISTICS 
OF THE PUMP 

3.1.4.1. Theoretical Characteristics 
of the Centrifugal and Screw-Centrifugal 
Pumps when z * «• 

The operation of the pump in the feed system of the LPRE is 

characterized by the frequency of rotation, the fluid flow rate, 

pressure and efficiency of the pump. 

The efficiency of the pump and power are uniquely connected 

with the assigned 0 and H: 

V. [w]. 
•u 

(3.63) 

In the LPRE the pump operates on different flow rates, since 

usually these engines are regulated according to thrust by a change 

in the flow rate. With a change in the thrust of the LPRE the flow 

rate through the pump can be changed from 10¾ to 120¾ of the 

computed value (see source [110]). 

The parameters of the system and pump - flow rate, pressure, 

frequency of rotation and efficiency - are interconnected: a change 

in one of them produces a change in the other. The greatest interest 

is the dependences of pressure, efficiency and the power of the 

pump on the flow rate at a constant frequency of rotation and in 

the absence of the effect of cavitation on pressure and efficiency. 

We will call these dependences the energy characteristics of the 

pump. 
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A. DüPEIJDEIICE OF THEORETICAL 
PRESSURE ON FLOW RATE 

Let»us examine the dependence of theoretical pressure on the 

flow rate, which can be called the theoretical pressure characteristic 

of the pump. The theoretical energy characteristics (for scheme 

z ■ «) are the same as those for the screw-centrifugal and 

centrifugal pumps with identical outlet geometric parameters • 
b¿ and D2). 

The theoretical pressure with an infinitely large number of 

blades is determined from the Euler equation (on the assumption 
that c. «0): lu 

Iftm—Uiru (3.6¾) 

From the velocity triangle oab (Fig. 3.41) it follows that 

(3.65) 

b d 

I Fig. 3.41. Velocity triangles at 
•tm the outlet from the wheel. 

Having substituted expression (3*65) for H Œ into the equation, 
T ® 

we obtain 

//i» * l<i—•-*-**- 
•it Ab 

(3.66'- 

Using the relation 
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we obtain 

.10/,18¼. (3.67) 

Let us investigate equation (3.67). For this pump at the 

constant frequency of rotation (u^ a const), equation (3.67) is the 

equation of a straight line in coordinates H = f(Q'). Assuming 

that Q' ■ 0, we find the theoretical pressure with an infinitely 

large number of blades for the zero flow rate: 

When tg >0, which corresponds to 3,. n < 90°, H can be 
¿ i\ C. /1 I 

equal to zero. Assuming in formula (3.67) that Ht<Xi » 0, we find 

the appropriate flow rate : 

(3.68) 

The velocity triangle for this case is shown on Fig. 3.^2: 

'¿.“''¿“«»•kPuï 

in this case c~ » 0, and the pressure is equal to zero. 
¿ Ua‘ 

Fig. 3.^2. Velocity triangles at 
the outlet from the wheel at 
different flow rates (6-^ < 90°). 

Consequently, for blades of the centrifugal wheel, bent 

opposite to the rotation (3^ < 90°), the dependence of theoretical 

pressure on the flow rate with an infinitely large number of blades 

2 ■ » is represented in coordinates Htop = f(Q') by a straight line, 
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which intercepts on the axis of the ordinates the segment eoual to 

and on the axis of the abscissas, the segment equal to 

ïïD2b2U2 tg 62,t (F1«- 3.^3). 

Fig. 3.1*3. Theoretical pressure 
characteristics of the pump at 
different angles of the blades. 

With the radial blades at the outlet from the wheel ß2 - 90° 

(tg ß2;| - ®), from equatici (3.67) it follows that 

//.•’“»J-'cawt. 

In this case the pressure HToe does not depend on the flow rate and 

is depicted as a straight line parallel to the axis of the abscissa 

(see Pig. 3.43). 

The velocity triangles at the outlet from the wheel when 

for different flow rates are given on Pig. 3. *4**. 

Fig. 3.1*1*. Velocity triangles at 
the outlet from the wheel at 
different flow rates (ß~ ■ 90°). 

2 /1 

When ß2/j > 90° the pressure - f(Q') is also depicted as a 

straight line: Ht<jd increases with an increase in the flow rate 

(see Mgs. 3«l*3 and 3*1*5» on which depicted are velocity triangles 

for &2ji > 90° at different flow rates). 



Subsequently we will examine nainly characteristics of the pump 

having angles of blades at the outlet from the wheel < 90° as 
the most typical for systems of the LPRE. The characteristic Htoo 

* f(Q’) can also be considered as the characteristic of a series of 

pumps, i.e. , as values of for pumps with different calculated 

flow rates. 

a) Effect of Geometric Dimensions 
of the Wheel on the Theoretical 
Characteristic of the Pump 

Let us examine the dependence of the course of the theoretical 

characteristic of the pump on the geometric dimensions of the wheel. 

In accordance with the theoretical characteristic, the real 

characteristic of the pump will be changed. A change in the outside 

diameter of the wheel D2 leads to a parallel displacement of the 

line H * f(Q'), since the segments being intercepted by it on the 

axis of the ordinates and the axis of the abadesas are proportional 

to D22 (see Figs. 3-^3 and 3-^6). 

Fig. 3.ÜÇ. Velocity triangles 
at the outlet from the wheel at 
different flow rates (3?/) > 90°). 

An increase in the width of the wheel b , at. outlet leads to 

a more slanting course of the characteristic (Fig- 3*^7)* fhe 

ordinate at Q' « 0 does not depend on b^, and the segment intercepted 

by the line Htoc * f(Q') on the axis of the abscissas increases in 

proportion to b2* 

Fig. 3.46. Effect of the 
diameter of the wheel on the 
theoretical pressure character¬ 
istic of the pump. 

315 



b) Effect of Angular Velocity on 
the Theoretical Characteristic 
of the Pump 

Pig. 3.^7. Effect of the width 
of the whîel at outlet on the 
theoretical pressure character¬ 
istic of the pump. 

With a change in the angular velocity u at the assigned 

geometric parameters, the inclination of the straight line H ^ * 

i(Q') is changed (Pig. 3.^8). With an increase in u the line 

* ^(W) will pass more steeply, since the segment being 

intercepted by the straight line on the axis of the ordinates is 

proportional to u , and the segment on the axis of the abscissa is 

proportional to the value u in the first degree (see Fig. 3. ¿13). 

The equation of the theoretical characteristic for this pump can 

be recorded in the form [see equation (3.67)] 

where A and B are constants of the pump. 

Pig. 3-^8. Effect of 
angular velocity of the 
wheel on the theoretical 
pressure characteristic 
of the pump. 
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B. DEPENDENCE OF THE CIRCULAR 
POWER OF THE PUMP ON THE FLOW RATE 

The theoretical circular power of the pump Nuco is determined 

by theoretical pressure H and flow rate Q' through the wheel: 
Ie0 

(3.69) 

The dependence of the circular pump power on the flow rate for 

different values of when oj 

When Q' 

through zero where H 

const is shown on Fig. 3.^9. 

Fig. 3. *19. Dependence of the 
circular pump power on the flow 
rate at different angles of the 
blades. 

< 90°, then curve N passes 
’ u00 

when 

(3.70) 

0, N * 0; if 
’ u°° 2 ii 

* 0 , i . e. , 
T CO ' ' 

Q' « .i OtbfUtWu=A',*«,' i:^ 

If * 90°, then M increases in proportion to Q', since 
¿ ii u00 

H * const. 
TUB 

If > 90°, then N increases faster with an increase in Q’, 
c it U*** 

since with an increase in Q', H.roo increases. 

For multimode engines in the selection of the turbine, for the 

pump it is more favorable to have a small change in the power 

according to the flow rate, since the turbine is selected according 

to the power corresponding to the maximum flow rate. According to 

conditions less in flow rate the turbine will be loaded little, and 

its efficiency can be lowered substantially. Consequently, pumps 

with blades bent back (6^ < 9°°) have in this respect an advantage 

over pumps with radia? blades or blades bent forward. 
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i.l.k.2. .theoretical Pump Characteristics 
taking into Account the Effect of the 
Finite Humber of Blades 

The dependence Ht - f(Q') differs from the dependence Ht#o - 

i(Q') in view of the effect of the finite number of blades, which 

is considered as the coefficient k ht/hTod (see Section 3.I.I.3). 

The coefficient kz depends on the flow rate. For diffuser 

centrifugal wheel (F^F., < 1) the coefficient kz is decreased with 

an increase in the flow rate in the region c2n/u2 > 0.15-0.2 (see 

Fig. 3.1*0. Such a nature of the dependence of k cn c2 /u2 leads 

to the fact that the dependence of theoretical pressure Ht on 

c2m/u2 (or on Q,) ls close to a straight line, which is intersected 

with the straight line representing the dependence HT#o • f(c2 /u, ), 

in the region of negative pressures (point A on Fig. 3.50). m ? 

Nr— l ffr 

— 

nr s' sç 
sv 

~n « 0, t 03 0. « / -s? 

_L 

Fig. 3.50. Dependence of the theo¬ 
retical pump pressure on the flow rate 
taking into account the finite number 
of the blades. 

The pressure Ht reaches a zero value with less f ow rate than 

does pressure H,.. In the range of the change In c, /u, < 0.15-0.2 
¿m ¿ 
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the coefficient is virtually constant and does not depend on 

the flow rate (see Fig. 3>1^0* Therefore, in the Indicated range 

c2m/u2 the dePendence Ht = f(c2m/u2) w111 be oIose to a straight 

line (dashed line on Fig. 3.50), which is intersected with the 

straight line representing the dependence Hiœ = f^c2m/u2)* at P°lnt 

ht» " 0 (point B on Fig. 3-50). 

Since usually in design conditions (e^/u,,) » 0.05-0.1, then 

coefficient kz can be taken as constant in the range of the change 

In the flow rate from zero to a value which exceeds the calculated 

flow rate, at least, one and a half times. In this range there Is 

found the region of the change in the flow rate, which is of 

practical interest (see source [110]). 

Let us recall that the value k was determined (see Section 
¿i 

3.1.1.3) under the condition of circular symmetry of the flow and 

nonseparated streamline flow of tne blades of the centrifugal wheel. 

This condition is realized with the calculated flow rate through 

the pump. At flow rates dist.net from those calculated, the 

circular symmetry is disturbed and in the wheel separation zones 

can arise. Therefore, in off-design flow rates the value of the 

pump pressure Ht can differ somewhat from the value calculated with 

the aid of coefficient k . 
z 

The value determines the expenditure of pump power for an 

increase in the energy of the fluid, i.e., it determines the 

circular operation of the pump: 

(3.71) 

since Q' ■ *?2mG2m’ w'iere ^2m s *^2^2 is the How passage cross- 

sectional area at the outlet from the wheel, and H 53 c u . 
T 2u 2’ 

N u ^ lift,[W ]. 

It is interesting to note that with the assigned value u, the 

circular pump power Nu is proportional to area ade of the velocity 



triangles at the outlet from the wheel (see Pig. 3*1*!)» this area is 

determined by the product c2njc2u’ circular power 

with an infinite number of blades Nuoo is correspondingly determined 

by the area of the triangle abc. 

3-1.4.3. Real Characteristics 
of the Screw-Centrifugal Pump 

A. GENERAL INFORMATION 

In view of unavoidable losses, the real pump characteristics 

differ from the theoretical. Let us examine the real pressure pump 

characteristic - the dependence of pressure H on the flow rate Q 

through the pump at a constant frequency of rotation. The real 

pressure H differs from the theoretical by the magnitude of hydraulic 

losses: H • Ht - LrH(QptnQT. The nature of the change in hydraulic 

losses and Ht with a change in the flow rate Q determines the shape 

of the characteristic H • f(Q). Hydraulic losses depend on the 

magnitude and direction of the velocities with a change in the flow 

rate Q. 

*1* 

fig- 3-51. Dependence of the change 
in hydraulic losses in the pump on 
the flow rate. 
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Figure 3ol showa the nature of the change In hydraulic losses 

in the pump with their division into losses in the wheel LHQJ1 and 

losses in th<î branch L . The design conditions of the pump Q_ is 
OTB p 

located near the minimum of hydraulic losses in the pump and in the 

branch. 

Losses in the wheel increase with an increase in the flow rate, 

which is explained by an increase in the relative velocities in 

vane channels of the wheel. Losses in the branch have a clearly 

expressed minimum according to flow rate. In the case of the branch 

with a vane diffuser, this is connected with a change in the angle 

of incidence (by its deviation from the calculated value). When 

Q < Qp the angle of attack has large positive values and when 

Q > Qp large negative values : losses in the branch will be more 

than those in the design conditions (at the calculated angle of 

incidence). 

<e/M 

a 

Fig. 3.52. Determination of the 
optimum twist of flow for the 
branch. 

Let us examine the spiral branch. Losses in the branch would 

be located at a minimum level if the velocity at the outlet from 

the wheel (velocity c2 can be replaced by its component c2u, since 

c << c0 ) was changed [see equation (3.23)] in proportion to the- o n / nao y» 1J ' i V, -i. . \ ^ / J .. 

¿m ¿U 
flow rate Q, i.e., if with an increase in Q the rate c2u is increased 

(straight line 1 on Fig. 3.52). However, the wheel does not provide 
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such a law of the change In c2u depending on Q: in actuality with 

an Increase In the flow rate, the twist c- Is decreased (0,, s 90°) 

line 2 on Pig. 3.52. Point A of the intersection of straight lines 

1 and 2 corresponds to the flow rate Qq t ot> close to the 

calculated flow rate Q . 
P 

Twist at the outlet from the wheel c2u corresponds to the 

optimum for the branch. At less flow rates (Q < Q ) see Pig. 3.51) 

the twist c2u proves to be more than that necessary for the branch: 

cross sections of the branch are overexpanded. In conditions Q > Q 
p 

twist c2u becomes less optimum for the branch: cross sections of 

the branch for these conditions are constricted. 

The nonconformity of the velocity created by the wheel and the 

rate optimum for the branch leads to added losses, in particular, 

losses for the mixing of the fluid Jet proceeding from the wheel 

at the velocity of c2 with fluid Jets in the branch having a 

velocity determined by cross sections of the branch. 

Furthermore, losses take place during the streamline flow of 

the "tongue" of the spiral branch as a single blade. When Q < Q 

the streamline flow occurs with an angle of attack larger and when 

Q > Qp smaller than that calculated. Large negative angles of 

incidence when Q > Qp lead to the separation of flow from the 

tongue. The region of separation is located in the diffuser of 

the branch; in this region cavitation phenomena can appear (see 

sources [64] and [91]), leading to a decrease in pressure and 

efficiency of the pump at high flow rates (Q > Q ). Since the 

operating mode of the wheel with cavitation in tfie branch is not 

disturbed, then in this case there occurs no changes in the power 

being consumed by the pump, in comparison with the power in the 

absence of cavitation in the branch. 

The nonconformity of the twist of the wheel cu2 to the twist 

optimum for the branch leads to the disturbance of the circular 
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symmetry of the pressures and velocities along the circumference 

of the wheel under conditions distinct from those calculated. Under 

conditions Q < Q^, as studies show, the wheel of the pump begins 

to operate partially. The fluid proceeds from the wheel into the 

branch only by parte of the circumference of the wheel adjacent to 

the "tongue." On the remaining circular arc the flow rate is 

directed from the branch into the wheel. The energy obtained by 

the fluid in the wheel is expended for vortex formations in the 

branch and in the flow from the branch into the wheel. This leads 

to the appearance of added losses in the pump, called brake (see 

Section 3.1.2.2). 

FiE* 3.'j3. Dependence of the 
loss factor in the spiral branch 
on the ratio tg ou/tg . 

Studies (see source [95show that there is the similarity 

in a change in losses in the branch under conditions different from 

those calculated. Conditions of the inlet into the spiral branch 

are characterized by the direction of the vector of absolute 

velocity determined by the tangent of the angle: tg * c„ /c. . 
2 2m t'u 

The deviation of the operating mode of the branch from that calculated 

will be characterized by the distinction of tg a., from the computed 

value tg a2p * (Cpn/^uV FiKure 3*53 shows that with identical 

deviation of conditions from the calculated (equal ratios 

tg a2/tg a2p) for the branches identical ratios of the coefficient 

of losses to its value corresponding to the design conditions are 

observed : 

Çoii/Cot» uilo i<lom. 
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Subsequently we use this property of the spiral brenches. 

Let us subtract (with different Q) hydraulic losses in the 

wheel and branch from the value Ht: 

(3.72) H*—I-no»—Lon" 

Then we will obtain the pressure characteristic of the pump 

H ■ f (Q). The nature of change in H and depending on 
T rn.qp.noT' 

the magnitude of flow, determines the shape of the curve H ■ f(Q). 

B. CALCULATED DETERMINATION 
OF PRESSURE CHARACTERISTICS 
OF THE PUMP 

To plot the pressure characteristic, it is necessary to 

determine the theoretical pump pressure HT and hydraulic losses 

under conditions different from those calculated. Since the losses 

in these conditions at the present time cannot be reliably determined 

by the calculation, then for calculating the pressure characteristics 

of the designed pumps it is possible to use the generalized 

characteristics of the pumps made. The generalization should be 

carried out with the aid of parameters which have the main effect 

on the pressure characteristic. Let us call such parameters the 

determining parameters. 

Let us discuss in more detail the selection of the determining 

parameters. Let us divide the terms of the equation (3.72) by 
2 

u^. We will obtain 

(3.73) 

Let us determine from equation (3>28) losses in the branch: 

(3.7*0 
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T-ir 

The loss factor ç , keeping In mind the dependence given on OTB 
Fig. 3.53, can be expressed In the following form: 

»«■m 

(•i« «'la 

, /•k.fl'S “l-J (3.75) 

where c . on the average Is equal to 0.2 (see Section 3.1»1»^) 
oie min 

Having substituted equation (3.75) into expression (3.7*0» we 

obtain 

(3.76) 

Let us express the losses in the wheel in fractions of the 

kinetic energy of the fluid in relative motion at the outlet from 

the wheel: 

“«»j (3.77) 

Let us find the loss factor In the wheel CH0;| from the 

expression for hydraulic efficiency In design conditions: 

V»~¡ 1 
^-•1« p t » (3.78) 

Solving equations (3-76), (3.77) and (3-78) together, we will 

obtain the expression for ; 
MOJI 

After the substitution of this 

expression Into equation (3-77), we write: 

Wr p(l — Ir p) — 0,1 J j ( ^ íl j* _ 2 ^.j* (3.79) 

Let us transform expression (3-73) with the aid of relations 

(3.76) and (3.79). In this case, in view of the smallness c2m> we 

will consider that c0 a c2u* ant* ^e<' uu “ sume that c^u a 0. Then 
the pump pressure referred to calculated is expressed in the 

following manner: 
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i 
"* m9 **nr,(i -♦,) “ -hi /, 0. 

(I - f,> - 0.1 â» d - f,,)*|f I 

*«v,(i-0,,)11-*,(1-^1* (3.80) 

Expression (3.80) shows that the pressure characteristic in 

relative coordinates H/H^ ■ fiQ/Q^) is determined by parameters 

kznr.p' kz and qp " * Parameter kznr>p depends on the 

relative diameter of the centrifugal wheel of the pump f>1 - D1/D2 

(see Section 3.1.1.2). With a sufficient degree of accuracy for 

the examined question, it is possible to consider (with the given 

qp), that kz is also basically determined by the relative diameter 

(see Section 3-1.1.3). 

Thus, the determining parameters for the pressure characteristics 

In coordinates H/Hp - Q/Qp are the relative diameter and flow 

parameter of the pump qp. For pumps with a relative diameter of 

< 0.55, parameters kznr p and kz are changed within sufficiently 

narrow limits (02/) < 90°) (see Sections 3.1.1.3 and 3.1.1.2). 

Therefore, for the pressure characteristics of pumps with 5X < 0.55 

the determining parameters will be only the flow parameter q . 
P 

^The generalization of pump characteristics with < 0.55(Re > 

> 10 ) gives the following equation for calculating the head 

characteristic : 

(3.81) 

The dependence of H/Hp on Q/Qp at different q is given on 

f’ig. 3-5^- For a specific pump the coefficient of pressure ñ is 

proportional to ratio H/w2, and ^ Then from equation 

(3*81) we will obtain the equation of the universal pressure pump 
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(3.82) 

characteristic, i.e., the dependence of H/u>' on Q/u; 

li'-A IB 9-cm\ 
w* •* \ •* f 

where 
A — (rt,‘i7 ! ; 

H-v0,3‘25 - 
( // In 

PÍÍ5. 3.5^. The generalized 
pressure characteristics of 
pumps. 

From expression (3-82) we will obtain the dependence of the 

pump head H on the flow rate Q and angular velocity u>, and the 

equation of the pressure pump characteristic when w * const is 

H — .W HQ» - CQ-; (3-83) 

//-,1 W-.Qi, 
where 

,iA»'; f" /1-..: (3.8^) 

Figure 3.8^ shows that with an Increase In the flow parameter 

q the angle of inclination of the head characteristic at the 

calculated position is incx’eased. With an increase in qp the rati- 

U/H increases in the region Q/Qp * 1 and is decreased in the 

region Q/Qp > 1. The dependence (3.81) makes it possible to analyze 

the effect of geometric parameters of the pump on the form of its 
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head characteristic. The static stability of the pump feed system 

of the LPRE is connected with the form of ;he characteristic 

H ■ f(Q), in particular, with its inclination, which characterizes 

the intensity of the change in the pump head with a change in the 

flow rate. 

As it was said above, the form of charact»ristic is determined 

by the flow parameter qp (see Fig. 3-5^). Having expressed values 

c2m p and u2 ln terms oi’ Parameters of the pump, taking into account 
expression (3*3)* we obtain the dependence 

I 

Qr**p 

(3.85) 

Having established the effect on qp of parameters which enter 

into equation (3.85), it is possible to observe their effect on 

the form of the head characteristic, being guided by the graph given 

on Fig. 3.5^. In the calculation of the pump values Q and H are 
P P 

assigned. Then parameter qp will increase with an increase in u 

and nr.p and wlth a decrease in the width of the centrifugal wheel 

b2 and angle ß2j|. The quantity of the blades indirectly, by kz, 

affects q . With an increase in the number of blades value k w z 
increases, and qp also increases. In accordance with the effect of 

qp on the form of the characteristic, it is possible to make the 

following conclusion: a decrease in b^ and ß„ and an increase in 

w’ nr.p and the nurnbei;’s of blades z increase the angle of inclination 

of the head characteristic H ■ f(y) at the calculated position. In 

this case the pump head in the region Q < Q is increased and is 

decreased Ir the region Q > Qp. Let us note that the qualitative 

pattern of the effect of the geometric parameters of the pump on 

the form of the real head characteristic coincides with the pattern 

of the effect of these parameters on the form of the theoretical 

head characteristic (see Section 3.1.4.1). 
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Changing in the procesa of the calculation parameters b_, , 
C C It 

z and w, it is possible to obtain the necessary form of the 

pressure pump characteristic. Let us analyze this question in more 

detail. For the calculated point of character.stic H ■ f(Q), it 

is possible to record: 

(3.86) 

Differentiating expression (3.81) with respect to 

assuming then that Q/Qp » 1, we obtain 

(<?/<?,.» 1' 

0,H<0,.13 + f„>. 

Q/Qp and 

(3.87) 

Fig. 3.65. Effect of the flow 
parameter on the angle of 
Inclination of the head character» 
istic at the calculated position. 

In graphic form the dependence (3*87) iß given on Fig. 3-55. 

If it is necessary to design a pump with the assigned angle of 

inclination of the head characteristic at the calculated point 

(dH/dQ)p, then it is necessary by equation (3.86) to determine the 

necessary value I , and then with the use of dependence (3*87) 
l Op) !p 

or the graph given on Fig. 3.55 one should determine the necessary 

value of the flow parameter qp. 

Parameters of the pump which provide the necessary value qp 

will be determined from relation (3.85). Virtually it is possible 
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to vary values b2 and ß^. A change in the number of blades affects 

qp Insignificantly, and the angular velocity is usually determined 

from the calculation of the pump for cavitation, and it is attempted 

to obtain the hydraulic efficiency at a maximum under these 

conditions. 

Fig. 3.56 Fig. 3.57 

Fig. 3.56. Example of the effect of the 
width of the blade at the outlet from the 
wheel on the angle of inclination of hpnri 

Fig. 3.56. Example of the effect of the 
width of the blade at the outlet from th 
wheel on the angle of inclination of Hpa 

' P X-»- « - uu u - J.UUU 1/ 

®2ji * 22°>' 

Fig. 3.57. Example of the effect of ß^ 

on the angle of inclination of the he.if/ 

b2 ■ 14 mm). 

Figures 3.56 and 3.57, for an example, show within which limits 

it is possible to affect the angle of inclination of the head 

characteristic by a change in b? and ß., (. 

C. DEPENDENCE OP THE EFFICIENCY 
OF PUMP ON THE FLOW RATE 

The dependence of full efficiency of the pump nH on the flow 

rate 0 at a constant angular velocity w is called the efficiency- 

characteristic of the pump. In order to investigate the dependence 

of the full eificiency on the flow rate, let us present it in the 
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form of the product of the particular efficiencies: 

1.“%«l4VW (3.88) 

With zero flow rate (Fig. 3.58) nr has a value different from 

zero, since the real pressure in this case is more than zero (see 

Fig. 3.54). Conditions of the maximum of hydraulic efficiency, due 

to a decrease in HT, does not completely coincide with conditions 

(according to the flow rate) of the minimum hydraulic losses for 

pumps with &2t] t 90° (see Fig. 3*51). 

Fig. 3.58. Dependence of 
efficiencies of the pump on 
flow rate. 

The disk efficiency [see equation (2.¿39)] with zero flow rate 

is low (see Fig. 3.58), since the internal energy N Is determined 

by the value of the leakages, and the expenditure of energy to disk 

losses, including the energy of hydraulic stagnât4 s great. 

With an Increase in flow rate Q the internal energy ases, and 

the losses of hydraulic stagnation are decreased, therefore disk 

efficiency will increase. 

The flow efficiency with the approach of the flow through 

the pump for the zero value vanishes [see equation (3.53)], since 

leakages Q are not equal to zero. The value of the leakages at 

Q - 0 consists of the entire flow through the wlnel. With an 

increase in the flow rate the quantity n increases (see Fig. 3-58), 
rJ 
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ainoe the absolute value of the leakages remains approximately 

constant or is even decreased as a result of a decrease In the 

tw 't Co with an Increase in < 90°). Mechanical losses do 

not depend on the flow rate, and the pump power increases with an 

increase in the flow rate, and therefore the mechanical efficiency 

n increases with an increase in Q (see Pig. 3*58). 
.■i ex 

The full efficiency which evaluates all the losses passes 

through the origin of the coordinate/. nH - Q and will have the maximum 

more to the right of the maximum of the hydraulic efficiency. 

Since the hydraulic losses under conditions different from 

the calculated at the present time do not yield to the calculation, 

just as the losses to hydraulic stagnation, appearing under 

conditions of Q < Qp, then for calculating the efficiency 

characteristic one should use, Just as in the case of the head 

characteristics, results of the generalization of characteristics 

of the pumps made. 

In the relative coordinates nVn^ „ - Q/Q„ the efficiency 
H H • p p 

characteristic of pumps with < 0.55 and Í 90°(Re > 10^) are 

generalized by the polynomial: 

(3.89) 

Fig. 3-59. Generalized 
dependence of the full efficiency 
of the pump on flow rate. 



In graphic form thii dependence is represented on Fig. 3*59. 

From equation (3.89) it is easy to find the equation of a universal 

efficiency characteristic of the pump n,. * f(Q/w) and the 

characteristic n * f(Q) at u> * const: 
H 

where 

where a ■ A/«; b 

(£)* + 

+c 

•% <^tiQ — ' ¡ Q*—ilQ*, 

B/ui2i c ■ C/ui^i d * D/u)1*. 

(3.90) 

(3.91) 

4 D. THE REAL POWER PUMP PERFORMANCE 

The power pump characteristic is called the dependence of power 

input N on the flow rate Q. The power characteristic can be 

determined according to the head characteristic and efficiency 

characteristic. Keeping in mind equation (3-63) for the pump power, 

it is possible to record: 

y»_ <Q QjHHlHf) 

(’ll, 

Using this relation and relations (3*05) and (3.89), after the 

transformations we will obtain 

i .0. + o.a>; 10.» - 
Na \ Wy I ( 3.9 2 ) 

Na.p i2,1*5(Q;0,) t !.*»((?OrP-nXOOr)* ' 

In graphic form the dependence (3.92) at different values of 

q is represented on Fig. 3.60. It is evident that with an increase 

in qp the angle of inclination of the characteristic in relative 

coordinates is decreased. 
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It waa previously noted that a decrease in values b„ and 0 

and an increase in r,r<p and z lead to an increase in q . ^ 

Consequently, such a change in the indicated parameters leads to 

a decrease in the slope angle of the power characteristic in 

relative coordinates. The slope of the power characteristic 

Nh " f(Q) at the calculated point can be characterized in the 
following way: 

/¾ N,t) I 
WQ/, 0,1 HOW 1’ 

With an increase in ,p is decrease!, and the pump 

power Nm Is Increased, since the full efficiency of the pump (Q , 

Hp ^ “ are However, for pumps with n* > to an increase in 

qp is accompanied by a decrease in the slope angle of power 

characteristic N ■ f(Q). H 

E. FIELD OF ENERGY PUMP CHARACTERISTICS 

In the practice of the use of screw-centrifugal pumps in feed 

systems of the LPRE, it is necessary to know the dependence of the 

pressure and full efficiency of the pump on the flew rate in the 

sufficiently wide frequency range of the rotation of the pump w. 

Therefore, the pump should be characterized by the family of curves 

H - f(Q) and n - <p(Q), i.e., by the field of energy characteristics 
(Fig. 3.61). 
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Fig. 3.61. Field of energy pump characteristics. 
2 2 Designations: flm/Kr * J/kg; Öap-ceH » bar*s ; 

ji/ce« * l/s>. 

During a change in the frequency of rotation of the pump w 
p 

the value of criterion Re - <i)D|/v will be changed. In the region 

Re > 10^ (see Section 2.12.2) Re does not affect the Euler’s 

criterion H » H/u^ (self-similar region with respect to H), and 

when Re > 10^ the Re number does not virtually affect the internal 
3 5 

power efficiency naH N and the power criterion nQH - 

(self-similarity with respect to nBH N and RBH)* The field of 

characteristics can encompass the range of the change in uj a. which 

he is located in the self-similar region. Then (see Section 

2.12.2) in similar conditions of the pump Q/uj ■ const the following 

relation will be maintained constant: 

2 
H/w * const; 

N /ii) * const; 
BH 

n ., 3 const. 
BH N 

For similar conditions Q/w » const with the aid of expression 

(3.93), w£ will obtain H/Q * consti 1.e.^ the lineo of similar 

(3.93) 

(3.9^) 
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conditions in coordinates H-Q will be determined by parabolas. 

Parabolas of similar conditions are lines of constant ratios N 
g 

and nBH N 3*62). On parabola the pump head H varies in 

proportion to w , and the internal energy N in proportion to 

[see relations (3-93) and (3-9^)]. If values H and NßH at any value 

of u) are known, then with the aid of relations (3-93) and (3.9¾) it 

is possible to obtain values of the pressure and internal energy 

which correspond to another value of the frequency of rotation. 

Pig. 3-62. Parabolas of similar 
conditions of the pump. 

At low frequencies of rotation the criterion Re becomes less 

self-similar in value with respect to N (n M), i.e., Re < 10^. 

In this case it is already impossible to disregard the effect of 

Re on Nbh and nBH and it is not possible to consider that in 

similar conditions Q/u> * const the value N is proportional to 

Due to the effect of the power of disk friction (the effect of Re 

on the coefficient of the friction of the disk C ) [see equations 
Tp • A 

(2.202) and (3-50)] the internal power will be decreased with a 

decrease in w more slowly than with respect to the cube of the 

frequency of rotation. Therefore, the efficiency n „ will not 
BH N 

remain constant with a change in u in similar conditions but will 

decrease with a decrease in u. In connection with this in the 

region of small w curves of constants n ,, will not coincide with 
p 0 H N 

parabolas of similar conditions K/Q ■ const. 
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The noncoincidence of curves of constant full efficiencies 

n m const with parabolas of similar conditions will still be 

larger, since the dependence c mechanical losses in the pump on w 

is also different from the cubic: with a decrease in w the 

mechanical losses are decreased more gradually than with respect 

to the cube w [see expressions (3^9) and (3«52)]. Therefore, with 

a decrease in w in similar conditions the overall efficiency nH, 

Just as the Internal power efficiency nEH N, will be decreased. 

This will lead to the fact that in the region of small w curves of 

constant full efficiencies will intersect the parabolas of similar 

conditions (see Fig. 3.61). 

Let us note that in the region of very small u, when the Re 

criterion becomes nonself-similar with respect to H(Re < 10^), 
2 

under conditions of Q/u » const will condition H/w • const 
2 

not be maintained, and curves H/Q ■ const will not be curves of 

similar conditions. 

Experience shows that for the pumps of LPRE, which, as a rule, 

correspond to high Re numbers and a low portion of mechanical losses 

in the power input, it is possible to consider that the curves 

n * const (N/w3 » const) coincide with parabolas of similar 
h p 

conditions H/Q “ const in the region of the change in the frequency 

of rotation w > (0.5-0.6)wp. In this case it is possible to 

calculate the field of the energy pump characteristics of LPRE 

H * f(Q) and n “ 9(Q) with the aid of relations (3-84) and (3.91). 
H 

Frequently the pump performance of LPRE is represented in 

the form of H/w2 » f(Q/u>) and nH * q>(Q/w) (Fig. 3.63). Such 

characteristics are called universal characteristics; they do not 

depend on the frequency of rotation. Universal characteristics 

are calculated from equations (3*82) and (3.90). 



fig* 3*63. Universal 
pump characteristics. 

Sometimes the lines of constant 

efficiency nH - co st in the field of 

characteristics are closed in the region of 

large u> and high flow rates Q. A reduction 

in the full efficiency in these conditions 

(which graphically means the closing of 

lines of constant efficiency) should be 

explained by the emergence in these 

conditions of cavitation phenomena in the 

pump. In coordinates H/</ - QA, the cavitation is developed by an 

abrupt change in the nature of the course of the head characteristic 

and efficiency characteristic (dashed lines on Fig. 3.63; see also 
Fig. 3.6I). 

Energy characteristics can be obtained most reliably 

experimentally. Usually for the obtaining of the characteristics, 

tests of the pump in water are carried out. For pumps of LPRE which 

consume high power, the use of air (and other gases) as a model 

working medium deserves attention (see sources [78, 80, 84]). In 

this case in connection with the low air density a reduction of 

30-100 times of the energy required for the pump drive is reached 
[see equation (3.63)]. 

F. FULL PUMP CHARACTERISTIC 

For an examination of the individual problems of the joint 

operation of two pumps or the operation of the pump in the feed 

system of LPRE during transient conditions, it is necessary to know 

the full pump characteristic, i.e., the characteristic in all four 
quadrants of H-Q coordinates. 

For an example Fig. 3.64 depicts the total characteristic of 

a centrifugal pump. The letters A, B and C designate the basic 

conditions. In each quadrant the direction of flow through the 
pump is shown. 
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Fig. 3.64. Full characteristic 
of the centrifugal pump. 
KEY: (1) Pressure in Ü of 
calculated pressure at constant 
angular velocity. 

0. EFFECT OF THE SPIRAL BRANCH 
AND CENTRIFUGAL WHEEL ON OPTIMUM 
PARAMETERS OF THE PUMP 

With definite flow the full efficiency of the pump n. reaches 

a maximum (see Fig. 3*58). This flow is called the optimum pump 

flow, the operating mode in this flow «• the optimum mode, and the 

corresponding parameters - the optimum parameters of the pump. The 

calculation of the pump Is performed in the optimum mode, and 

therefore this mode in the calculation of the pump is called design 

mode . 

With the final adjustment of the specific pump it can prove 

to be necessary to change the optimum parameters of the pump (Qort 

and Hopt ) • Fn*’ example, it can prove necessary to increase the 
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pressure (when w ■ const) or change the magnitude of the optimum 

flow rate. A change in the magnitude of the optimum flow rate will 

oe required when the flow on which the pump will have to operate 

proves to be displaced relative to the optimum (for example, to the 

side of higher flow rates), which leads to an understating of the 

efficiency of the pump (see Pig. 3.58). An experiment shows (see 

sources [91], (105]) that in order to raise the pressure and change 

the optimum mode, there is no need to design the pump anew. It is 

sufficient to change somewhat the design of the pump during the 

period of final adjustment. Depending on which parameters of the 

pump should be changed, it is sufficient to change the centrifugal 

wheel with an invariable branch (D2 - const) or change the branch 

with the same wheel. In order to determine correctly what precisely 

it is necessary to change, it is necessary to know how the wheel 

and branch affect the optimum parameters of the pump. 

The optimum mede (see subsection A in the present section) is 

determined by the point of intersection of the relation 

which corresponds to the spiral branch, and the relation for the 
wheel 

(3.96) 

(see lines 1 and 2 on Fig. 3.52). 

In expanded form we will obtain expx-ession (3.96) from 
relation (3.23); 

where k’ is 

0 

the constant value 

1' IS »> 

for this branch. 

(3.97) 

Relation (3*97) can be named the characteristic of the 

throughput capacity of the branch. 
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Relation (3-96) takes the following form [see equations (.3.7) 

and (3.65)]: 

(3.98) 

With a change in b2, ß2 ( and kz(D2 « const) the twist c2u 

[determined by equation (3.98)) created by the wheel will be changed. 

Therefore, line 2 on Pig. 3-52, which corresponds to the wheel, will 

be shifted relative to the origin of coordinates (with an increase 

in b2> &2j, and kz - from the origin of the coordinates, see lines 

2' and 2"). With an invariable branch the optimum points will be 

found on the line corresponding to this branch. Then it is possible 

to record: 

<?#* •" ** («»W. (3.99) 

Let us express (c0ii) T in terms of the optimum pressure, 
G. U O P T 

keeping in mind that H * c2uu2nr: 

"¡ftr'*! ’ 
(3.100) 

By substituting relation (3.100) into (3*99), we obtain 

O pt W ^ h —üî- 
w Ojltr «ft 

(3.301) 

If changes in parameters of the wheel will have little effect 

on the value n t, then k (when D„ * const) will be a constant 
r opt 2 

value for this branch, i.e., k * const (for this branch). Then 

[see equation (3.101)] changes in the wheel with an invariable 

branch lead to a displacement of the optimum mode in coordinates 
p 

H/w - Q/uj along the line passing through the origin of the 

coordinates. An experiment confirms this conclusion (see source 

[91]). 



áMJ ¿ Cf* 

Pig* 365. Energy character¬ 
istics of pumps which differ 
from each other by the width 
of the centrifugal wheel at 
the outlet. 

Figure 3*65 depicts the energy characteristics of versions of 
the pump which differ from each other only by the centrifugal wheel. 

Wheels have different values b,¿. From the figure one can see that 
the optimum points on head characteristics are virtually located 

on one line. A change also in other geometric parameters of the 

centrifugal wheel (&2j|» ßljt» z and so on) and the screw conveyor 
leads to those results. 

Experimental data (see Fig. 3*65) show that even a considerable 
change in parameters of the wheel has little effect on the value 

of the optimum flow, having basically an effect on the pressure. 
Therefore, it is possible to increase the pump head by a change in 

parameters of the wheel with an invariable branch. As a rule, b0 

and are changed. 
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Drawing a line through the origin of the coordinates H-Q and 

the optimum point of the pump with the old wheel, according to the 

required pump head with the new wheel, let us find its optimum 

point. The values and at which provided is the necessary 

pressure are determined according to the magnitude of the pressure. 

For the optimum points with the aid of (3»98) let us rewrite 

expression (3*100) in the form 

0..H fig ' 
u.Dtii “j I ( I- (3*102) 

Substituting expression (3*101) into equation (3*102), we 

obtain the relation of the required head with values bj and &2f\: 

(3*103) 

Let us now leave wheel constant, and we will change the branch 

(D2 ■ const). With an Increase in the Intake area into the conical 

diffuser of the branch f^, coefficient k* in expression (3*97) will 

increase and the characteristic of the throughput capacity of the 

branch will approach the axis Q (see line 3 on Fig. 3*52). In this 

case the optimum flow will increase (Qg > Q^)* and value ¢£,, and, 

therefore, the pressure will be decreased. With a change in the 

branch the optimum points will be located on the line corresponding 

to this wheel (see Fig. 3*52). 

In H-Q coordinates the optimum points are also located along 

the straight line [see equation (3*102)]. This conclusion is 

confirmed by the experimental data presented on Fig. 3*66, where 

shown are characteristics of variants of the pump differing from 

each other by the intake area into the conical diffuser f^* Figure 

3.66 shows that by a change in the branch (f^) it is possible to 

achieve a considerable change in the optimum flow rate. 
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Fig. 3.66. Energy characteristics of pumps 
which differ from each other by the area of 
the outlet from the spiral collector. 

A new optimum point Is found on the line [see equation (3.102 

corresponding to the wheel and the required value û . In this 
opt 

case let us determine kznr opt according to equation (3.102) and 

the optimum parameters of the pump with the initial branch. The 

required flow rate will determine the hermetic parameters of 

the branch. 

Solving together expressions (3-101) and (3.102), we obtain 

*' 1"**^ •)<< 
P«n * 

1 + 
f *K ¡h» " * 

(b.ioü; 

According to value k [see equations (3.97) and (3.101)] let 

us find the necessary geometric parameters (f, and ). 
3 2p 

With a change in the wheel or branch the new value of the 

optimum efficiency can be evaluated with the aid of expressions 

(3.61) and (3-62), using the experimental value k n , found fro 
z r opt 

parameters of the optimum mode of the initial variant of the pump. 

The energy characteristics are calculated with the use of relation 

(3.82) and (3.90). 
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We examined the question about how it is possible to increase 

the pressure by a change of only the wheel with the final adjustment 

of the pump. In practice it can be required to decrease the pump 

head (when w * tonst). This can be achieved by decreasing b2 or 

when D_ ■ const [see equation (3.103)]. But it is still possible 

to decrease the pressure more simply by the trimming of wheel, i.e., 

by a decrease in its diameter . With the trimming of the wheel 

the space between the wheel and the branch increases, and, 

consequently, the nature of the flow entering into the branch is 

changed. The throughput capacity of the branch in this case is 

changed [coefficient k in equation (3.101) is changed]. Therefore, 

with the trimming of the wheel it is ut possible to determine the 

pressure according to equation (3.103). 

Experimental data show that with the reducing of the diameter 

of the wheel to ~8-10$, the optimum efficiency virtually remains 

constant, and the optimum pressure is decreased in proportion to 

the square of tl ? diameter: 

(3.105) 

In this case the optimum flow rate will vary in proportion to 

the diameter in the first degree: 

(3.106) 

where the prime denotes the parameters which correspond to the 

reduced diameter D'. Such a change in the flow rate can be explained 

in the following manner. The optimum pressure can be recorded in 

the form (3.102). Then 

(3.107) 

3^5 

(3.108) 



Since the left members of equations (3.107) and (3.108) are 

equal [see expression (3.105)], then their right sides are equal. 

Bearing in mind that the efficiency is not changed (trimming of the 

wheel does not exceed 8-10Í), it can be concluded that k n * 
- .,... z r °PT 

Therefore, 

9»ci ,• 
ntJ/rD, (3.109) 

Since the meridian section of the centrifugal wheel becomes 

narrow toward the outlet, then with the reducing of D2> b? will 

increase. Therefore, it is possible to consider that the area of 

the outlet from the wheel with its trimming will remain constant, 

i.e., irD^b^ • irD2b2. With the small trimming of the wheel the outlet 

angle (8^ » S2j() is little affected. Then from equation (3.109) 

we will obtain the expression (3.106). With the aid of expression 

(3.105) , according to the necessary value H* it is possible to 
Op T 

determine the required diameter . Dependences (3.105) and 

(3.106) are valid net only for the optimum but also for other 

conditions. Consequently, with their aid it is possible to find 

the pressure pump characteristic H ■ f(Q) and at a smaller diameter 

D2 the efficiency, as has already been said, can be accepted as 

being constant if the trimming of the wheel does not exceed 8-10¾. 

H. THE SELECTION OF THE CALCULATED 
FLOW RATE OF THE SCREW-CENTRIFUGAL 
PUMP WITH SMALL n» 

s 

As a rule, in the calculation of a pump it is attempted to 

combine the assigned conditions of its operation Q with its 
33AâH 

optimum m^de: ^3aAaH 9 Qp* However, an experiment shows (tae 

source [91]) that in certain cases (small ns) for the obtaining of 

the maximally possible efficiency of the pump, it is advantageous 

to design a pump for a flow rate more than the assigned: Q > 

> Q . P 
saAãH 
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Pig. 3-67. Pump characteristics? with 

n 
s aa^aH 

flow rates: 

30 at different calculated 

' Vf 1 
• - - V'/ I*' ‘S.1UH •I,*». 

Figure 3.6? shows that with a definite displacement of the 

calculated flow rate from the assigned to the side of high flow 

rates, in this case when ü 'p 1*^^3a(AaH (dot_and_(iash line), in 

the assigned conditions a larger efficiency is reached than with 

the equality of the calculated and assigned flow rat' s. This gain 

in efficiency la explained by the fact that in the assigned 

conditions the hydraulic efficiency of the pump, calculated at 

higher than the assigned flow rate, will be more than at the 

calculated point, since the maximum value of the hydraulic efficiency 

corresponds to the flow rate less than the calculated (see Fig. 

3.58). 

With greater hydraulic efficiency the leas diameter of the 

wheel D5 in necessary for providing the assigned pressure H 
£» 3áA¿)H 

347 



under the conditions of Q^. And this, in turn, leads to an 

increase in the full efficiency of the pump as a result of a decrease 

xn the friction losses of the wheel against the fluid [see equation 

U..Ü2U. n is natural that this Increase in the efficiency will 

be more for pumps with small ns 3aflah and large values of the flow 

parameter q3afiäH, in which friction losses of the wheel are great 
(see Fig. 3.36). B 

For determining the optimum value of the displacement of design 

conditions from the assigned to the side of higher flow rates, it 

is possible to proceed in the following manner. It is necessary 

to assign several values of the ratio of flow rates Q /Q , for 

each of which according to equation (3.81) it is possibleHtoP' 

crnune ratio I13aflaH/Hp. This ratio makes it possible to determine 

the value of the power-speed coefficient of the pump in design 

conditions according to the value corresponding to the assigned: 

• I '•*, Q 41*« 

(3.11Û) 

According to value no , the selected value q qp and 
value KDq known from the calculation of the pump for^cavitation, 

let us determine with the aid of equation (3.62) and relations 

given on Figs. 3.38-3.40 the value of efficiency in the design 
conditions n 

H.p We use the value nH<p for determining the 

3 ‘ * For this let us 

(n. 

efficiency in the assigned conditions n 

use equation (3.89). The ratio n 

efficiency when Qp - Q^) will^cteH^he gain in 

efficiency with displacement of the optimum characteristic. The 

ratio Qp/Q33iqaH at which nH. . 3a*aH reachea a maximum and 
Is optimum. The calculations for - 5.2-6.5 thus carried out 

(Fig. 3.68) show that it is virtuallj advantageous to design a 

pump for the flow rate higher than that assigned, beginning with 

the power-speed coefficient n^ ^ - *0-60 and less. Such values 

o the power-speed coefficient correspond to pumps of the LPRE. 



Specifically, the additional pumps which feed components into the 

gas generator of the engines with a precombustion-chainber turbine 

have values of n 
S SclfldH 

« 10-20. 

Fig. 3.68. Determination 
of the calculated flow rate, 
power-speed coefficient and 
maximum efficiency in the 
assigned conditions: 
qp * °i " — q. 0.2. 

The calculation of the pump for the flow rate higher than that 

assigned makes it possible, furthermore, to increase the width of 

the wheel b^ at a low assigned flow rate, which decreases the 

hydraulic losses, since the possibility for the Joining of boundary 
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layers in cover disks Is eliminated. The large width facilitates 

the manufacture of the wheel. 

3.2. AXIAL PUMPS 

3.2.1. DESIGN OF AXIAL PUMPS 

Axial pumps, as a rule, possess low pressure in one stage but 

are capable of pumping over great flows. In Section 3.1 the use 

of axial wheels as preliminary pumps was examined. Sometimes the 

axial pump can be used as an independent booster pump, which Is 

Installed directly In tank or near the tank (see Section 3.3.8). 

It has independent drive and is called a booster pump. 

When using hydrogen as a fuel it is necessary to pump large 

volumetric flows even with comparatively low mass flow rates. For 

this purpose multistage axial pumps can be used. For example, in 

the engine J-2 (see Fig. 1.13) used for the pumping of liquid 

hydrogen is a seven-stage axial pump, which creates a pressure of 

85*105 N/m2 when Q ■ 500 i/s and u - 2800 1/s (see source [30]). 

Let us analyze the basic positions which refer to the axial 

pump in the example of the stage made in the form of an individual 

unit. A diagram of such a pump is given on Fig. 3.69. 

In general the inlet of the pump consists of a feed and guide 

device. The feed is the intake pipe, which is constructively made 

similar to feeds of the centrifugal pump (see Fig. 3.2)j on Fig. 

3.69 the feed Is not shown. The guide device a on Fig. 3.6S is 

the blade cascade, which provided the assigned direction of the 

inlet velocity into rotor wheel b. The guide device at the inlet 

can be absent. In the feed systems of LPRE the installation of a 

ruide device at the inlet into pump, as a rule, is undesirable, 

since the deviation in the flow is connected with an increase in 

velocity and a decrease in the static pressure; futhermore, the 



static pressure decreases as a result of losses in the flow of 

guide blades. The possibility for the emergence of cavitation 

phenomena at inlet into the pump in this case increases. 

Fig. 3-69. Diagram of 
the axial pump and a change 
in the flow parameters 
along the length of the 
flow area. 

The axial pump for an increase in the anticavitation qualities 

can also have a stage with high anticavitation qualities, in 

particular, the screw conveyor (see sources [113» 30] and Fig. 

I.13). In this case the screw wheel will be the wheel of the first 

stage of the axial pump. 

In the case of a multistage axial pump the role of the guide 

device at the inlet into the rotor wheel is served by the outlet 

stator of the preceding stage. Therefore, the diagram given on 

Fig. 3.69 can also be examined as the diagram of the intermediate 

stage of the multistage axial pump. 
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ln general ln the guide device there occurs the acceleration 

cf the flow and a change in Its direction. The total form of the 

change in the flow parameters along the length of the guide device - 
« 

pressure p, velocity c, total pressure of the fluid p - Is shown 

on Fig. 3-69. The total pressure of the fluid will decrease due 

to the presence of losses. 

The rotor wheel b is the blade row fastened to the rotating 

shaft. In the rotor wheel to fluid will be fed energy - the value 
« 

cf total pressure p increases; as a rule, the velocity and pressure 

P also increase (see Fig. 3*69). Placed at the outlet from the 

rotor wheel is a blade cascade c in which the high-speed energy is 

partially converted into pressure. A deceleration in the outlet 

guide device is reached by means of a decrease ir. the circular arid 

sometimes axial components of velocity. The blade cascade of the 

outlet guide device is frequently called a stator. In a multistage 

pump the stator of the previous stage plays a part in the guide 

device of the subsequent stage. Thus, along the length of the 

diffuser cascade the velocity will decrease, and the pressure will 

increase. The energy of the fluid (total pressure) will decrease 

due to the presence of hydraulic losses. Such a cascade plays a 

part in the diffuser device. 

The axial pump cannot have a special branch. After 

rectification of the flow in the blade diffuser cascade, the flow 

from the pump casing can pass over directly into the pipeline or 

the following stage. 

Sometimes, if the flow has a high speed (great twist), which 

is difficult to convert into pressure energy in the axial blade 

cascade w'th lew losses, outlet devices in the form of a spiral 

collector and conical diffuser, as with a screw-centrifugal pump, 

can be used. 



3.2.2. THEORETICAL PRESSURE AND 
DETERMINATION OF PARAMETERS OF THE 
ELEMENTARY AXIAL STAGE 

In the present section we will examine the axial cascades of 

a single length. Such cascades form elementary axial stage, i.e., 

the stage, in which it is possible to disregard a change in 

parameters of the fluid over the height. Figure 3-70 shows the 

parameters, and velocity triangles of the elementary axial stage of 

the pump are depicted. 

The theoretical pressure [see 

such an axial stage is 

Fig. 3.70. Change in the flow 
parameters and velocity triangles 
for the elementary axial stage 
of the pump. 

equations (2.31) and (2.59)] oí 

calculated according to equation 

— (3.111) 
»i«). 

In hydrogen pumps from the stage it is necessary to obtain the 

maximum pressure and advantageously to increase maximally the 

circular velocity of the blades, for which the blades are arranged 

on large radii, i.e., is used a high hub-tip ratio. The span of 

the blade, as a rule, is small, and it sometimes reaches 8-10 mm. 

For an Increase in the pressure quality, it is advantageous 

to select the maximum angles of rotation of the flow and great 

denseness (b A > 1). For the selection of parameters of the 

axial cascades of the pumps as a first approximation it is possible 

to draw on the experience of compressor manufacturing. 
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The generalization of experimental data on results of the blows 

of the compressor cascades made it possible to obtain the relation 

between the permissible value of the angle of rotation of the flow 

in the cascade Aß * ß_, - ß_ , the cascade density b /t and the 

outlet angle at the angle of incidence of i “ ±5° (Pig. 3-71). 

Fig. 3-71. Dependence of the 
permissible angle of rotation 
of the flow in the cascade on 
the flow angle at the outlet 
and the relative cascade pitch. 

10 ¿0 30 HO 50 00 )0 00 00 p 

The limitation of the angle of rotation of the flow in the 

compressor cascade is connected \ith the advent of the boundary-layer 

separation from the surface of the blades. An increase in the 

cascade density leads to a decrease in the pressure difference on 

the concave and convex sides of the blade and makes it possible to 

Increase the permissible degree of diffusivity and angle of rotation 

cf the flow. Friction losses will be Increased respectively. 

Calculation of the finite number of blades can be produced by 

means of calculation of the lag angle 6 (see Fig. 2.5*0. The value 

of the lag angle 6 in the compressor cascades (diffuser) is usually 

equal to 3-5° and is calculated from empirical equations. For 

example, work [5*0 gives the following equation for the lag angle: 

~ 0,002 
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where §f is distance along the chord from the leading edge to the 

point which corresponds to the maximum bending deflection of the 

center line referred to the chord length; 0 - angle of curvature 

of the profile: 6 * [180° - + b/i " chord length; 

t - cascade pitch. 

For widely spaced cascades (byt^ < 1) the calculation of Ht 

is frequently carried out on the basis of the airfoil lift, i.e., 

on the basis of N. Ye. Joukowski's theorem (see Section 2.7.2). 



3.2.3. f.NERüY CHARACTERISTICS OP 
AXIAL PUMPS 

3.2.3.1. General Positions 

Mgure 3-5^ depicts a change in the pump characteristic with 

different flow parameters qp for the design mode. Lines for 

3p > 0.4 will occur more steeply, which is characteristic for di¬ 

agonal and axial pumps. For these pumps a sharp increase in the 

pressure is characteristic with a decrease in the flow rate in 

comparison with that calculated, and a sharp drop in pressure is 

characteristic with an Increase in flow rate. 

Figure 3.72 gives characteristics of the axial pump in the 

dimensionless parameters. The inflection of the pressure on the 

left side of the characteristic is characteristic for axial pumps 

and compressors and is explained by emergence in these conditions 
of vortex zones. 

Fig. 3.72. Energy characteristics 
of an axial pump in relative 
coordinates . 
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The power of axial pumps sharply increases with a decrease in 

the flow rate. This is connected with the appearance of separation 

of vortex zones and the expenditure of power to "hydraulic stagna¬ 

tion" (see Section 3-1.2.2). 

Let us examine in more detail the pressure characteristic of 

the screw axial pump. By knowing this characteristic, it is pos¬ 

sible to evaluate the parameters of helical-type pump in the case 

of its use as an independent booster pump. 

In the Joint operation of the screw conveyor with the centri¬ 

fugal wheel (screw-centrifugal pump) the centrifugal wheel affects 

the operation of the axial stage standing in front of it (see Sec¬ 

tion 2.11.1.A), and therefore characteristics of the isolated 

helical-type pump will differ from the characteristics of the screw 

conveyor in its Joint operation with the centrifugal wheel. This 

distinction is explained basically by the fact that values of the 

calculated diameter for the separately standing screw conveyor 

and for the screw conveyor standing in front of the centrifugal 

wheel were different [see formulas (2.167) and (2.168)]. Helical- 

type pumps used ln LPRE have a high cascade density. Therefore, 

the effect of the ?inite number of blades can be disregarded, i.e., 

it is possible to accept that 

3.2.3.2. Theoretical Characteristic 
of the Helical-type pump of Constant 
Pitch. 

The theoretical pressure of the screw conveyor of constant 

pitch [see equation (2.169)] is written in the form 

(3.112) 
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Let us express liT by the flow rate Q and geometric parameters 

of the screw conveyor. 

It is easy to determine value c2z from the following relati .ons 

«i. - £- 

arf*. 

•I* it-t (3.113) 

where ôp is the thickness of the blade at the calculated diameter 

(see Pig. 2.62). 

By transforming this expression, we obtain 

(3.111)) 

Taking into account that 

iet us express finally HT [see equation (3.112)] in terms of the 

geometric parameters of the screw conveyor: 

"O-iOp 

*»4 lxDt? - .) 
V *lnV, / 

(3.115) 

Let us investigate this expression: when Q ■ 0 

wnen H. 
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(3.116) ®"'-—;—s- 

From these relations It follows that the theoretical character¬ 

istic of the screw axial pump In corrdlnates Ht - Q Is the straight 

line Intercepting along the axis of the ordinates the segment propor- 
? 

tional to up and along the axis of the abscissa - the segment pro¬ 

portional to expression (3.116) (Fig. 3.73). 

The greater the helix angle the more sloping the charac¬ 

teristic is. With an increase in the frequency of rotation, the 

value of theoretical pressure Ht will increase more rapidly than 

Qh mQ, and the theoretical characteristic passes more steeply. 

With a decreaje in the flow rate the angle of attack increases, 

with an increase in the flow rate the angle of attack is decreased, 

and at the zero angle of incidence the theoretical pressure Ht 

is equal to zero (Q ■ QH Tllis characteristic can be also 
T 

considered as the dependence HT ■ f(Qp) for a series of screw con¬ 

veyors with different calculated flow rates. 

3.2.3.3. Actual Characteristics of 
a Helical-Type Pump 

An analysis of experimental head characteristics of helical- 

type pumps showed that the majority of them takes the form of a 

straight line (see source [^7]). Consequently, for the plotting 

of a characteristic it suffices to know two calculated points. 

The first calculated point is selected with zero flow rate. We 

will assume that HQ - kHT y-Q, where k ■ nrkz is the experimental 

coefficient (k * 0.45-0.58). 

The second point of the characteristic is determined for 

conditions Ht - 0, i.e., for conditions of the zero angle of 
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Incidence. The expenditure of energy for the flow of fluid through 

Jio wheel will be determined by the expenditure of energy for the 

:iuia friction against the walls of the wheel (flow of plates with 

zero angle of attack). 

Jhe power loss to friction [see equations (2.198)] is found 

from the expression 

. . a* 
Or 13 (3.117) 

where b^ — the length of the blade on the mean diameter; 

Dr - the hydraulic diameter: 

Or (3.118) 

here 
M 

diameter; 
- the width of channel on the mean 

h^ - span of the blade. 

The relative speed in the vane channel of the wheel 

conditions of (fy ^ retains the constant value: 
T 

Qh.*4 

under 

ihe drag coefficient A is accepted within limits of O.O^-O.Oij 

(see source C'<7]). Having plotted value L , from the hori¬ 

zontal axis downward let us find the second^oiníTof the character¬ 

istic (see Pig. 3.73). Having connected both points, we will ob- 

i-ain the calculated real characteristic of the screw wheel. 
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Pig. 3.73» Plotting of the head 
characteristic of a helical-type 
pump of constant pitch. 

The real experimental characteristic of screw axial wheels 

is close to a straight line (Pig. 3.7^). Sometimes the character¬ 

istic of a pump with a screw wheel has a sharp band characteristic 

for axial pumps with q * 0.5 (see Fig. 3.7^), which is connected 

with the appearance at the outlet from the screw conveyor of 

return currents in the hub. 

.5» •4 •a2/ Fig. 3.7^. Experimental dependence of 
pressure of the screw conveyor on the 
flow parameter for the helical-type 
pump of constant pitch. 

Figure 3-75 shows the dependence of the efficiency of the 

screw conveyor on the flow rate (see source [^7]) obtained during 
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the testing of an individual screw conveyor with a spiral branch 

i.e., taking into account losses in the branch. 

With the aid of the relations obtained above, it is possible 

to determine approximately the head characteristic of the screw 

conveyor of variable pitch. For this it is sufficient to assume 

that 

*■ ilt.tt * ** *|. 

Fig. B.75. Real energy 
characteristics of a 
helical-type pump. 

¿.3. CAVIATATION IN PUMPS OF LIQUID 
PROPELLANT ROCKET ENGINES 

3.3.1. BASIC CONCEPTS 

Cavitation ie proaeaa of the disturbance of the continuity 

of fluid flou in the zone of reduced pressure, which consists in 

thb formation of cavities filled with vapor and separated from 

the liquid by the gas. In the region of reduced pressures there 

appear tensile stresses, which lead to the rupture of the liquid. 



Wßmwi .., . —......... ........ 

Cavitier, the cavitation caverns which are filled with vapors of 

fluid and separated from the fluid by the gas dissolved in it are 

formed. 

The emergence and development of cavitation in the fluid is 

connected with the presence of the so-called ’’nuclei of cavitation.” 

The physically pure and homogeneous fluid, free from the "nuclei 

of cavitation,” absorbs the considerable tensile stresses. In 

commercial fluids there are always "nuclei of cavitation^' and 

under the effect of tensile stresses cavitation phenomena appear. 

The "nuclei of cavitation" are those weak points in which the 

strength of the fluid is disturbed, and where cavitation phenomena 

appear. 

According to most probable hypothesis (see source [88]), the 

nuclei of cavitation are the undissolved gas inclusions, including 

in pores and cracks of microparticles suspended in the fluid. 

The development of cavitation in fluids is also affected by 

the quantity of dissolved and free gases which are being liberated 

in regions of reduced pressure and decrease the volumetric strength 

of the fluid (gas cavitation). In the presence of a two-phase 

medium the magnitude of the velocity of sound greatly decreases 

and the crises taking place during cavitation flows (flow restric¬ 

tion) can be the crises of sonic flows. Furthermore, the degree 

of development of cavitation can be affe:ted by the thermodynamic 

properties of fluids (see further Section 3.3.1*). 

In entering into the region of higher pressures, tne caverns 

"collapse," since the gases are partially dissolved and the vapor 

is condensed. The collapse of tne caverns causes a local hydraulic 

impact, which, according to some theories, is cumulative, and which 

can lead to the failure (cavitation erosion) of the material of 

walls of the channels. 
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Vhe emergence of cavitation leads to two basic negative con- 

■:e juences for hydraulic machines: 

1) the collapse of the operating mode of the machine, i.e., 

■d sharp reduction in the basic outlet parameters - H, Q and n 

(Fig. 3.76); H 

2) the errosive failure of the rotor wheel of the machine - 

usually in a continuous operation in cavitation conditions. 

In pumps the cavitation appears with the pressure in front of 

-i inlet into pump, which substantially exceeds the pressure of 

vaporization at this temperature of the fluid. This means that 

tne region of minimum pressure is located within the flow area of 

lhe Fump. A pressure drop within pump (in comparison with the 

inlet pressure) is connected first of all with the streamline 

flow of the inlet edges of the blades. In the streamline flow cf 

the blades, Just as with the flow of any profile, the region of 

reduced pressure is formed. At positive angles of incidences, 

which are common for pumps, the region of the reduced pressure ap¬ 

pears from the nonoperative side of che inlet part of the blades 

(Figs. 3.77 and 3-78). 

1 T 
fit 

F c V?T 

A- 
to 

Fig. 3*76. Separation cavitation characteristics 
typical for: a) screw-centrifugal pumps; b) cen¬ 
trifugal pumps; c) axial pumps. 



Pig. 3.77. Region of mini 
mum pressures in the axial 
wheel. 
KEY: (1) Cross section. 

Fig. 3.78. Region of 
minimum pressures in 
a centrifugal wheel. 
KEY: (1) Cross section. 

Figure 3.79 gives curves of the pressure distribution along 

the back of the winged profile under different pressures in front 

of the profile p, (see source [88]). The curve JÜLrñi.««^ corres- 

sponds to high pressures p^ at inlet at which the cavitation is 

absent. With a decrease in pressure p^ the absolute value of the 

minimum pressure on the back is decreased. At the defined value 

of Pj the minimum pressure reaches the vapor pressure pn, and cavi¬ 

tation appears. Since the pressure cannot fall below pn, with a 

further decrease in p^ an ever larger part of the back is occupied 

by the region with the pressure of the vapor pressure. This leads 

to reconstruction of the diagram of pressure on the back (see 

Fig. 3.79). The relative rarefaction on the back is de¬ 

creased, which leads to a decrease in lift of the profile. 

Figure 3.8O depicts a change in the coefficients of lift c 
V 

and drag cx 01 the profile of the blade of the pump axial cascade 
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k • * 1.25) with a decrease in preasure obtained experimentally 

•.e- .îouroe [97J). 

Fig. 5.79. Pressure distribution 
on the back of the winged profile 
at différent pressures in front of 
the profile. 

Fig. 3.80. Change in the coeffi¬ 
cient of lift and airfoil drag of 
the blade of a pump axial cascade 
with a decrease in the inlet pres¬ 
sure . 
KEY: (1) Beginning of supercavi- 
tationj (2) Beginning of cavita¬ 
tion. 

r '/i.re 3.8O shows the pressure of the beginning of cavitation. 

'■I'-'', ne further development of cavitation (decrease in p1), the 

.ing of the diagram of pressure on the back does not at first 

.• ' i-toa. iffect the lift and drag, but at the defined value of p^ 

.*<. .nange in the diagram becomes considerable, and there occurs 

a : .urp decrease in the lift dowi. to zero and negative values, and 

an increase in the drag. 



The cascade for which the lift decreases at less pressure 

possesses the best anticavitation properties. The more the rare¬ 

faction on the blade back, then at greater pressure in flow there 

will begin a lift decrease. Therefore, one should avoid the high 

angles of incidence, great load on the blade (great difference in 

blade pressures), and small cascade density, i.e., everything which 

can lead to greater rarefaction on the blade. The higher the speed 

of the flow flowing around the blade, the more the rarefaction will 

be on the blade (see Fig. 3-79). Hence, the point of the leading 

edges of the blade most distant from the axis of rotation can be 

the center of conception of cavitation (point A on Figs. 3.77 and 
3.78). 

Let us note that in the centrifugal wheel on the nonoperative 

side of the blade an additicial pressure drop appears as a result 

of the effect of the Coriolis forces of Inertia. Let us also 

note that in the centrifugal wheel the beginning cavitation in the 

region of the inlet into the blades will be rapidly developed, as 

a result of the fact that the motion on the inertia toward the 

periphery of the fluid is more dense that the vapor-gas caverns, 

and rarefaction increases. 

The cavitation phenomena can appear also in elements of the 

feed-LFRE system,for example, In the units of automation, feeds 

etc. The appearance of cavitation zones is connected with the 

local decrease in pressure, which takes place at low pressures in 

the system or in transient conditions (for example, during starting). 

Sometimes in centrifugal pumps cavitation can appear at the 

input part of the conical diffuser (at the "tongue”). Specifically, 

this is observed with high flow rate and at the large angles of 

blades. Cavitation in the branch is developed in the decrease in 

pressure of the pump with high flow rate (see Fig. 3.63) (pump 

power remains constant) (see sources [64, 91]). 



Fundamental Principles which 
'Laracterize Cavitation Conditions 

the Pump 

Let us record the fundamental principles characterizing cavi¬ 

tation conditions of the pump. These relations bear the total 

nature both for the axial or centrifugal and also for the screw- 

centrifugal pumps, i.e., for the inlets into the centrifugal and 

axial wheels. 

Let us use the energy equation in relative motion for two 

cross sections: one cross section 1-1 (see Pigs. 3.77 and 3.78) - 

directly in front of the inlet into the wheel, and the other — 

the region of minimum pressure. The region of minimum pressure 

1 ■ located sufficiently close to the leading edge of the blades, 

md therefore for the centrifugal wheel it is possible to disregard 

V* change in the circular velocity upon transition from the cross 

section in front of the inlet into the blades to the cross section 

where the pressure is equal to pmln. For axial pump the cross 

sections in question lie on one radius (see Fig. 3.77). The mini¬ 

mum pressure corresponds to the maximum rate of flow: 

^,.+8-7-“^, }-* y-. (3.119) 

Let us rewrite equation (3.119) in the form 

pn,tn •*„ ^ 
• “*r”i 

(3.120) 

Let us remove on the right side value w^/2 from the brackets: 

A - *.!• ■* 

( ?.121) 

Let us call the expression in the brackets the coefficient 

of the profile of rarefaction: 
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Then equation (3.122) will be rewritten in the form 

(3.122) 

(3.123) 

This value can be called the dynamic pressure drop during the 

flow of the blades. 

During the cavitation mode the pressure In the fluid is reduced 

down to the pressure of p^^ which characterizes the cavitation 

onsetj its value is connected with the pressure pp of the fluid 

vapors at this temperature. We will consider that the cavitation 

mode is characterized approximately by the equality p^n ■ pn. 

Then 

(3.124) 

where PlMaa is pressure in cross section 1-1, at which pmln readies 

the pressure pmln - pn. 

Let us call value llHaa the coefficient of cavitation (in 

hydraulics this coefficient is called the number of cavitation). 

This coefficient in essence is one of the forms of Euler's criterion, 

i.e., it is a constant value for geometrically similar pumps in 

similar conditions. 

The condition of noncavitation operation for pumps results from 

expression (3--24) and will be recorded in the form 
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-.i practice during the testing of the pumps there can be 

ict mined not the pressure in front of the blades p but the pres¬ 

sure at the inlet into the pump prisée Fig. 3.1, where conventional 

designations of the cross sections are given). In this case the 

condition of noncavitation operation of the pump is recorded in 
the form 

/>•*> i A-Im.« y + A. (3.126) 

^«ae Pressure at the inlet into the pump, at which 
cavitation begins; . . Pn . the cavlt.tlon 

P in conditions of the beginning of cavitation; 

i—fey.T. 
A 4 
•a •T 

(3.127) 

Here AHäD 13 the experimental coefficient which considers not 

■ùy the rarefaction during the flow of the blades but also the 

.-at,re of the flow of fluid from the inlet into the pump to the 

t . acts . 

emergence of cavitation is connected not only with the 

; i-, file rarefaction on the blades, but also with an additional 

r drop of the fluid Ap)Qun from the place of the measurement 

; -"--ure pBx (in front of the feed) to the blades in view of 

'A ; -1-;5Íb1' ar°P ln the static pressure on this section as a result 

, the convergence of the flow, and also in view of the 

■ nur.if -rm field of absolute velocities with the approach to the 

u- An additional pressure drop (as compared with the mean 
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pressure at the inlet) will take place in the stream possessing 

the maximum speed; 

+[(y-f-i]4! ( 3'128 * 

here m is the nonuniformity factor of the absolute velocity at the 

inlet: m - CBX „„/e,,,! 

ç - the coefficient of the pressure drop caused by hydraulic 

losses with the flow of fluid from inlet to the region of the 

minimuir pressure; 

F - the region at the inlet into the feed; 

F^ - the region in front of blades. 

The relation Ap^,, and with and Ap„„„ is established 
*Hae «as pasp Aon 

by the relation 

(3.129) 

The evaluation of cavitation qualities of wheels should be 

carried out from value *pa3p» and the corresponding evaluation of 

the entire pump - according to the value Xuj. 
Kao 

Usually at the pressure of pujiti the emergence of cavitation 

in pumps (initial stage of cavitation) still does not lead to a 

change in the outlet parameters of the pump H, Q and nH (see 

Fig. 3.76) - the concealed/latent cavitation. But in this case 

sometimes oscillatory phenomena can be observed (see source [153]). 

The stalling mode of the pump begins with more developed cavitation. 



■or pumpa of LPRE it ia important to avoid the cavitation 

jtailing. In view of the comparatively ahort-term operation of 

*Ih.- pumps is allowed their operation (without the fear of cavi- 

erosion) under conditions of the already beginning cavitation 

b«L without a substantial change in the parameters. Usually for 

the failure of the operating units of pumps during cavitation condi¬ 

tions considerable time is necessary. 

un the basis of the aforesaid during the calculation and 

operation of pumps of LPRE it is important to know the minimum 

pressure at the inlet into the pump at which nonstalling operation 

of tne pump is still provided. 

By analogy with expression (3.126) we can record: 

(3.130) 

or 

where (3.131) 

(Al ,H - pressure drop in cavitation separation conditions, which 

t v.ill conditionally call cavitation pressure drop). 

.1 the s all pressure at the inlet into the pump p at the 
‘cpe 

into the wheel there will take place the pressure 

A* — &Ptom* 

\ by a:alogy with expression (3.131), 



..........*......... 

A«* ■■ A4* A» 

where 

4A^-^íÍ. (3.132) 

The cavitation qualities of the wheel are determined by the 

coefficient llcpB» and the cavitation qualities of the pump - by 

the coefficient cps 

Operating conditions of the pump without stalling will be 

recorded thus: 

pn>Pn* 

The value pcpB Is determined experimentally. According to 

this value the coefficient of cavitation in the separation conditions 

Is found: 

where 

To determine porio of this pump, the separation cavitation 
CP D 

characteristic is taken. 

The separation cavitation characteristic is called the depen¬ 

dence of the pump head on inlet pressure at a constant flow and 

constant frequency of rotation. Such characteristics are taken on 

special laboratory bench tests. 

An — * ¿An ¿An 

—3—~i—37’ 
• a # a a 

(3.133) 
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Figur* 3.76 depicts the separation cavitation characteristics 

typlcai for the centrifugal (b), axial (c) and screw-centrifugal 

:i) of LPRE. At the Inlet pressure, designated on Fig. 3.76 

‘ y Fhp* the P^P head begins to be reduced. A reduction in the 

pressure is connected with the already begun cavitation phenomena 

within the flow area of the pump (simultaneously with pressure the 

efficiency is lowered). We will call such conditions critical: 

(3.134) 

where ApMi3 i? the pressure drop in the cavitation critical mode, 

subsequently called the cavitation pressure drop in the critical 
moue, 

A»“**#« 7-+A* (3.135) 

With the inlet pressure equal to p , the pressure sharply 

drops (see Fig. 3.76). Also sharply decreasing are values of the 

f.*ificiency and flow rate, which are not possible to maintain 

constant. This mode will be the separation mode [see equation 
0.130)]. 

Thus, on the characteristic it is usually possible to distin- 

¿UÍJh two raodes! the mode of the beginning of the change in outlet 

parameters of the pump (or critical mode) and the stalling mode 

v °r separation mode) * The concept of the two conditions for the 

separation cavitation characteristic was introduced by Professor 

0. hudnev. The mode which corresponds to pHp is called by him 

■ e first critical mode, and the mode which corresponds to p 

' SeCOnd c^tical mode. The critical mode sometimes coincides 

the separation mode (see Fig. 3.76b). 

♦ 
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The stalling of the mode of the pump Is connected with the 

developing cavitation zone, which Is propogated along the length 

and width of the vane channel, which also leads to a sharp reduction 

in the pressure and flow rate through the pump. 

It is desirable that the change in the pressure between the 

critical and separation modes (see Pig. 3*76a) would be minimum, 

3lnce the region on the inlet pressure between pHp and pcpB is 

the operating region. 

Sometimes the modes of the stalling of the pump on character¬ 

istic H ■ f(p ) is not clearly developed (see Pig. 3.76c), but 

the value of the pressure (flow rate and efficiency) is suffi¬ 

ciently smoothly decreased with a decrease in Ihe pressure. Such 

a course of the separation cavitation characteristic is observed 

sometimes in the testing of screw axial pumps, and in the case of 

centrifugal and screw-centrifugal pumps - when D^/Dg > 0.5. With 

such ratios the lnlet conditions can affect the outlet param¬ 

eters. In this case conditionally accepted as the stall pressure 

is such a pressure which corresponds to the drop in pressure by 

the established percent, depending on the requirements given to 

the engine plant; usually Ah ■ 2-3* HHaM for the basic pump and 

reaches 10* for the booster pump (see source [72]). 

For axial and screw-centrifugal pumps it is possible to dis¬ 

tinguish still the conditions at a pressure somewhat less than the 

separation (p ). During bench tests many pumps can operate 
r ^cynepHau 

sufficiently stable with sharply decreasing values of pressure and 

flow rate with an inlet pressure somewhat less than the separation, 

i.e., on the separation (left) branch of characteristic (see Figs. 

3.76 and 3.80). This mode is called supercavitation. It is 

characterized by the fact that the cavitation cavern, having a 

length exceeding the length of the blade, is separated from the 

blades. The theoretical scheme of this mode is the separation 

cavitation streamline flow of the blades (supercavitation flow) 

(see source [93])* 



Subsequently, we will distinguish four modes of the pump by 

the inlet pressure: 

1) modes pHaB of the beginning of cavitation (it corresponds 

t0 ûpKaa^ ~ latent cavitation; 

2) modes pHp, during which noticeable is the sharp bending 

of the line H ■ f(pBX) called the critical mode Up ); 
Hp 

3) conditions PcpB, during which the stalling of the modes is 

cbserved, separation modes Up ): 
cps ’ 

¡4 supercavitation modes p 
^cynepwaB cynepKaa ). 

Figure 3.81 gives the separation cavitation characteristics 

btained during the testing of a screw-centrifugal pump on water, 

i he upper two curves characterize the pump head, and the two lower 

curves - the pressure of the screw conveyor (determined by the 

measurement of the pressure on the housing between the worm con¬ 

veyor and the centrifugal wheel). An experiment was carried out 

on deaerated water (black circles on Fig. 3.81) and on water with 

2ÍÍ air content (light circles). 

M J/kg 
Fig. 3.81. Separation 
cavitation characteristics 
of the screw-centrifugal 
pump (upper curves) and 
screw conveyor (lower 
curves): O- deaerated 
water; * - water with 2% 
air content. 



Figure 3.82 gives photographs of cavitation zones in the screw 

wheel obtained during the experiment (the screw conveyor had a 

transparent housing). The numbers of points on the curves given 

on Fig. 3.81 correspond to the numbers of photographs. As is 

evident, cavitation zones appear near the hub of the wheel in the 

presence of air in water at higher pressures than in the operation 

of the pump on deaerated water. On deaerated water the cavitation 

cavern is produced on the periphery of the wheel, on the nonopera¬ 

tive side of the blade, and up to the stalling has clearly expressed 

boundaries. In the presence of air in the water, cavitation zones 

are located on the entire volume of the fluid. 

To evaluate the anticavitation qualities of pumps of LPRE, 

greatest value has the value *cpa» For centrifugal pumps of LPRE 

the value XcpB is 0.1-0.3» while for the screw centrifugal pumps - 

O.02-O.05. In connection with this the cavitation stalling of 

the screw-centrifugal pump begins at considerably less inlet pres¬ 

sure than does the stalling of centrifugal pump (Fig. 3.83). This 

determined the wide application in the LPRE of screw-centrifugal 

pumps. 

3.3.3. OPERATING CONDITIONS OF A 
PUMP WITHOUT CAVITATION STALLING 

The problem of the provision of the operation of pumps without 

cavitation stalling has a decisive importance for LPRE, since the 

cavitation qualities cf the pump determine the mass of the entire 

engine plant. The cavitation stalling of pumps at low pressures 

at the inlet (p < p ) leads to the cessation of the engine *8 A rCp B 
operation. A pressure increase at the inlet is connected with an 

increase in the mass, since the inlet pressure is provided by 

pressure in the tank of the flight vehicle. 

The operating condition of the pump without cavitation stall¬ 

ing can be recorded in the form 
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Ptf (3.136) 

or 

(3.137) 

For the pumping system of LPRE the pressure pBx Is determined 

by the tank pressure, the inertia and gravity heads and the value 

of the flow friction of the inlet main line (see Section 1.1): 

Pit ál. ( 3.130 ) 

Fig. 3.83. Separation cavitation 
characteristics of the centrifugal 
pump (H^) and the same pu.np wltn a 

screw conveyor (screw-centrifugal 
pump, u). 

Taking expression (3.138) into account, condition (3.137) of 

the operation without cavitation stalling can be thus recorded: 

-Irj.iy. (3.139) 

The left side of expression (3.139) is the available, or 
provided by the system, excess in inlet pressure of the pump 

above the vapor pressure, and the right side is the excess in 

pressure necessary for operation of the pump without stalling. 
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If generally It Is not possible to allow the operation of the 

pump with beginning cavitation (for example, in the presence of 

the danger of cavitation erosion in the case of the continuous 

operation of the turbopump unit), then expression (3.126) will be 
rewritten in the form 

(3.1^0) 

Let us emphasize thtt for the pump, conditions of the beginning 

of cavitation pKaB by the characteristic H - f(p ) m practice can¬ 
not be revealed. 

If we transfer the term pc^/2 to the right side of expression 

(3.139), then expression (3.139) will be rewritten in the form 

(3.HI) 

Thin the left side of this expression will be the available excess 

in total pressure at the inlet into the pump above the vapor pres¬ 

sure, and the right side is the necessary excess in total pressure 

When designing an engine plant it is assumed always that the 

available excess in pressure is greater than that necessary by 

the value of the cavitation reserve Ad 
r mmn * 

(3. lit2) 

By introduction of the reserve of pressure Ap , the im¬ 

perfection of the methods for determining the necessary excess 

in pressure and the distinction in the cavitation properties of 

ui:ferent copies of the same pump are considered. Usually Ap /o 

* ih3an ’ 10-3° J/kg. 3an 
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Expression (3.142) makes It possible to determine the value 

of the permissible cavitation of the pressure drop ûp at the 
w|j B 

assigned tank pressure. From formulas (3.141) and (3*142) it 

follows that 

A-A**. t-Â+A^+â^.w-«/0íCOil !-y). (3.143) 

This expression makes it possible to determine the necessary tank 

pressure for the pump with the known value of the cavitation pres- 
« 

sure drop ¿P0pB* The tank pressure p0 basically determines the 

wall thickness of the tank and, consequently, the mass of the tanks. 

The mass of the tanks comprises a considerable portion of the mass 

of the engine plant, and therefore the more the tank pressure will 

be the larger the dry mass the flight vehicle will have. Further¬ 

more, it is necessary to strive for a decrease in pressure pß and 

for a reduction in the mass of the pressurized system of the tank. 

Let us examine in more detail the effect of the individual terms 

of expression (3.143) on the magnitude of the necessary tank pres¬ 

sure . 

3.3.4 . effect of parameters of the 
PUMP SYSTEM AND THE PUMPED FUEL 
COMPONENT ON THE MAGNITUDE OF TANK 
PRESSURE 

The presence of gravitational and inertia backwaters makes it 

possible to use less tank pressure. For this it is advantageous 

to pluce the tanks of the components in front of the pump and, 

as far as possible, nearer to the nose of the rocket (see Fig. 1.s . 

To determine the necessary value of the tank pressure I see equut! -o 

(;.1!|3)] H is necessary for that point in time of operation of ‘he 
flight vehicle when the term p£(g cos 0 + J) has a minimum value. 

3.3.4 1. Effect of the Hydraulic 
System 
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ror a decrease in the tank pressure, the flow friction of the 

section from tank to the inlet into the pump Up ) should 

be minimum, and this means that it is desirable totale a short 

pipeline, and one should avoid turns, an abrupt change in the 

cross sections and a high rate of flow of the fluid. 

Furthermore, a decrease in the velocity at the assigned total 

pressure leads directly to an increase in the available excess in 

pressure at the inlet into the pump above the vapor pressure. 

However, with a decrease in the flow velocity, the dimensions and 

mass of the pipelines increase. Usually the velocity at the inlet 

into pump does not exceed 5-10 m/s. 

3.3. ^.2. Effect of the Anticavitation 
dualities of the Pump. 

The tank pressure necessary for nonseparation operation of 

the pump basically depends on the cavitation perfection of the 

pump, which determines the value Ap*pB. The less Ap* the less 

P0 will be. Therefore, when developing the turbopump unit of 

the LPRE it is especially important to obtain the small values of 

APcpB (see further section 3.3.7). 

3.3.4.3. Effect of Physical Properties 
of the Fuel Component Being Pumped. 

fne necessary tank pressure largely depends on the physical 

properties of the fluid being pumped. The more the pressure of 

vaporization at the operating temperature of the fluid, the higher 

the tank pressure is necessary or the greater the cavitation 

perfection of the pump (low values Ap* ) is necessary, if the tank 
; res sure is assigned. 

Since tne pressure of vaporization greatly depends on the 

temperature of the fluid, the calculation should be carried out 
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for the greatest temperature. Usually for noncryogenlc fuels the 

maximum temperature is equal to 303-323°K (30-50°C). 

The initial temperature in the tank for cryogenic components 

(oxygen, hydrogen, etc.) is the boiling temperature at atmospheric 

pressure, since the servicing of the rocket by these components 

is produced from capacities having drainage into the atmosphere. 

In flowing along the pipeline leading to the inlet Into the pump, 

the fluid is warmed thoroughly. Consequently, the pressure of 

the vapor pressure usually exceeds the atmospheric pressure. The 

precise calculation of the temperature of the cryogenic component 

is sufficiently complex. In the first approximation, the pressure 

of the vapor pressure can be taken according to the temperatui*e 

which exceeds the boiling point of the component at atmospheric 

pressure by 5-10°K. 

It should be remembered that the necessary tank preiisure 

depends on the density of the fluid p. Actually, expression (3.1^3) 

can be written thus: 

/»**- lÀf y-I <? y : : VA*.-- 
-ü/U'Oxi h/)+Ä- 

Other conditions being equal, a change in the density p leads to 

a change in pe. As a rule, the Increase in p is accompanied by 

an increase In the value of the necessary tank pressure p^. A 

significant role can be played by the thermodynamic properties o:- 

the fluid - such as the heat of vaporization, heat capacity an l 

others. Let us examine this question in more detail. 

For vaporization a certain heat reserve Is necessary: inte.e 

vaporization without the external heat feed can occur only with 

overheated fluid. Virtually this means that the vaporizatl n with 

cavitation appears with a pressure drop in the fluid up to a value 

somewhat less than the pressure of vaporization at this temperature. 
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Let us examine first the effect of the thermodynamic properties 

of the fluid on cavitation, not allowing for the gases which can be 

dissolved in the fluid. A pressure drop lower than the pressure 

which corresponds to the temperature of vaporisation leads to a 

different degree of superheat — depending on the temperature and 

physical properties of the fluid. 

Consequently, the inlet pressure at which there occurs cavita¬ 

tion stalling depends not only on the pressure of vaporization at 

this temperature and the additional pressure drop in the pump but 

also on the thermodynamic properties of the fluid, the value of 

its relative superheating, the heat of vaporization, surface tension, 

heat capacity, and thermal conductivity. 

The approximate comparative evaluation of the cavitation prop¬ 

erties of fluids can be produced on the basis of the following 

considerations (see source [18]). The available heat q for cavita¬ 

tion evaporation is determined by the amount of fluid from which 

it can be extracted (i.e., by parameters and pm), by the heat 

capacity of the fluid c^ and the temperature of its superheating 

AT: 

f-*W.AT. (3.145) 

This heat is expended for the formation of any quantity of 

vapor determined by parameters Vn and pn: 

«-W. (3.146) 

wncre r Is the heat of vaporization. 

By equating expressions (3.145) and (3.146), we obtain 

V*QmCmàT » t'itga/. (3.147) 



The cavitation intensity can be characterized by the volumetric 

ratio of the vapor formed to the volume of fluid. Let us designate 

B-VjVm (3.148) 

and let us call B the parameter of the cavitation intensity. 

From equation (3-147) it follows that 

(3.149) 
rm W 

where ÛT can be connected with the value of the pressure drop Ap. 

A pressure drop lower than the pressure of the vapor pressure 

pn leads to the superheating of the fluid necessary for the develop¬ 

ment of the cavitation: 

Consequently, 

fl-i; is. 
S» r {JpJäT)’ (3.1ri0) 

Equation (3.150) shows tnat with the same drop in pressure energy 

¿p/p the parameter of cavitatiun intensity B increases with an .11 - 

crease in the ratio of the square of the density of the fluid to 

tne vapjv density and the ratio of the heat capacity of the fiuia 

to the heat of vaporization and with a decrease in dpn/dT. 

Dependence p( * f(t) for a number of components is given on 

Fig. 3.84 . The more sloping the characteristic of the pressure 
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or vaporisation on temperature occurs, the more the superheating 

0f the fluld ÛTi i.e., the more the vapor is liberated. Since 

dp,/d? increases with an increase in the temperature (see Fig. 3.84) 

«hen hot liquids are relatively less inclined to cavitation. In 

operating on hot fluids the pump will have less cavitation pressure 

drop. However, the inlet pressure necessary for operation without 

cavitation stalling, in the case of the feed of hot fluids, will 

always be higher as a result of the pressure increase of vaporiza¬ 

tion with increased temperature. 

■'or pumps of LPKh the effect of physical properties of fluids 

cn their cavitation properties Is important in connection with the 

fact that data of cavitation tests, obtained in operation of the 

pump on cold water, must be recalculated on natural fluids. 

A comparison of the tendency of cwo fruida toward cavitation 

or the tendency toward the cavitation of Just one fluid ut different 

temperatures is possible by a comparison of parameters B with the 

same drop in the pressure energy Ap/p^: 

where the subscripts 

or to Just one fluid 
"1" and " " refer either to different fluids 

at different temperatures. 

Table 3.1 gives 

with the parameter 1 
a comparison of parameters B for some fluida 

"or water. 

low 

The 

V alue 

high-boiling fluids (nitric ae1 a, kerosene), for which 

s of dpn/dT are characteristic (see Fig. 3.84), corre.-pon 
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Table 3.1 
's. Kane «f 

N.IIqutd 

fap&aet«« 
¿ater 

»• - «4» «MM»» 1 
Nitric 
Acid 

Kero- Uqild 
Nitrogen 

LlcjUld 
Oxygen 

Liquid 
Hydro ge 

r*K 
DIB *att! 

•m 
1 

-10.1 
o.iaio-i 

-101 
1.0 

n 
0.10-10-1 « 1 O.iSIO-A O.SSUO-l 

to values of parameter B, which are comparatively close to value B 

i-u' water, l.e., the distinction In the thermodynamic properties 

of high-boiling fluids and water is unimportant for the process of 

cavitation. 

Cavitation in the operation of pump on water and on high- 

■ ^iing liquids will be developed almost equally, and values of 

‘■'Pcpa^^ ^ese cases will be close to each other. 

-ryogenic fluids (nitrogen, oxygen, hydrogen) have large values 

ol dpn/dT (see Pig. 3.84) and, therefore, considerably smaller 

values of B than for water. 

¿n the operation on cryogenic fluids the pump will have the 

best cavitation properties (smaller values of Ap* /p) than in its 
4-1 COB 

• «ration or. water. This theoretical conclusion is confirmed 

experimentally (Fig. 3.85) (see source [72]). 

Kr ietermining the cavitation properties of a pump designed 

1' r t «ration on a high-boiling fluid, it suffices to conduct its 

tests on cold water, since the value of Ap*pB/p for the working 

ng fluid can be accepted equal to the test value of the M,:h-br Hi 

pump on water. 

’ ae case oí' cryogenic pumps the results of their tests on 

w-ai-er fhculd be recalculated for the working cryogenic fluid (see 

source [72]): 
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....' 

V (^L-f-r)- 

where (Ap /p) Is the thermodynamic correction which considers 
Cp B 

a distinction in the thermodynamic properties of the working fluid 

and water. 

H 

ÍY t| 
T - ' 

7 

. 1 . . 

Fi,;. 3.85. Separation cavi¬ 
tation characteristics of a 
pump in its operation on water 
and liquid oxygen: 1 - water; 
2 - liquid oxygen. 

To obtain reliable cavitation characteristics of cryogenic 

pumps, it is necessary to carry out tests on working cryogenic 

fluids. 

Effect of Dissolved and Undissolved 
Gases in the Fluid 

The development of cavitation arid cavitation parameter., of the 

pump is affected by the content in the fluid of gases, undissolved 

and dissolved, which are liberated in the region of reduced pres¬ 

sure. Figure 3.81 depicts the separation cavitation characteristics 

of a pump in the presence of air in the water and without it. 

When in the fluid free gas is present, the working medium of 

the pump becomes two-phase. As is known (see sources L /1, d4],', 

the speed of sound in a two-phase medium becomes less than not: 

only the speed of sound In a pure fluid but also the speed oí 

sound in the gas contained in the two-phase medium. 
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Figure 3.86 (see source [94]) depicts the experimental depen¬ 

dence of the speed of sound in water-air and vapor-water media on 

the content of free air (vapor) in the mixture. It is evident that 

the speed of sound in certain cases can be 30-60 m/s. Such a speed 

tf SOUnd Proves tû b* commensurable with the rates of flow in the 

pump, iherelore, in the pump, which operates on two-phase fluids 

it is possible to expect the crisis sonic phenomena (flow restriction 

sho^k waves), which make its operation worse and lead to an Increase 

in the separation pressure (an increase in ¿p* ) 
Fcps ' * 

Hg. 3.86. Dependence of the speed 
of sound in water-air (1) and vapor 
water (2) mixtures on the content 
of air (vapor) in the mixture. [Pres¬ 
sure of water-air mixture is 1-2 bar- 
pressure of vapor-water mixture is " 
10 bar; subscripts "cm" refer to the 
mixture; "m" - to the fluid; "r" - 
to the gas (air or vapor); the speed 
of sound a in the vapor is equal to 
606 m/s and in the air - 320 m/s. 

3.3.5. PARAMETERS WHICH DETERMINE 
ANTICAVITATION PROPERTIES OF THE 
SCREW 

3.3.5.I. Cavitation Coefficient A, 
lope 

Into a correctly designed screw centrifugal pump (see further 

Section 3.3.7) its anticavitation properties are determined by a 

screw wheel. The cavitation coefficient of the screw conveyor 

*lcpB ^ depends on the rarefaction on blades of a screw conveyor, 

‘Parameters with subscript "1" correspond to the inlet into 
the screw convenor and without a subscript - to the inlet into 
the screw centrifugal pump. 
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which depends, ln turn, on the shape of profile, angle of the 

blades 8^, angle of Incidence t, and the cascade density b^/t. 

These parameters are changed along the radius of the screw conveyor 

(spatial lattice), which affects the value of *lcpB. F°r screw 

conveyors of constant pitch (s * const) with the cascade density 

on outside diameter b^/t > 1 we obtain the equation (see source 

[7*0) 

wp 
(3.151) 

where 8 and in are the angle of the blades and angle of attack, 

respectively, on the external (peripheral) diameter of the screw 

conveyor; 

3,t "••JJD-' 

Frr similar screw conveyors (dBT ■ idem; 8^ ■ idem) in kine- 

matlc_~ly similar conditions (i - idem), value ^lcpB ■ i^em, 

i.e., it is the similarity criterion. 

The denominator of the right side of equation (3.151) considers 

the spaciousness of the cascade of the screw conveyor. Equation 

(3.151) is valid for the screw-centrifugal pumps which operate on 

such components of fuels where the quantity of dissolved and free 

gases does not exceed 1-1.5* and which have the thermodynamic 

properties the effect of which on cavitation is close to the effect 

on cavitation of thermodynamic properties of water (see Section 

3.3.4). 

Expression (3.151) can also be used for the screw conveyor of 

variable pitch with the camber of profile on the mean diameter 

9 ■ (8. - 8, ) up 4-6°. With the selected i for the design 
cp 2n l/i cp F n,P 
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conditions (i|1<p one should not select less than 2°-30) equation 

(j.I-jI) can be presented in the following form, using the relations 

resulting from the velocity triangle at the inlet into the screw 

conveyor when clu o (see Fig. 2.62 and 2.6M: 

" ' ^ /''¥T i3a52) 

where Cjz is the mean velocity of the inlet into the screw conveyor; 

Up Í3 circular velocity on the outside diameter of the screw 
conveyor. 

hith a decrease in ratio clz/un the cavitation coefficient 

XlcpB is deL‘reased. however, experimental data show that below 

values of elz/un ■ 0.06-0.Ob the coefficient A-, can be considered 
constant (Fig. 3.87). P 

F’-ß. 3.8?. Dependence of the 
cavitation coefficient in 
separation conditions of the 
screw-centrifugal pump on the 
ratio of the speeds c, /u 
(in < 4°). 12 n 

3.3.5.2, Cavitation Pressui*e Drop 

Let us substitute for AplcpB expression (3.152) into equation 

(3.I32); after the transformations it is possible to record: 



+(^1 
(3.153) 

(3.15^4) 

Expression (3.15^) shows that pumps with geometrically similar 

screw conveyors in kinematically similar conditions (d ■ idem; 
6T 2 

n p idem; clz/un ■ idem) have identical ratios APicp/P'V 

3.3.5.3. Cavitation Drop in the Total 
Pressure Ap* cps 

The anticavitation perfection of a pump is characterized by 

the magnitude of the cavitation drop in the total pressure £p*pB. 

The less Ap*pa* the less the tank pressure p6 must be for non¬ 

separation operation of the pump [see equation (3.1^3)]. 

Let us record 

«Î. . f !-A<, , - A- 

l 
(3.155) 

wnere m is the variation factor of absolute velocity of the inlet 

into the screw conveyor; Ap*oflB - losses in the feed of the pump. 

Let us substitute equation (2.199) into expression (3.155) 

for losses in feed; we obtain 

?, 
i«it...•)»■$• (3.156) 

Having divided equation (3.156) by pu^, we obtain 
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r<" - (3.157) 

her pumps with geometrically similar feeds and screw conveyors 

(similarity of pumps with respect to tiie inlet), as is evident 

from expressions (3.15*0 and (3.15/), In kinematically similar 

conditions there Is the equality of ratios Ap* /Du2. 
*cpB' K n 

Equation (3.157) shows that for an improvement in the anti- 

cavitation qualities of the pump, it follows to decrease the non- 

uniformity of the field of velocities at the inlet into the screw 

conveyor and attain the least losses in the branch. 

3.3.5.**. Cavitation Power-Speed 
Coefficient 

Expression (3.132) for Ap^ is converted to the form 

Let us express the velocities u and c, by the basic parameters 

of the pump — the volume flow rate and frequency of rotation 

(3.159) 

(3.160) 

where D3 is the equivalent diameter of the inlet into the screw 

conveyor : 



.. 1 ..... 111 1111 ' .. 
«ffllfíHífif WPf W -^r WWTT’ .nil '. « v ” ' ff ’ “ 1 ” \ Vl W ■ -■ ^ n ■. ' . ..^ I ;i • . 

Let us multiply and divide the right side of equation (3.158) by 

the ratio of velocities <elz/un)2/3 and use expressions (3.159) 

and (3.160). Then we will obtain 

# 2^.(^ j** * (3.161) 

or, having grouped the terms, we will have 

‘ 1,___ 

a^um —T i*u k}1. «. ,. ‘ (3.162) 

The right side of equltlon (3.162) for screw-centrifugal pumps 

geometrically similar with respect to the inlet in kinematically 

similar conditions is constant; then the complex of parameters on 

the left side of this equation will be the similarity criterion, 

with the aid of which the anticavitation qualities of pumps are 

estimated. Let us designate it C: 

• t/ja 
C — " 

In the form proposed by 2. S. Rudnev, the criterion of antlcavita- 

tion qualities of the pump is written, for example, for separation 

conditions thus: 

m (3.163) 

In connection with the analogy in the recording of equations for 

this criterion and for the power-speed coefficient n (.see equation 
s 
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(2.179)], criterion C 
D E: 

efficient. 
is called the cavitation ptwer-speed co¬ 

in the technical system of unite numerically equal for C 

the quantity will be thus recorded: 
epe 

r -, ,o n ^ 0 

V 

where n is expressed in r/min; u - in m "/s ¿ dp» - in kgf/m‘r; 
•3 C p B 

Y - in kg/m . 

I’he cavitation power-speed coefficient can be determined for 

any conditions of cavitation. The advantage of using the cavitation 

power-speed coefficient C [see equation (3.163)] consists in the 

fact that it connects the basic parameters of the pump Q and w with 
2 

APcpB * °CBX//2* 
the cavitation drop in the total pressure Ac* 

^epa _r_ 
The less the cavitation pressure drop and inlet velocity, l.e., the 

better the anticavitation qualities of the pump, the larger the 

value of the cavitation power-speed efficient. Let us focus at¬ 

tention to the fact that if At 
^ epu 0(- , * 0, which corresponds to 

the best cavitation qualities), th< •. the value of the cavitation 

coefficient will not be equal to Infinity and will be determined 

by the velocity of the fluid at the inlet. 
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3.3.6. CAVITATION DISCHARGE 
CHARACTERISTICS OF A SCREW- 
CENTRIFUGAL PUMP 

The cavitation discharge characteristics of a pump in rela¬ 

tive parameters are dependences of the cavitation drop in total 

or static pressure in separation conditions of the pump, 

referred to the square of the frequency of rotation, on the 

operating mode of the pump characterized by the ratio Q/w. 

Figure 3.88 gives the cavitation characteristic of the 

pump discharge. The convenience of using the cavitation 

characteristic consists in the fact that it does not depend on 

the frequency of rotation, the flow through the pump, density 

and temperature of the fluid. 

With the aid of the cavitation discharge characteristic it is 

possible to determine the separation inlet pressure of the 
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pump for the eondltlons of Its operation interestln* to u.. Let 

U3 assume, for example, that the discharge Q. of the fluid with 

* ty 01’ the r‘-^'‘enoy of the rotation » and the pressure 
of the vapor pressure pnl which corresponds to temperature T 

are- assigned. Let us determine the ratio Oj/w, and according to 

e characteristic determine the value Up /pu3) corresponding 
o this ratio Oj/Wj. Hence we obtain the stall pressure 

A; Im¬ 

possibility oi plotting a cavitation characteristic in 
such coordinates ensues from the fact that Ap /pu>‘ 

value for similar conditions (Q/ui * idem). CPB 
is a constant 

If we use expressions (3.151), (3.157), (3.159), (3.160) 
and the relation 

f.. • £. 
(3.16^4) 

then, by substituting them Into equation (3.131), we obtain 

(3.165, 

where Aj, Aj, Aj are constant values for this pump. 

Equation (3.165) Is the equation of the cavitation discharge 
pump characteristic.' T„ the region of low dtscharge (small 

ratio S/w) the cavitation characteristic can change Its nature 

In connection with the small values A 

tion discharge characteristic in the reri 
Q/( is close to the linear (see Fig. 3.88 

or 
88). 

ana A,, the cavita- 

of calculated values 
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determined by equation (3«l65), which is the consequence of the 

change of the cavitation coefficient X, „ depending on c, /u 
/ _ orr\ xcpB Iz n 
(see Fig. 3.87) connected with the presence of the reverse input 

currents with low discharge. 

It is convenient to use the cavitation discharge character¬ 

istic for determining the stall pressure in the operation of4 the 

pump on different fluids (different densities p). As a rule, 

cavitation discharge characteristics are obtained by means of 

the removal of the stall characteristics of the pump (see Fig. 

3.76) on water. 

If the pump operates on fluids with gasses dissolved in them 

or free gases, then, besides the curve with zero content of 

the gas, on a graph curves with a different gas content will be 

plotted. The cavitation discharge pump characteristics with 

a different content in the fluid are determined from the stall 

characteristics obtained on water with a different content of 

gas dissolved in it or free gas (frequently - air). 

3.3.7. SELECTION OF DESIGN PARAMETERS 
OF THE SCREW-CENTRIFUGAL PUMP 
WHICH PROVIDE ITS HIGH ANTICAV.'TATION 
QUALITIES 

The high anticavitation perfectitn of the pump can be a 

attained by means of the correct selection of c'cüigr. parameters 

of the screw conveyor. 

3.3.7.I. Outside Diameter of the 
Screw Conveyor and Diameter of 
the Hub 

A change in the outside diameter of the screw conveyor D 

other conditions being equal, leads to a change in the speeds 

clz and un* on the value of whlch xlcpB (see Fig. 3.87) and 

^cpa tsee equation (3.156)] depend. The complex dependence 
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0f Xlcpe and ûp2PB on clz and Un lead8 t0 the fact with the 

defined (optimum) diameter the beat anticavitation qualities 

of the pump are attained. 

By converting expression (3.163), we obtain 

The maximum CcpB is reached with a minimum of the complex 
h/o o/\ 

ûp2pb/ou q • After the transformation of this complex by 

means of expressions (3.153) and (3.156), it is possible to be 

convinced of the fact that it is connected with two design 

factors: the coefficient of the equivalent diameter of the 

screw conveyor 

*0,-2.13-7- ÛL 
<0=* 

and the coefficient of the diameter of the hub 

*-„-2.13 'll-. 

These coefficients determine the coefficient of the diameter 

of the screw conveyor 

with the aid of which at known values of Q and u> it is possible 

to determine the diameter of the screw conveyor: 

«„«0.47*^ 



are determined by the ratio of Coefficients Kp 

the velocities: 

and Kd 
QT 

(3.166) 

The dependences of C on Kp and K. calculated with the 
a aar 

aid of ratios (3-153)» (3-156), and (3.I63) are Riven on F1r. 3.89 

for the screw-centrifuRal pumps with different types of feeds. 

With an increase in Kp (increase in P ) up to a certain limit 

the coefficient C increases. 
cp B 

The dependence of the optimum values (Kp ) and maximum 

value of the cavitation of the power-spee.-d coefficient (C ) 
' * cpo max 

on K, is Riven on Fig. 3-90. Optimum values of Kn ■ 7-7.5, 
BT 3 

and (C ) reaches values of ^1000-^500 at low values of K, • cp b max d 
b T 

It is evident that an Increase in losses in the feed (for 

example, the transition from an axial to a circular feed) 

decreases the value of C by 8-15*. With the aid of the 
CpB 

Rraphs given on Fig. 3-90 it is possible to select the diameter 

of the screw conveyor D and evaluate the value (0 ) , ' oi cpo max’ 
since with the calculation the value K ^ is easily determined: 

BT 
the diameter of the hub dUT is found from the precomputation of 

the pump spindle for strength (the transferred torsional moment), 

and Q and u> with the calculation are known. 

For an increase in the anticavitation qualities of the pump 

(see Fig. 3-90) the diameter of the hub should be selected at 

a minimum, providing only the necessary strength of the shaft . r 

structural feasibility. With the high requirements for anti- 

cavitation qualities of the pump one should select the diameter 

of the screw conveyor close to the optimum. If in this case 



Fig. 3.89. Dependence of the 
cavitation power-speed 
coefficient C! o of the screw- 

Cp B 
centrifugal pump on coeffi¬ 
cients of the screw conveyor 

"d "d T (Ini'10'’ 
3 BT 

_ - axial feed; 
- - - - - circular ani semi- 
spherical feed. 

Fig. 3.90. Dependence of the 
maximum value of the cavitation 
power-speed coefficient ox’ the 
screw-centrifugal pump ani 
optimum values of coefficients 
of the screw conveyor and 

BT 
on K 

BT 
(1n i 4°) : 

_ - axial supply; 
---- circular and semi- 
spherical feeds. 

there are obtained large values of KD , which lead to a consid- 
UJ 

erable decrease in the efficiency of the pump (see Figs. 3.38- 

3.40), then one should pass from the design of the pump with 

identical diameters of the screw conveyor and inlet into the 

wheel (D^ » DQ) (see Fig. 3.I) to the design with the diameter 



of the screw conveyor greater than the diameter of the inlet 

into the wheel (Du > DQ) (Fig. 3.91). This will allow at high 

anticavitation qualities of the pump the obtaining of high 

efficiency. 

Fig. 3*91. Screw-centrifugal 
pump with exposed screw 
conveyor. 

For an increase in the pressure quality of the screw 

conveyor it is sometimes necessary to Increase the diameter of 

the hub at the outlet (increase in Dp); then it is advantageous 

to use a conical hub in the screw conveyor (see Fig. 1.12). 

3.3.7.2. Determination of Pitch of 
the Screw Conveyor. Joint 
Operation of the Screw Conveyor 
and Centrifugal Wheel c-f the 
Pump 

Studies (see sources [13, 75]) show that the anticavitation 

qualities of a screw-centrifugal pump will be determined by the 

screw conveyor if in the mode of cavitation stalling of the 

screw conveyor the pressure created by it is sufficient for 

nonstalling operation of the centrifugal wheel. In other 

words, the screw-centrifugal pump must be designed so that 

cavitation stalling of the screw conveyor would occur somewhat 

earlier than the stalling of the centrifugal wheel or 

simultaneously with it. 

The condition of the simultaneous stalling is written as 

the equality of the total pressure at the outlet from the 

screw conveyor in stall conditions to the full stall pressure 



of the centrifugal wheel for the most dangerous cross sections 

in the cavitation respect of the screw conveyor and wheel. Such 

cross sections for the screw conveyor and wheel are cross 

-actions with the greatest speed of inleakage of flow, i.e., the 

outside diameter of the screw conveyor and peripheral diameter of 

the leading edges of the impeller vanes. 

Let us assume that the stream leaving the screw conveyor at 

diameter enters into the wheel at diameter DJ (see Fig. 3.?1). 

Then the condition of the simultaneity of stalling will be 

obtained from the equality of total energies of the mass unit of 

fluid (we disregard the losses) at the outlet from the screw 

conveyor and at the inlet into the wheel: 

Aii i ■“Ati« ! (3.167) 

where n is the pressure of the peripheral cascade of the 

screw conveyor; pnl and pnly - vapor pressures of fluid, spec- 

tlvely, at the inlet into the screw conveyor and at the inle'- 

into the centrifugal wheel. 

In general the pressures Pnl and p^ are not equal, since 

the inlet temperature of the centrifugal wheel is higher than 

at the inlet into the screw conveyor - due to the preheating 

of the fluid by leakages wnich approach the inlet into the 

wheel and preheating as a result of losses in the screw conveyor. 

In the operation of the pump in design conditions the differ¬ 

ence in pressures of the vapor pressure can be disregarded. In 

this case equation (3.167) will be thus recorded: 

a p'u ,.. ~ Ag;,„,. ( 3.16 8 ) 

Let us divide equation (3.168) by pu^: 



(3.169) 

where 

wm an<^ cii4 ” the velocities at the peripheral diameter Dj 

of the leading edges of the centrifugal wheel; X - the 
cps.ii 

cavitation coefficient of the centrifugal wheel in stall 

conditions. 

Equation (3*169) is the equation of the joint operation of 

the screw conveyor and centrifugal wheel. Let us transform 

equation (3.169). Prom the velocity triangle at the inlet into 

the centrifugal wheel it is possible to record: 

(3.170) 

where 

Under the assumption that losses in the space between the 

screw conveyor and the wheel are absent, the flow will obey 

the law cur ■ const; then 

(3.171) 

where c2u n is the twist of flow at the outlet from the screw 

conveyor - on the periphery. 

Assuming that the axial velocity at the outlet from the 

screw conveyor c2z (c2z ■ c^) and meridian velocity at the 
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inlet into the centrifugal wheel clm y are invariable along the 
radius, we obtain 

where 

* 

(3.17^) 

40i*. 

The cavitation coefficient of the centrifugal wheel can be 

recorded in the form (see source [13]) 

+(-,--0,815)(0,07 + 0,42^.), 
(3.173) 

where 6 is the thickness of the leading edge of the blade of 

the centrifugal wheel; 60 - the thickness of the blade at a 

distance of 25 mm from the leading edge. 

Equation (3*173) is obtained for the case of the absence of 

twist at the inlet into the centrifugal wheel, but the experimental 

data make it possible to conclude that it can also be used in 

the presence of twint. 

The pressure of the screw conveyor n can be expressed in 

the following way: 

(3.17^) 

where \ .w.n - the hydraulic efficiency of the peripheral 
cascade of the screw conveyor. 
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Having substituted expressions (3-170), (3.171) and (3.172) 

into equation (3*169), we obtain 

where *cpB#u after the substitution of expressions (3.171) and 

(3.172) in (3.173), can be represented by the following equation: 

In equation (3.17t>) the value AP*cpE/Pun» as a rule, is 

known from the cavitation calculation of the screw-centrifugal 

pump. From equation (3.175) it is possible to find that twist 

c2u n on Peripheral diameter of the screw conveyor at which 

the simultaneity of the cavitation stalling of the centrifugal 

wheel and screw conveyor is provided. This twist c2u ^ determines 

the required head of the screw conveyor. 

Since twist c2u n enters also into the left and right sides 

of equation (3.175), it is solved by graphic means. First we 

determine for the number of values c,^ n/un the sum 

-f "!- - the left side of equation (3.175), and then we 
""t ‘D 

find the value ûp*pB>u/pu^ - the right side of equation (3.175). 

The point of intersection of the corresponding dependences 

(Fig. 3.92) gives the value c2u n/un, which satisfies equation 

(3.175). During calculations it is possible to consider that 

J407 

■M 



n is equal to the efficiency of the screw conveyor r* • uj • n 
H * 0.^-0.5 (see sources [4?, 74]). 
r .uj 

Fír. 3.92. Determination of the necessary 
twist of flow by the screw conveyor: 

— ri|m |»1; 0,IDm 
/»0,1. 0.,0, 

-up« t»l. D,Om' 

•li 

-0,71 

Designation: npn •* when. 

Figure 3.92 shows that equation (3.175) can satisfy two values 

of Co /u - larger and smaller (see points B and A on Fig. 
2u n n 

3.92). The smaller value of c0ii /u is of interest to us, 
< u n n 

since to it corresponds less pressure of the screw conveyor. 

According to the relative twist it is possible to determine 

the angle of the blade of screw conveyor on the periphery: 

tl! '1 '« • «¡J I (3.176) 

The pitch of the screw conveyor at the outlet is determined 

according to the equation 



(3.177) 

or, taking Into account expression (3.176), 

lufa-. 

■■ 

(3.178) 

The required head of the screw conveyor and magnitude of 

the pitch s2 are affected by the ratio of areas of the outlet from 

the screw conveyor and inlet into the impeller vanes (coefficient x) 

and the ratio of diameters of the screw conveyor and inlet into 

the blades of the centrifugal wheel Tsee equation (3.175)]. 

The decrease in x (increase in the area of the inlet into the 
2 

impeller vanes) decreases the value ¿P*pB y/Pun - as a result 

of a decrease in , [see equation (3.173)3, and, therefore, 

decreases the required head of the screw conveyor, angle 80n „ 
<n * n 

and pitch s2. 

In the case of the screw conveyor of constant pitch 

s^ * s2 * s; in this case the angle of attack decreases, which 

will favorably affect the anticavitation qualities of the screw 

conveyor and the entire screw-centrifugal pump. Thus, when 

designing a centrifugal wheel it is necessary to attempt to 

insure its high anticavitation qualities. Usually we assume 

that x ■ O.65-O.8. 

Prom expression (3*175) it is difficult to explain the effect 

of ratio on necessary pressure of the screw conveyor. 

However, calculations show that within the usually encountered 

limits of values D!/D « 0.75-1.1 the effect of the ratio 
i aJ 

D,/D on the necessary pressure of the screw conveyor is small. 

Figure 3-92 shows that the screw conveyor for the ,1oint 

operation with the wheel should be designed with small values 
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of ratio c2u n/un not exceedin« 0.2-0.3. In this case the 

coefficient of theoretical pressure c ' the screw conveyor 

^t.uj " Hi.uj/ucp reaches values of 0.r-0.7, and the decree of 
reaction at the mean diameter is 0.65-C.75. Consequently, it is 

necessary that the screw conveyor basically increase the static 
pressure it the inlet into the centrifugal wheel. 

For the screw conveyor of constant pitch s « const, the pitch 
at the inlet s^ should be equal to the pitch at the outlet s^ 

calculated according to equation (j.lYö). The angle of the 

blades at the inlet will be equal to the angle of the blades at 

the outlet; S1/1>n - ß2;i.n' Then the angle of attack on the 
outside diameter at the inlet will be found as the angular 
difference : 

(3.179) 

where S^n - the How angle at the inlet on the periphery of the 
screw conveyor: 

and the ratio clz/un 1s determined with the anticavitation 

calculation of the screw conveyor (see further Section 3.J0. 

The angle of attack in should not exceed 3°-50. Its high 

value leads to a considerable deterioration in the anticavita¬ 

tion qualities of the screw-centrifugal pump [see equation 

(3.I5I)]. If the angle of attack in, calculated according to 

equation (3.179) when ß]n4r) “ ß2f)<n, proves to be less than 

3 ”5°» then it is possible to discuss the screw conveyor of 

constant pitch: s « s^ * s^. Then the angle of the blade 

Slfl.n and Pltch of the screw conveyor s1 will be found from 
expressions: 

IV (3.180) 
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(3.181) 

If in will be more than 30-5°» then one should take the angle 

of attack as being equal to 20-3° and use the screw conveyor of 

variable pitch with s^^ < s^ calculated according to equation 

(3.178). 

Let us recall that pressure of the screw conveyor of constant 

pitch is created because of the presence of the angle of incidence 

the flow in the cascade of the screw conveyor is turned by an 

angle equal to the angle of attack. At zero angle of incidence 

the screw conveyor of constant pitch will not create pressure. 

In the screw conveyor of variable pitch the pressure is created 

both because of the presence of the angle of incidence and also 

due to the camber of the profile. In principle, at zero angle 

of incidence the screw conveyor of variable pitch will create 

pressure. 

Technologically the screw conveyor of variable pitch is 

considerably more complex than the screw conveyor of constant 

pitch. 

For en incr ase in the efficiency of the pump the use of the 

screw conveyor of variable pitch for producing the defined 

twist, at the inlet into the centrifugal wheel (see Section 

3.1.1.5) (especially in the case of centrifugal wheels with 

D-^/Dj > 0.5). This twist, as a rule, will correspond to higher 

pressure necessary for obtaining high anticavitation qualities 

of the pump. Therefore, the anticavitation qualities of the 

pump with such a screw conveyor can be somewhat worse. 
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3-3.7.3. Caacade Density of Screw 
Conveyor, Dumber of Blades, Length 
of the Blade and Other Design 
Parameters of the Screw Conveyor 

Cavitation in the screw conveyor begins in the region of 

inlet. With the motion of the fluid along the vane channel the 

pressure increases, and vapor caverns disappear (vapor is con¬ 

densed). For* the disappearance of the cavern in the high- 

pressure region definite time is necessary. Therefore, a 

sufficient length of the vane channel of the screw conveyor is 

necessary in order that the cavern would disappear before 

leaving the screw conveyor and would not be extended to the 

cutlet from it. The extension of the cavitation zone to the 

region of the outlet leads to a sharp drop in pressure of the 

screw conveyor and In connection with the insufficient inlet 

pressure of the centrifugal wheel - to the cavitation stalling 

of the centrifugal wheel and entire pump. The fact that with an 

increase in the cavitation zone in the wheel the pressure of 

the screw conveyor falls is shown by experimental data. 

Figure 3«93 shows that with an increase in the cavitation 

zone (with a decrease in inlet pressure of the screw conveyor) 

pressure of the peripheral cascade of the screw conveyor is 

decreased, and, therefore, the pressure of the entire screw 

conveyor is decreased. The basic Increase in the pressure in 

this case falls in the outlet part of the screw conveyor. 

Therefore, for the elevation in pressure of the screw conveyor 

to the value which corresponds to the absence of cavitation in 

the screw conveyor (high inlet pressure), it Is necessary to 

increase the length of the screw conveyor and the length of 

the vane channel. 



Fig. 3.93* Change in pressure 
energy along the length of 
the screw conveyor at different 
inlet pressures: P 
1 - Pn - 0.4 MN/nr ; B X p 

2 - p - 0.072 MN/m . 
B X 

The cascade density of the screw conveyor, which is defined 

as the ratio of the length of the vane channel (length of 

the blade) of the screw conveyor to the pitch of the cascade of 

the mean diameter: 

(3.182) 

is taken equal to 2-2.5. The cascade density of the screw 

conveyor, the number of the blades, and the length of the 

blade are connected with each other. Since 

9 im 

then, by taking expression (3.182) into account 

*r\, 
(3.18'j) 

The number of blades z^, as a rule, is selected equal to 2. 

But at large diameters of the screw conveyor Df,p (heavy-gauge FO 

for obtaining the necessary density Tcp when * 2 long 

length of the blade bn [see equation (3*183)]» and, therefore, 
/1 • C'P 
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the long axial length of the screw conveyor can be required. For 

a decrease in the axial length, it is possible to have an increase 

in the number of blades to * 3» in this case somewhat making 

the anticavitation qualities of the pump worse (see source [7^]). 

Besides b^ cp, the axial length of the screw conveyor depends 

also on a number of other parameters: the angles of taper of the 

screw conveyor and (see Fig. 3.9D* the law of the change 

in the pitch of the screw conveyor along the length (for the • 

screw conveyor of variable pitch, s ■ var). 

Angles of Taper of the Screw 
Conveyor 

For an improvement in anticavitation qualities the screw 

conveyor is made with an angle of taperat the inlet (see 

Fig. 3.91), which is 90o-120°. In the presence of the angle of 

taper at the inlet 9^, as a result of the action of centrifugal 

forces of the flow twisted by the root cross sections, the 

pressure at the inlet into the peripheral cross sections of the 

cascade of the screw conveyor increases. This facilitates 

operating conditions of the peripheral cross sections in cavita¬ 

tion conditions. Sometimes for an increase in the resistance 

of the blade of the screw conveyor to vibrations, a conicity 

at the outlet of 02 ■ 1^0-160° is introduced. Smaller values 

of 0^ and 02 correspond to small diameters D^. 

Trimming of the Inlet Part of the 
Blade of the Screw Conveyor 

A favorable effect on anticavitation properties of the 

screw conveyor is had by the trimming of the inlet part of the 

blade with a radius of R ■ (0.25-0.35)0^ (see source [751) 
(Fig. 3.94B). 



Thickness and Shape of the Blades 

The shape of the blade of screw conveyor is made in the form 

of a cross section of straight (with s « const) or bent (when 

s ■ var) plate with pointed leading and trailing edges 

(Fig. 3-9i*a, see source [70]) or in the form of a triangle 

(Fig. 3»9^b, see source [75]). 

The thickness of the blade should be selected as less as 

possible for a decrease in the blocking of the cross section. 

From considerations of strength the root cross sections should 

have greater thickness than the peripheral do. Usually (6 ) 

is equal to 0.015-0.02 of the length of the blade in the root 

cross section, and (óinQ ) is equal to 0.005-0.01 of the length 

of blade in the peripheral cross section (see source [70]). 

The length of the sharpening of the leading edge should be 

lJO-50* of the length of the blade, and the trailing edge - 

20-30)1 of the length of the blade. For an improvement in the 

tU5 



anticavitation surface qualities the blade must be made with 

a finish of V6-V7 (see source [86]). 

Radial Clearance of the Screw 
Conveyor 

For a decrease in the overflowing of the fluid from one side 

of the blade to the other and for the elimination of the 

possibility of the appearance of slot cavitation, the radial 

clearance must be maintained the smallest possible from design 

and technological considerations. 

Axial Length of the Screw Conveyor 

The axial length of the screw conveyor is determined by 

values of parameters D^, d0T, s^ s2, 02, Tcp and z^, 

recommendations by choice of which were examined in this section. 

Let us discuss the determination of the axial length of 

the screw conveyor of constant pitch (s^ ■ s2 ■ s). 

a) Screw Conveyor of Constant 
Pitch 

Let the cascade of the screw conveyor presented on Fig. 2.62 

be the development of the cylindrical cross section of the 

screw conveyor according to mean diameter Dcp. Then the axial 

length of this diameter will be determined from the expression 

/, rp *■ 4.,.,pSinp.i.rp. 

Let us express b^ cp in terms of the cascade density 

from equation (3.182), and the angle 8n cp by the pitch of the 

screw conveyor s ■ itD tg Sn_. We will obtain 
cp n.cp 

/,.,_JÏÏ25£. ,l„<rel, * (3.184) 
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From Fig. 3.94A, it is easy to establish the following rela¬ 

tion between the length of the screw conveyor lz ^ and lz cp: 

(ctR Y few ■£). (3.185) 

After the substitution of expression (3.18¾) into equation 

(3.185) we obtain 

■.-4' 2 t?,,. »ln iff i $ — 

..- ’-H|-a;-)(cl',,i-:d” Vi (3.186) 

b) Screw Conveyor of Variable Pitch 

With a sufficient degree of accuracy it is possible to 

determine l for the screw conveyor of variable pitch by 
cp 

equation (3.18^), utilizing a mean arithmetic value of the 

pitch of the screw conveyor: 

. , , *1 + *a 

Then the length of the screw conveyor I will be found 
UJ 

with the aid of equation (3.I85): 

f)]- (3.187'' 

A comparison of equations (3.186) and (3.187) shows that for 

obtaining the identical density t , the screw conveyor of 

variable pitch should have a longer length than does the screw 

conveyor of constant pitch with the same value of pitch at 

the inlet s1. 
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Camber Line of the Blade Profile 
of the Screw Conveyor of Variable 
Pitch 

When s ■ const the camber line of the blade is a straight 

line, and when s ■ var it Is a bent line with a smoothly varying 
pitch from s^ to s2 (see Fig. 2.64). Let us find the expression 

for the center line of the blade of the screw conveyor of 

variable pitch. 

For the helix the axial displacement of lz is connected 

with the angular displacement a (see Fig. 3*94B) by expression 

'//,«(*/2.1).,/a. (3.188) 

Let us assign the law of the change in pitch s depending on 

angle a in the form 

*“*i r (*«)"■ (3.189) 

The law taken of the change in s should satisfy two conditions. 

It should provide the assigned length of the screw conveyor l 
* Z LU 

[see equation (3.187)] and a small change in the pitch and, 

consequently, the angle of the blade in the Initial section. 

The latter is necessary in order that the trimming of the 

leading edge of the blade at angle e1 would not lead to a 

considerable increase in the angle of incidence (due to an 

increase in the angle of the blade) and a deterioration in the 

anticavitation qualities of the screw conveyor. When n ■ 5-7 
the change in the angle in the initial section of the blade is 

quite small. It is inexpedient to accept larger values of n, 

since, although the camber of the initial section of the blade 

in this case is decreased, the camber of the outlet part of the 

blade increases, which can lead to an increase in the lag of 

flow from the blade and a drop in pressure of the screw 

conveyor. 

ÉÊÊm 
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Let us find the relation of coefficient 

substituted expression (3.I89) into (3.188) 

integrated the obtained equation from to 

k Wlth lz w* Havln« 
and having 

32, we obtain 

whence 

♦ I) • 

(3.190) 

The equation of the development of the screw conveyor 

lz - f(a) is found by the integration of equation (3.188), taking 
into account expression (3.189): 

2.1 2.1(1141) 
.«il 

Then the equation for the camber line of the blade at 

diameter D, taking into account that x ■ aD/2 (see Pig. 3.94), 

will have the form 

D .«> * -l(ft r 1) 0* ’* (3.191) 

The plotting of the camber line for the mean diameter is 

shown on Pig. 3.94a. 

3.3.7.4. Arrangement of the Cone 
in Front of the Centrifugal Wheel 

A positive effect on anticavitation qualities of the pump 

is exerted by the arrangement of the fixed cone in front of 

the centrifugal wheel (Pig. 3*95, see source [79]). The 

favorable effect of the cone can be explained by the fact that 

the cone intercepts the return currents coming out of the 

centrifugal wheel (see source [99]), and weakens their harmful 



effect on the operation of the screw conveyor. With the setting 

of the cone the expenditure of energy of the flow proceeding 

from the screw conveyor for the rotation of return currents 

and their direction into the wheel is decreased. The arrangement 

of the cone in front of the screw conveyor because of this can 

also be useful. Furthermore, the cone located in front of the 

centrifugal wheel directs along the flow leakages passing 

through the front seal. In this case the leakages do not disturb 

the flow coming out of the screw conveyor. 

Fig. 3-95. Centrifugal wheel 
with the cone at the inlet. 

3-3-7.5. Screw-Centrifugal Pump 
with Bilateral Inlet 

The improvement of anticavitation qualities of a screw- 

centrifugal pump can be obtained by use of a two-sided inlet 

(Fig. 3-96). Through every inlet enters half of the entire 

fluid flow rate fed by the pump. Inlet velocity of the screw 

conveyor clz is decreased, which leads to a decrease in the 

cavitation pressure drop Ap» [see equation (3.156)]. 

Fig. 3-96. Screw- 
centrifugal pump with 
two-sided inlet. 
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If there is no need for a decrease In Ap* or if this value 

is assigned, then with the two-sided inlet [see equation (3*163)] 

it is possible to increase the angular velocity u by /5- times 

(with an invariable value of C ), since the flow rate through 
C P B 

the screw conveyor is decreased by two times. In actuality an 

increase in the angular velocity will be somewhat less, since 

for a pump with a two-sided inlet the value C „„ will be less cpa 
than that for a pump with a one-way inlet. This occurs both 

due to an increase in the coefficient Ká 
••r 

2,1 Vf i- (decrease in 

the flow rate through the screw conveyor) (see Pig. 3*90) and 

also because in the pump with the two-sided inlet, according to 

design considerations, it is not possible to utilize the axial 

feed, and in pump with the one-way inlet this can be done. 

Let us note that the use of the bilateral inlet makes it 

possible not only to improve the anticavitation qualities of 

the pump, but also to increase somewhat its efficiency at large 

n* and Kn (see Pigs. 3*39 and 3.1J0). At the same time, the 
S Uq 

bilateral inlet complicates the design of the pump and increases 

its mass, and therefore the question of the advisability of the 

use of the two-sided inlet should be examined in every specific 

case separately. 

3.3.3. THE USE OF BOOSTER PUMPS 
IN FEED SYSTEMS OF LIQUID-PROPELLANT 
ROCKET ENGINES 

i 

3.3.8.1. Vane Booster Pumps 

For an Increase in the anticavitation qualities of the feed 

system of LPRF, auxiliary (booster) pumps are used (see sources 

[31» 3^1)• The booster pump is installed In front of the main 

screw centrifugal pump of the turbopump unit of the engine 



(Figs. 3<97 and 3*97a) and, as a rule, Its shaft Is rotated with 

less frequency than the shaft of the main pump. 

Fig. 3-97. Booster vane pump 
in tne feed system: 1 - 
tank with fuel component; 2 - 
booster pump; 3 - hydraulic 
turbine of booster pump; *4 - 
main pump; 5 - turbine of main 
pump. 

The purpose of the booster pump consists of a pressure 

increase from the inlet pressure of the feed system to the 

pressure necessary for nonstalling operation of the screw- 

centrifugal pump. The booster pump, in view of the less 

frequency of the rotation of its shaft, required for nonstalling 

operation less inlet pressure, and therefore its arrangement 

makes it possible to decrease the inlet pressure of the feed system, 

and, consequently, tank pressure. The frequency of rotation of 

the shaft of the main pump in the presence of a booster pump 

can be selected higher. Virtually in this case the anticavitation 

properties of the main pump are no lontrer limiting. 

To establish the relation between the frequency of the 

rotation w of the shaft of the main pump of the turbopump unit and 

the minimally permissible inlet pressure of the booster pump 

(the feed system), in the calculations the cavitation power-speed 

coefficient of the feed system is formally applied: 

C J9S JJL (3.192) 

where Q is the volumtric flow rate through the main pump in 

mJ/s . 
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As booster pumps it Is possible to use vane pumps - both axial 

(screw conveyors) and centrifugal and screw-centrifugal, or 

Jet pumps - ejectors (Fig. 3*98). 

When using vane booster pumps the value of C reaches 10,000- c • n 
15,000, and when using Jet pumps - 8000-10,000. 

Booster pumps can be built into the turbopump unit 

(Fig. 3.99); it is accepted to call such pumps preliminary pumps. 

If a booster pump is made in the form of an Individual unit, 

then it is called a booster pump (see Fig. 3-97). 

I 

Fig. 3.97a. Structural diagram of a 
booster pump with a hydraulic turbine: 
1 - feed of booster pump; 2 - wheel 
of booster pump; 3 - blades of the 
first guide device; ^ - blades of 
second guide device through which the 
feed of fluid to the hydraulic turbine 
in achieved; 5 - feed of the turbine; 
6 - openings; 7 - nozzle box of the 
turbine; 8, 9 - guide vanes; 10 - turbine 
wheel; 11 - bearings; 12 - branch. 

The active liquid for the Jet booster pump Is removed at 

the outlet from the main pump or from cavities of high pressure 

of the main pump. Vane preliminary pumps can be led from the 

shaft of the main pump through the reducer (hydraulic or 

mechanical), which decreases the frequency of rotation of the 

shaft of the booster pump. For driving the booster vane 

pumps, a hydraulic turbine which operates on fluid of high pressure 
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entering from "'.e main pump can be used. The possible layout 

of the booster pump with a hydraulic turbine is given on 

Fig. 3.97a. 

More frequently the drive of the booster pumps is achieved 

from the gas turbine, the gas for which is produced in a 

special gas generator, and it can also be taken from the main 

gas generator or at outlet of the main turbine. If a component 

is cryogenic, then the turbine can operate on vapors of this 

component (see source [112]). The gasification of the component 

in this case will occur either in the special heat exchanger, 

being heated by the gas coming out of the turbine, or in the 

cooling Jacket of the combustion chamber (see source [112]). The 

gas after the turbine is ejected into the atmosphere, which 

leads to a certain decrease in the specific thrust of the engine. 

The latter fact causes the need for the design of booster vane 

pumps and their turbines with high efficiency. 

Booster vane pumps are use 1 in LPRE with autonomous and 

precombustion-chamber turbines. It is advantageous to use the 

Jet pumps, which have considerably less efficiency, in LPRE with 

a precombustion chamber turbine. In LPRE with a precombustion 

chamber turbine an increase in the energy of the turbine as a 

result of the removal of the fluid to the Jet pump does not 

lead to a decrease In the specific thrust, but only requires an 

increase in pressure and temperature in the gas generator. 

F'ig. 3.98. Booster Jet pump 
In the feed system: 1 - tank 
with fuel component; 2 - 
booster Jet pump; 3 - nozzle of 
booster pump; - main pump; 
5 - main line of the component 
of high pressure leading to 
the nozzle 3. 



. .. ..... 

f 
I 

I ' 

The booster pumps are located In direct proximity to the 

tank of the component, and therefore the use of booster pumps 

makes it possible to operate at less tank pressure than in the 

case of the use of series-connected pumps by the magnitude of 

losses in the main line from tank to the inlet into the series- 

connected pump. 

Inlet pressure of the booster pump, necessary for its opera¬ 

tion without cavitation stalling, can be determined from the 

expression for the cavitation power-speed coefficient of the 

booster pump Cöh in the following way: 

’ft 

rr% ' 
(3.193) 

After the substitution of expression (3.193) into equation 

(3.192) let us record: 

(3.19*0 

An increase in C6 i( and decrease in the frequency of the 

rotation of the shaft of the booster pump 01 lead to a decrease 
D • H 

in the necessar’ inlet pressure of the feed system [see equation 

(3.193)] and to an improvement in its anticavitation qualities 

[see equatirn (3.192)]. 

The axial screw and screw-centrifugal pumps have larger 

values of the cavitation power-speed coefficient, and therefore 

the use of them as booster pumps is more preferable. 

The required head of the booster pump H , is determined 
0 • H 

from the condition of the nonstalling operation of the main 

screw-centrifugal pump during acceleration of the rocket 

equal to zero: 
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, ! u/L .+wi - vL'u; - (3.195) 

(3.196) 

where PLconp - the pitot losa in main line from outlet of the 

booster pump to the inlet in the main screw-centrifugal pump; 

P*pB “ the stall pressure of the main screw-centrifugal pump; 

I “ the difference in levels of arrangement of the booster 
and main pumps. 

Fig. 3.99. Screw-uentrifugal 
pump with a preliminary pump: 
1 - preliminary pump; 2 - 
main screw-centrifugal pump. 

With high required pressures of the booster pump high angles 

of incidences at the inlet into the screw conveyor of constant 

pitch are necessary, which makes the anticavitation qualities 

of the screw conveyor worse. In connection with this at high 

required pressures (usually higher than 50-100 J/kg) the booster 

pump should be made in the form of a screw conveyor of variable 

pitch, and at pressures exceeding IOO-15O J/kg - a screw- 

centrifugal pump. 

The calculation of geometric dimensions and characteristics 

of booster screw-centrifugal pumps is produced in the same way 

as the calculation of the basic screw-centrifugal pump. The 

energy characteristics of helical-type pump are determined 

with the aid of the relations given in section 3.2.3.3. 
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3.3-8.2. Jet Booster Pumps (Ejectors) 

Used as booster pumps in LPRE are Jet pumps, which we will 

call ejectors. In the feed systems of LPRE a pressure increases 

is required of the Jet apparatus. 

Constructively the ejector is simpler than the booster 

vane pump. However, for obtaining: hip;h pressure of the ejector 

a high flow rate of the active fluid is necessary and therefore 

the ejectors should be used when the required pressure is less 

than 150-200 J/kg. The required pressure of the ejector is 

defined Just us the pressure of vane booster pump [see equation 

(3.196)]. 

Figure 3.100 gives a diagram of an ejector. An ejector 

consists of a converging nozzle section, cylindrical nixing 

chamber, diffuser and nozzle (or several nozzles) of active 

fluid. In the nozzle there occurs the energy conversion of 

the pressure of the active fluid into kinetic energy. ’n the 

mixing chamber, in the process of turbulent mixing there occurs 

the energy transfer from the active fluid to ejected, approaching 

the Inlet into the ejector (cross section 0-0). 

Is, 

Fig. 3-100. Diagram of a Jet 
pump (ejector) with one nozzle. 

If the nozzle is located in the converging nozzle section, 

then the process of mixing begins In the converging nozzle 
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section. With the mixing oí* the active and ejected fluids the 

pressure of the ejected fluid increases, and the speed of the 

active flow is decreased (Fig. 3-101, see source [104]). The 

mixing of the Jets is completed in the cross section 2-2, where 

the velocity field is virtually equalized. The diffuser is 

intended for the conversion of the kinetic energy of mixed flow 

into pressure energy. At the outlet of the diffuser the 

velocity reaches the value which must be had at the inlet into 

the main screw-centrifugal pump. 

Let us examine first the ejector, the nozzle edge of which 

is located in the cross section of the chamber into the mixing 

inlet (see Fig. 3.100). For determ’nlng the pressure increase, 

it* the ejector we use the theorem at out the momentum for cross 

sections l-l and 2-2, assuming that the wall friction of the 

mixing chamber is absent (subsequently, let us consider the 

frictional effect with the aid of experimental coefficients): 

V • ■ i \w j i 1 r? n it 

where G and Ga are mass flow rates of the ejected and active 

(ejecting) fluids, respectively; c, and c& are the mean velocities 

of the ejected and active fluids; c., Is the mean velocity of 

the mixed flow in cross section 2-P; px and p, are, respectively, 

pressure oí the fluid, respectively, in cross sections 1-1 and 

2-2, .<2 - is t < area of the mixing chamber. 

We wi 11 

sections is 

to record 

assume that tr.e density of the fluid in all cross 

constant (idéntica’ emperature); then it is possible 



I 

I 

I 

J‘ /> 

tf 

Pig. 3.101. Change in pressure 
and velocity along the lei gth 
of the flow part of the ejector. 

Velocities c^, c& and c2 are expressed in terms of the 

volumetric flow rate in the following manner: 

A,-/, • * t ^ - • 
/1 * t 

where f^ is the area of the nozzle exit. 

Let us substitute these relations into equation (3.197) and 

obtain the expression for the pressure difference 

Apl-2 " p2~pl *n the i,°rm of' 

(3.198) 

where q * Q/Q is called the coefficient of ejection: m - p\/f, , a ’21 

Let us attribute the pressure difference Apj^ ., to the 

kinetic energy of the active fluid at the nozzle exit; then we 
will obtain 

t 
I* 

k?9 
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^ M. „.M ... m,mHm,„i ....! H I .... r- 
«rrr; Pfi f iTt! nfnf r ÜT ' „.tm "H- • 117^ ■ 

a/>,-v -^ A|i r.i!±_îiil (3.199) 

« 1 
A. ^ 

A pressure aerease In tfii* ejeol i :• 1s a pressure difference 

of the fluid at the outlet fivn the ejector (cross section 3-3) 

and the ejected fluid at the lnl< in. the ejector (cross 

section 0-0). An Increase In the total pressure in the ejector 

without losses Ap*^ “ P* - p* an b( expressed by Ap^ ^ In the 

following way : 

c] r* 
MK, A/'i ., ! U-y -y -i- 

(3.200) 

An Increase in the st ...ic pressure wi ll be recorded In the 
form 

. C* Í* 
■^Pt* -t: ^Pi* I C ——(,>—~ , (3.201) 

Having divided expressions (,. 00) and (3.201) by pc2/2, we 

will obtain 

JfL_; 
(rn - 1)¾ 

\p .A~-3 i./h " fnj'.-.s.-1_: (3.202) 
m : 1 "1 (« - IP J ' 

S Pt % \ !f . ,.(I t#lh 
(3.203) 

where Fq and are, • . n ■ , ,., as of the inlet Into the 

ejector and outlet fron I- . 

Usually the second term in ;¡ ■ nets of expression (3.203) 

is close to unity, and tlr < . .,n increase in the static pressure 

In the ejector Is virtual ly ai,.; • , in increase In the total 

pressure . 

!P0 

.... . ^ 



In the actual case friction losses in the converging nozzle 

section of the ejector, losses to the mixing and friction in 

the mixing chamber and diffuser losses during the conversion of 

kinetic energy of the fluid into potential energy will take place 

On the basis of the experimental data (see source [8l]) the following 

empirical equation for decermining the pressure increase in the 

ejector was proposed: 

„ ?" - 1.2(3^ -i- I) , _ (14J>1_ 
1 ' (3.204) 

The curves of the depencence of the pressure increased in 

the ejector on q and m, calculated from equation (3.204) are 

given on Pig. 3.102. It is evident that a relative pressure 

increase In the ejector Ap* increases with a decrease in the 
9 Hi 

coefficient of ejection q (increase in the discharge of active 

fluid) and a decrease in the area ratio m (decrease in area of 

the mixing chamber). At the selected values of q and m, the 

absolute pressure increase in the ejector Ap* will be the greater, 

the higher the rate of the active fluid c_: 
a 

(3.205) 

whfere q> Is the coefficient of discharge of the nozzle; p - 

pressure at the place of the removal of the active fluid 

(pressure behind the pump). 

From equation (3.205) it follows that an increase in the 

pressure of the active fluid p leads to increase in c , and, 

therefore, to a pressure increase In the ejector. 



AP>\ 

rela' ' ’’ .ln tne total 
presruj ! : t.lit -■.'■jctor on q 
and m. 

Let us determíne U .:.,,, ■ éditions of the ejector 

without cavitation stal'ln- . 3.100). if in a simplified 

way we consider that th* ml >, , the ejected and active 

fluids begins immediately :..- section 1-1, then the 

minimum pressure will t.-j-.*, ¡.his cross section. Let 

us record the equation of th- ..innervation of energy (we disregard 
the losses) for cross sect ton;: -0 :Mi i_i; 

r> 
2 

r\ 
1/ (3.206) 

We will consider tt 'on stalling of the ejector 

will begin at the mi ni mum . o; .1 > ual to the pressure of the 

vapor pressure (p1 = p^).. ., rue: 

P; - p « 
e 

A ./'■.o i._* 
V 2 

V.i 

0 
/Vi. p„ 

t' 1(( tH 
(3.207) 

'132 

(3.208) 



Let us denote 

(3.209) 

and 1c* us call the cavitation coefficient of the ejector 

in stalling conditions. After this let us record: 

fo . 
“T ' (3.210) 

Let us transform expression (3.209) and obtain 

(3.211) 

x;_üî-fA-y-i, 
“ («-diuj • 

or 

x» - -• -. 1. . 015^ 
\ Í# / («-l)J ( 3.212) 

The cavitation coefficient X' at the rçiven velocities c 
3 Hi 

and c0 and selected coefficient of ejection q is decreased with 

an increase in the area ratio m - Fj/fj [see formula (3.212)], 

since the rate of the ejected fluid in cross section 1-1 is 

decreased. However, an increase in m leads to a decrease in 

the pressure of the ejector (see Pig. 3.102), and therefore 

for an ejector with a nozzle located in the cross section of 

the mixing chamber inlet, an increase in the anticavitation 

qualities is connected with a decrease in its pressure quality. 

For an improvement in the anticavitation qualities of the 

• ejector, the cross section of the nozzle is located in the 
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converging nozzle in the cross section x-x (see rig. 3.100) located 

at a certain distance from the mixing chamber inlet. This leads 

to a decrease in the velocity of the ejected fluid in the cross 

section corresponding to the minimum pressure (cross section 

x-x) and to a decrease in the stall pressure. The stall pressure 

will be the same as it would be in such a case when the nozzle 

was located in the cross section of the mixing chamber inlet 

with area Fx. The pressure quality of the ejector will be more, 

since basically the process of mixing occurs in the mixing 

chamber with an area of F2 ■ F^ less than Fx< 

It is possible to determine approximately the pressure of 

such an ejector by the equivalent area: 

Having recorded the equation (3.206) for cross sections 0-0 and 

x-x, it is possible to obtain the following expression for the 

cavitation coefficient X^w of the ejector with the nozzle 

located in the converging nozzle section: 

With a considerable difference in the rates of the active 

and ejected fluids their mixing begins not in the section of 

the nozzle edge but lower along the flow. Under the action 

of a great difference in the rates on the boundary between 

^3^ 
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the ejected and active fluids microvortices appear. In these 

vortices the pressure drops to a pressure of the vapor pressure. 

The active Jet is covered with a vortical layer with the 

pressure of the vapor pressure preventing the mixing of the 

fluids and the energy transfer from the active fluid to that 

being ejected. The stagnation of the active flow on the boundary 

with vortical layer leads to a decrease in its average velocity 

and an increase in the cross section. The latter leads to a 

decrease In the flow area of the ejected flow and a pressure 

drop in it. The cross section with the minimum pressure proves 

to be displaced downstream relative to the cross section in 
which the nozzle is located. 

The effect of the difference in rates on the anticavitation 

qualities of the ejector is not developed when ca/cx < 3-8 (see 

source [81]), and then the calculation of the cavitation 

coefficient can be carried out by equations (3.212) and (3.213). 

At larger values of ratio c /c the cavitation coefficient of the 
w A 

ejector increases in accordance with the equation proposed by 
A. S. Piskunov: 

(3.214) 

where 

dl2 is the diameter of the nozzle in m. Equation (3.214) 

Is valid when rjr, <3õ: >4,8. 
*i« 

For the completion of the process of the transmitting of 

energy from active fluid to that bein" ejected, the length 

of the mixing chamber should be equal to 8-10 of its diameters. 



For a decrease in the length of the mixing chamber and, 

therefore, the entire length of the ejector, (see source [flQ]) 

multijet ejectors (Fig. 3*103) and ejectors with a ring nozzle 

are used (Fig. 3.10¿O. 

FIr* 3.103. Diagram of the multijet ejector: 
1 - nozzle; 2 - mixing chamber; 3 - diffuser; 
** - converging nozzle. 

Fig. 3.10*0 Diagram of an ejector with a 
ring nozzle: 1 - nozzle; 2 - ring nozzle; 
3 - converging nozzle; ** - mixing chamber; 
5 - diffuser. 

A decrease in the length of such ejectors in comparison 

with the length of the ejector from one circular nozzle can be 

determined from the condition of the equality of the mixing 

surfaces. For example, for a multijet ejector it is possible 

to write: 

(3.215) 

where dlz, z, are the diameter of one nozzle, the number of 
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the nozzles and the length of the mixing chamber of the multi¬ 

jet ejector, respectively; c are the diameter of the 
nozzle, and the length of the mixing chamber of the single-jet 

ejector respectively. 

Since the sum of the areas of nozzles of the multijet ejector 

is equal to the area of the nozzle of the single-jet ejector, 

it is possible to write: 

./„-¿,/17. (3.216) 

By substituting expression (3.216) into (3.215), we finally 

obtain 

/«»“»/«.r/l Í» 

l.e., the length of the multijet ejector is /z times less 
than the length of the single-jet ejector. Usually z ■ 10-15, 

The multijet ejector and ejector with a ring nozzle can be 

calculated approximately as a single-jet ejector with a circular 

nozzle, understanding by r1 the sum of the areas of the nozzle 
exit. 

Tn certain cases the use of a multistage ejector can prove 

to be advisable (see source [114]). 

Calculation of the Ejector 

The purpose of the calculation of an ejector is for determi¬ 

nation of the required discharge of the active fluid and geometric 

dimensions of the ejector. The initial data are usually: 0, D. 

Pa* P0, Pn, c0, c^ and the required increase in pressure in the 

ejector Ap«m. 

The calculation of the ejector is conducted in the following 

order. According to equation (3.205) the speed of the active 

flow ca is determined. It is possible to assume In this case 

that q> ■ 0.92-0.97. Then the required relative pressure Increase 
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If Ap*w considerably differs from that necessary, then one 

must repeat the calculation, having plotted the graph similar 

to that given on Fig. 3«102 for ratio cl°8e t0 that obtained 

during the calculation. 

The length of the mixing chamber is determined depending on 

the design of the ejector. The lengths of converging nozzle 

and diffuser are determined by their expansion angles. For the 

converging nozzle the expansion angle should not exceed 25*30°, 

and for the diffuser - 6o-10°. 

3.4. SELECTION OF PARAMETERS AND 
THE ORDER OF CALCULATION OF PUMPS 
OF LIQUID-PROPELLANT ROCKET ENGINES 

3.4.1. INITIAL DATA FOR THE 
CALCULATION 

The initial data for claculating a pump are: 

]) the fundamental characteristics of the component of fuel 
being pumped by the pump - its density, pressure of the 
vapor pressure, and so on. These characteristics are 
given in the appropriate handbooks and books (the 
pressure of vapor pressure of some fuel components of I.FF: 
can be determined in the temnerature dependence on 
Fig. 3.84); 

2) the minimum pressure and maximum temperature of the 
component at the inlet into the feed system (these 
data are assigned in the designing of the LPRE); 

3) volumetric flow rate of the component; 

4) required outlet pressure from the pump. 

The volumetric flow rate is determined from the thrust, 

specific thrust and the relationship of components of the engine 

with the aid of equations given in section 1.1. ^he necessary 

pressure of the pump is determined depending on the selected 

design of the feed system (see section 5.1). 



The purpose of the calculation is the determination of the 

frequency of the rotation of the shaft and dimensions of the 

basic elements: feed, screw conveyor, centrifugal wheel and branch 

which satisfy the initial data and are necessary for the design 

of the pump. 

3.^.2. CALCULATION OF THE OXIDIZER PUMP 

3.^.2.1. Determination of the Rotation 
Frequency 

The oxidizer pump, as a rule, is associated with a consider¬ 

ably higher volumetric flow rate of the working medium than 

that of the fuel pump. Therefore, [see equation (3.165)], other 

conditions being equal, (identical values of C and 
Cp B 

Apcp3/p) the oxidizer pump is able to operate without cavitation 

stalling at less rotation frequency than is the fuel pump. Hence 

it follows that the rotation frequency of a single-shaft 

turbopump unit should be determined by the oxidizer pump. 

For an increase in the rotation frequency of the shaft of 

turbopump unit, the oxidizer pump must have higher anticavitation 

qualities than th^e of the fuel pump. Therefore, in the 

calculation of the oxidizer pump it is attempted to insure as 

high a value of the cavitation power-speed coefficient C 
C P B 

For an increase in CcpR it is necessary to strive for the use 

of the axial feed and the reducing of the hub diameter of the 

screw conveyor. From this viewpoint, it is advantageous in the 

turbopump unit to position the oxidizer pump cantilever-wise 

(Fifí* 3» 105). The feed will be axial, and the diameter of the 

hub of the screw conveyor will be minimum, since the screw 

conveyor shaft does not transfer the considerable torsional 

moments, and its diameter is determined from design considerations. 



If it is not possible to arrange the oxidizer pump cantilever- 

wise (for example, in the case of the cantilever precombustion- 

chamber turbine, which operates on oxidizing gas), then the 

radial feed of the fluid to the oxidizer pump should be achieved 

from the side of the fuel pump (Fig. 3*106). In this case the 

screw-conveyor shaft of the oxidizer pump will transfer only the 

torsional moment coresponding to the power of fuel pump. If 

the feed in achieved from the side of turbine, then the moment 

being transferred by the screw-conveyor shaft of the oxidizer 

is increased by the magnitude of the moment which corresponds 

to the oxidizer pump. 

Beth of the examined layout designs of the oxidizer pump in 

the turbopump unit (see Fig. 3.105 and 3*106) are most 

characteristic. Depending on the taken design, the order of the 

determination of the frequency of rotation of the puri.p is changea. 

It is logical that in the case of the cantilever arrangement of 

the oxidizer pump, the possible frequency of rotation will be 

more. 

Fig. 3*105. Diagram of the 
turbopump unit with the 
cantilever arrangement of the 
oxidizer pump: 1 - oxidizer 
pump; 2 - fuel pump; 3 - 
turbine. 

Fig. 3.106. Diagram of a 
turbopump unit with the canti¬ 
lever arrangement of the fue . 
pump: l - oxidizer pump; 
2 - fuel pump; 3 - turbine. 

Let us discuss the determination of the rotation frequency of 

the shaft of the oxidizer pump with its cantilever arrangement. 

In this case the diameter of the hub of the screw conveyor is 

determined by design considerations, and usually its relative 

441 



'BT dBT//Duj is e<ïual t0 O.15-O.25. By assigning the value 

BT wltïl^n these limits, according to the graph given on 

Pig. 3.90, for the axial feed, we determine the maximally 

possible value of the cavitation power-speed coefficient (C ) 
cpB max 

of the screw-centrifugal oxidizer pump. Then the frequency of 

rotation of the shaft of the oxidizer pump is determined on the 

basis of equation (3.163): 

.cr i 
/•wr/ * 

' 1 

(3.217) 

where r‘ 
>>r-&r... 

9 # corresponds to the minimum inlet pressure 

of the pump and the maximum temperature of the oxidizer 

“ the value of' cavitation reserve), and Q corresponds 

to conditions of the maximum thrust of the engine. 

Simultaneously with w, according to the selected value cT 

we determine values Kn and K 
BT 

'D auu “d with the ald oi’ Kraph given 
3 BT 

on Pig. 3.90. According to these values of Kn and K. and 
D3 dBT 

according to the rotation frequency u, we calculate the geometric 

dimensions of the screw conveyor D , d and D : 
3 BT til 

r\ - $-•. 1 ; ,j -,. /.<«. ; b\ . 

Let us examine the case of a noncantilever arrangement of 

the oxidizer pump (see Fig. 3*106). Here the diameter of the 

hub of the screw conveyor of the oxidizer pump will be determined 

with sufficient accuracy by the power being transferred by the 

screw conveyor shaft equal to the power of the fuel pump N 

The power NH<rQp is usually known from the calculation of the°P 

balance of turbopump unit of the powers (this question will be 

examined further in detail in Section 5.1). 
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For determining the rotation frequency of the shaft of the 

oxidizer pump, we need the velue of the coefficient of the hub 

of the screw conveyor of the pump Kd . Let us determine this 
aar 

value. Let us write 

(3.218) 

where d_ is usually 1-1.2 of the diameter of the shaft d : B T B 

' ‘(I '! ••■O'f»- (3.219) 

The diameter of shaft is detex-mined according to the power 

N H.rop 

K~y • (3.220) 

where t is the allowable torsional stress. For alloy steels Aon 7 « 
T - (10-30) ’lO' U/rti. Aon 

By substituting expression (3.220) into equation (3.218), we 

obtain 

Ké„ : ï» J/ -ç 
N. r«»i» 

(3.221) 

By knowing the value Kd , according to the graph given on 
aBT 

Fig. 3.90, we determine (C„ for the case of the nonaxial 
CpB IugLA 

feed, and then according to formula (3.217) we fxnd the rotation 

frequency of the shaft of the oxidizer pump w. 

Simultaneously with the determination of the rotation 

frequency u>, in terms of the value Kd let us determine the 
aBT 

value KD (see Fig. 3*90), and then, by knowing w, we find 

D_ and D. 
3 UJ 
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3.^.2.2. The Use of the Oxidizer 
Pump with a Double Inlet 

The rotation frequency w, detennined according to equation 

(3*127)* is the rotation frequency of a single-shaft turbopump 

unit. According to the value of this rotation frequency one should 

estimate the mass of the turbopump unit (see Section 5.^). If 

the mass of the turbopump unit proves to be above that permissible, 

then for its decrease one should Increase the rotation frequency 

of the shaft of the turbopump unit. For this purpose one should 

evaluate the advisability of the use of a wheel with a two-way 

inlet in the oxidizer pump (see Fig 3.95). 

In the oxidizer pump with a two-way Inlet (Figs. 3.107 and 

3.108) the greatest diameter of the hub should be had by a 

screw conveyor located nearer to the turbine. If oxidizer and 

fuel pumps are located along one side of the turbine (see Fig. 

3.107), then the shaft of this screw conveyor transmits the 

power equal to the total pump power (power of the turbine). If 

the pumps are arranged on different sides of the turbine (see 

3*108), then through the screw-conveyor shaft the power of 

the oxidizer pump is transferred 

will be radial. 

Fig. 3.107. Diagram of a 
turbopump unit with the oxidizer 
pump of two-way inlet (oxidizer 
and fuel pumps are located 
along one side of the turbine): 
1 - oxidizer pump; 2 - fuel 
pump; 3 - turbine. 

The feed to the screw conveyor 

Fig. 3.108. Diagram of a 
turbopump unit with an oxidizer 
pump of two-way inlet (oxidizer 
and fuel pumps are located along 
different sides of the turbine): 
1 - oxidizer pump; 2 - fuel 
pump; 3 - turbine. 
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The value (C , of the oxidizer pump with a two-way cpa max 
Inlet is determined according to value Kd with substitution of 

BT 
the appropriate power and of the volumetric flow rate equal to 

half of the flow rate through the pump [see equation (3.221)]. 

The rotation frequency <*> is found by equation (3.217), in 

which the volumetric flow rate Q is also equal to half of the 

flow rate through the pump. As a rule, the diameters of the 

hubs of both screw conveyors are made Identical. 

3.4.2.3. The Use of a Booster Pump 

In such a case when the use of a pump with a two-way inlet 

does not give the desired reduction in the mass of the turbopump 

unit, it is necessary to use a booster pump in the feed system 

of an engine with an oxidizer. Then tue rotation frequency 

of the main shaft of the turbopump unit will be determined from 

expression (3-192), in which the cavitation power-speed 

coefficient of the feed system C is selected depending on the type 

of the booster pump (see Section 3.3.8.1) within limits of 803t- 
15,000. 

The cavitation power-speed coefficient of the main oxidizer- 

pump (ci:pB)max and the values Kß and Kd corresponding to it are 
3 0 T 

defined Just as it was stated above for the case of the absence 

of a booster pump. It is necessary only to bear in mind that 

if the ejector is used as a booster pump, then the discharf?;« 

through the oxidizer pump will increase by the rate of the 

discharge of the active fluid for the ejector (usually R-l??). 

According to the values u, K-. and K. the dimensions of 
qbt 

the screw conveyor D3, d^, Dm are determined. According to th< 

value (C___)__v the necessary inlet pressure of the main cpb max 
pump is determined [see equations (3.1^1) and (3.163)], and 
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then the necessary pressure of the booster pump - according to 

equation (3.196). 

in the case of the use of a booster pump, for the purpose 

of the simplification In the design and decrease In the mass of 

the turbopump unit, the main pump is made with a one-way inlet. 

Calculation of the ¿'crew 
Conveyor 

In the determination of the frequency of the rotation of 

the shaft of the oxilizer pump w the outside diameter of the 

screw conveyor and the diameter of the hub of tne screw con¬ 

veyor düT became known. Let us explain whether or not one 

should make screw conveyor exposed. 

The exposvd screw conveyor (D^ > DQ) (see Pig. 3.91) is 

advantageously used when with a nonexposed screw conveyor the 

ratio of the diameters of the centrifugal wheel I^/D^ exceeds 

0.55. The use of an exposed screw conveyor will make it possible 

to lower the value of the ratio Dj/l -, of the centrifugal wheel 

and thus make possible to raise the efficiency of the pump (see 

Section 3.1.1.5). 

liOt us determine the ratio ^ means of equations (3.5) 

and (3.59) by means of several approximations. Let us find the 

power-speed coefficient of the pump n* from equation (2.179). The 

value qp can be taken equal to O.85, and q « 0.02. If we obtain 

* 0.55, then we will discuss the exposed screw conveyor. 

On the basis of the design con iderations it can prove to oe 

unsuitable to use the exposed screw conveyor. Then for the 

purpose of a decrease in rallo L^/i^, one should examine the 

possibility of reducing the diameter of screw conveyor D • 

Here in the case of the absence of a booster preliminary 



pump, in order not to decrease the rotation frequency w, it is 

necessary to attempt to leave the same value (C ) by means 
cpb max 

of a decrease in the angle of incidence and increase in the 

pitch of the screw conveyor at the outlet. If in the system the 

arrangement of the booster pump is provided for, then the drop 

in coefficient CcpB, caused by a decrease in D^, does not lead 

to a decrease in the rotation frequency <*>, but will increase 

the required head of the booster pump and increase the expenditure 

of energy for its drive. 

In the exposed screw conveyor the coefficient of the diameter 

of the inlet into the wheel K-. is determined from expression 
u0 

(3-59), assuming that D1/D2 - 0.5-0.55. If the inlet into the 

wheel proves to be greatly narrowed, one should accept a some¬ 

what larger value Dj/Dg. Prom KD let us find the diameter of the 

inlet into the wheel Dq. The mean diameter of the leading edges 

of the impeller vanes Dj ■ 9DQ. 

Having assigned the area ratio of the outlet from the screw 

conveyor and the inlet into the wheel x [see equation (3.172)1 in 

the range of 0.65-0.8, let us determine the width of the wheel 

at the inlet 

'M *0*' (3.222) 

where D34K0/1 » Dq-^bt - the equivalent diameter of the inlet 

into the wheel. 

According to equation (3.173) let us determine the cavitation 

coefficient XcpB of the centrifugal wheel, and then from condi¬ 

tion (3.175) of the operation of the centrifugal wheel without 

cavitation stalling let us find the pitch of the screw conveyor 

at the outlet, whereupon let us determine the pitch of the screw 

conveyor at inlet (see Section 3.3.7). 



After the determination of the pitch of the screw conveyor 

it is necessary to check whether or not the designed screw 

conveyor has necessary anticavitation qualities, i.e., it is 

necessary to be convinced of the fact that the value of the cavi¬ 

tation power-speed coefficient C provided by the screw 

conveyor is not less than <CcpB)max, placed into the calculation 

of the rotation frequency of the pump shaft. Por this purpose 

it is necessary to determine the angle of attack at the inlet 

into the screw conveyor on the outside diameter and then the 

cavitation coefficient of the screw conveyor \ in the equation 

(3.152) (if cl2/un < 0.06-0.08, then A is determined from 

ig* 3.87). With respect to XlcpB let us determine the value 

Ap«pB/p [see equation (3.157)] which we use for determining the 

values of CcpB from equation (3.163). 

CCPB proves t0 be I®*» than (C )max by more than 5*. then 

one should decrease the angle of attack at the inlet into the 

screw conveyor by means of decreasing the inlet pitch of the screw 

conveyor s^ and in order that there is no disturbance in the 

condition of the nonstalling operation of the centrifugal wheel 

the pitch at outlet s2 must be increased. It is possible to 

manage without a decrease in value x Caee equation (3.172)], 

leaving the pitch at the outlet constant with a decrease in the 
pitch at the inlet. 

After the determination of the pitch of the screw conveyors 

and s2 the number of blades is selected, and the axial length 
of the screw conveyor is determined (see Section 3.3.7). m 

this case the angles of the trimming of the screw conveyor 

0J and e2 (see Section 3.9D are assigned within the limits 
Indicated in Section 3-3.7. The profiling of the leading edge 

of the blade of the screw conveyor and the profiling of the 

cross section of the blade is carried out from recommendations 
given in Section 3.3.7. 



3.^.2.5. Calculation of the Centrifugal 
Wheel 

Dimensions of the wheel Dnl D1 Ul and bj were detjrmined in the 

calculation of the screw conveyor. The angle of the impeller 

vanes at the inlet can be determined by the angle of the 

flow ß 1' 

+ a 

where iHo/) is the angle of attack at the inlet into the wheel 

at diameter D^. Experience shows (see sources [87, 102]) that 

the angle of attack can be accepted equal to 10-15°: 

V'. xtJ.k 
ill 
i ‘ 

In the first approximation, let us determine the outside 

diameter of the wheel D2* The required pump pressure H is deter¬ 

mined according to equation (1.10). Depending on the required 

form of the pressure and power pump characteristic (see Figs. 

3.5*1 and 3.60), let us select the value of the flow parameter 

of the pump qp. Having selected qp, let us determine the coeffi¬ 

cient of pressure H in equation (3.3); ratio D^ft, is taken 

close to that accepted in the process of the calculation of the 

screw conveyor. By knowing H and H, let us find D2 from equation 

n -1 u (3.223) 

At the found value of D2 it is possible to proceed to the 

determination of the angle of the impeller vanes at the 

outlet &2n arid the width of the wheel b2. Experience shows that 

the width of wheel b2 must be selected sufficiently large in 

order that at the outlet from the wheel the Joining of 

boundary layers on internal surfaces of the wheel disks would 

not occur. For this purpose one should accept the area ratio 



«M : I. 
(3.22H) F,” 

Prom equation (3.224) we have the following ratio between 

b2 and ®2/i! 

JS»,.!«,«,. I 
(3.225) 

Another relation between b2 and ß2/i can be found from the 

expression for the flow parameter q : 
P 

^ • <3-226) 

By equating the right aides of equations (3.225) and 

(3*226), we obtain the equation for determining the angle : 
2 31 

W* /»V "* (3.227) 

The value 02;i obtained from equation (3.227) is rounded off 

up to the whole degrees. The width b2 is determined from 

equation (>.225). If 02/) is taken equal to 90°, then in the 

determination of b2 from equation (3.225) one should accept the 

ratio on the lower recommended limit. The number of 

impeller vanes of the wheel is taken equal to 6-12. If in the 

tracing of the intervane channel of the wheel it is explained 

that the inlet is greatly blocked, then one should decrease 

the number of blades by introducing additional short blades, 

beginning at diameter D, > D . 
iMopoT./ion 1 

After the conducting of the indicated calculations one 

should finally refine the outside diameter of the wheel. In 

terms of the value D2 found in the first approximation, we 

find the ratio D1/D2 and determine the hydraulic efficiency of 

450 
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the pump nr according to equation (3.31). Then we compute the 

theoretical pump pressure HT ■ H/nr. By knowing D1/D2, z and 

ß2/1, according to the graph given in Figs. 3.11-3.13 we 

determine the coefficient of the effect of the finite number of 

blades kz. With respect to kz we find theoretical pressure at 

the infinite number of blades: 

With equation (3.2) as a basis, it is possible to find the 

circular velocity on the outside diameter of the wheel: 

f -,,--- 

*1 t Y 
y f' ( 3.228) 

and 

/J. /*. •• ( 3.225) 

From considerations of strength the value u2 should not 

exceed 400-450 m/s. Usually in pumps of LPRE (except hydrogen' 

the circular velocity is noticeably less than the limiting value. 

If from the calculation the value u2 > 400-450 m/s was obtained, 

then the pump should be multilevel (see source [107]). The 

number of stages is determined from the condition that the 

circular velocity of the stage u2cTyn would not exceed the 

indicated limit. 

The maximum permissible pressure of the stage can be 

found on the basis of equation (3.3). When q « 0 and 

D1/D2 < 0.55 it is P 

(10 ; liHO* [j/kg]. (3.230) 

The value Dg obtained from equations (3.228)-(3.229) should 

be compared with the Initial quantity; if the difference 



exceeds 2-5*. then one should make one additional approximation. 

In terms of the finally obtained value D2, it is necessary to 

refine the width b2. 

3.^.2.6. Calculation of the Branch 

The spiral branch (see Fig. 3.18) and branch with a circular 

vane diffuser (see Fig. 3.19) are calculated with the aid of 

relations given in Section 3.1.1.4. 

At moderate pressures the pumps are made with spiral branches. 

The spiral branch can be selected with a rectangular cross 

section (see Section 3-1.1.4). As a result of the calculation of 

the spiral branch the width of the spiral collector, the intake 

area into the conical diffuser [see equation (3.23)], the cross- 

sectional area [see equation (3.24)] and radii of the spiral 

[see equation (3-26)] are determined. According to the allowable 

velocity it the outlet from the pump, the area and the diameter 

of the outlet from the conical diffuser are determined. 

The branch with a circular vane diffuser is selected at high 

pressures - for increasing the strength of the branch. In the 

calculation the width of the vane diffuser, its outside 

diameter, and angles of the blades at the inlet and outlet are 

determined. Then the blades of branch are profiled. The 

spiral collector of the branch with a circular vane diffuser is 

calculated from the same relations which are used in the case 

of the spiral branch, but from parameters of flow at the 

outlet from the vane diffuser [for example, instead of c2u 

one should substitute into equation (3.23) the twist of flow at 

the outlet from the vane diffuser and so on]. 



3*^»2.7. Calculation of the Energy 
Characteristics of the Pump 

The universal energy pump characteristics H/u2, N /w^, 

nH ■ f(Q/u) is calculated by means of equations (3.82), (3.63) 

and (3.90) according to pressure, efficiency, characteristics 

and frequency of rotation corresponding to the design conditions. 

The field of characteristics H, nH - f(Q) when uü - const 

are determined according to equations (3.83) and (3.91). The 

calculated relations are valid for 2. 0.5 w (see Section 3.1.^.3). 

If the pump is designed with a spiral branch, then according 

to the indicated equations it is possible to calculate the 

energy characteristics in a wide range of the change in discharge 

Q/u ■ (0-1.J*)(Q/(i>)p. For a pump with a branch which has a 

circular vane diffuser, equations (3.82), (3.83), (3.90) and 

(3.91) should be used in the narrow range of Q/u ■ (0.7-1.2) 
(QAOp. 

3.M. CALCULATION OF THE FUEL PUMP 

3.^.3.1. Selection of the Type of Pump 

When the turbopump unit is not single-shaft or if the fuel 

pump has its drive, the rotation frequency of the shaft of the 

fuel pump is determined in the same way as the rotation frequency 

of the shaft of the oxidizer pump (see Section 3.¾.2.1). 

In the calculation of the single-shaft turbopump unit, the 

rotation frequency of the shaft of the fuel pump is known from 

the calculation of the oxidizer pump. Then the required value 

of the cavitetion power-speed coefficient for the fuel pump 

^CcpB^noTp ''«t^rroined according to the rotation frequency. 



For a pump with a one-way inlet this value is determined by 

equation (3*163)* If it appears that (C ) does not 
c p 8 n 0 T p 

exceed 3500-4000, then the pump can be designed with a one¬ 

way inlet. In such a case, when (C Q) Tpi exceeds the indicated 
C p a M O T p 

value, one should discuss the calculation of the pump with a 

two-way inlet. 

With the two-way the discharge, decreased two times, is 

substituted inlet to equation (3*163)• If it appears that 

^cpB^norp.AayxcT exceeds 3500-4000, then it is necessary to use 

in the fuel feed system of the engine a booster pump, and the 

main fuel pump for the sake of simplicity in the design is made 

with a one-way inlet. Depending on which of these three cases 

is examined, the order of calculation of the screw conveyor is 

changed. 

3.4.3.2. Calculation of the Screw 
Conveyor of a Pump with a One-way 
Inlet 

Just as in the case of the oxidizer pump (see Section 3.4.2), 

depending on the arrangement of the fuel pump in the turbopump unit, 

the type of feed is changed. Furthermore, the diameter of the 

screw conveyor can either be determined by the transmitted moment 

or be selected from design considerations. In the first case, 

according to equations (3.219)-(3.220), the diameter of the hub 

of the screw conveyor is estimated, and according to equation 

(3.218) - the coefficient K. . According to value 
BT 

^cpB^noTD and Kd wlth the ald of Fi8‘ 3,89 the coefficient Kn 
GT V3 

and then D and D are determined. 
3 UJ 

In the second case when the diameter of the hub is selected 

from design considerations, it is possible to assume that 

d • 0.15-0.25. From Fig. 3.89, using value ((?„). one 
' cps noTp* 
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should find values KD , which correspond to K, -0,2 i» 
3 dBT 

and determine the appropriate values of j_ 

r 4, *4" 

For value selected in the range of 0.15-0.25 we determine 

^d * * and Dg* d0T. After determining the basic 

geSrfietri? dimensions of the screw conveyor (D , d ) the calcu- 
UJ B T 

lation of the screw conveyor of the fuel pump is produced Just 

as the calculation of the screw conveyor of the oxidizer pump 

(see Section 3-^.2.4). 

3-^.3.3^ Calculation of the Screw 
Conveyor of a Pump with a Double 
Inlet 

** Depending on the location of the fuel pump with a two-way 

inlet y Just as in the case of the oxidizer pump, the power trans¬ 

muted by the screw conveyor shaft is determined. According 

to power with the aid of relations (3.218), (3.219) and (3.220), 

value Kd is determined. According to Fig. 3.89, by knowing 

^CcpB^nQTp.(qsyxcT and Kd } KD * and then Da and Dm are d«ter- 
B T 9 

mined. Further calculation of the screw conveyor is conducted 

in the same way as the calculation of the screw conveyor of the 

oxidizer pump (see Section 3.^.2.¾). 

3.^.3.^. Calculation of the Screw 
Conveyor of a Fuel Pump in the Use 
of a Booster Pump In the Feed System 

In order to decrease the necessary pressure of the booster 

pump and thus to reduce the expenditure of energy necessary for 

its drive, one should design a main screw-centrifugal pump with 

the best anticavitation qualities [see equation (3.196)]. 

Depending on whether or not the screw conveyor of the fuel 

pump transmits considerable power, we determine Kd according to 
eT 

equations (3.218)-(3.219) or select <T in the range of 0.15-0.25. 
Ü T 
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With respect to K. or ï with the aid of Pig. 3.89» we 
' I 8 T 
BT 

determine (C ) and the corresponding value Kn . Then 
c p 8 rrici X L' 2 

according to the known value w and according to KD , we determine 

D , D , d . Further the calculation of the screw conveyor of the 
3* lit* BT 

fuel pump Is conducted In the same way as the calculation of 

the screw conveyor of the oxidizer pump. 

3.^.3.5. Calculation of the 
Centrifugal Wheel, Branch and 
Energy Characteristics of the 
Fue 1 Pump 

The calculation of the centrifugal wheel of the fuel pump 

and branch and the calculation of its energy characteristics 

are conducted in the same way as for the oxidizer pump (see 

Sections 3.4.2.5-3.^.2.7). 

3.^.3.6. Features of the 
Calculation of Hydrogen Pumps 

The low density of hydrogen and its noticeable dependence 

on pressure and temperature condition the features of the 

calculation of hydrogen pumps. At outlet pressures from the 
•3 

pump of 200-300 bar, the required pump heads are (300-400)*10 

J/kg. Therefore, hydrogen pumps for LPRF, as a rule, must be 

made centrifugal and multistage. For the sake of simplicity 

in the design, the first stages are made with a one-way inlet. 

With high thrusts the volumetric flow rate of hydrogen through 

the pump increases, and the use of centrifugal pumps can prove 

to be unsuitable, since they are very bulky. In view of this, 

with high volumetric flow rates of the liquid hydrogen, the 

use of axial multistage pumps can prove to be advisable. 

To decrease the number of stages of the hydrogen pump the 

rotation frequency of the pump shaft should be as large as 



possible. An increase in the rotation frequency is limited by 

the strength of the wheel. According to conditions of strength, 

the circular velocity on the outside diameter of the wheel should 

not exceed 400-450 m/s. For a decrease in the tank pressure of 

the rocket or a decrease in the value of the required pressure 

of the booster pump (if in system installation of the booster 

pump is provided for) the first stage of the pump should be made 

with a screw conveyor. 

The initial data for calculating the hydrogen pump are the 

same as for the calculation of pumps which operate on ordinary 

components of fuel (see Section 3.4.1); the same is true for 

the purpose of the calculation. Only in the calculation of the 

hydrogen pump does there appear the need for the determination 

of the temperature and density of hydrogen at the outlet from 

the pump for calculating the subsequent engine units. Since 

hydrogen is a liquid with noticeable compressibility, the 

temperature and density of hydrogen at the outlet from the 

pump can considerably differ from their values at the inlet. 

In connection with the insignificant change in pressure and 

temperature at the inlet part of the pump, in the calculation 

for cavitation the density and temperature are taken equal to 

those assigned at the inlet into the pump. At the present time 

there are no reliable methods of calculating the positive effect 

of thermodynamic properties of liquid hydrogen on the anti- 

cavitation qualities of the pump. Therefore, the calculation 

for cavitation is conducted without allowing for this effect - 

the expected imprcveme.,. in the anticavitation properties goes 

Into a reserve. 

The feature of the calculation of a hydrogen pump consists 

in an account of the compressibility of hydrogen in the deter¬ 

mination of the pump head necessary for providing the assigned 

outlet pressure of the pump. 



The pressure of the hydrogen pump (when c ■* c ), Just 

that of the pump which operates on the working substance being 

compressed (see fectlon 2.1*0, is determined from the equation 

i // J v<tp^ I ' —. 
(3.231) 

If losses in pump are absent, then the process in the pump 

would be adiabatic (we examine the pump which is heat-insulated 

i rom the environment). The adiabatic process is depicted in 

P-v coordinates by line 1-2^ (see Fig. 2.93). In the presence 

of losses the process of compression will be polytropic, i.e., 

line 1 t in Fig. 2.93 (line 1-2 in Fig. 2.92 characterizes the 

process of the pressure increase of an incompressible fluid). 

The nature of the course of the polytropic compression curve 

depends on the magnitude of losses in the pump. With a decrease 

in the losses the polytropic curve approaches an adiabatic 

curve (with an increase in the losses the specific volume Increases). 

Thus, an increase In the specific volume of hydrogen in 

connection with the heat feed of losses is compensated by a 

decrease in the volume as a result of its compressibility. 

Therefore, even with a considerable increase in the pressure 

the density of the fluid hydrcgen can be changed Insignificantly. 

On the basis of the fact that the specific volume and density 

are not greatly ch nged, for determining the pressure it is pos¬ 

sible to use equation (1.11), which is intended for determining 

the pressure of the incompressit!e fluid: 

// 
i*.* (3.232) 

where i-,,* —"-'í'J-ísl. js the mean rr]asg rjensity> 



We will use equation (3.232) in determining the pressure of 

the hydrogen pump. 

The number of stages of the pump z is determined by the 

required pump h<;ad H and permissible magnitude of pressure 

of the stage (HnTi( ) av [see equation (3.230)]: 
ex y n inci a 

ê * 

where z is rounded off to integer. Since in this case the 

paraneters of hydrogen at the outlet are not known, then, 

assuming in the first approximation pr.p * pbx from equation 

(3.232) we obtain 

H (3.233) U.i 

The pressure of the stage according to the accepted z is 

determined in the following manner: 

We,»« ( 3*23*0 

According to the pressure of the stage HCTyn and the 

value of the rotation u) frequency known from the calculation for 

cavitation, let us determine the power-speed coefficient cf 

the stage: 

y.vr 
*•1 «»>» 

/ 
V 3.235) 

where we assume that 

Q (3.236) 

According to the power-speed coefficient n*, assuming that 
s 

K » 5.2-6.5, with the aid of the dependences given on 

D0 



Mrs. 7,2b and 3-39 and equation (3.f.2), let us estimate the 

efficiency of tue pump nM - ncTyn and determine the pump power: 

OH 

*1« ' 

The pump power determines an increase In the enthalpy of 
the fluid In the pump: 

w <„ A’. 
0 

fjL 
ni” (3.237) 

Let US Pl0t ln the i-s-diagram ÍI-s-diagram of liquid hydro- 
gen (parahydrogen) the value Ai torrowed from work [111], 

depicts on Fig. 3.109, see insert] from point 1 (Fig. 3.110) 

wniih characterizes the hydrogen parameters at the inlet into 
the pump. The intersection of the straight line 

Bbtx const with isobar PR(lx * const gives point 2, which 
determines the parameters at the outlet from the pump. By 

knowing PBblx, it is possible to refine the pump head according 

to equation (3-232) and then the number of stages and the 
pressure which is necessary for one stage. 

The calculation of the flnat stage of the hydrogen pump 

Is lerformed just as It Is done for ordinary pumps (see section 

3. .3). Dimensions of the subsequent, stages are taken in the 

same way as dimensions of the firs, stage, with the exception 

of the diameter or the Inlet Into 1 he „heel, rince the diameter 

of the inlet Into the wheel of the first stage la determined on 

the basis of conditions of the provisor. eor lhe necessary 

antlcavltatlon qualities, then the ulateter of subsequent stages 
can be taken less (K^ - This somewhat decreases 

losses In subsequent stages basically because of flow losses. 

Remaining losses and pressure should not be changed, since the 





'•Im* ( 

.V 

- »\ 

Pif*:- 3-110. Graph of the 
process In the hydrogen pur:p 
in t!ie i-a-diïfiram. 

Hit1'. 3-111- Graph of the 
pro-ess in a two-sta*e hydrogen 
p .rp In i-P-diagram. 

relative diameter D of the first star- of the hydrogen pump 

does not exceed the va! 10: 

and coefficient K decrease 
z 

after which the hydraulic efficiency 

With a, sufficient degree of 

accuracy it is possible to assume that the efficiency and 

pressure for the subsequent stages of the pump will be the 

same as those of corresponding values for the first stage. 

In summation of the calculation M follows to check to see 

if the pump provides the assigned pressure and what the tempera¬ 

ture and density of the hydrogen ...re au the outlet from 

the pump. For this it is necessary to calculate an increase in 

the enthalpy of hydrogen in the .„ruge: 

n 11 ti < wu i < 

Let us plot th^ s value fro. n in. (inlet into the pump, 

inlet into the first stage) (Flg. . i). The peint which 

corresponds to the state of hydr a i at the outlet from the 

first stage must be located on line ! 3 const. Being 

assigned several values this Mne, we find such of pressure 

pressure Pg at which th equality ( 3. <-.'32) recorded for stage 
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Is satisfied. This will be the pressure at the outlet from 

the first stage. Curve 1-2j is the polytropic curve of 

compression of hydrogen in the first stage with uniform heat 
feed of losses in the compression process. 

Parameters of hydrogen at the outlet from subsequent stages 

are determined analogously. The point which corresponds to 

the outlet from the last stage will determine the pressure PBUX 

temperature and density of the hydrogen at the outlet from 

the pump (on Pig. 3.111» plotted for the two-stage pump» this 

will be point 2). If the pressure PBNX differs from that 

assigned by more than 51 » the calculation of the hydrogen pump 

should be repeated» utilizing the obtained val: e of the density 

of hydrogen at the outlet from the pump. 

3.¾.¾. AN EXAMPLE OF THE CALCULA¬ 
TION OF THE PUMP 

Let us examine the calculation of the pump of LPPE in the 

example of a pump of a screw-centrifugal oxidizer. Let us 

assume that the oxidizer pump is designed for the turbopump unit 

with the precombustion-chamber turbine operating on an 

oxidizing gas. Then the oxidizer pump should be placed on the 

diagram shown on Pig. 3.107 nearer to the turbine. 

In such a circuit the feed of the component to the pump is 

Impossible to make in an axial way. Let us select circular 

input branch. In connection with the fact that the required 

pump head (see item 10 in Table 3*2) Is less than the maximum 

permissible for one stage [see equation (3.230)], the pump can 

be made single-stage. 

From considerations of the simplicity of design and decrease 

in mass, let us select the pump with a one-way inlet. 
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Table 3.2 gives the initial data fop calculating and the 

calculating values. Figure 3.112 shows the flow part of the 

calculated pump traced on the basis of the obtained calculating 

values. On the same figure, for the calculated pump, velocity 

triangles and energy characteristics are given. 
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CHAPTER 4 

TURBINES OF LIQUID-PROPELLANT 
ROCKET ENGINES 

:•1• BASIC FEATURES OF TURBINES 
■F Li^UID-PROPELLANT ROCKET ENGINES 

In liquid-propellant rocket engines autonomous or precombus- 

‘Ion-chamber turbines are used (see Section 1.4). We will discuss 
-he features of these turbines. 

4.1.1. FEATURES OF AUTONOMOUS TURBINES 

The value of the required power of the turbine of the turbopunp 

unit [TU] (THA) of the rocket engines [LPRE] (WPA) i3 determined 

by the necessary power for the pump drive: 

.V.-Vat.- 

The greater the thrust of the engine plant, the more the required 

power of the turbine. The fulfilled engines have turbines with a 

■ -’wer of tens to hundreds and thousands of kilowatts. 

With the assigned magnitude of the power N parameters of 

7'* autonomous turbine should be selected with such that the 

flow-rate of the working medium through the turbine would be 
r.Jnimum (see Section 1.4.1.). 



The requirement for the minimum flow-rate of the working 

medium (at the assigned energy) denotes the need for the obtaininr 

of the maximum value of specific work of the turbine (or, in other 

words, the power which is necessary for the gas flow rate f jual to 

1 kg/s): 

¿ Í ____ , j^-j. (^.1) 

With aT -* min, Lt -*• max; 

" L*t,pv (-* . 2) 

In turbines of LPHE the specific work LT is 400-800 kJ/kg. 

Since the value of efficiency of the turbine is limited 

(nT < 1), the maximum value of the specific work LT [see equation 

(^.2)] can be obtained with an increase in the adiabatic work 
» 

L , although the efficiency of the turbine is lowered with in- a * n 
crease in Lar. Hence there ensues the feature of autonomous tur¬ 

bines of LPRE consisting in tee fact that because of the need for 

the operation of these turbines with the low flow-rate of the 

working medi im it is important to obtain not the maximum value o*' 

the efficiency of the turbine, but a high value of the specific 

work L , which is provided by the high adiabatic work L* . How- 
« au; 

ever, at the assigned adiabatic work L an Increase in the value aus 
of the efficiency of the turbine increases the specific work of 

the turbine Lt [see equation (4.2)] and decreases the required 

flow rate of the working medium 0T [see equation (4.1)]. 

The requirement for the maximum capacity I, , obtained fp’-m 

1 kg of mass of the working medium, means that with the assignee 

magnitude of circular velocity, which is determined by the diam¬ 

eter of the turbine and frequency of its rotation, usually equal 

to the frequency of rotation of td:e pumps, the operating factor 

(•i ‘! /-»/h* 
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' VF' ' - ..... L .. 

Jlj te maximum. The diameter of the turbine is selected taking 

uto account the layout and provision for the minimum overall dlmen- 

'oru’ T’ limited by strength of the turbine rotor. 

oince greater adiabatic work makes it possible to obtain 

reater specific work Lt, then parameters of the turbine should be 

.elected such that the value of the adiabatic work is as large as 

possible. 

From the equation for adiabatic work 

• - fVj . ( 4.3 ) 

where * pQ/p2 ls the Pressure ratio in the turbine, it follows 

‘ '.'it with the selected working medium (assigned values k and H) 

.arge values of the adiabatic work can be achieved with the use of 

. !>,h temperatures of the working medium and high pressure ratios. 

In autonomous turbines a reducing gas is more frequently used, 

the Eas generator operates on an excess of fuel (see Section 

1.4.1), since the product RTQ for such a gas is more than the 

corresponding value for the oxidizing gas. The use of nigh temper¬ 

atures is restricted to the work of the design. In LPRE uncooled 

iri.lnes, simpler and lighter, are used. The temperature in front 

t.1 e uncooled turbine is limited to the value of lQ00-120öc’K. 

.Vr: :( 

High-pressure ratios are reached by an increase in the initial 

pressure p^, since the value of the counterpressure p^ is selected 

lepending on the pressure of the medium, where the gas Is ejected, 

r depending on the pressure at the inlet Into the control nozzles 

of the engine, if the gas after the turbine enters into the nozzles, 

- lepending on the pressure in the tank, if the gas pressurizes 

tank. 

:n the first case, in order’ to eliminate the effect of the 

change in atmospheric pressure paTi on the work of the turbine, 
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the pressure p0 at the turbine exhaust Is selected such that it Is 

mo^e than the critical pressure determined by PaTM: 

Pi ^ 

where ^ ,| ^ 1 (^.^) 

Is the critical pressure ratio. Here In the minimum cross section 

of the outlet device of the turbine the speed of sound Is estab¬ 

lished, and a change In the pressure of the external medium will 

not affect the operation of the turbine. In the case of the feed 

with gas of the control nozzles, the speed of sound Is established 

In the minimum cross section of the control nozzle. 

At the assigned outlet pressure, the pressure ratio of the 

t irtine Is determined by the selection of Inlet pressure of the 
« 

turbine. With an Increase in S L n Increases, but the efficiency 
öM 

of the turbine decreases. For the obtaining of the maximum opera¬ 

tion of the turbine, there Is an optimum value of the pressure 

ratio In the turbine 6. The optimum pressure ratios 6 are usually 

greater than those which are selected in practice. The value cf th- 

Initial pressure In front of the turbine (pressure In the gas gen¬ 

erator) la determined by pressure after the pumps with the suttra • 

tlon of the resistance of the main lines of the gas generator. 

Usually the initial pressure in front of the turbine is limited by 

the value of 6-10 MN/m'. The pressure ratio in this case reaches 

values of 20-50. Consequently, the autonomous turbines of LPRK 

are high-pressure differential turbines. This is one of the basic 

features of autonomous turbines of LPRE. 

From considérât.ions of simplicity of design and decrease in 

mas.-, autonomous turbines are made single-stage and seldom two-stu 

During function in the small number of stages of high pressure 

differentials, the rates of the flow of the gas become supersonic. 

The supersonic rater of flow are also a feature of autonomous tur¬ 

bines of hPRE. 



ne additional feature of autonomous turbines of LPRE Is the 

:‘ . :t ’ i.at they are frequently made with the gas feed to the blade 

the rotor not over the entire circumference but over part 

1' It. With the low gas flow rate the feeding of gas to the rotor 

•eel over the entire circumference Is possible only at a low height 

f the nozzle channels and rotor blades. An experiment showed that 

it the low helsrht of the blades the efficiency of the turbine sharply 

falls. At the assigned height of the nozzle, with low flow rates 

.f the working medium, the nozzle must be located not on the entire 

circumference but along part of it - in the form of segments or 

eparate nozzles. Such a method of gas feed Is called partial. 

The presence of partial admission is characteristic for many tur¬ 

bine:' of TU of LPRE. 

A partial-admission turbine is always made impulse, since 

.ith partial admission, as a result of the spreading of the gas and 

’ts overflowing from the inlet into the wheel to the outlet on the 

arc not occupied with nozzles, it is not possible to maintain the 

: ressure differential necessary for providing the reaction of the 

•heel, and with the introduction of the reaction losses to over- 

f!owing increase. The autonomous turbine of LPRE are always made 

Impulse - even in the case of the gas feed over the entire circum¬ 

ference - as a result of the fact that for Impulse turbines high 

operating factors ET are characteristic. 

h .1.P. FEATURES OF PREC0MBU3TI0N- 
CHAMBER TURBINES 

For the turbine of the rocket engine made by the design with 

‘he gas feed from the turbine into the chamber, the assigned param¬ 

eter.-,, determined by parameters ol the engine plant, are the outlet 

I ‘•.'. are of the turbine p? and gas flow rate through the precombus- 

• ' n b.amber turbine at the selected gas temperature in front of 
« 

* e turbine Tn . Then from the condition of the equality of powers 
u « 

of the pump and turbine, the Inlet pressure pQ is determined (see 

Chapter 5). 



The outlet pressure of the turbine Pj should be more than the 

pressure in the chamber by the value of resistances of the gas 

channel between the turbine and chamber. 

The gas temperature in front of the turbine Tq is assigned 

on the basis of conditions of reliable working capacity of the 

design of the turbine and selected materials. The rated tempera¬ 

ture is provided by appropriate conditions of the gas generator, 

i.e., by the specific relationship of the components tcrr. Conse¬ 

quently, by assigning temperature, thereby the physical constants 

of the producer gas (R and k) are established. 

The greater the temperature that can be allowed in front of 

the turbine, the less the pressure should be in front of the tur¬ 

bine. The determining consideration when selecting the temperature 

Jn front of the turbine is the reliability of the structural elements 

operating at high temperature. As a rule, the permissible tempera¬ 

ture for the reducing gas Tq ■ 1000-1200°K and for the oxidizing 
gas, T* - 700-800°K. 

The gas flow rate through the precombustion-chamber turbine 

at the known temperature in front of the turbine is assigned. The 

quantlty of component being passed entirely through the turbine is 

determined by the thrust and relationship of the components in the 

chamber, but the quantity of the component being added is deter¬ 

mined by the relationship of components in the gas generator, i.e., 

in the last analysis by the temperature in front of the turbine 

(see Section 5.1.2.). 

Usually in precombustion-chamber turbines the ratio of the 

initial pressure to the outlet pressure of the turbine is l.T-l.B. 

The absolute value of the pressure in front of the turbine can reach 

dozens and hundreds of tars. Consequently, the precombustion-chamber 

turbines of LPRE are low-pressure (subsonic) and high-flow. The 

parameters of these turbines very substantially differ from param¬ 

eters of turbines used for designs of LPRE with the ejection of che 

gas into the atmosphere. 
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In view of the high flow-rates through the 

ct.ar ; turbine the specific work of the turbine 

' 1'■ low, and therefore the operating factor 

low - it is considerably less than that of 

preeombustion- 

at the assigned 

of the turbine 

autonomous turbines. 

Usually in precombustion-chamber turbines the gas is fed 

-vot the entire circumference, but sometimes (in spite of the 

nigh gas flow rates), in connection with the high gas density, it 

lu necessary to use the partial admission. 

elficlency of the turbine and pumps does not affect the 

t, energy indices (Ry4) of the power plant as a whole, since 

•nthalpy of the gas coming out of the turbine and the enthalpy 

°* ‘-'opponents of fuel coming out of the pumps are used in the 

amber; but as has already been indicated (see Section 1.4.2), the 

value of the efficiency plays a significant role for obtaining the 

tnimum mass of the TU and the pipelines connected with it. 

The higher the efficiency, the less the initial pressure 

n !rnt of the turbine can be selected, thereby making the entire 

apparatus lighter. With low efficiencies of the pumps and turbine 

nigh pressures in front of the turbine are necessary, and this in 

turn requires high pressures after the pumps. There is (as will 

be rhown in Section 5.1) a maximum pressure in front of the tur- 

■int, with the excess of which the energy o^ the turbine will be 
le3s than that necessary for driving the pump. Therefore, the 

prec .nbustion-chamber turbines, Just as the pumps, have tne require¬ 

ment that they should have high efficiency with minimum mass and 

sufficient simplicity and reliability of design. For an increase 

ir. efficiency, the precombustion-chamber turbines can be made with 

tue degree of reaction 0.2-0.3. However, for a decrease in the 

HXlhl ‘’orce* we assign a lower degree of reaction, and frequently 
turbines are even made impulse. 
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^.2. THE STAGE OF THE TURBINE (SINGLE- 
STAGE TURBINE). BASIC CONCEPTS AND 
RELATIONS 

4.2.1. THE STAGE OF AN AXIAL-FLOW 
TURBINE 

4.2.1.1. Change In the Parameters 
Along the Length of the Flow Area 

Figure 4.1 schematically depicts a change in the pressure, 

velocity and temperature along the length of the flow area of the 

axial reactive stage (single-stage turtlne). In the upper part of 

the figure a change In stagnation parameters Is shown. Shown by 

a dashed line Is a change In the stagnation pressure without losses 

(In the ideal case). The stagnation temperature and stagnation 

pressure in relative motion are less than they are in absolute 

motion. 

From expressions for the stagnation enthalpies 

htti-l (4.5) 

and 

£. hwî 2) ( 4.6 ) 

the relationship between the stagnation temperatures in relative 

and absolute motions is derived: 

rl, « Tr, I ! - (tv, .cnc ( 14.7 ) 

Correspondingly, the stagnation pressure In the relative 

motion is thus expressed: 

(4 .S) 

493 



Fig. 4.1. Development of the cylindrical 
croar section of the flow area of the 
reactive stage of the turbine and a change 
in parameters of the gas along the length 
of the flow area: 1 - nozzle cascade; 
2 - rotor cascade. 

For the purpose of simplification in the recording subse¬ 

quently in the index, which refers to the pressure of flow in 

absolute motion, the sign of the velocity c will be withdrawn; 

for example, instead of p we will write p, . 
C1 1 

The reactive axial stage of the turbine is characterized by 

a change in the kinetic energy in relative motion jn the basis of 

the general determination of the kinematic degree of reaction of 

the vane machine: 

0« -= 

, f r reaction turbine w, > w., ; corresponding to this, Fig. 4.1 

how a change in the relative velocity along the length of the 

’lew area of the rotor wheel blades. The nature of the change in 

the flow areas of the vane channel is shown on Fig. 2.11. 



A Jiagram of the flow area of the active stage of the turbine 

(single-stage turbine) Is shown on Fig. *1.2. The meridian cross 

section and end view drawing can be the same as that of the reaction 

turbine (see Fig. 2.21). Figure ^4.2 also gives a change in the 

parameters along the length of the flow area of the impulse turbine. 

Fig. lJ.2. Development of the cylindrical 
cross section of the flow area of the 
impulse stage of a turbine and a change 
in the parameters of gas along the length 
of the flow area: 1 - nozzle cascade; 
2 - rotor cascade. 

The impulse turbine is characterized by the equality of 

pressures of the inlet into the blades and at the outlet from the 

blades (p^ « p?) and by the equality of the relative inlet veloc¬ 

ities and at the outlet (w^ ■ w2) (not allowing for losses). In 

impulse turbines the area of the inlet section of the vane channel 

differs little from the outlet area. 

44.2.1.2. Thermal Degree of 
Reaction 

Unlike the degree of reaction which in Chapter 2 we called 

kinematic, in turbines the concept of the thermal degree of reac¬ 

tion is used: 

d -aim. 
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here L 

àA 

11”12 

« 

i0”i? 

che available adiabatic work on the Impeller 
blades ; 

the available adiabatic work of an entire 

otage of the turbine [see equation (^.3)]. 

If we express the kinematic degree of reaction by the ratio 

of heat differentials, then, taking into account that without 

allowing for losses and when cQ - 0 heat differencial of the nozzle 

!:ox Lafll w;m be expressed as 

‘Î 2 

^expression for will be written in the form [see equation 
(2.102) ] 

tsji.*. 1 1ÎJL 
(i».10) 

+ *•«*- L'„ — 

Let us establish the relationship between the kinematic and 

thermal degrees of reaction. The expression for PT (for an ideal 

turbine) can be written in the form [see equation (^.9)] 

Z«ij , Qr 
¿a + «Î (1J.11) 

having divided expression (*<.10) by (*<.ll), we obtain 

p> 

•j. 1 + 
± 
u. 

(**.12) 

The thermal and kinematic degrees of reaction will be equal 

wi’n each other when c^ * 0, i.e., in the absence of energy losses 

i h the outlet velocity. The thermal degree of reaction in 

essence determines the ratio of the available heat differentials, 

'•*'•» t^.e available adiabatic work of the rotor wheel to the total 

available adiabatic work of the turbine. The kinematic degree of 
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reaction is greater in value than is the thermal. For the impulse 

stage of the turbine with the equality to zero of kinematic degree 

of reaction (pM * 0;, the thermal degree of reaction is equal to 

zero (pt - 0). The thermal degree of reaction is widely applied 

in the analysis of the operation of turbines, because it is easy 

to determine, even without calculating the turbine and without 

determining the rates of gas flow. 

For determining the thermal degree of reaction, it suffices 

to know the pressure ratio in front of the rotor wheel and after 

the rotor wheel to the full initial gas pressure. When c * const, 

from equation ('i.?) we obtain 

r. ~r,„ 
ffi — Tux 

Passing over to the gas-dynamic functions, we obtain 

where 
'l«l 

s-£L\; 

* / 
>-/(*"%)■ 

(^.13) 

It is especially convenient to determine the thermal degree 

of reaction by using the graph of the process in the turbine in 

i-s coordinates. 

Figure 4.3 depicts the 1-s-diagram of an ideal (without 

hydraulic losses) reactive stage of a turbine. The available 

adiaoatic work of the nozzle cascade is depicted by the segment 

0-1, the available adiabatic work of the rotor wheel - by segment 

1-2, and the adiabatic work of the entire turbine - by the segment 

0-2. The ratio of the segment 1-2 to the segment 0-2 determines 

the thermal degree of reaction of the turbine. 

The circular efficiency of the ideal turbine considers 

only losses with the outlet velocity: 
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Fig. J|.3. Graph of the process of 
an Ideal reactive stage of a turbine 
In 1-s coordinates. 

For an Ideal active stage of the turbine, the 1-s-dlagram Is 

represented on Pig. 4.H. Segment 0-1 corresponds to the adiabatic 

work of the nozzle cascade and simultaneously to the adiabatic work 

of the entire turbine, since they are equal. Segment 2-3 depicts 

losses with the outlet velocity, and segment 0-3 - the work of the 

circumference of the wheel. The circular efficiency of an ideal 

active stage of the turbine nu is determined by the ratio of seg¬ 
ments 0-3 and 0*1. 

Pig. 4.4. Graph of the process of 
an ideal active stage of a turbine 
in l—s coordinates. 
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Representation of Real 
Processes of the Turbine in 
Thermal Diagrams 

We will discuss primarily the process of the gas flow with 

expansion in the vane channels on the cascades, i.e., the flow in 

nozzle cascades. 

The irreversible loss of mechanical energy in the nozzle 

cascade can be designated LA. It is obvious that 

Then having expressed by the speed factor 6 (see Section 

2.13.2.1), we obtain 

(4.15) 

or 

(4.16) 

The calculation of the flow in turbine cascades is expediently 

conducted with the aid of gas-dynamic functions: 

-/(-^ •■*!=- Ul ^PiiPy 

The real normalized velocity 
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The energy loss being defined by the value Is not equal to 

the entire work of friction, but Is only a part of it, as was shown 

In Section 2.14. 

Losses during flow in the rotor cascade are estimated in a 

¡similar way with losses in the nozzle cascade. The irreversible 

energy loss during the flow in the rotor cascade will be found from 

the expression 

where 

(4.18) 

•f-Ht i (**.19) 

w2ajQ and w2 are the adiabatic and real velocity, respectively, 

at the outlet from the rotor cascade. 

The velocity factor of the rotor cascade is found as the 

ratio of the real discharge velocity from the cascade to the 

adiabatic velocity: 

(4.20) 

(4.21) 

Having expressed by ¢, we obtain 

Let us represent in i-s-diagram the real process of the 

expansion of gas in the reactive stage of the turbine (Fig. 4.5). 

Line 0-1 corresponds to the real process of the expansion in 
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cascade, and line 1-2 - to the process In the rotor cascade. 

Fig. 4.5. Representation in 
i-s coordinates of the real 
process in the cascades of the 
reactive stage of the turbine. 

Quantity is expressed by a difference in enthalpies 

il-il^ [see equation (4.14)]: 

/.,=(/; - iUä) -1/; - - /,„. ( 4.2 3 ) 

The coefficient of the total pressure of the cascade c1 is 

found [see equation (2.192)] with respect to the ratio of the 
• * . 

total pressure to tne total pressure pQ (see Fig. 4.5). In 

the absence o? the external heat feed the increase in the entropy 

of gas during flow over a nozzle cascade is determined by the 

coefficient of the total pressure. For the isobaric process 

■“T3* "-M'1 *|. (4,24) 
/¾ 
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The adiabatic heat differential of the rotor cascade can be 

•f h.at increased in comparison with the adiabatic heat differen- 

ial cf the rotor cascade of an ideal turbine (L^ > l2aA, see 

^.5), since the process in the rotor cascade, taking into 

account losses in the nozzle cascade, is accomplished in the area 

hl*h temperatures, and the heat capacity, determining the enthalpy 

'p^* incr,e&ses with an increase in the temperature. Virtually 

the difference between and L2afl is small. (For clarity the 

isotherms are drawn so that they coincide with lines of constant 

enthalpy). 

:n accordance with^equation (4.18) is found as a difference 

:. .-;eaments lw-2afl and 2W»2. As follows from Fig. 4.5, L - i5-i 

The coefficient of total pressure of the rotor cascade o- is 

found by the ratio^of the pressure at point 2* to the pressure at 

: oint lw. Since Tw^ - Tw^, then the increase in entropy with the 

(,-as flow over the cascade will be equal to 

«J —«, aa _ #1|¡ ..til. « —k'n j,. 
• • (4.25) 

For the impulse stage of the turbine (L2aA - 0), the energy 

xoss with flow in the rctor cascade is determined from equation 

L. 
2 • (4.26) 

.r.ich results from the general equation (4.18). By introducing the 

.^efficient \p, which in this case will be expressed thus: 

4 M. SL U* 

(4.27) 

;l obtain equation (4.26) in the form 

A 
2 (4.28) 
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Operating conditions of the cascade flow of the axial impulse 

stage of the turbine is depicted on she 1-s-diagram (Fig. ^.6). 

The process In the running cascade occurs at a constant pressure - 

segment 1-2 on Isobar Pj * P2* The energy losses with flow on the 

rotor cascade is found in accordance with equation (4.28) as a 

difference in the enthalpy: 

(4.29) 

Fig. 4.6. Representation in 
i-s coordinates of operating 
conditions in cascades of the 
impulse stage of the turbine. 

The total pressure loss factor is determined by the pressure 

ratio at points 2 and 1 . 
^ w w 

Figure 4.7 gives diagrammatic representations of the process 

in cascades of the reactive stage of the turbine in T-s coordinates. 

line Û-1-2 characterizes operating conditions in the nozzle cascade 

and in the rotor wheel. The shaded areas 0-a-ö-e and 1-#-#-# 
« 

correspond to the adiabatic heat differentials L, and L. . The 
lafl 2a^ 

additional work of the volumetric expansion as a result of the heat 

feed of friction is characteristic both for the expansion in the 

nozzles and for the expansion in channels of rotor blades. 
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Pig. 4.7. Representation In T-s 
coordinates of the process in 
cascades of the reactive stage of 
the turbine. 

The lost portions of mechanical energy L. and are obtained 

- i : it tract from the works of friction the returned works 

•\'x and Hv2(1‘2a<a"2) ' Correspondingly, is characterized 
'V t-e area and by the area 

Figure 4,8 gives a diagrammatic representation in T-s 

coordinates of process in the impulse stage of the turbine. Line 

1-1-- characterizes the operating conditions; area O-a-5-B is 

: rorcrtional to the adiabatic available work of the turbine. The 

additional work of the volumetric expansion as a result of the feed 

-o the gas of heat of friction is realized only in the case of the 

expansion of the gas. Therefore, it can be revealed only for the 

process in the nozzle cascade (see H on Fig. 4.8). The entire 
V1 

work ■>f riction with the gas flow in the rotor cascade at constant 

pressure .'impulse lattice) turns into heat and is the irreversible 

loss of mechar leal energy L^. 

Fig. 4.8. Representation in 
T-s coordinates of the process 
in cascades of the reactive 
stage of the turbine. 

504 



It is necessary to keep In mind that for the supersonic flow 

the expansion ratios of nozzles, for the obtaining of the same 

pressure at the end of the expansion in the presence of losses and 

not allowing for losses, should be different. The heat feed of 

friction leads to the stagnation of supersonic flow, and for the 

achievement of the assigned outlet pressure the nozzle expansion 

ratio during the process with friction should be more than that 

during an ideal process. With an ideal adiabatic process in this 

nozzle it would be possible to obtain less pressure p. 
134¾ 

For the same nozzle (supersonic flow) the adiabatic and poly¬ 

tropic processes will be depicted in p-v and T-s—coordinates in 

the manner which it is shown on F’ig. 4.9 and 4.10, respectively. 

p-v coordinates of adiabatic 
and polytropic processes for 
the same nozzle. 

Fig. 4.10. Representation in 
T-s coordinates of adiabatic 
and polytropic processes for 
the same nozzle. 

^.2.2. SINGLE-STAGE RADIAL-FLOV 
TURBINE. A CHANGE IN THE PARAMETERS 
IN THE LENGTH OF THE FLOW AREA. 
REPRESENTATION OF PROCESSES IN THE 
i-a-DIAGRAM 

Figure 4.11 shows a diagram of a radial inward-flow turbine. 

In the LPRE radial-flow turbines are used as precombustion-chamber 

turbines; in this case the rotor wheel is made radial-axial sc that 
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in ei- 

axial 

flow 

used 

seme the inward-flow turbines used in the LPRE are radial- 

turbines. Subsequently, however, we will call them radial- 

turbines. Purely the radial-flow turbine (see Fig. 2.23) is 

‘n L:f'E r‘arel.V» since it is poorly arranged with the combust! on 
chamber. 

Development in mn^ 

Fig. 4.11. The diagram of the radial inward- 
f^ow turbine: 1 - feed; II - nozzle cascade; 
III - rotor wheel; IV - branch. 

With respect to the overall dimensions and mass of the design, 

the radial-flow turbine is inferior to the axial-flow turbine; 

furthermore, for the wheel of the radial-flow turbine greater axial 

-hru.t is characteristic. High axial thrust impedes the designing 

of the turbopump unit. According to conditions of the strength of 

the wheel, the design of the radial-flow turbine also presents 

definite difficulties, but in manufacture the wheel of the radial- 

flow turbine is simpler than that of the axial-flow turbine. 

cr m Fig. 4.11, where shown is a structural diagram of the 

single-stage radial-flow turbine, which provides the output of 

the gas close to axial, numeral I denotes the feed device, which 
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is the circular feed, which most frequently Is made as helical with 

a gradual decrease in the flow area. This makes it possible to 

equalize the feeds and provide a more uniform gas feed to the 

nozzles. Numeral II denotes the nozzle cascade, which is made in 

the form of a circular cascade; in principle, the role of the nozzle 

cascade can fulfill the spiral feed. Numeral III denotes the rotor 

wheel; the outlet device (branch) IV is usually made in the form 

of a straight diffuser. 

Let us observe the change in the gas parameters along the 

length of the flow area of tne radial inward-flow turbine (Fig. 

¿4.12). Conditionally plotted along the axis of the abscissae is 

the length of the flow area of the turbine, and characteristic 

cross sections are noted. In the feed collector, which is usually 

made convergent, the pressure somewhat falls; correspondingly the 

temperature decreases and the velocity increases. Such a change 

is characteristic for the averaged parameters, since the velocity 

distribution over the cross section of ^he feed collector Is 

substantially uneven. 

Fig. ¿4.12. Change in the gas 
parameters along the length of 
the flow area of the radial 

rc* inward-flow turbine. 

n.T 

Cress sections 0 and 1 separated the nozzle box, in which 

the expansion of gas and acceleration of the gas flow occurs. The 

pressure and temperature of the gas decrease, and the velocity 

increases. The stagnation pressure in an ideal case (dot-dash 

line) remains constant, and in the actual case it decreases as a 

result of losses. The stagnation temperature remains constant. 
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: leu re *4.11 gives velocity triangles at the Inlet Into the 

tor wheel and at the outlet from it. They are located In 
iifferent planes. 

.he velocity triangle at the Inlet Into the rotor wheel lies 

he plane of rotation, and the velocity triangle at the outlet 

trt the wheel lies in the plane tangential to the cylindrical 

.rfuco with the axis coinciding with the axis of rotation. The 

: mbined velocity triangles are given separately on Fig. *4.13, 

Fig. *4.13. Velocity triangles 
at the inlet into the rotor wheel 
and at the outlet from it for the 
radial inward-flow turbine. 

The trailing edgfs of the nozzle blades are tilted at a small 

angle toward the circumference. The angle of inclination is 

usually lh-20°. The velocity is determined by the ratio of pressures 

at the Inlet into the nozzle cascade and at outlet from it and also 
t the initial temperature. 

ne circular velocity at the assigned angular velocity u is 

ietermined by the outside diameter of the wheel. The maximum value 

circular inlet velocity is limited by the strength of the 

utcl Uj < 250-3OO r./s). Single shrouded (see Fig. *4.n) and 

' shrouded (see further Fig. **.52) wheels are used. On the 

considerations of strength it is most advantageous to use 

i’iliax blades at the inlet. Therefore, one attempts to insure such 

a re'utionship of velocities u1 and cx so that the direction wx is 

close to the radial (see Fig. ¡4.11). If such a relationship of 
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velocities is not possible,then it is necessary to use blades having 

an inlet angle different from the radial (see Pig. 2.23). 

In the rotor wheel, i.e., between cross sections 1-2 (see 

Fig. 4.12), there occurs the selection of mechanical energy, as a 

result of which the absolute gas velocity is decreased. In this 

case the gas flow occurs in the field of inertial forces of rotary 

motion, and with transition to less radii the gas pressure is 

reduced [see equation (2.85)]. An additional decrease in pressure 

on the wheel takes place when vane channels are made convergent, 

and in them a velocity increase relative to the wheel (relative 

velocity) occurs. 

Figure 4.12 depicts such a flow (w2 > w^). The additional 

pressure drop on the wheel as a result of the acceleration of the 

gas is not the necessary condition of the course of operating 

conditions in a radial inward-flow turbine, but such a change in 

the parameters is most favorable, since it eliminates the diffuser 

gas flow along the vane channels which is accompanied by great 

losses. 

Let us say that by artificially providing the diffuser flow- 

in its channels by a change of flow areas of the wheel, it is 

possible to obtain a less pressure drop on the wheel than the 

unavoidable pressure drop connected with the flow directed toward 

i.ie center of the rotating wheel. In this case the relative 

velocity of motion of the gas on the wheel will be decreased. Such 

a course of the process will be disadvantageous, since the diffuser 

flow is accompanied by great hydraulic losses. 

« 
The temperature Tw and stagnation enthalpy in the wheel will 

be changed with a decrease in the radius, since the flow occurs 

with a change in the inertial forces of rotary motion (see lection 

2.8): 

/: •i *4 
(4.30) 
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••i*! -'‘-pondlngly 

(^. 31) 

Value T* is found from relation (^.7): w, 

(4.32) 

’imilarly the stagnation pressure even in an ideal case will 

.e changed (see Pip;. 4.12). 

The temperature in the wheel T will be reduced because of a 

,e ¡'"ar.e In stagnation temperature and as a result of the flow 

mrion if . 

This property of radial inward-flow turbines is used for 

obtaining low temperatures. The radial inward-flow turbines used 

in refrigeration technology are called turboexpanders. 

At the outlet from the wheel of a radial-flow turbine an 

cutlet device is placed (see position IV on Pig. 4.11), which it 

is advantageous to make in the form of a diffuser in order to 

convert the kinetic energy of the flow coming out of the turbine 

'nt potential energy - pressure energy. This makes it possible 

.it tue assigned counterpressure (outlet pressure from the diffuser) 

to 'ncrease the pressure ratio for the wheel. Furthermore it is 

d!ff’cult to use the energy directly in high-speed form in gas 

injectors or in the combustion chamber. A decrease In velocity 

n td:*1 ilffuser after the turbine Is advantageous, since the 

; ressure of high velocities in the adapter, which connects the 

tur; : ne and the chamber, will be associated with high hydraulic 

:n general let us assume that in the outlet section of 

^ e turbine the pressure increases, and the velocity decreases. 
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To obtain, in the absolute motion of the iirection, an outlet 

velocity close to the axial, the impeller vane must oe bent to the 

side opposite to the rotation (see Fig. U.H). The presence of 

great twist of the flow in the turbine exhaust can lead to great 

hydraulic losses in the device feeding gas to the combustion chamber. 

Let us emphasize again that the total pressure ratio at the 

inlet into the wheel and at the outlet of it should be more than 

is necessary for the expansion of gas, if we proceed from the 

geometric relationships of the channel. The considerable portion 

of pressure drop on the wheel is connected with the movement of 

gas from larger radii to smaller. Thus, the wheel of the inward- 

flow turbine is always reactive. The kinematic degree of reaction 

of the wheel is found from the general relation (2.102). 

The expression for the thermal degree of reaction is recorded 

in the same form as that for the axial-flow turbine [see equation 

(¾.9)3. 

T.ie process of an ideal radial turbine in an i-s-diagram in 

depicted in the same way as for a reactive axial-flow turbine 

(see Fig. it. 3), but the segment 1-2 in this case will be the sum 

of two terms: 

. 
2 + , 3 

For the reax stage of the radial reaction turbine, which is 

the total form of the stage of the turbine, the process of cascade 

flow in i-s coordinates in a simplified way is depicted on Fig. 

ii.lit. We focus attention to the fact that the stagnation tempera¬ 

ture in relative motion at the outlet of the wheel is less than 

the stagnation temperature in relative motion at the inlet into 

the wheel in connection with a decrease in the potential energy 

of the gas upon the transition to smaller radii. 
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Fig. 4.14. Representation in 
i-s coordinates of the process 
in the cascades of the stage 
of the radial inward-flow turbine. 

. •''LOW IN TURBINE CASCADES. 
.’ELECTION OF DESIGN PARAMETERS 

? CASCADES 

.he expansion of gas in general occurs both in the nozzle and 

the rùtor facades (reactive stage). In the active stage the gas 

: ex' 'inded only in the nozzle cascade. Turbines of LPRE are made 

■ Ith '-nail or zero (impulse turbines) degree of reaction. There- 

! In turbines of LPRE tne process of expansion occurs baslcall; 

in rr.uItinrzzle grids. 

?he streamline flow of cascades and losses in them were 

:/ar :: -1 In deta11 ln Section 2.13.2.1. In this section we discuss 

tue process of the expansion of gas in cascades and features of the 

around the cascades with transonic and supersonic velocity. 
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Í4.3.1. EXPANSION OP OAS IN CASCADES 

íl.3.1.1. Expansion of Qas in 
Convergent Cascades 

Let us examine flow in convergent cascades. For concreteness 

we will examine the nozzle cascade. All the relations will be valid 

for the cascade of the rotor wheel in the replacement of the absolute 

velocity by the relative velocity and upon the consideration of the 

initial velocity. The geometric shape of the cascade is shown on 

Fig. 4.15. 

Fig. 4.15. Determination of 
the angle of deflection of the 
flow in the oblique section of 
a convergent nozzle cascade. 

The work of expansion of such a cascade depends on the 

pressure ratio at the inlet into the cascade and at the outlet 

from it (61 * pg/p^. The flow pattern will be different for 

conditions <5. < and 6, > 6ur. where 6 is the critical 
1 Hp i.~np n\J 

pressure ratio [see equation (4.4)]. 

Let us examine which parameters will be at the outlet from 

the convergent cascade when 6. < 6 (such pressure ratios are X up 
characteristic for the precornbustion-chamber turbines). 

Let us find the real discharge velocity from the relationship 

ft “- r'i.*. (4.33) 
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•:.ore <t> Is the velocity factor for the averaged velocity. Averaging 

can be carried out froni the equations of conservation, continuity, 

momenturn and energy (see Section 2.13.2.1), depending on the problem 
being solved. 

Usually the coefficient $ of the convergent nozzles is equal 

§-0,97:0.9«. 

We find the gas flow rate with the aid of gas-dynamic tables 

In terms of the given flow rate 

(M1*) 

Let us find the flow rate through the cascade from the 
equation 

O-J’r/ndOlfl. (4.35) 

-'i, taking into account equation (4.34), after conversions we 
obtain 

(4.36) 

where 

"-/‘(¿rr 
is denoted. 

Let us express pressure by the initial stagnation 

pressure with the aid of the coefficient of total pressure: 

(4.36a) 
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then 

o - ~ (^.37) 

since rî-rî. 

For determining the flow direction at the outlet from the 

cascade at subsonic velocities, in the ri'actice of turbine con¬ 

struction we have the common formula 

«lna,(?,)«my , (4.38) 

where m is experimental coefficient; a is the dimension of the 

throat of the vane channel. 

This equation agrees well with the experiment (when coeffi 

clent m * 1) for escape velocities close to sonic. At lower 

velocities (M < 0.4-0.5) it is recommended (see source [6]) to 

accept the coefficient m equal to 1.08. 

Let us examine the fundamental relations for flow in a 

convergent cascade when » '5lHp* We will accept approximately 

that in the minimum cross section the critical velocity is 

established : 

^WTÎ, ( 4.39 ) 

which determines the gas flow rate through the nozsle. 

The flow rate is equal to the maximum (critical) flow rate 

«• - <»V~ •%/,..»»»»Ur ( 4.4o ) 
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J ‘ r’iln €'cîua^^on;3 (^*37) and one should understand 

- the elTective cross section, which can be less than the geometric 

-h view of the Jet narrowing: 

/1 M*' u/«.Mivi4n 

v: ;e; e a is the coefficient of the Jet narrowing; in the first 

• proximation, it is possible to assume that a ■ 1; value c 

equation a 
1 H p in 

» -, Ihp 
the inlet to the critical cross section. 

p;Mp/p§ - the coefficient of total pressure 

"'•‘en ’I > 6Isp the expansion of the gas is continued within 

i!of the oblique section of the vane channel, i.e., from 

cr • section k-k up to the cross section c-c (see Fig. 4.15). 

* us examine this question in more detail. 

•3.1.2. Expansion of Gas in the 
^ . ! }ue Section of the Converging 

Caccade 

Vane cascades almost always have an oblique shear, since the 

angle of inclination of the blades at the outlet is usually con- 

■ ly less than SO0. At a pressure after the multinozzle grid 

r, less than pMp, in the space between the critical cross section 

a .i .l.e shear the expansion of the gas occurs. The pressure along 

.e .nil falls gradually and at point A immediately (see Fig. 4.15). 

Ar\ - r.d point A there appears the Prandtl-Meyer flow (flow with the 

■ * ' ■ obture angle), which leads to a velocity increase of 

*h'- ^ ' froni 30nlc (*Mp ” D to supersonic (X > l) and rotation of 

tne fiOW to the side of less pressure. 

r. a plane oblique section constant pressure is established 

rUori‘T ‘he characteristic, i.e., along the ray coming out from 

' ' *ee The pressure which corresponds to the 

:tc car be established within limits of the oblique section. 

In U.’ ■ ase there will be an incomplete use of the oblique section. 
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When the characteristic which corresponds to outlet pressure 

is established on the nozzle edge, then the expansion ability of 

the oblique section will be used completely. The velocity is 

determined by the pressure ratio and losses in the nozzle and 

is found from equation (^.33)* The gas flow rate remains equal to 

the critical, since in the critical section we have minimum flow 

area, and the velocity in this section in the oblique section is 

not affected by the expansion. Expansion in the oblique section 

is accompanied by a deviation in the flow to the side of an in¬ 

crease in the angle at which the flow emerges. 

From tne diagrams of pressure shown on Fig. 4.15, it follows 
that acting on the gas Jet flowing along the oblique section is 

the pressure impulse in a circular direction. Under the action of 

this pressure impulse the Jet is deflected from the nozzle axis 

(see Fig. 4.15). 

The deflection angle in the oblique shear can be found by 

calculation. Precise equations for determining the angle of 

deflection of the flow in the oblique shear are given in the 

courses of gas dynamics (see source [37]). 

The approximation equation for determining the angle of 

deflection of flow in an oblique section is obtained from the 

continuity equation, written for the sections k-k and 1-1, not 

allowing for the possible detached flow (see Fig. 4.15): 

Cut/'iff mM ( 4,4 1 ) 

where f^ is the Jet cross-sectional area of the nozzle exit. 

Considering that the height of the cascade (the dimension 

perpendicular to the plane of the drawing, see Fig. 4.15) remains 

constant within limits of the oblique section, and that in the Jet 

up to cross section 1-1 this dimension is retained, we will obtain 
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' 1 V :—lu*Ions between sections fm^n, and the section in the 

i.'t.ear plane fc: 

/, « /, sin (a, f 0) sue /NlW « /« tin a,. 

Havlni? substituted these relations into equation (4.41) and 
■ •'iVin.T produced cancellations, we obtain 

tf«/«« «i sin (a, -f •), 

v.'l.ence sin (a, f-i)=s<lna, 
pi«i 

(4.42) 

Disregardinp the losses, l.e., assuming that p * p and Hp HP ,Ofl 
: * a from equation (4.42) we obtain 

H , M p 

(«in ( «i -f- ii)«»slii a, —^--- 
Vl*leUl 

(4.43) 

’akin: into account the fact that 

Ular*l>p 
(4.44) 

(aHp ^ alHp’ S^n-e Tq “ T* * const), we will obtain the equation 
known by the name cf the Baire equation: 

(tln(<i| f-®)*=-slna, 
_!___ 

f (>»„.» ' (4.45) 

The calculations according to this equation give somewhat 

decre-s tá values of the angles of deflection of the flow, especially 
when ^ > -4 (see source [137]). 

Let u.: derive the quantitative ratios for determining the 

; ' 'ifility of the oblique shear. The velocity component 

: ’ne g.•, perpendicular to the icobaric surface (characteristic), 

1 equal to the speed of sound. Then for the maximum expansion in 
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the oblique shear (the characteristic coincides with the nozzle 

edge), the axial component of outlet velocity (perpendicular to 

the front of the cascade) should be the speed of sound at this 

temperature (Pig. 4.16). For the limiting case of expansion (not 

allowing for losses) it is possible to write (see Pig. 4.16): 

"ln(«i rV—. (U.Ü6) 

Pig. 4.16. Determination of 
maximum expansion in the oblique 
section of the cascade. 

P**P<*f 

Let us write equation (4.45) in the form 

»in(or; «„l-nliio,—!—-. (4.47) 
* '‘Ohm»' 

Having equated the right sides of equations (4.46) and (4.47) 

and transforming them, we obtain 

_\___ 

(»¡» 
(4.48) 

The asymptotic relation of pressures depends on the slope 

angle of the nozzle by which the ratio of areas f . /f is deter- 
mm c 

mined. 

Table 4.1 gives values of the maximum expansion ratio of 

the converging nozzle with oblique shear for k » I.33 and for three 
values of angle 0^. 
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Usually the calculated value of the angle of deflection of 

the flow with expansion In the oblique shear Is limited by values 

of 3-5°. The larger angles of deflection In the flow at the outlet 

from the multinozzle grid lead to larger angles of Inleakage to 

blades of the rotor wheel, which Is disadvantageous, since losses 

with the outlet velocity from the rotor wheel Increase. The outlet 

velocity Increases due to an Increase In the axial component of 

velocity. It Is also inexpedient to pass over to small output 

angles of the multinozzle grid, since this will increase the losses 

In connection with an increase in the friction surface and value 

of the edges and also in connection with an Increase in the angle 

of rotation at the inlet. In connection with this the nozzle 

cascade is never calculated for the asymptotic ratio of pressures. 

The maximum calculated pressure ratio for the converging nozzles, 

proceeding from angles of deflection in the oblique section 9 ■ 

- 3-5°, is 51 - 3-¾. 

^.3.1.3. Expansion Gas in Cascades 
and Nozzles with Expanding Ducts 

For large expansion ratios > 3-¾) in nozzle cascades, 

profiles which form vane channels in the form of Laval nozzles 

(Fig. ^17) are used. In turbines with a low gas flow rate, 

separate nozzles made in the form of the Naval nozzles (see 

further Fig. ^23) are frequently used. Nozzle cascades which form 

the converging-expansion channels make it possible to obtain high 

supersonic velocities of outflow. 

Figure ^17 depicts the element of the cascade with vane 

channels made in the form of Laval nozzles. Shown on the left 1:: 

a change in the flow parameters. Two characteristic cross sections 

the minimum cross section k-k (critical) and cross section I'-l* 

at the end of divergent section perpendicular to the axis of the 

nozzle, are distinguished. The parameters in cross section I'-l' 

will be designated by the numeral "1" with a prime. The flow areas 

ffi)ir and f| are the calculated cross sections. The value of the 
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'ritl v.il cross section will determine the flow rate through the 

cascade [see equation (JMG)]. If the flow rate Is assigned, then 

í rom equation (^4.^0) it Is possible to determine the required 

value oí’ the minimum (critical) cross section f . . 
min 

of Laval nozzles. 

The flow area fj determines the nozzle expansion ratio and 

the velocity c|. Let us find the connection of the nozzle expan- 

si h ratio with gas parameters. 

Let us use the continuity equation for cross sections k-k 
and l'-l': 

where 

TV sees in the subcritical part of the nozzle will be disre- 

Let us assume that a = 1 and q(Xn ) * 1; then from 
Kp 

equation (/4.^9) we obtain 

» 

(¿4.50) 
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Since 

• (r,l* 
îi **■ --,- # 

fl» 

then 

li 
ir\ya\) (^.51) 

Let us express fy by the static pressure pj^ and the velocity 

coefficient f'r- —i— : 
ru« 

>. . • \ ---i— 
*i »'• ( *-i a» i*=r 

Correspondingly, 

’■1' 

FT 

where 

«K* 
(ÍJ.52) 

Having substituted the expanded expression for q(X_,) into 
C1 

equation (^.52), after simplifications we obtain 

i-. 1 h iV 
JZjlllLLjül 

U+ii (4.53) 
!•« 

Being assigned the desired degree of the lowering of pressure 

from the nozzle inlet to cross section I'-l' (see Pig. 4.17) 

and the velocity factor (J)', considering losses in this section, we 

determine according to the table of gas-dynamic functions A , 
’laa 

= f(ïï? ■ 1/6’) and calculate the nozzle expansion ratio 7^. 

Equation (4.53) Includes only one experimental coefficient, 

namely, the velocity factor <>’. According to experimental data 
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‘e v'llue i*' can be accepted within limits of 0.9^-0.98. 

Figure 

ratio on the 

the velocity 

4.1' depicts the dependence of the nozzle expansion 

pressure ratio 6|, calculated at different values of 

factor of the nozzle <*'. Value $' affects the broaden¬ 

ing of the nozzle. Being assigned during the calculation of nozzle 

will; the decreased value <}¡', it is possible to obtain the excessive 

. r adening of the nozzle for rated value <5 J. Such a nozzle will 

operate in the system of overexpansion, which can cause added 
los. et 

nozzle expansion ratio on the 
pressure ratio ój at different 

values of velocity factor 4)1 
(k = 1.33). 

n calculation of nozzles It is Letter to select the 

excessive values of , since in operation of the nozzle in 

n ■' -on with the rotor cascade, it is more preferable to have 

conditions of underexpansion. The velocity at the end of the 

ye'y-ent section is found as the velocity of the full expansion: 

where 



.. 

If the pressure ratio 6^, calculated according to the total 

pressure in front of the cascade and the static pressure at the 

outlet from the cascade, is equal to the calculated degree of 

lowering of pressure in the nozzle ^ ■ 6p, then the outlet 
velocity Cj will be equal to the velocity in the cross section 

I’-l* (see Fig. 4.17) if we disregard the losses in the oblique 

section: 

r,*ri: >», 

4.3.1.4. Gas Expansion in the 
Oblique Section of the Expanded 
Cascades and Nozzles 

If the pressure ratio 6, will be more than 61, then in the 

oblique shear further expansion of gas can occur. The gas flow in 

this case will be deflected to the side of an increase in the angle 

of discharge. The change in the gas parameters, taking into account 

expansion in the oblique section, is shown by dashed lines on Fig. 

4.17. In this case > X ’. 
C1 C1 

Expansion in the oblique shear begins not from the cross 

section I'-l* but only from the characteristic a-a displaced 

relative to the cross section I'-l* (see Fig. 4.17). The rarefac¬ 

tion wave from point A will not reach cross section I'-l1, since 

the gas is carried away at the velocity exceeding the speed of 

sound (cj > a), i.e., exceeding the propagation velocity of the 

rarefaction wave. The angle e at which characteristic a-a is 

located with respect tc the axis is determined from the known 

relation: 

«; i (4>510 
«i «i 
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At high supe ionio velocities the expansion in the oblique 

section nan not generally occur. In this case the characteristic 

'/nlch corresponds to pressure p^ coincides with the nozzle edge, 

ise it is possible to write the relation cl iis 

du * =-sin Oj - 
M 

u. 
(4.55) 

L’■Ár * instance, when or, * 20° value M^np * 2.9. V/hen 

'1 a.np lhe exPanslon in the oblique section can take place, but 
ua11 y leads to a small increase in the velocity in comparison 

tr'at '•v'hlch is observed during expansion in the oblique section 
1 ".a -jnvergent nozzle. This is explained by the fact that In 

orcritical region, in connection with a sharp increase in 
’■ ■ C'fic volumes of gas, the necessary Increase in the area 

‘ e gas expansion is also great. 

t is possible to obtain the approximate relations for the 

deflection of the flow, having used the continuity equa- 

daving written the continuity equation for the two cross 

. .io 1.-/. and 1 -i (see Fig. 4.17), we obtain after conversions 

-1.7:1'c.- to those which were used in the solution of equation (4.1*5) 
'or the adiabatic flow: 

'I ■ 

<(', ) 
sin (a, 6) sin «, —lîS_ 

«<V,> (4.56) 

t. 

hi 

■ a-, A. 19 (see source [14J]) rhows the spectrum of flow in 

■es,¡en" nozzle cascade. The pressure ratio is such that 

. -■ ton In the obli jue section occurs. The rarefaction wave 

ue shear, the boundary f the flow which leaves the 

, ..- reflected rarefacU -n v /e, and rarefaction waves on 
r -iger are evident. 
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Fig. 4.19. Spectrum of flow In 
expanded multinozzle grid. Set¬ 
ting angles of the profile x: 
1-18°; 2-16° (calculated); 3-14°; 
4-12°; 5-10°. 

4.3.1.5. Profiling of Nozzle 
Cascades and Nozzles 

The nozzle cascade should be profiled in such a way that it 

provides the necessary direction and magnitude of the flow velocity 

at the outlet and have minimum losses. 

The gas is fed to the multinozzle grid from the gas generator 

in an axial direction. Therefore, usually o0 « 90°. The outlet 

angle is selected within limits of 15-20°. The less the angle 
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leparture, the more the span of the blade will be, and the more 

tie camber of the nozzle and rotor blades. Profile losses (es¬ 

pecially edge and secondary) will Increase. At large angles of 

rill increase the losses with the outlet velocity as a result of an 

increase In the axial component of velocity at the outlet from the 

wheel, which Is close In value to the axial component of velocity 

at tie inlet Into the wheel. The axial component of the Inlet 

velocity Increases with an increase in c^. 

When designing turbines of LPRE as profiles of nozzle cascades 

one should select profiles with known characteristics and possessing 

minimum losses. The profiles developed at the Moscow-Power Institute 

‘■'.e basis of theoretical and experimental studies are given In 
the atlas of profiles (see source [^]). 

’he profiles of nozzle cascades are divided into three groups: 

i., B, and C (Fig. ^.2C). The cascades of groups A and B are con¬ 

vergir-', and the cascades of group C are converging-diverging. The 

profiles of group A are designed for nozzle cascades with subsonic 

/frxocity at tho outlet (M1 ■ 0.M-0.9). In transonic velocities 

'0.9 < M-j < 1.2) cascades of group B are used. In these cascades 

upersonic velocity is reached as a result of the gas expansion in 

’‘*e oblique section (pressure ratio 61 < 2.5). The cascades of 

■roup C are designed for high supersonic velocities (M1 > 1.2). 

Cascades for subsonic velocities (group A) have profiles with 

m: * .:- varying curvature of the back and face, which provides a 

.• aff-iently uniform, without diffuser sections, profile pressure 

distribution (see, for example, Fig. 2.50, aQ ■ 60o-90°) with which 
*h the cascade are minimum. 

r cascades of group B (1^ < 1.2) the back in the oblique 

: aere there occurs a velocity increase in the flow up to 

upersonic, is made rectilinear. This Is done because the convex 

; ac/ preat curvature) would lead to a local increase in velocity 

at tne surface of the blade up to a considerable supersonic velocity 
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(local flow around an obtuse angle) with the subsequent stagnation 

In the shock wave, which Is accompanied by energy losses (wave 
losses). 

Pig. 4.20. Profiles of nozzle 
.'•»scades: a) subsonic profile 
(group A)j b) transonic profile 
(group B); c) supersonic profile 
(group C). 

After the minimum cross section the nozzle cascades of group 

C have a concave back, forming the expanding duct. 

Nozzle cascades correspond to losses which are found at a 

level of the minimum and at computed values of (Fig. 4.21). 

Basically they are determined by losses of friction. With deviation 

from the computed value , in connection with the off-design flow, 

the losses increase. At high values of (the pressure ratio 

is more than calculated <5p) the gas expansion occurs beyond limits 

of the cascade. It is accompanied by shock waves, which increase 

the losses (see source [37]). 

If values are less than those calculated, then in the 

converging cascade (group A and B) the boundary layer thickness 

increases, in consequence of which the profile and tip losses 

increase. An increase in losses in the expanding cascades at 

values of less than the calculated (pressure ratio 6. < 5 ) 
. 1 1 P 
is basically explained by an increase in the wave losses caused 

a) 
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by shock waves in the expanding section of the channel (see source 

Fig ^.21. Dependence of the 
loss factor of a multinozzle 
grid on the M number at the 
outlet; A) subsonic cascade 
(group A); B) transonic cas¬ 
cade (group B); C) supersonic 
cascade (group C). 

After the selection according to values M,, aQ and on, the 

profiles of the nozzle cascade determine the relative pitch t • 

■ t/b^ (where bn - the airfoil chord) and the loss factor of the 

cascade. For this the graphic characteristics of the air foil 
given in an atlas are used [4]. 

There is an optimum value of the relative pitch t at which 

losses In th. cascade are minimum. Thla 1. c.u8.d by th. fact that 

with an increase in the pitch the frictional surface is decreased 

and profile losses are lowered. But, together with this, an in¬ 

crease in the pitch as a result of the less interaction of adjacent 

profiles leads to a pressure drop on the back and pressure rise on 

the face (Pig. t.22). In this case secondary losses are Increased, 

and the possibility for the flow separation is created. With an 

increase in the pitch the deflecting properties of the cascades 

deteriorate. For the nozzle cascades F «o 7-0 q 
opt *' w• 

Precombustion-chamber turbines of LPRE correspond to small 

pressure ratios (see Section 4.1.?) at which M < 1.2, and 

therefore in the precombustion-chamber turbines the cascades of 

groups A and B can be used as nozzle cascades. Values of M >1.2 

correspond to autonomous turbines of LPRE with a high pressure r¡tlo 

1* anii therero''e ror autonomous turtines nozzle cascades of group 

C can be used. However, In the autonomous turbines, which, as a 
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rule, are made partial (with the gas feed not over the entire 

circumference of the wheel), conical nozzles are used extensively 

(Fig. 4.23). As experiments showed (see source [139]), the 

efficiency of the turbine with conical nozzles is equal or some¬ 

what more than the efficiency of the turbine with a blade nozzle 

cascade. 

Fig. 4.22. Pressure distribution 
along the reactive profile at differ¬ 
ent values of the relativo cascade 
pitch. 

Fig. 4.23. Separate conical diver¬ 
gent nozzle. 

Let us note that the conical nozzles are simple in a tech¬ 

nological respect. In the conical nozzle the flow reaches the 

speed of sound in a cross section with a diameter of d . . The 
min 

531 



subsonic part of the nozzle Is made with smooth contours. It is 

advantageous to design the divergent section of the nozzle of 

ec.ion drnin UP to cros3 section l'-l' with an angle of 
coni city not exceeding 12°-150. Within limits of the oblique 

shear the conical surface of the nozzle usually passes over to 

a cylindrical section. 

ihe lncllnation of the nozzle axis is made such that by 

taking into account the deviation in the flow in the oblique 

section,angle would be equal to 15°-20°. The determining of 

din.enr.ions of the conical nozzle dmln, d» and the number of 

nozzles zc will be examined further in Section U.3.3.2. 

M.2. plow op qas about the cascades 

**•3* 2.1, Streamline Plow and 
Profiling of the Cascades at 
. ubsonic Speeds 

with a change In the flow velocity at the Inlet Into the 

cascade In the region < 0.3-0.» the nature of the flow In 

the cascade Is not changed: the pressure distribution and loss 

factors remain constant. The gas Is conducted basically as an 

incompressible liquid. 

With MWi numbers which exceed 0.3-0.there appears the 

öo .ip. eosibility of the gas - the distribution pressure (see Fig. 

2.49) and velocities on the cascade profile is changed, and the 

lor..- factors are changed. 

At high subsonic speeds at the Inlet Into the cascade 

' V * ---0-9), the velocity. Increasing on the blade back, can 

becore sonic and supersonic. If below along the flow the velocity 

: set sonic, then the translation of flow from supersonic velocity 

to subsonic occurs In the shock wave and is accompanied by an 

Increase in losses In the cascade (wave losses). 
The supersonic 
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zones and shock waves appear at the trailing edge of the blade on 

the back side. They are connected with a velocity increase of the 

flow in the trailing edge, caused by the curvature of the trailing 

edge of the profile. A decrease in the curvature facilitates a 

decrease in the shock-wave intensity. This also facilitates a 

decrease in the thickness of the trailing edge. 

With increase in Mw from low subsonic speeds (M < 0.3-0.*O 
1 W1 

to high subsonic speeds, losses in the subsonic cascade are first 

decreased and then increased (see curves A and B on Pig. ^.2^). 

A decrease in losses is connected with a decrease in the boundary- 

layer thickness with an Increase in Mw , which leads to a decrease 

in the profile and tip losses. * 

Fig. A.21J. Dependence of the 
loss factor in the rotor 
cascade on M number: A) sub¬ 
sonic cascade; B) transonic 
cascade; C) supersonic cascade 
with converging-expansion 
channels designed according to 
the method of the normal shock ; 
1 - supersonic cascade with a 
channel of constant section 
designed according to the method 
of normal shock; 2 - supersonic 
cascade designed according to 
the method of stepped braking. 

The number , at which in the vane channel the speed of 

sound is reached, is called critical. An increase in losses 

in the cascade begins after the achievement of critical value 

and is connected with wave losses and the flow separation 

caused by shock waves. 

The rotor cascades designed for subsonic speeds of flow. 

Just as the subsonic nozzle cascades (see Section A.3.1.5), are 

made with a smoothly changing curvature of the back and face with 

a rounded leading edge. The greater the radius of rounding, the 
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ieöe nen3ltlve the cascade is to a change in the operating mode 
(angle of incidence). 

Subsonic velocities at the inlet into the rotor cascade 

correspond to precombustion-chamber turbines of the LPRE made 

reactive (with a small degree of reaction) or impulse. Subsonic 

usually also the flow at the inlet into the second stage of 

"he autonomous double-staged turbine with the velocity stages. 

Used as a rotor cascade of the reactive precombustion-chamber 

turbine are cascades of group A (see Pig. H.20a), which are used 

as nozzle (see Section ^.3.1.5). Subsonic impulse cascades are 

selected from cascades of group A (see further Fig. ^.27), given 
in an atlas [^], 

The cascades of group A have a smoothly convergent channel. 

-he pro file of these cascades is designed so that the working 

values M would be less than the critical number M* . 
1 w1 

As impulse cascades and cascades with small reaction, which 

have small span (h}]/bfí < 1.5-1.7), in which losses to the vortex 

pair are great, it is recommended to use cascades of group A 

fFlg. ^.25). The cascades of this group have an inlet nozzle 

divergent section (a^ > a^ and an outlet convergent section 

!an a2 ' * The entlre vane channel acquires the diverging- 

converging shape. In the initial section of such a channel the 

rotation of the flow occurs at the reduced velocity, and, there¬ 

fore, the transverse gradient of pressure is decreased. This 

leads to a decrease in the secondary losses (losses to the vortex 

pair). The convergent outlet section of the channel provides 

convergent flow on the tack in the oblique shear, which prevents 

fl°v; -eparation. Therefore, cascades Ah make it possible to 

increase the angle of rotation of the flow (decrease the angles 

3l-i anrJ e2p)* wlthout fearing flow separation and increasing the 
losses. With the small span of the blade cascades of group A 
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have less than 1.3-1.5 times the losses than the cascades of group 

A over a wide range of subsonic velocities (Pig. 4.26). 

Pig. 4.25. Rotor impulse cascade with 
diverging-converglng channels (group A). 

Pig. 4.26. Dependence of the 
loss factor on M number for 
the cascade of group A and 
cascade of group A when 

Vbn ■ °-9- 

Pig. 4.27. Spectrum of the flow in 
the subsonic rotor cascade (group A) 
at supersonic flow velocity at the 
inlet: 1, 2, 4, 5 - shock waves. 

The rotor cascade pitch and losses are determined in a 

similar way as the determination of corresponding values for 

nozzle cascades (see Section 4.3.1.5) - according to characteristics 

of the cascades given in atlas [4], 

The angle of the blade at the inlet is determined by the 

angle of the flow and angle of the attack: 

Pu* Pi -M. 
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From the velocity triangle (see Fig. 2.22) we have 

?i=*«rctg- 
CO$ — (aTC|) 

The angle of attack is selected depending on the shape of 

the t lade. For subsonic speeds the small negative angles of 

attack i * -2°- -6° correspond to the minimum profile losses. 

1 ‘ ^‘e P^itive angle of attack, the more considerable falls 

the pressure on the blade back, and total magnitude of the circum¬ 

ferential force increases (see Fig. 2.49). The flow at large 

positive angles of attack at subsonic speeds leads to great losses, 

since regions of the diffuser flow are increased (see points 1-6 
for 31 « 18° on Fig. 2.49). 

« 

Thus, losses with the flow around the profiles greatly depend 

on the angle of attack. Profiles with blunt rounded leading edges 

and dense cascades are less sensitive to a change in the angle of 

attack. Calculation of the effect of the angle of attack to losses 

U; the cascacie can be produced according to the approximate empirical 

dependence. Similar dependences are given in the atlas of profiles 

For the tentrtwe calculations in the presence of the impulse 

profile, the following equation for determining the decrease in 

the efficiency of cascade can be used (see source [I36]): 

-(^rr) ^ •>* 
(<0t 

■■here 3. and 8. 
1 Ip 

respectively; n 
the current and calculated flow angles, 

the calculated efficiency of the cascade. 

536 



- .PMiii "1 m i»--1 ..i-.-. 11 ... ....... iw«.....*. 

The outlet angle 02fl is selected depending on the degree of 

reaction of the cascade. In profiles of reaction cascades It Is 

always less than » and it is determined by the necessary values 

of $2’ In impulse cascades it is also advantageous to make the 

outlet angle somewhat less than that of the input; this will insure 

the small convergence of the vane channel and will favorably be 

reflected on the reduction in the magnitude of losses: 

K-K-irn 

^. 3•2.2. Streamline Plow and 
Profiling of Cascades at 
Supersonic Velocities 

The nature of the flow In the cascade is changed upon the 

reaching by the flow in front of the cascade of supersonic velocity. 

Figure 4.27 (see source [II8]) shows the pattern of flow by the 

supersonic flow around the airfoil cascade adapted for the operation 

at subsonic velocities (group A). The profile has a rounded-off 

leading edge and the back in the intake and in the oblique shear 

is curvilinear. 

In front of the leading edge there appears a bow shock wave 

1» whlch in intensity is close to a straight line. After the shock 

wave the flow remains supersonic. In flowing past the convex 

intake of the back, the flow is accelerated in the beam of the 

characteristics (dashed line) Just as with the flow around an 

obtuse angle. In the interaction of supersonic flow with the 

flow of '’ess velocity, which passed through the bow wave of the 

adjacent blade, the supersonic flow is braked. There appears 

the shock wave 2, after which the boundary-layer separation is 

observed. Shock waves 1 and 2 form a A-shaped bow wave, after 

which the velocity drops to subsonic, 

If pressure is sufficiently great, then in the oblique 

shear of the cascade the acceleration of flow will occur. As 
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a result of the great curvature of the outlet part of the back, 

the flow on the back will be accelerated In the beam of tne 

characteristics (flow of an obtuse angle). 

In flowing around the trailing edge of great curvature (thick 

edre) the supersonic flow is detached and braked. An edge shock 

3 appears. The disturbance from this shock leads to the appearance 

of a shock ¿4 on the edge of the concave side. At the place of 

r.cVlence In this shock on the adjacent blade shock 5 is formed. 

After shock 5, due to the great curvature of the back, the flow 

will be accelerated, being braked then in shock 3. 

Thus, 4n the cascade designed for subsonic velocities, at 

supersonic /eloclties there appear additional losses In shock 

.i/es (wav losses) and losses in connection with the boundary- 

layer separation. With a velocity increase of the Incident flow 

these losses rapidly increase. Hence there follows the need for 

the special profiling of blades for the supersonic flow of 

velocities . 

The examined pattern of flow (see Fig. 4.27) makes it possible 

o conclude that the outlet and outlet sections of the back should 

be made rectilinear for the elimination of the acceleration of 

flow with its subsequent stagnation in the shocks. The leading 

■•nd trailing edges are made sharp. 

In the atlas [4] for transonic speeds the cascades of group 

B (0.9 < Mv;^ < 1.2) are recommended (Fig. 4.28), and for super- 

ccn-c velocities (Mw^ •* 1.2-1,8) - the cascade of group C (see 

further- Fig. 4.30a). The supersonic velocities of the flow of 

the rotor cascade correspond to autonomous turbines of LPRE. 

V ecv turbines are made impulse. 

.ne cascades of group B (see Fig. 4.28) are characterized by 

leading and trailing edges with small radii of rounding off and 
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Fig. 4.28. Rotor impulse cascade 
designed for transonic and low 
supersonic flow velocities (group 
B ). 

smoothly converging vane channels. The cascades of group B are 

designed according to the method of the normal shock. When 

Mw. > 1 ln front of the cascade the flow is braked in a normal 

shèck (Fig. **.29) and then is accelerated up to the sonic speed 

in the throat and supersonic speed in the oblique shear. In the 

region of the trailing edge shocks appear (similar to the profile 

of group A, see Fig. 4.27). However, the intensity of the shocks 

is less here, since the curvature of the back in the oblique shear 

is less than that in the cascade of group A. Losses in the cas¬ 

cades of group B are small. When M > 1 losses in the cascade 
„ W1 

of group B are considerably less than those in the cascade of 

group A, and at subsonic velocities - it is the opposite (see 
Fig. 4.24). 

For high supersonic velocities (M - 1.2-1.8) in the atlas 
W1 

[4] cascades of group C, designed Just as the cascade of group 

B, according to the method of the normal shock, are recommended. 

The supersonic flow (Fig. 4.30a) is braked in the oblique 

shock 1 and then in the normal shock 2. The vane channel is 

convergent-divergent. In the initial convergent part the rotation 

of the flow at low subsonic velocities occurs. In the minimum 

cross section the speed of sound is reached. Then the flow is 

accelerated to the supersonic velocity in the divergent section 

of the channel and in the oblique section. The inlet and outlet 

parts of the back of the profile are made rectilinear. The contrac¬ 

tion ratio of the channel and the expansion ratio of the channel 



Klg. ^.29. Spectrum or cascade flow 
of group B at the supersonic Inlet 
velocity . 

a) b) c) 

Pig- ^.30. Rotor Impulse cascades 
designed for high supersonic flow 
velocities: a) cascade designed 
from the method of the normal shock 
(group C); b) cascade designed from 
the method of stepped stagnation; 
cl cascade designed from the method 
of smooth stagnation along the 
concave Initial section of the back. 

ar, selected at M. 

a. A) 
* 1-5-1.8 within the following limits: 

2/ -m X :u «p/am - 1-15-1.25. 

n previous designs of supersonic turbines cascades w<th 

C?mnn<?lr °f COnstant se2tl°" were used. In this case after the 

no* ■ snock prior to the beginning of the oblique section, the 

sui *;mic flow Is braked because of friction, and orly in the 

’ :,i ■,JCt'on is the now accelerated to supersonic velocity. 

°‘Vt ,0‘’ experler.ce shows that such an organization of the flow 

or ; ,.ei 1 y 'renter losses than in the convergent-divergent 

OïMC-xdes (see Fig. k.M), The use of convergent-divergent cas¬ 

cades of group C in turbines of LPRE is more preferable. 
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Besides the method of the normal shock, on the basis of which 

designed are the cascades of groups B and C, included in the atlas 

of the profiles [4], for calculating supersonic cascades (M > 
W1 

> 1.2) there are the method of stopped braking in the system of 

shocks (see Fig. ^.30b) and the method of smooth stagnation along 

the concave initial section of the back (see Fig. 4.30c) (see 

source [4, 118]). During the calculation, according to these 

methods the stagnation of flow is organized in the system of 

shocks consisting of several oblique shocks closed by a normal 

shock. After the normal shock, Just as in the case of cascades 

of group C, the subsonic flow is accelerated in the convergent- 

divergent channel up to supersonic velocity. Thus, in the channel 

mixed flow takes place: first subsonic and then supersonic. 

The cascade can be designed in such a way that the flow over 

the entire length of the vane channel is supersonic (see sources 

[4, 373). Figure 4.31 (see source [146]) shows the spectrum of 

flow in such a cascade. At the inlet into the cascade an oblique 

shock wave is formed, after which the supersonic flow is turned 

by the vane channel to a preset angle. In the channel the super¬ 

sonic flow is accompanied by the compression and rarefaction waves, 

which are seen on Fig. 4.31. 

The methods of stepped braking, smooth stagnation and the 

method of supersonic flow in the channel make it possible to 

design cascades having less losses at M > 1,4-1.5 than those 
W1 

of cascades calculated in the method of the normal shock (see 

Fig. 4.24). However, such cascades are more sensitive to a change 

in the operating mode. With a change in M and the incidence 
W1 

the calculated system of shocks is disturbed, and the losses 

increase sharply. 





.. ' . 

^.3.2.3. Determination of tne Angle of 
Departure from the Cascade with the 
Flow of Has about it at Supersonic 
Speed 

With the flow around the cascade of impulse profiles by 

supersonic flow, the outlet angle from cascade (Fig. *4.32) 

can be accurately determined by experimental means (see source 

[*4]). For its approximate computations it can be found from the 

continuity equation recorded for the averaged parameters. 

For the cross Section l-l (see Fig. *4.32) and cross section 

2-2 behind cascade (theoretically at infinity), it is possible 

to write (at the constant height of the cascade): 

V/('*,)/«l»fj. (*4.57) 

From expression (*4.57) we will obtain 

»l»,s . (*4.58) 

*4.3.2.4. Conditions of "Blocking" 
of the Rotor Cascade 

As was noted in Section 4.3.2.1, in the minimum cross section 

of the nozzle cascade with the critical pressure ratio (6, • 6 ) 
1 Hp/ 

the speed of sound is established; in this case the flow rate 

reaches the maximum value at the assigned parameters at the inlet 

Po and T3 • An increase in the pressure ratio (6. > 6 ) leads t 
X H p 

expansion of the gas in tne oblique section without a change in 

the flow rate through the cascade, i.e., the cascade is 

"blocked" without passing the flow rate more than the maximum. 

Conditions of "blocking" can also take place in the rotor 
cascade. 
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4.32. Determination 
of the angle of departure 
of the flow form the im¬ 
pulse cascade. 



Let us find the condition determining the conditions of 

"blocking" with constant initial pressure p» and temperature T* 
w Wj w1 * 

considering the cross section a^-a^^ (see Pig. 4.32) as the minimum 

cross section of the vane channel. From the continuity equation 

let us determine the dependence of the current density in cross 

section a -a from the initial parameters: 
m m 

■iln,¾. =.-(/(). )/i„: 
m m 

,/(/„. }•- 
"• * ■,«-» 

(4.59) 

where o is the coefficient of total pressure for the flow from 
a m 

inlet to the cross section a-a . m m 

The relation 

</('.», ) I (4.60) 

corresponds to the possible (including sonic) flows in the 

minimum cross section of the cascade, i.e., with the maintaining 

of this relation the cascade is flowed around without "blocking. 

The relation 

(4.61) 

determines conditions vihich cannot be real’scd, i.e., it is 

the condition of "blocking" of the rotor cascade. The assigned 

flow rate in this case cannot be passed through the cascade. 

With "blocking" in the case of supersonic flow the reference 

system of shocks is disturbed, and, as a rule, in front of 

the cascade a normal shock appears. 



Conditions of "ilocking" Cq(*w ) > 1] ia undesirable, since 
â m 

it leads to added losses. In the designing of its stage it is 

poj. itie to avoid, in selecting the angle the area of the 

minimum cross section and the cascade pitch in order to Insure 

the relation (4.60). 

Let us note that conditions of "blocking" can appear also in 

the off-design operating inodes. 

4.3.3. HEIGHT AND WIDTH OF CASCADE 
AXIAL CLEARANCE 

--:-3.). Height and the Width of 
A nizle Cascade. Degree of 
Admission 

Che height of the nozzle blades is determined by the flow 

rate of the gas which must be passed through the cascade. 

Let us write equation (4.37) for parameters In the cross 

section after the cascade where the flow was equalized: 

ft - -a/) h, '¡"«t- (4.62) 

From equation (4.62) hc is determined: 

'/ \ fir: 
70 p (4.63) 

wher'v 0, Is the coefficient of total pressure from the inlet to 

the calculated cross section. 
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The coefficient of total pressure Is determined according 

to wind-tunnel tests directly or In terms of the speed factor ¢. 

The coefficient $ Is determined from the loss factor ç, the value 

of which is found by the characteristics of the selected nozzle 
cascade (see source [4]). 

It 1?. desirable to have a great height of the nozzle, since 

secondary losses will be less at greater height of the nozzle. 

The dependence of the speed factor of the cascade (taking 

into account secondary losses) on the relative height of the 

nozzle is represented by the graph given on Fig. 4.33. If the 

height of the nozzles is less than 8-12 mm, then usually one 

should turn to the gas feed not over the entire circumference 

but over part of it (partial admission); in this case the stage 

should he made Impulse. Turbines with partial admission are 

usually autonomous turbines of the [LPHE] (WPß). 

Fig- 4.33. Approximate dependence 
of the velocity factor of the con¬ 
verging cascade on the relative 
height of the nozzle. 

Let us introduce the concept about the degree of admission 

for the nozzle cascade. Let us define the degree of admission 

as the ratio of the arc occupied by the nozzle cascade to the 

length of the circumference according to the mean diameter: 

*n(p (4.64) 
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'1 l' < ^ equat Ion (^.63) takes the following form: 

h 

'IK 
, "J _ 
\(Vm sin<X| ( ^.65) 

hence 

■ ~ • ~ * 1 ■' ■.» V ’ 9 J 
"v ,''.-|./,l),iV(',.t) »1 *lna| 

it 3.5 necessary to keep in mind that with the assigned 

iiow rate through the turbine there is an optimum, with respect 

tc ei’flciency, degree of admission (height of the nozzle blades) 
<see further Section 4.5./1.2). 

For thi converging nozzle cascades of small height, it is 

advantageous to shape specially the meridian section (Pig. 4.34). 

In cascade- with the compression of the outlet section in the 

meridian p ane, the convergent flow on the back in the oblique 

section is provided, and the point of the minimum of pressure 

lu shi.t.d to t.je trailing edge. A pressure difference between 

the face and the back in the region of the maximum curvature is 

decreased, and the Intensity of the secondary flows is reduced. 

Th> efficiency of the turbine is usually increased in this 
-‘a.- cy 1-1.5¾ (see source [3]). 

1 , hn - h ^ 
*.ie optimum value of compression — ^ 0.3-0.6 at 

c 

‘V'c “ (where tc Is the airfoil chord). 

At the low height of the nozzle cascade for a decrease in 1 

i-sses to tee vortex pair, one should decrease the blade chord (s< 

-V striving to insure hc/t>c > 1 (see Fig. 4.33). 



Pig. MU. Profiling of 
the meridian section of 
the nozzle cascade of low 
height. 

In this case the blade chord is selected at a minimum from tech¬ 

nological considerations (b„ > 8-15 mm). 

Nozzle blades of the precombustion-chamber turbines have 

a sufficiently high height, and therefore their chord is accepted 

usually larger than that of autonomous turbines (b > 15-30 mm). 

4.3.3.2. Height of Conical Nozzles. 
Quantity of Nozzles 

In autonomous partial-admission turbine of LPRE, as a rule, 

nozzle cascades consisting of separate conical nozzles are used 

(see Pig. 4.23). It is advantageous to begin the calculation 

of such nozzle cascades from the determination of the total area 

of the minimum (critical) cross section Pmln - zcfmln [see equation 

(4.40)]. 

After the determination of Fmln we determine the nozzle 

expansion ratio according to equation (4.53). Por design 

conditions we usually assume that «0^ i.e.,in nhe design 

conditions expansion in the oblique section is not provided for 

in view of the small expansion ability of the section. 

Por multimode turbines of the LPRE operating in off-design 

conditions, with the degrees of the pressure drop which exceed 
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those calculated It is advantageous to select the expansion 

ratio of the nozzles at 15-20¾ less than that which is obtained 

as a result of’ the calculation according to equation (4.53). 

The cross-sectional area of the nozzles l'-l' (see Fig. 4.23) 
1 determined according to the found expansion ratio: 

(4.67) 

The ar.-^a of the nozzle outlet Fp - F.'/sin a, (where a 
ci ir lr 

-r the ^ngle of inclination of the nozzle axis). 

height of nozzle cascade hcis the dimension of the radial 

arris of the ellipse in the nozzle outlet section (Fig. 4.35). 

he maj;r axis of the ellipse is connected with h, by the relation 

and the area of the nozzle outlet is determined according to 
equation 

hel®ht of the nozzle (hc)opt at which the degree 

c admission is optimum and the efficiency of the turbine reaches 

a maximum is determined according to equation (4.132), assuming 
that 

quantity of the nozzles will be determined by the expression 

/. r *.0« - ~ -p— . 
4 4 »In ai. 

(4.68) 

n (see further Section 4.5.4.2). Then the optimum 
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or, having substituted expressions (4.67) and (4.68), we obtain 

(4.69) 

By rounding off the number of the nozzles to the smaller integer, 

let us refine the height of the nozzles h . 
c 

For nozzle cascades comprised of conical nozzles, the 

degree of admission is the ratio of the total area of the nozzle 

outlet to the area of the ring with width of h : 
c 

(4.70) 

The diameter of the cone in cross section I’-l* (see Fig. 4.23) 

is equal to hc. Let us find the diameter of the minimum cross 

section from value Fnln and the number of the nozzles: 

Sometimes, for purposes of decreasing the area between the 

nozzles (see Section 4.5.2.2), the nozzles are arranged so that 

their outlet sections would partially overlap (see Fig. 4.35). 

With considerable overlap the losses will increase in connection 

with the intersection of the Jets escaping from the adjacent 

nozzles. Therefore, the relative overlap 

should not exceed 0.02 (see source [145]). 



—.... ' ' ——™ 

^.35. Segment of conical nozzles with 
the overlap of the outlet sections. 

^.3.3.3. Height and Width of the 
Rotor Cascade 

The height of the rotor blade at the inlet is determined 

according to value of the height of the nozzle cascade (conical 

nozzle), increased by the dimension of the overlaps, (Fig. 4.36): 

Au~A,-UV}-AA.„ (4.71) 

where Ahn and ¿höT are the overlaps of the rotor blade, in 

comparison with the nozzle, on the periphery and near the hub, 
respectively. 

The overlaps ¿hn ¡nd Ah&.r are introduced in order, with 

technological error." in the relative location of the nozzle 

cascade and wheel and with shaft tie flections, to insure the 

unimpeded gas flow from the nozzle cascade into the wheel. 

An experiment shows (see source [2]) that for a decrease 

in losses, ir. the Impulse subsonic and supersonic stages the 



Pig. ¢.36. Meridian section of the 
rotor wheel. 

overlaps should be a minimum. It Is possible to accept an overlap 

on the periphery of 1-2 mm and at the hub - 0.1 mm. 

In reaction turbines it is also advantageous to introduce 

overlaps (see source [120]). On the periphery the overlap should 

be made more, the higher the degree of reaction and the axial 

clearance: usually Ahn ■ 2-H mm; Ah§T ■ 1-2 mm. 

The height at outlet from the rotor cascade is calculated 

on the basis of the continuity equation: 

(¢.72) 

where 0' - flow rate, taking into account leakages or inleakage. 

Prom the conservation equation, recorded for cross sections 

at the inlet into the blades and at the outlet from them, we 
have the ratio 
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Consequently, the greater pj will be than p2, the less will 

be than cand the greater h?n will be than h^. For reaction 

blades, aj a result of the expansion of gas, always > p^. 

For Impulse blades, as a result of preheating because of the 

heat of friction, we also have pj > p2. The axial velocity at 

the outlet for Impulse turbines is less than that at the inlet, 

as a result of a decrease In the velocity w (w- < w, and c„ < c, 
¿1 2z lz 

For reactive blades a decrease In the angle leads to 

reduction In o^, and an increase in velocity w2 increases the 

value c?2. 

When h2il > h^ (which is especially characteristic for 

impulse blades) the meridian section is made expanded. It 

is advantageous to limit the angle of expansion as was shown 

in Section 2.13.2.1(X < 15o-20°,see Fig. 2.86). Sometimes, 

taking into account the overlaps, the span of the blade at the 

ii let is equrl to its span at the outlet: h, ■ h^ . If too 

large an overlap is taken, then according to the calculation 

^2n < ^l/i can obtained. Virtually in this case the overlap 

Is decreased, and h2f = hln is accepted. 

With short and wide blades the profiling of their meridian 

section should be made with a narrowed average section 

(Pig. ^.37). The introduced convergence in the Initial section 

can reduce the secondary losses as a result of the thinning of 

the boundary layer on limiting surfaces. 

With short blades the secondary losses will be more. The 

velocity factor, which considers profile losses and secondary 



Pig. 4.37. Profiling of the 
meridian section of the rotor 

hu cascade of low height. 

losses, will be lowered notlc»ably with a decrease in the height 

of the blades (see Fig. 4.38, taken from work [17], where data 

on velocity factors Y are given). 

Pig. 4.38. Approximate de¬ 
pendence of velocity factor 
ip for impulse profiles on 
the relative height of the 
blade. 

Short rotor blades, Just as the nozzle blades, should be 

made narrow, providing ratios blfl/bn > 1. The width of the 

shorn blades should be selected at a minimum from technological 

considerations (8-15 mm). 

Losses connected with the finite length of the blade - 

mainly losses to the vortex pair - can be taken into account 

by a decrease in the efficiency of the rotor cascade 

(0.7 Mw < 1*5) (see source [138]): 
1 
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wherv • la the width of the blade. 

..M.th an Increase In the M number, losses to the vortex 
1 

pair are decreased, since the boundary-layer thickness on the 

limiting suri aces and blades Is decreased. 

For short Hades It is advantageoub to have a closed 

radial clearance, l.e., tc use shrouds for the overlap of the 

vane channel on the periphery (fee Fig. ¿1.36) and the prevention 

of gas overflow from the face tc the back. The efficiency of 

the turbine from the use of a shroud can be raised by 5-10S 

(see source [129]). Limitation for the use of blades with 

a shroud Is the fact that the shroud Increases the Inertia mass, 

and forces from the centrifugal forces of Inertia sharply 
Increase. 

In turbines of LPRE which have comparatively short blades 

(which Is explained by the low volumetric gas flow rate). It is 

advantageous to use shrouds. The use of shrouds with long 

blades and also during partial admission Is advantageous for 

the prevention of vibrations of the blades, since the shroud 

Increases the rigidity of the wheel. 

In rotor blades the shroud, of course, does not remove 

overflowing through the radial clearance above the shroud In an 

axial direction under the action of a pressure difference at 

the inlet into the cascade and at the outlet from it. 

If the shroud cannot be used according to the conditions of 

strength, then radial clearance should be made as minimum as 

permissible. Usually it is selected in order that in the heated 

state a clearance of 0.4-0.6 mm would be guaranteed. 
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The expression for the velocity coefficient of rotor blades 

with a shroud at supersonic velocities can approximately be 

presented In the form (see source [1351) 

■'t ~[ I - I -^/) I « - l)j[ I - n.«l~ J. (^.73) 

The first term in equation (^.73) considers friction losses 

and vortex formation during the flow around the blade, the 

second term - the wave losses (when M < 1 this term should 
W1 " 

be taken equal to unity) and the third term - tip losses in 

the cascade. The first two terms together characterise profile 

losses of the cascade with the supersonic flow of the rotor-wheel 

blades. 

Let us recall that the blades of autonomous turbines of LPRE 

are relatively short (D /h > 10). Therefore, they are made with 
cp /1 

respect to height. Blades of the precombustion-chamber turbines 

when D /h < 5-8 should be shaped over the radius (see Section 
cp n 

2.11.2). 

4.3.3.4. Determination of Axial 
Clearance 

An increase in the axial clearance As (see Pig. 4.36) between 

the nozzle cascade and the rotor cascade leads to the equalizing 

of the flow velocities at the inlet into the wheel. However, 

an increase in the axial clearance increases friction losses 

in the clearance and also the inleakage or leakage of the gas. 

The latter fact proves to be the determining one for autonomous 
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turbines of LPRE where the seal on the axial clearance is absent. 

With partial feed the gas through the axial clearance averflows 

on the arc not occupied with nozzles to the turbine exhaust. 

This leads to a drop in the efficiency of the turbine. 

Figure 4.39 gives the experimental dependence of the efficiency 

ior the autonomous turbine with partial admission from the axial 

clearance. It is evident that with an increase in the clearance 

the efficiency falls. Therefore, in partial-admission turbines 

the axial clearance is made as minimum as permissible in order 

to provide a reliable operation in a hot state, i.e., under 

conditions when temperature strains are developed. In a cold 
state this clearance is 2-3 mm. 

Fig. 4.39. Dependence of 
efficiency on axial clear¬ 
ance for a high-pressure 
turbine with partia] ad¬ 
mission (e ■ 0.3). 

Figure 4.40 gives results of experiments which reveal the 

effect of the axial clearance on the efficiency of the turbine 

with a full feed (precombustion-chamber turbine). The calculated 

reaction of the turbine at the mean diameter was 0.25. The 

radial clearance between the shroud of the blade and housing was 

2 mm. The efiect of the axial clearance on the efficiency of 

the turbine is considerable; the optimum amount of the clearance 

lo clearly revealed. Usually for precombusticn-chamber turbines 

the axial clearance is selected from design considerations in the 
range of 4-6 mm. 



Kr 

Pig. 4.4o. Dependence of 
efficiency on the axiãl 
clearance for low-pressure 
turbine. 

4.3.4. FEATURES OF THE CASCADE 
FLOW OF RADIAL-AXIAL INWARD- 
FLOW TURBINES AND METHODS OF 
THEIR DESIGN 

4.3.4.1. Fixed Circular Cascades 
(Nozzle) 

In circular turbine cascades (Fig. 4.41) the flow lines in 

front of the cascade and after the cascade will be spirals, 

and therefore trailing edge of the blade bae,: is delineated on 

a curve close to the logarithmic spiral (see Fi^. 4.4lb). 

Profiles simpler In a technological respect, forme* with the 

aid of three straight lines connected by circular arcs (see 

Fig. 4.4la), are used. A turbine with a nozzle cáscele composed 

of such profiles has a sufficiently high efficiency with pressure 

ratios ó < 2. 

In the nozzle cascade of a radial-flow turbine it is ad¬ 

vantageous to use profiles which are well recommended in an 

axial-flow turbine with reconstruction of them by the method of 

conformal mappings from the cascade into the circular. Recon¬ 

struction is produced with the aid of equations given in work 

[7]: 

where J.-i-; 

AMritt 
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Pig. 4.41. Different forms 
of circular cascades: a) 
with the profile of the 
blades formed by straight 
lines and circular arcs; b) 
with the profile of the 
blades the trailing edge of 
the back of which is outlined 
by the logarithmic curve; c) 
with the profile of blades 
obtained by the conformal 
mapping of the profile of the 
cascade on the circular 
region (profile from those 
presented in work [7]). 

X, y - coordinates of the initial profile; Tq - maximum 

radius of the cl cular cascade; ^ - the minimum radius of the 

circular cascade; r - the current radius of circular grating; 

b is the width of cascade. 

For an example Fig. 4.41c depicts the cascade changed 

over from a straight cascade. The information necessary for the 

construction of such profiles and data on the results of the 

testings are given in work [7]. Used an initial profile was 

the profile for the axial-flow turbine TS-2A. Cascades with 

profiles of such type operate well in varying conditions and make 

it possible without a noticeable change in magnitudes of 

losses to pass over from subsonic to supersonic conditions. The 

optimum value od the relative pitch according to the outside 

diameter for such profiles lies within limits of t‘1 ■ 0.5-0.7. 

In connection with the natural convergence during the flow 

to less radii, the angle of departure from the nozzles can be 
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large. Secondary loases In this case should be less than those 

of axial-flow turbines, since the turn of the flow will be not 

so steep. Th?.*!r value will be changed inversely proportional to 

the parameter h^/b. As a rule, in radial-flow turbines it is 

possible to use the lower heights (widths) of the nozsle blades 

hc than in axial-flow turbines, without fearing very great 

losses. 

At low heights of the nozzle blades (hc/b <0.3) the meridian 

profiling of the blades, similar to the meridian profiir „.f the 

nozzle cascades of axial-flow turbines (see Pig. 4.3U), can 
prove to be advisable. 

The relatlcnships used for determining the angle of departure 

of the flow from the cascade are valid also for the circular 

cascade. 

*•‘3.4.2. Rotor Wheels of Radial-Axial 
Inward-Plow Turbines 

General Considerations 

I he iorm of the interblade impeller channels depends on the 

relationship of diameters of the inlet and outlet and on the 

direction of blades at inlet and outlet. The basic requirement 

which must be made for obtaining minimum losses in the flow along 

the vane channels is the absence of diffuser flows. 

In comparison with the relative velocity in channels of the 

wheel of the axial-flow turbine, the relative velocity in 

channels of the wheel of the radial-axial turbine, with the 

Identical ratio of pressures for rotor wheels of both turbines, 

wi.V. be less. This is explained by the fact that only part of 
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the potential energy turns into kinetic energy, and its remaining 

part is transferred to the wheel with the moving of the gas to 

smaller radii in the field of Inertial forces. Because of the 

fact that the surface of the blades will be more, the pressure 

differential appearing per unit length of the blades cannot 

be very large. Therefore, secondary losses are decreased, 

which makes it possible to use radial wheels with a small width 

of the meridian section. This circumstance is important for 

the turbine of the LPRE, since the gas enters from the gas 

generator into the turbine with a low volume flow rate and, as 

a rule, the calculated width of the wheel at the inlet is small. 

Number of Blades and Blade Pitch 

Radial-axial wheels have a smaller number of blades than 

do the axial, since the number of blades is determined from the 

value of the optimum blade pitch at the outlet, l.e., where 

there occurs rotation of the flow. The outlet diameters of radial- 

axial wheels are small, and even with the small numbers of the 

blades there is provided great cascade density in the region of 

the outlet from the wheel, in the zone of the sharp turn of the 

flow. On the average outlet diameter the relative blade pitch 

can be selected from the smallest value for the axial-flow 
turbines: t ■ 0.^5-0.65. 

Profiling of the Meridian Section 

The width of the wheel at the inlet is determined by the 

value and angle of the inclinât 1er of the absolute outlet velocity 

from the nozzles. With the high densities of the working 

medium and moderate flow rates (low values of n ), it is 

desirable to increase the width of the wheel at the inlet. 

....—.. 
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This can be achieved, having decreased the velocity clm, selecting 

smaller angles of (up to 120-15°). If the width of the wheel 

in this case is less than H-6 mm, then partial admission is used. 
The width of the nozzle cascade is found from the equation of 

the flow rate according to the equation similar to equation (4.65) 

(4.74) 

The width of the wheel on the outside diameter 

Ay kf + Ak, (4.74a) 

where ûh is the overlap equal to 0.5-1.5 mm, 

For a smooth change in the meridian section the relation 

of the meridian velocity is assigned (see source [7]): 

*2i 
'-»-0,7 -1.1 
*ta 

with the assigned value c2m, the flow angle at the outlet 

from the wheel will be found from relation 

•I 

The height of the trailing edges is found by the equatior 

similar to equation (4.72): 

A], -« (4.75) 
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The width of the impeller vanes at the outlet b2r, (on 

diameter D2, see Fig. H.H2) is usually selected within limits 
(0.1-Q.2)Dr 

Fig. 4.Í42. Meridian section 
of the wheel of a radial 
inward-flow turbine. 

The contours of side surfaces of the rotor wheel are selected 

arbitrarily, but they should insure a smooth change in the flow 

areas. It is desirable to have at extreme points A and and 

B and (Fig. ^.42) a zero or small curvature. 

Profiling of the Bladen 

The optimum angle of attack for blades of the radial wheels 
is negative and consists of -10oto-20°. 

In the rotating wheel the flow undergoes the effect or 

the Coriolis forces uf inertia, deviating the flow relative to 

the wheel to the side of the rotation (see Fig, P.58). Therefore, 

at the inlet into the wheel it is advantageous to have a 

direction of relative velocity different from the direction of 

the blade, i.e., the vector of relative inlet velocity w should 

be displaced relative to the blades to the side opposite to the 
rotation. 
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By knowing from the inlet velocity triangle the flow di** 

rection in the relative motion - the flow angle let us 

f'nd the angle of the blade from the relation 

In practice (basically, this is dictated by considerations 

of strength) blades radial at the inlet (8ln ■ 90°) are most 

frequently used. The radial inlet (ß1;i - 900 ) requires a completely 

specific relationship of velocities u^/Cp taking into account 

the incidence [see equation (4.76) and Fig. 2.24)]: 

“■ • tu“»i- »'»«rtifH. (4.76a) 

With the assigned magnitude of the circular velocity the 

absolute velocity Cp and correspondingly, th<- pressure ratio, 

acquire a quite definite value. When u1 » 300 m/s and RtJ - 

■ (3-5^10^ .T/kg the value 6 should be equal to 1.15-1.35, 

Such values of the pressure ratio 6 are characteristic for the 

turbine with the gas feed into the combustion chamber. For 

turbines of the uncovered design such low pressure ratios are 

disadvantageous. This is one of the reasons why radial autonomous 

turbines are not usually used in LPRE. 

The trailing edge of the blade is made with the angle of 

bending back to the side opposite to the rotation. For obtaining 

a purely axial velocity (without the circular component) the 

angle of bending oack at the mean diameter is found from the 
relation 

f.65 

(4.76b) 



Angles ß2n on different radii are found from the relation 

(4.77) 

which corresponds to cju - 0 and c^. const. Experience shows 

that It is possible to use successfully radlal-axlal wheels 

made with a constant angle of bending back of the blades (, 

source [7]). 
,see 

The value D2cp is determined from design considerations, 

and frequently we select ï>2vp - (0.3-0.6^. 

relation 
The relative outlet veloclt- w, will be found from the 

¿..i « i -i I—!?+iLzA 
t T a •• (4.78) 

where 

--rfr*4 ß)'n (4.79) 

V ’rmined from equation i4.32) 
1 J ' 

Prom equation (4.78) we have 

•'ï- M'ï/.a.H *¡ (4.80) 
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The stagnation temperature in the process of flow over the 

wheel is decreased. The energy of the gas is lowered by the value 

of the potential energy corresponding to the transition of par¬ 

ticles of gas on smaller radii in the field of inertial forces 

of the rotary motion: 

(H.82) 

(see the representation of the process in the radial-flow turbine 

in i-s-diagram shown on Pig. 4.1*0. 

For precomputations of radial-axial turbines, it is possible 

to assume that » 0.86-0.92. 

Selection of Clearances 

The selection of clearances for radial-axial turbines is 

based on experimental data. Experiments (see source [131]) showed 

the weak dependence of the effectiveness of the turbine on the 

value of the axial clearance. This is one of the advantages of 

a radial-flow turbine. The clearance can be selected within 

limit: of hr. ■ (0.5-0.15) , but it should always be more than 

0.5-1 rum. 

The weak effect of the axial clearance on the effectiveness 

of the turtine can Le explained by the fact that in the clearance 



the static pressure of the gas is greater than that in the 

wheel, since in the wheel with motion toward the center the static 

pressure rapidly falls. Therefore, the gas overflow through 

the top of blade and the gas escape along the radial part of 

the wall of the housing are restricted. The gas escape in this 

case will be determined b,r the clearance at the outlet from the 

wheel. 

Experiments show that the radial clearance at the outlet 

from che wheel (see Fig. *4.42) has a more considerable effect 

on the effectiveness of the turbine. The great effect Ar? on the 

effectiveness of the radial wheels is explained by the fact that 

j.n the region of the outlet there appear secondary flows connected 

with the radial clearance similar to flows in the axial-flow tur¬ 

bine. The radial clearance Ar? can be selected within limits 

of Ar^ * (0.015-0.03)hg (see Fig. 4.42), but it is not less than 

0.5-1 mm. 

The effect of the radial clearance Ar^ (see Fig. 4.42) is 

analogous to the effect of the axial clearance in axial-flow 

turbines; basically it is selected from design considerations 

and should be not less than 0.5-1 mm. 

On the basis of the effect of clearances established 

above, it can prove to be advisable to cover the blades with 

a shroud (double shrouded wheels, see further Fig. 4.52). 

4.4. CIRCULAR EFFICIENCY AND OPERAj'NG 
FACTOR OF THE STAGE OF THE TURBINE 

4.4.1. Derivation cf the Equation 
for Circular Efficiency 

In Section 2.15 the concept about the circular efficiency of 

the turbine was introduced. 
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Work on the circumference of the wheel Lu is less than the 

available energy by the value of losses of energy in the 

nozzle cascade [see equation (4.16)], losses in the rotor cas- 

cade [see equation (4.22)] and losses with the outlet velocity 

Lc * 0^/2: 

l.-C-lf-lt-i'. (4.83) 

We determine the circular efficiency of the stage of the 

turbine in the same way as we defined it in Section 2.15.1, i.e., 

as the ratio of the circular work of the wheel to the available 
adiabatic work: 

(4.84) 

The efficiency on the circumference of the wheel estimates 

the degree of utilization of the available work being converted 

into the useful work of the wheel, and considers the losses with 

the outlet velocity and hydraulic losses in flow area, including 

the profile, secondary and additional losses. Losses in the 

flow area of the turbine are estimated by values L. and L . 
♦ ♦ 

The hydraulic perfection of the flow area is determined by the 

hydraulic efficiency of the turbine (see Section 2.15.1), which 

is the ratio of the full circular work to the available adiabatic 
work : 

(4.85) 
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The value of the circular efficiency n largely define3 

the elfewtive efficiency of the turbine nr characterizing the 

perfection of the turbine as a drive engine (see Section 2.15.4). 

Ihe circular efficiency is especially rlmilar to the effective 

for the precombustion-chamber turbines of the LPRE, which, as a 

rule, are made with a full gas feed in the circumference of the 

wheel (e « 1' and therefore do not have the additional disk 

losses connected with the partiality (see further Section 4.5.2.2). 

Let us derive the dependence of the circular efficiency from 

parameters of the conditions and from design parameters for the 

stage of the turbine. They naturally will also refer to the 

single-stage turbine. Let us conduct the derivation in genera] 

form in order to obtain the dependence valid also for the radial 

and the axial-flow turbine with any degree of reactivity. 

In accordance with equation (2.28) and the velocity triangle 
given on Pig. 4.13, we can write: 

(4.86) 

(4.87) 

We transform equation (¿<.9) fcr p 

( '*.88) 

hence 
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(4.89) *;t— *> 

Having substituted the expression (4.89) into (4.87), we ob¬ 

tain 

•? 

Prom the outlet velocity triangle we have 

(4.90) 

(4.91) 

Having substituted the expression (4.91) into (4.90), we 

obtain 

(4.92) 

Bearing in mind equation (4.80), we obtain when using the 

relation «1*Mf f- 

Ü 
«i -y<*-93) 

Having substituted expression (4.93) into (4.92), we obtain 

the resultant expression for nu: 

>[«.«, -Í-ÍÍC0«>,X 

/' * ä - ( if n t / -1 í /|- (-.9-0 
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This expression for the circular efficiency is universal - 

it is correct for any form of the stage of the turbine and con¬ 

tains all parameters in dimensionless form. In accordance with 

equation (**.9*0 it can be concluded that the circular efficiency 

depends on the loss factor In the flovi area $ and , on 

design parameters, angles and ratio u^/Uj, the degree of 

the reaction c, and on the parameter of conditions 

¿he less the outlet flow angles anu the higher the 

efilciency, since the less the value of the outlet velocity 

w * * 1 be and the iess the losses with tl e outlet velocity. In 

practice the minimum values of a angles are linutea by the 

fact that with a strong redu-r on in their values the hydraulic 

losses increase. At small angles nl and ß2 the profile, secondary 

and edge losses are increased, since the length of the profile, 

the angle of turn and the thickness of the trailing edges in the 
plane of rotation are Increased, 

Figure 4.^3 gives graphs of the change In riu, depending 

on u1/c1, at different x-atios of the circular velocities u?/u;i 

and different degrees of reaction p.r (other parameters are 

accepted as being constant). It Is necessary to keep in mind 

that these graphic representations have a conditional quanti¬ 

tative nature, since the velocity factors i> and ÿ and angles 

°1 are connected with valuer u^; u^ and pt, and in the 

plotting of the graphs they ore ■ 
Furthermore, pt and u2/u] ax a- 

A change in p at constant u ,/u, 

is changed only us a result of a 

at-n as being constant. 

>. connected with each other’, 

means' that the degree of reaction 

change in relative velocity w„. 
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Pig. Jl.JJB. Dep-ndence of the circular effi¬ 
ciency nu on u1/c1 for different ratios of cir¬ 

cular velocity and different degrees of 

reaction of the turbine pT (♦ » 0.95; i|» ■ 0.9; 

■ 20° - from source [123]): a) pT - 0; 

b) pT ■ 0.25; c) pT ■ 0.5. 
573 



Although the graphs given on Fig. 4.^3 have a conditional 

nature, all the same they lake it possible to explain the 

quantitative effect of the parameter u^/cj on nu and the basic 

tendencies of the chance in n with a change in p . 
vi 7 

At low values of u^/u^ not at any value of Uj/Cj^ is it 

possible to obtain the rational value nu> This means that work 

of the inward-flow turbine (w? > 0) is possible only in such a 

case when the available energy of the flow in relative motion 

will be more than a decrease in the energy with the flow against 

tie direction of the centrifugal forces: 

The graphs given en Fig. I1.K3 show that there is always 

an optimum value of u^/c^, since the efficiency passes through the 

maximum. The less the value of u^/u^ at the assigned degree 

of reaction oT (and vice versa, the more pT at u2/u1 ■ const;, 

then at a large value of the minimum of losses and the 

maximum nu rake place. Consequently, radial, and generally 

reactive, turbines are used advantageously at large values of 

ul/cl* 

ihe express ion for nu with the independent selection of 

PT and 0? has an approximate nature, since pt and 62 should 

be connected with each other with a change in Uj/c^ 



When ■ 1 we obtain the following expression for the 

circular efficiency of the axial stage of the turbine: 

■£• ÍI-•*)(«<» a, 

Prom an examination of the graphs given on Pig. M.M3, 

plotted for ■ 1, it follows that the maximum efficiency 

with an Increase in pT is shifted to the 8l,de of larger values 

u1/c1 (nearer to unity). For real turbines a growth in r>u with 

an increase in pT will be observed* since coefficients + and 

for reaction turbines are higher than those for the impulse due 

to less outlet velocities from the nozzle cascade and at the 

inlet into the wheel. 

CIRCULAR EFFICIENCY OF THE 
ACTIVE STAGE OF THE TURBINE 

The expression for the impulse axial stage of the turbine 

(PT • 0, u2/u1 ■ 1): 

Let us derive the equation nu in another form, for which in 

equation (4.92) let us assume that pt » 0; let us replace 

ux - u2 - u and w2 with the product ijiw^ In turn, let us present 

W1 as Wiu/C08 ®1‘ 

575 



From the velocity triangle (see Fig. 2.22) we have 

<,«••• «I, M. 

taking Into account these relations, we obtain 

”• t, i*'"'1 "• -f")(• I -J'j. (^.97) 

This equation Is called the equation of Bankl [Translator's 

note: name not verifiedJ. In such a form the expression for 

nu ls convenient for analysis, since the ratio cos S^/cos 

¿■'r Impulse turbines virtually does not depend on u/c^, and it 

is close to unity. The outlet angle ß2 in the first approxi¬ 

mation is determined by the blade angle ^n, which is selected 

depending on ß^t. The angle ßjn» in turn, is determined by the 

angle of the flow ß: and the angle of attack. The relationship 

between B2p and ß1;), and also between ß1;] and ß^^ is selected 

independently of the value u/Cj. 

The value nu takes a zero value when u/Cj - 0 and when 

u/Cj * COS 01^. 

Assuming ¢. and to be Independent of u/c1, and also con- 

siderlng that 82 * B-,» hy differentiation let us determine the 

value u/c1 at -hioh the maximum nutakes place. 
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Prom the relation 

we obtain 

-JÖL-^0 

coiai-2'ffVi), «0; 

i' (4.98) 

The maximum efficiency of the active single-stage turbine 

takes place when u/Cj^ ■ cos In this case its value, which 

we will obtain, having substituted Into equation (4.97) cos a^/2 

Instead of u/c^ Is equal to 

(4.99) 

Figure 4.44 shows the approximate form of the dependence 

nu ■ fU/c.) for the impulse single-stage turbine when L* ■ const. 

For clarity plotted there are the relative portions of power losses 

with flow in the nozzle cascade L./L ^ and with the flow around 

• * ** 
the blades WLmK. 

sa 

Losses In the nozzle cascade do not depend on ratio u/c^ 

but losses in the rotor wheel depend on it: 



t 4f <• M M V<i 

Pig. 4.411. Dependence of 
losses and circular effi¬ 
ciency of the impulse tur¬ 
bine on Uj/c^. 

Having replaced Wj with the value wlu/cos ßj, and v»lü ■ 

■ cos a^-u^, we obtain 

(4.100) 

The value n, ! (/.,/**) determines the hydraulic efficiency of 
the turbine. The dependence affects the nature of 

change in and from u/c^ 

The value nu max is reached when u/c1 ■ cos 0^/2, and the 

minimum of losses with the outlet velocity lies somewhat more to 

the left, but it is virtually very close to this value u/c^. 

For an ideal impulse turbine, i.e., on the assumption that 
the hydraulic losses are absent ^ ■ 1), the optimum with re¬ 
spect to u/Cj will remain the following: 

(dL) 
\ ’I» (Ml 2 

(4.101) 

i.e., it does not depend on the magnitude of the losses. 



If 

Let us note that the relation (4.101) directly results from 

the velocity triangle constructed on Pig. 4.45. With an axial 

outlet (c2u - 0) the relation 2(u/c1) 

i.e., relation (4.101). 

cos is obtained. 

Pig. 4.45. Velocity triangle 
for an ideal impulse turbine. 

Conditions with respect to u1/c1 for the maximum of the effi- 

ciency nu and for the minimum of losses with the outlet velocity 

for an ideal turbine coincide. The maximum circular efficiency 

of such a turbine in value will be equal to cos2^ [see equation 

(4.99)]. Correspondingly, the relative value of velocity losses 

in this case will be 

L, _ <\ 2 
-T~- I ” * Wg t 
f| 2 

1 —CO*,a,=^*ln*«,. 

From equation (4.97) it follows that the value nu of the 

impulse stage is greatly affected by o1 - the angle of inclination 

of the vector of absolute velocity c^. The less o^, then 

(at constant 4» and ¢) the higher the efficiency nu. But, taking 

into account the losses, in cascades the optimum value of the 

angle is found with limits of 15°-20°. 

Figure 4.46 gives the dependence nu ■ f(u/c1) obtained by 

calculation at different angles of oij for the impulse turbine 
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Fig. 4.46. Dependence of circu¬ 
lar efficiency on u^/c^ for the 

impulse turbine at different 
angles of o^. 

• • t.t <♦ i,t o,t i,t u/e, 

with a variable value » f(u/c1); in this case ^ ■ ß2 “ 8* 

Value it is taken not as constant but dependent on the angle ß 

(actually, according to the sum of the angles 8^^ + ß2, see 

the graph in the left corner of (Fig. 4.46). For greater 

clarity the dependence of on ot^ is shown separately 

in the right corner of Fig. 4.46. 

Let us discuss the question of the determination of the 

optimum u/c1 for the reaction turbine. From the graph given 

on Fig. 4.43, it follows that the greater the degree of reactior 

for the axlal-flcw turbine, the larger the value the optimum 

value u/c1 is (corresponding to nu max). For clarity let us 

determine the optimum value u/c1 for the special case 

PT » 0.5 (clz “ Oq = w1). Let us construct the velocity 

triangle for this case, disregarding the hydraulic losses 

(Fig. 4.47). From the construction it follows that when 
c 2n 

(4.102) 
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Pig. 4.47. Velocity triangle 
for an ideal reaction turbine: 
PT ■ 0.5; c0 » w1. 

For the precomputations and selection of the optimum mode 

with respect to efficiency for the different degrees of reaction 

of the turbine, it is convenient to use the dependences 

’■.-/(»A*..). 

where 

(4.102a) 

Caji for the reactlon turbine is the fictitious velocity deter¬ 

mined with respect to the whole value of the available adiabatic 

work: 

r.*l ï-v,, 

for the impulse turbine 

(4.103) 

r.* (4.104) 

Then from expressions (4.98) and (4.102) we obtain: 

for vhe Impulse stage 

ri) »JÜSfLj (4.105) 
r, M4, 2 
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0.5) for the reactive stage (pT ■ 

»co»«i 

yT^‘ (^.106) 

Figure k.kQ gives the calculated dependences n. * f(u/c ). 
u 

With the calculations It Is accepted that ■ 24° as well as 

increase In t and \i> with an increase In pT. From the course of 

the curves given on Fig. 4.48 It follows that the greater the 

degree of reaction o , the more optimum the value u/c for 
an 

the efficiency n . The displacement of the optimum u/c 
a* nu 

with a change In u/c Is determined by the fact that with an 

Increase In the degree of reaction conditions of the minimum of 

losses with the outlet velocity corxesponds to larger values of 

u/caA [compare relation (4.105) and (4.106)]. 

Fig. 4.48. Dependence of the 
circular efficiency nu on 

u/Ca^ for stages of the tur¬ 

bine with a different degree 
of reaction pT (oij ■ 24°). 

0 <U «<• 4* V rf- 

4.4.3. COEFFICIENT OF CIRCULAR WORK 
OF THE TURBINE STAGE 

An important parameter for the turbines is the coefficient 

of circular work: 
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# _ Lt —*«•**»«. 
• ml m flt « (4.107) 

It characterizes the degree of the use of the permissible circular 

velocity. The permissible value of the circular velocity of 

turbines of the LPRE is defined by the overall dimensions, since 

the angular velocity is already assigned by the angular 

velocity of the pump. Usually u ■ 250-300 m/s, i.e., it does 

not reach the limiting value determined by the reserve of the 

strength and equal to u ■ 350-400 m/s. 

Por a decrease in the mass of the construction and reduction 

in the flow rate of the working medium, it is necessary to have 

high coefficients of circular work. This is especially important 

for autonomous turbines of LPRE (see Section 4.1.1). 

From equation (4.107) it follows that 

(4.108) 

having substituted here the expression (4.97) for nu, we obtain 

for the impulse turbine 

In the conditions n, ■ n,, we have («/<■ 
u u m ci X 

then for the impulse stage when t|> ■ 1 we obtain 
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r-or. equation (4.109) It is evident that with a decrease in 

i' ja' in spite ci the incidence nu in the region u/cM<feoaoi/2 

(see Fig. 4.44), due to an increase in losses with an outlet 

velocity and losses in the rotor wheel, the coefficient of 

circular work increases, since a decrease in u/c is connected 

with an increase in (u * const). When u/ca*A •» 0, Lu -► «. 

The dependence of Lu on u/c^ at different pT is represented 

on Fig. a.49. The dependence is obtained by the calculation 

according to equation (4.108) with the use of graphs given on 

Fig. 4.48.^ From Fig. 4.49 it follows that the nature of the 

change in Lu is identical for impulse and reactive stages. 

In autonomous turbines of LPRE for the purpose of decreasing 

tne gas flow rate, it^is attempted to insure the large values of 

the adiabatic work (L^ - max) (see Section 4.1.1). With the 

limited circular velocity small values of u/c « 0.03-0.3 

correspond to this requirement. ^ 

Figure 4.49 shows that at small values of u/c the Impulse 

single-stage turbine has larger values of the operating factor 

Lu and efficiency (see Fig. 4.48) than do the reactive single- 

stage turbine. Therefore, impulse turbines are used as autonomous 
turbines. 

The Precombustion-chamber turbines of LPRE, in connection 

with the high flow rates or the working medium, correspond to 
small adiabatic works (se- Section 4.1.2). Therefore, these 

turbines have large values u/c which exceed 0.5-0.6. Then 

(see Fig. 4.49) the use of reaction turbines as the precombustion- 

chamber becomes advisable: they have at large values of 



Fig. 4.49. Dependence of 
the coefficient of circu¬ 
lar work L on u/c for u afl 
stages of the turbine with 
a different degree of re¬ 
action p (a1 • 24°). 

u/caA values of L(J exceeding values of the operating factor for 

the Impulse turbine. 

However, for a decrease in axial thrust (see further 

Section 5.3.1»2) the precombustion-chamber turbines are fre¬ 

quently made impulse. In this case for an increase in Cu the 

ratio u/c is decreased by means of a decrease in the cir- 

cular veloc'.ty (decrease in D when w « const). cp 

4.5. LOSSES OF THE STAGE OF THE 
TURBINE 

Let us examine the losses connected with work of the stage 

as a whole. We will conditionally call these losses of the 

stage of the turbine. These losses include the losses connected 

with the leakage of the working medium from the flow area, disk 

losses (losses to friction against the gas of the disk and 

shroud and losses connected with partial admission) and 

mechanical losses. 
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Losses Conncected with Leakage 
of the Workir;t- Medium from the Flow 
Are- of the Stage of the Turbine 
Oxpenditur-; Losses) 

^he leakage of the working medium through clearances between 

the housing and the rotor wheel leads to a reduction in the work 

'f the turbine, haroing through the nozzle cascade is greater work¬ 

ing medium than .hrough the vane cascade of the rotor wheel. Since 

with calculation of the efficiency the work of the wheel refers to 

the adiabatic work of 1 ¡eg of the mass of the working medium, 

calculated fron: parameters at the inlet into the nozzle cascade, 

the value of lea/.age has an effect on the value of the effective 

efficiency (see Section 2.15.4). 

Fhrure 4.50 gives a diagram of the axial stage of the turbine, 

and the possible directions of leakages in it are shown. The 

leakage above the shroud determines that one of the clearances 

» Ar (axial r radial) which has a larger value (we will 

designate it A). 

Fig. 4.50. Diagram of the 
axial stage of a turbine 
and the possible directions 
of leakages in it. 

With a reduction in the axial clearance Az? the inleakago of 

the gas on the side of the shaft will be decreased. Located on 
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the shaft If a seal system, which prevents the penetration of 

the fuel component from the cavity of the pump Into the cavity 

of the turbine. However, a certain quantity of the component 

penetrates through the seals, and In the form of gas It enters in¬ 

to the flow area of the turbine through the clearance Az^. 

In the turbine without a shroud the losses connected with 

leakages are determined by the radial clearance Ar. These 

losses, other conditions being equal, will be more for a turbine 

without a shroud than for a turbine with a shroud, since, apart 

from a decrease in the flow rate through the cascade of the wheel, 

leakages through the radial clearance disturb the flow pattern 

In the peripheral cross sections of the Impeller vanes, making 

the effectiveness of their work worse (see Section 2.13.3). 

The leakages above the shroud of the axial stage are deter¬ 

mined by the clearance area, by a pressure differential in the 

peripheral cross section of the impeller vanes (the degree of 

reaction on the periphery pT by the density of the gas on 

the periphery pn and by Its outlet velocity from the nozzle 

cascade (s^e source [130]): 

0, r C'>!* nX 

--.. 1 -. - ( ¿I. 110 ) 

X 1 u,.h(I ' fi.**» 

where v Is the coefficient of flow rate of the clearance 
3c3 3 

leakages (Pig. J*.51j; A - clearance which Is minimum of clearances 

Az1 and Ar. 

Disregarding the change of the parameters with respect to 

height and the overlaps of the blades, and bearing in mind that 
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we obtain on the basis of expression (4.110) the following simple 
equation for calculating the leakages (c < 1): 

*i V 1 (».ui) 

The losse. connected with leakages for the axial stage of the 

turbine without a .-'hroud with a full gas feed (e * 1) are estimated 

by a decrease in the fall efficiency of the stage (see source 
[1251): 

'■'(»•'n n,._ 
U7,M.A,+ («.112) 

(£-C) at'^ are complete efficiencies, respectively, where h 

with zero clearance and fixed clearance. 

(4.111) and (4.112) is identical. 
The structure of equations 

/‘vu 

C.S 

Û.! r 

1 

% 

/ 

-- □ 2 
S S MM 

i’ig. 4.51. Dependence of 
the coefficient of flow 
rate of leakages through 
the clearance u on the 

333 

magnitude of the clearance 
for an axial-flow turbine 
with a shroud. 

xn turbines with the full feed (e * l) losses of the stage 

consist, on.y of ¿rtotlon losses of tr. disk. Their relative 

magnitude 1 snrili with c * 1, and therefore the correction 

given by +he equation 4.11p) can be considered as a correction 
to the circular efficiency: 
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r‘- 
lud-n) 

1,37( I + 1,60,)(1 + (^.113) 

v/here nu(A_o) anc) nu are circular efficiencies, respectively, with 

zero clearance and with the fixed clearance. 

Equation (4.113) can be used for estimating the losses 

connected with leakages In the axial stages without a shroud 

with partial admission (e < 1). 

In the radial-axial turbine of the turbopump unit the gas 

leakage occurs through the front axial clearance (see Fig. 4.42). 

Into the axial clearance between the rear disk and the housing 

can enter a certain quantity of the fuel component, which 

penetrates from the cavity of the pump through the seal system 

to the shaft (pump leakages). 

For a radial-axial turbine with a half unshrouded wheel 

(see Fig. 4.42) the effect of the axial clearance Is estimated 

by a decrease in the overall efficiency of the turbine (see 

source [142]): 

(4.114) 
’»Mâ-»* Vi» 

where Az and h are mean values of the axial clearance 
r.p /i.cp 

and span of the blade, respectively. 

For turbines with a double shrouded wheel a decrease In 

the gas leakage Is reached by means of the seal of radial 

clearance (Fig. 4.5?). 

With the subcritical pressure ratio corresponding to precom- 

bustion-chamber turbines of LPRE on the seal 6 = p /p,. 
y y 2 
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Fig. Diagram of leak¬ 
ages in the stage of a radial 
Inward-flow turbine with a 
double shrouded wheel. 

.where p i :: pressure In front of the seal; p2 - outlet pressure 

from t:.e ; th- l.-akag/.-. through the seal are calculated from 

equation '.MB"). 

'n connection with the low gas, velocities in the clearance, 

M g').: can be considered incompressible, and the pressure 

-an be estimated with the aid of the relations given in 

Fecticn 3-1- '-l, by substituting into equations instead of p2 

‘he pressure in frc nl f the turbine wheel and understanding 

by the density p the average density of the gas in the axial 

clearance. The stagnation temperature in the clearance can be 

taker, equal t<, the static temperature at the inlet into the wheel. 

With the approximate computations, In connection with the low 

density of the gas ana the usually small difference between the 

outside diameter of the wh- -..- and the diameter of the seal, it is 

[ 'it It tc t ; ke the pressure p equal to p.. 
y t 

Tne coefficient : the flow rate of the seal can be estimated 

according to equation .ee source [l4y]) 

(4.115) 

where X is the coeffMent dependent on the type of labyrinth 

seal (Fig. 4.53). 
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Pig. ^.53. Forms of labyrinth 
aeals; a) with triangular straight 
flanges; b) with Inclined flanges; 
c and d) complex labyrinths. 

The clearance Ó, is selected from design considerations. 
y 

Its magnitude should guarantee the absence of the Interference 

of the wheel against the housing with the heating of the wheel 

and deflections of the shaft. Usually at operating temperatures 

of the wheel and nousings, we take 6 2-b mm. The pitch of 

The height of the 

it veakly affects the 

the flanges ty is taken at ty > (10-15)6^ 

flanges is taken within limits of fl-17)6y 

coefficient of the flew rate u (see source [148]). The edges of 

the flanges should be made sharp. The thickness of the flange 

A is selected at the smallest possible. 

4.5.2. DISK LOSSES 

4.5.2.1. Friction Losses of the 
Disk and Shroud 

Friction losses of disk I! , In turbines are less in 
1 P • .A 

absolute value than those in pumps, since the density of the 

medium in the flow area and In the cavity between the housing 

and rotary disk of the turbines is less than that of the pumps. 
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Tiie fri ■?*. í n •: : the di a is calculated according to 

equation ..0. , where understood by diameter is the 

outside ii •v-.fter of the whee1 disk: for the axial-flow turbine 

'L ¿y,, KJ “ , -->2 ; . and for the inward-flow turbine with a double 
shrouded w- e M = i\ . q w c s .i i 

?'cr axia • -flow turbines with a large ratio D. /h, the 
c p In 

fri otlon r w ''ve r i hf.- external surfare of the shroud can comprise 

:i : 'cea:: . ra.^nlt . . I’li'. [. w-r is the power of the rotational 

resistancf t'r.e cylinder In t: -.1 cylinder, which can be calculated 

rV util: . ’n.: the anta .:1 ven ir. work [42]. 

The exoress.ion for the fri o Ion power of the shroud is 

written thus: 

' IC «V A’: (wj. (^.116) 

where is "e width of the shroud; DöäMifl = Dcp+ hln Is the 

outside díameItr f th > shrouded wheel; C is the coefficient 
, . Gana 

oí iriction of the sh roud. 

When 2Ar/D ß o h q • •i'- " 1 1/:- 0-, Ar is the radial clearance 

be’:w "Hi the wheel and hou ing) C,. ^ , .:an bo presented in the 

c. n,i 

I‘,,,, ir 

Vv 

• • ....-. »os«es C , ■ nect e : with 
Partlal hJ■. ! rr! on 

In turbine;- of Li 1 ' - ' r1 • h'ii : Ion is frequently used. 

In autonomous tor-! . n< - r w In: a-h-; 1:,: .t Ion is used especially 



frequently, since with the low flow rate of the working medium 

in the case of the gas feed over the entire circumference the 

height of the nozzle and rotor blades would be very small and the 

gas flow in vane channels would be accompanied by great losses 

(great tip losses). 

In precomb'istion-chamber turbines the partial admission 

can also be used, since as a result of the high density of the 
p 

working medium (pj > 12-15 MN/m ) the low volume flow rate 

does not manage to pass over the entire circumference of the 

turbine with the acceptable height of the blades. 

Although the partial admission is undesirable, since it 

causes additional energy losses, sometimes its use is unavoidable, 

since the low height of the blades leads to even greater losses. 

Let us examine which energy losses are connected with the partial 

admission. 

The gas flow through the vane cascade with partial admission 

has a complex nature. With motion of the blades on the arc not 

occupied with nozzles, the mixing of the gas by the blades takes 

place; in this case friction of edges of the blades against 

the gas occurs. 

The flow pattern in the inoperative blades depends on the 

velocity of the gas coming out of the nozzles. At subsonic 

velocities the reverse gas flow can exist along the vane channels 

during their movement along the dead-end wall. The reverse 

gas flow can be explained to any degree by the dissymmetry of the 

blade shape, but mainly it is associated with the fact that in 

impulse turbines in the clearance between the wheel and the nozzle 

cascade there can be uniform pressure p^, which in lower than the 

outlet pressure p£ (Fig. ^.5^) as a result of the ejecting action 



Fig. Diagram of the stage
of the turbine with the partial 
gas feed.

of the Jet escaping from the nozzle. In connection with this Ir 
impu se subsonic tux-bines It is ;;d\-antageous to have the intro­

duction of the small reaction » .02-0.05, at which
pressures and can be equalized in spite of the ejecting 
action of the Jet.

s|

Let us note that the use of axial-flow turbines with the 
|44<react3cn > 0.05 with partial admls.sion is not Justified,

since the gas will spread over the axial clearance, and the flow 
around the rotor blades on ti;e arc not occupied with nozzles will 
be off-design, i.e., it will be accompanied by great losses.

At the subsonic velocities of outflow from nozzle, for 
a decrease in the backflow of the gas from the nonoperative side 
over an arc nor cceuplea with nozzles, we place a deflector (on 
Pig. 4.5^4 it Is .shown by a dashed line).

The flow pattern in the partial stage becomes complicated by 
the fact that the gas escaping r-^cm the nozzles, !n being 
encountered with the blades -which came from the nonoperative 
zone, the vane eiianneis cf which are filled by the stagnation 
gas (in any case, moving at low velocities, - on Fig. 4.55 these 
charnels are shaded Into cage), transfers part of its energy to 
this •

iJ
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Fig. 4.55. Diagram of the 
gas flow with the partial 
admission. 

It is obvious that the process of ’’filling" of the vane 

channels and "ejection" will periodically be repeated if the 

gas feed is achieved by several groups of nozzles. Hence, for 

the reduction in losses on boundaries of the feed, it is ad¬ 

vantageous to place the nozzles in the partial-admission turbine 

in one segment and not scatter them on the circumference. True, 

the unsymmetric arrangement of the nozzles leads to the uneven 

distribution of the forces acting on the rotor wheel and the 

emergence of the radial stress (see Section 5.3.2.2). 

An especially complex flow pattern appears on boundaries of 

the arc of the intake. On the boundaries the Jet which escapes 

from the nozzle undergoes a sudden expansion. In the region of 

point A (see Fig. 4.55) the Jet exerts an ejecting action on 

the gas in the clearance (see dashed arrow). In the region 

of point A the gas escape always takes place. 

At supersonic velocities of the outflow the flow pattern 

in the partial stage is changed. Tn practice the rotor wheel 

impulse in calculation will operate as a reaction wheel - 

the static pressure in the clearance will exceed the outlet 

pressure. 
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The leakages In rhe circular direction acquire a great 
value. It is obvious that at supersonic velocity the leakage 
also in the region of point B will occur (see Fig. 4.55, solid 
arrow). The axial clearance for the partial supersonic turbine 
whould be selected as minimum as permissible accordii-ig to 

conditions of assembly and operation.

Or. the tasi.s of the physical flow pattern in the partial 
stage, conditionally the losses connected with the partiality 

can be divided into four groups:

1) windage losses (i.e., losses connected with the emergence

of the braking wheel of the moment from backflows, mixing and 
turbulence of the gas and friction of edges of the blades with | 

motion of the wheel along the dead-end wall); *

2) losses to "ejection" (i.e., losses connected with the 
expenditure of energy for the acceleration of the stagnation 
gas flow in the vane channels which came from the nonoperative

zone);

iv 3) losses from sudden expansion on boundaries of the arc 

the Int.ake;

4) losses connected with the gas overflow in a circular 

direction.

It is very difficult to evaluate tne effect of each of the 
bosses experimentally, since they are interconnected. But in 
a number uf studies equations are proposed for evaluating 
the Individual forms of losses connected with the partiality.



Thus, in work [135] the losses connected with the gas overflow 

in a circular direction are considered by the decrease in the 

velocity factor ÿ of the rotor blades: 

(4.117) 

It is recommended to estimate the first three groups of 

losses - windage losses, losses, to "ejection" and losses from 

sudden expansion - totally according to the equation 

,V. -0,03kl ~ 10-)( 1 -i(4.118) 

Equation (4.118) is empirical, and it corresponds to impulse 

single-stage turbines with the Mach number M -1.7-1.8 with 
C1 

one group of nozzles. With an increase in the groups of nozzles 

the losses to "ejection" and losses from the sudden expansion 

will Increase approximately in proportion to the number of groups 

of the nozzles, and windage losses virtually will not be changed. 

Since windage losses and losses to "ejection” and sudden ex¬ 

pansion are commensurable, it is possible to consider that with 

an increase in the groups of nozzles the total power of the 

losses from partiality will increase (ic-D/2 times (where i - 

the number of groups of the nozzles). In two-stage partial- 

admission turbines, the losses from partiality are defined 

as the sum of losses in each stage. 

The Introduction of partial admission Is possible In radial- 

flow turbines. In this case noticeably the efficiency falls. 



According to experimental data (see source [7]) the dependence 

of 'ne maximum efficiency on e is close to being linear and can 

be estimated by equation 

(4.119) 

:he optimum of u/c^ is decreased with the Introduction of 

partiality (F' . 4,56, taken from work [45]). in one of the 

experiments with a radial-flow turbine (see source [7]) for e n i 
the value (u/c]a = 0.65, for e » 0.5 the value 

T max 
(u/c 

t max 
0.55, and for e * 0.12 the value (u/c^ 

t max 
* 0.53* 

4.5.3. MECHANICAL LOSSES 

Fig. 4.56. Experimental de¬ 
pendence of the efficiency 
of the single-stage turbine 
on u/,c = n at different values an 
of the degree of the ad¬ 
mission e. 

Mechanical loase., include losses in seals of the shaft 

and bearings of the turbine. In turbopump units losses in the 
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seals of the shaft and bearings refer to mechanical losses of 

the pumps. Therefore, for turbines of the turbopump unit the 

mechanical efficiency nMB>< is taken equal to unity. 



^.5. i*. OVERALL (FULL) EFFICIENCY 

¿¡.5.4.1. Dependence of Overall 
Efficiency of a Turbine on u/c^ 

The power of a turbine being transferred to the shaft, i.e., 

the effective power of the turbine Nt, is determined by a 

difference in the circular power and losses of the stage. Since 

the mechanical efficiency of the turbine of the turbopump unit 

can be taken equal to unity, we will assume that the effective 

and internal power will be identical. For the axial-flow turbine, 

which has blades with a shroud, the expression for Nt will be 

w ritten in the form 

V, ^ÍJ¿,, - AT,, 4- A', » 

- (ii — Gf)Lt — A’,,., — .V— .V,. ( 4.120 ) 

From equation ^.120) let us find the effective work of the 

turbine LT * 11T/G : 

L, ■ p/,—-• —L%, (4.121) 

where 

~u ' L,sMir 

are the w.rk of friction of the disk, the work or friction of the 

shroud, and the werk of losses connected with admission, 

respectively. 

Having livided L by L* , let us determine the overall (fuel) I 
efficiency of the turbine: 

where 
4. 

/.. 

• M. 

a ,• • ’a- • 

’ ... f 

/.i> 

■C«» 

/:. 
/. 
/;. 

is the loss factor cf the stage. 

(4.122) 

(4.123) 
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With the aid of relations (2.202),(^.116), (4.118) and 

(4.123), we obtain the expressions for the loss factor c . 
TP • A 

íTp,g an<* Ce* ^or this the flow rate (in the absence of overlap 

of the impeller vanes) is expressed by the area covered by the 

impeller vanes (pT »0): 

G « jKmsIiiq,. (4.124) 

Then we obtain 

•51 + (Ai,'/).,))* / 
(*u Oc|.)«Ç [tTJ 

í-o,173Lu (JL)* 
ftlau, i \etJ 

(4.125) 

(4.126) 

(4.127) 

With a decrease in the degree of admission e, the loss factors 

t-m n» C T n « and ç increase. With an Increase in u/c these 

coefficients grow according to a cubic dependence (Fig. 4.57). 

Figure 4.57 depicts also the dependences n. and n on u/c . 
U T 3A 

It is evident that the maximum nT is located more to the left 

with respect to u/cflfl than is the maximum nu. The displacement 

of the maximum nT with respect to the maximum nu is insignificant 

for turbines with full admission (e ■ 1). For partial-admission 

turbines the displacement is substantial, and the more it is, 

the less the degree of the admission e (see Fig. 4.56), i.e., 

the more the losses CTpi6 ari<i Ce' 

Fig. 4.57. Dependences of the 
circumferential efficiency of the 
sum of loss factors of the stage 
and overall efficiency on u/c 

aA 
for a single-stage impulse turbine. 
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Figure showti that the partial admission caused by the 

small volume flow rate of gas (autonomous turbines of [LPREl (WPA)) 

leaus to a drop in the efficiency of the turbine commensurable 

with a crop in the efficiency connected with hydraulic losses 

and losses with fischarge velocity considered by the circumferential 

efficiency ?i^. 

4.5.^.2. Determination of the 
Optimum Degree of Admission and 
Optimum Hatic u/c of Single- 

añ 0 
Stage Impulse Turbines 

The autonomous turbines and at nigh pressure at the inlet 

tne precombustión-chamber turbines of the LPRE must be made 

partial-admission (e < 1). The introduction of the degree of 

admission (e < 1) increases the span of the blade of the rotor 

wheel [see equations (^.65) and (^.71)], and this leads to a 
decrease in tip losses in the cascade [see equation (4.72a)3, 

losses produced ty leakages [see equations (4.111), (4.112)], 

and disk losses [see equation (4.125)]. However, at the same 

time, a decrease in e leads to an Increase in losses connected 

with admission [see equation (4.127)]. Therefore, there is 

such a value e at which losses in the turbine reach the minimum, 

and the effective efficiency - the maximum. The value e is 

called the optimum. 

In designing a partial-admission turbine one should select 

the optimum magnitude of the degree of the admission t .. Let 
U p u 

us determine eopt for a single-stage impulse turbine. It is 

more convenient to search for not e. „ . but the value (h, ) 
opt In opt* 

according to which then it is possible to determine e Let 
opt 

us express t. in terms of » r<c and the volume flow rate; from 

equation (4.124) it follows that 

, --2j---PitiL— _ /a ipfli 
■rtMi.T«'.» »J"«I »I* a, • \ • xcQ / 
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where 

-* Clin 

*“ Oi " »<*ri4* * (4.129) 

Having expressed the adiabatic volume flow rate Qla^ by ns T 

[see equation (2.185)], let us write equation (4.128) In the 

following form: 

• u./.v itr* 
(4.130) 

Converting expression (4.122) for the overall efficiency with 

the aid of relations (4.125)-(4.127) and assuming 01 - 0^, we 

obtain the dependence which takes the following functional form: 

(4.131) 

rp.Ä* ^rp.6 in the 

ä I # b $ 4 w 

? T-^ 

After linearization of the dependence ç 

range h^/DCp < 0.15, it is possible to find the optimum value 

*nT/Ä(hl/V " 0‘ The derlvatlve is the polynomial of the 

cube relative to h^/D^. Therefore, in order to find the 

expression for hi^/Dcp» it is necessary to solve the cubic 

equation. The solution can be obtained in the following way 

(when n.. . > 6): 

where 

(M - 
________ _ \iKf /»pt /If*"»"i ‘ »i~fl.iMüt|ï(l TjT? 

- ¿îï)+(*« + *4- »„)(«,<„)> '• (4.132) 

*i » -0.23 - “^Jll — 0,05(M»| - l)J|; 

3d3 

1.37 

for the turbine with the shroud; 

for the turbine without the shroud; 

*, • 1,3-10 r’p«ln<i|; 
f 

*, 0.3110-“(I 
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kt * llCgaHJÍb{ja b - for the turbine with the shroud; 

x 0 - for tne turbine without the shroud; 

k, - 2.72 ; 
O Tp.A* 

r „L. s„±. t~— 
U',' i*,' * 'é*.! *" 

»I r- >4 ,. arc 1¾ JLÍÍ1ÍL 
» CO» a, 

From equations (^.130) and (li.132) let us find the optimum 

degree of admission eûpt and for circular nozzles - the optimum 

number of nozzles (see Section 1.3-3-2). 

Let us discuss the determination of the optimum value of the 

ratio (u/c )_. at which n reaches a maximum. It is useful dfl opt T 

to know this value in the calculation of the autonomous turbine 

of the LPRL although, as a rule, the computed value u/c of 

the autonomous turbines is less than the optimum value. 

If we substitute the expression for the optimum length of 

the blade and the corresponding optimum degree of admission 

into equation (4.122), then we will obtain the expression for 

the optimum (maximum) efficiency of the turbine with the 

optimum degree of admission. This efficiency will depend on 

ratio u/c . At the specific value of u/c the optimum 

efficiency will reach a maximum. Tnis value will be optimum 

L(u/c i .] with the optimum degree of admission 
0,4 Opi/ Opt- 

In connection with the complexity of the bonds it is difficult 

to find an analytical expression for (u/ca^)opt. Therefore, the 

value (u/c ) is determined graphically: for a number of a£ opr ^ 
values of u/c^ the optimum height of the blade Is calculated 

according to equation (4.1j2), and tuen the optimum value of the 

efficiency Is calculated. According to the maximum of the optimum 

efficiency, (u/cai£,)0pt determined. 



« 

Figure 4.58 depicts the thus calculated value (u/c ) 
Opt 

for the Impulse single-stage turbine with a shroud. Given there 

are values of the optimum efficiency n (at c . ) and of 

the maximum efficiency nT max [at eopt and (u/caÄ)opt]» These 

dependences can be used in the approximation calculations of 

the Impulse single-stage turbines with a shroud which have the 

parameters: 0^ - 15o-20°¡ ¿ 1.5; Re - 5‘105; 4» ■ 0.93-0.95; 

E - 0.03-0.05i U3a3 « 0.4-0.6; t - 0.55-0.65i b^^/b - 1.1-1.3. 

Let us discuss the analysis of dependences given on Fig. 4.58. 
It is evident that parameters of the turbine and its effectiveness 

are substantially affected by the power-speed coefficient 

of the turbine ns T. With an increase in ns T, the efficiency of 

turbine, the optimum degree of admission (Fig. 4.59) and (u/c ) 
aß opt 

(Figs. 4.58 and 4.60) Increase. 

j£p r. -<, i —r 

a“'ti U îk 30 3» Ml Hi 3« ntr 

a) 

9M 

0,3i 

o.ts 

~r-*— 
'Jrmai . 

•M 
W.?-. 
. (• :• 

~h-. : ,.U4-'r - 
' irojit Jfl1,« 

fr* • >- 7 ¡7“ 

m 
0 12 16 ÎU 30 30 HI n. 

t n ti tH 30 30 it *0 /1.. 
b) 

Fig. 4.58. Dependence of n 
T opt 

on na T(-) and the dependnece of 

nT max <“-) anci <.1 
on ns t ^or sln£le"Stage impulse 
turbine: a-Ã«0;b-Ã«0.01; 
c - A « 0.02. 

c) 
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Fig. 4.59. Dependence of the 
optimum degree of admission 

Eopt on the Powe**-speed coeffl 

cient n and u/cmm for the 
5 i afl 

slnglg-stage Impulge turbine 
when b « 0.04 and A ■ 0. 

With a small clearance between the wheel and housing, 

beginning with n8 T » 50-60, the optimum degree of admission 

becomes equal to unity (see Pig. 4.59). Such an effect of n 

is the consequence of the fact that an increase in n8 T is ' 



connected with an increase in the volumetric flow rate of the gas 

and a drop in the adiabatic velocity [see equation (2.185)]. But 

since for the feed of gas of larger volumetric f)ow rate with 

lower velocity a larger area is required, then this leads to 

an increase in the degree of admission and a decrease in the 

losses produced by the partial admission. 

An increase in ng T can be caused by an increase in the 

angular velocity of the wheel w. And this means that, other 

conditions being equal, (u ■ const; c ■ const) the diameter 

of the wheel D should be decreased, and, therefore, the cp 
degree of admission, furthermore, will increase. 

It should be noted that at small values of u/c the 

effect of n T on the value of the optimum efficiency is less 

substantial. This is explained by the fact that at small 

values of losses with discharge velocity and profile losses 

of the Impeller vanes (large angle of the flow rotation) play 

the dominant role. 

As one would expect, with an increase in the clearance the 

efficiency decreases (see Pig. 4.60). A decrease in efficiency 

will be the result of an increase in the width of the impeller 

vanes basically because of an increase in the secondary losses in 

the cascade and losses connected with the admission. With an 

increase in b and a the optimum height of the blade increases. In 

turbines without a shroud, because of the greater effect of the 

clearance on the losses, the optimum length of the blade will 

be more, and the efficiency is less than that in turbines with a 

shroud. In the designing of a turbine (see further Section 

4.8.2) the dependences given on Fig. 4.58 make it possible to 

estimate without the conducting of detailed calculations the 

efficiency of the turbine with the absolute width of the blade 

b and absloute value of the clearance a selected from conditions 

of the technology and operating conditions of the design. 



4.6. MULTISTAGE TURBINES 

In technology multistage turbines are widely used. In LPRE, 

for the purpose of obtaining light and simple constructions! it is 

attempted to use single-stage turbines, but in a number of 

cases here it proves to be expedient to use multistage turbines. 

Let us examine the basic forms of multistage turbines. 

4.6.1. MULTISTAGE REACTION TURBINE 

The multistage reaction turbine is a number of consecutively 

installed reaction stages. Figure 4.61 schematically shows the 

meridian section of a three-stage reaction turbine, and the develop¬ 

ment of the cylindrical section which reveals the form of the 

blades is given. Above the meridian sections a change in the gas 

pressure p and velocity c along the length of flow area is shown. 

Fig. 4.6l. Diagram of a three-stage 
reaction turbine. 

The total pressure differential is divided between the 

stages. In each stage It is possible to insure the comparatively 

low flow rates along the flow area. This decreases the hydraulic 

losses and makes it possible to obtain a high efficiency. In 

accordance with the degree of reaction the relative velocity in 

the Impeller channels is changed. The high efficiency Is the 

major advantage of such turbines. The output kinetic energy of 

the first and intermediate stages is used in the subsequent stage. 
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The energy calculated from the discharge velocity of the last 

stage represents losses In the turbine with discharge velocity• 

Figure ^.62 depicts the process In the 1-s-diagram for a 

three-stage reaction turbine. Noted on Fig. 4.62 are adiabatic 

and circumferential works of the entire turbine and each of the 

stages. For the intermediate stage of the Initial enthalpy, one 

should consider the gas enthalpy at the outlet from the previous 

stage calculated from the stagnation parameters. 

Fig. 4.62. Representation in 
1—s coordinates of the process 
in a three-stage reaction 
turbine. 

Assuming that adiabatic works of each stage are identical 

(L* . - L# /z), then all the stages will operate with the 
' a,Q 1 a,a * u_ 
identical ratio u/cafl 1, where cafl i » ^ Then with the 

identical degrees of reaction the circumferential efficiencies 

of the stages will be identical, and, therefore, the 

circumferential works ^ ) will be identical. Ihe 

circumferential work of the turbine, defined as the sum of 

works of the stages will be equal to: Lu * zLu^, and the operating 

factor 
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(4.133) 

For the etege with the reaction pT . 0.5. In the cohdltlone 

afl 1 ’'u max “hen °2u " 0) the value clu * u (see Fig. 1(.117), 
and therefore in accordance with equation (4.107) L - 1 

un 
Then for the multistage reaction turbine with such stages,X the 

coefficient of circumferential work will be equal to the number 
of the stages: 

(4.131*) 

In general, at ratio u/c¿fl 1, equal to ratio u/c of the 

single-stage turbine with the same degree of reaction^the 

coefficient of circumferential work of the multistage turbine will 

be z times more than that for the single-stage turbine. However, 

It will correspond to a smaller ratio u/c than of single-stage 

turbine, calculated from the entire adiabatic work of the 

multistage turbine (cafl » ): 

JL» I 
P7 «Ml* (4.135) 

Figure 4.63 shows the dependence of the coefficient of circum¬ 

ferential work Lu on u/cflfl for two- and four-stage reaction 

turbines (pT * 0.5), obtained by conversion with the aid of 

equations (4.133) and (4.135) corresponding to the dependence 

for the single-stage turbine (see Fig. 4.49), 

Fig. 4.63. Dependences of the 
coefficient of circumferential 
work Lu on u/cafl for reaction 

turbines (pT -0.5) with a 

different number of stages. 
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Figur« 4.63 shows that with a larger number of stages the 

multistage reaction turbine makes It possible to obtain greater 

circumferential work. In particular, in the region of small 

ratios u/cBA, which is necessary In the case of the autonomous 

turbines of the LPRE. However, an Increase In the number of 

stages complicates the construction and increases the mass of 

the turbine, which is undesirable. Besides this, the multistage 

reaction turbine has high axial force acting on the rotor. The 

indicated deficiencies led to the fact that the multistage 

reaction turbines found no use In the LPRE. 

4.6.2. MULTISTAGE IMPULSE TURBINES 

Considerably greater Interest for the use in LPRE is In 

multistage Impulse turbines. Multistage impulse turbines can 

be subdivided Into two forms: Impulse turbines with pressure 

stages and impulse turbines with velocity stages. 

4.6.2.1. Multistage Impulse Turbines 

Let us examine the layout scheme of a multistage Impulse 

turbine and the flow of the process in It. Figure 4.64 gives 

a diagram of the impulse turbine with two pressure stages. Such 

a turbine is formed by the sequential combination of two Impulse 

stages. 

» 

Fig. 4.64. Diagram of an 
Impulse turbine with two 
pressure stages. 
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Representation of the process in the i-s-diagram for such a 

turbine is given on Fig. l».65. Sections which correspond to 

adiabatic and circumferential work of the entire turbine and its 

individual stages are noted. 

The circumferential efficiency of such a turbine is determined 

by the relation 

(4.136) 

The efficiency of such a turbine can be higher than the efficiency 

of a single-stage impulse turbine, since the flow velocities in 

the flow area of the double-stage turbine will be less. The 

use of the discharge velocity of the first stage also Increases 

the efficiency of the turbine. 

Fig. 4.65. Representation in 
coordinates of the 1-s process 
in an Impulse turbine with two 
pressure stages. 

r: 

Hydraulic losse? in the impulse turbine with pressure stages 

will be more than in the reaction turbine calculated for the 

same pressure differential, since in the reaction turbine the flow 

rates will be less. In the impulse pressure stages the rotor 

wheel does not undergo great axial force. In comparison with the 

design of the single-stage Impulse turbine, the design of the 

double-staged turbine is more complex, and such a turbine has 

larger mass. A shortcoming in such turbines is the possibility of 

leakage between the stages. 
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With the equality of operation of every stage, bearing in 

mind that the coefficient of circumferential work for the stage 

Lun • 2 (when c2 ■ 0), we will obtain that the coefficient of 
'u max 

circumferential woxk of the impulse turbine with pressure stages in 

conditions of the axial outlet from every stage is equal to the 

doubled number of the stages: 

(^.137) 

The coefficient of circumferential work for the Impulse tur¬ 

bines with pressure stages increases in proportion to the number 

of stages in the first degree and exceeds two times the coefficient 

of circumferential work for the turbine with reaction stages 

in conditions c2u ■ 0 [see equation (¢.134)]. 

For other conditions the coefficient of circumferential work 

for the Impulse turbine with pressure stages can be estimated 

according to the value Lu for the Impulse stage (pT ■ 0) (see 

Pig. ¢.49), using relations (4.133) and (4.135) for the reactive 

multistage turbine, since the Impulse turbine with pressure stages 

is its special case (pT ■ 0). 

Figure 4.66 gives the dependences of L,, on u/c for the two- 
u d 4) 

stage Impulse turbine with pressure stages and for the two-stage 

reaction turbine. It is evident that in the range of small ratios 

u/ca1fl the lmPul8e turbine with pressure stages makes it possible 

to obtain larger values of the operating factor than does the 

mullstage reaction turbine with the same number of stages. 

Of the multistage turbines the most widespread ln LPRE are 

the impulse turbines with velocity stages. As will be shown below, 

these turbines make it possible to obtain with the same number of 

stages larger values of operating factors in the region of low 

values of than do the multistage reaction turbines and 

Impulse turbines with pressure stages. Low values of u/c , as 
& A 

was already repeatedly noted, correspond to autonomous turbines 

of LPRE. 

613 



Pig. 4.66. Dependences pf the coefficient 
of circumferential work L on u/c : 1 - 

U 8(0 
two-stage Impulse turbine with pressure 
stagesj 2 - two-stage reaction turbine 
(PT - 0.5). 

Let us examine the impulse turbines with velocity stages in 

more detail. 

4.6.2.2. Impulse Turbines with 
Velocity Stages 

A. REPRESENTATION OF THE PROCESS 
OF THE VELOCITY TRIANGLE IN THE 
i-s-DIAGRAM. CIRCUMFERENTIAL WORK 

A diagram of an impulse turbine with two velocity stages 

is given on Fig. 4.6?. The expansion of gas occurs only in 

one nozzle cascade. Standing after the blades of the first row 

are the stationary blades (guide vanes), which turn the gas 

current so that it would flow without a shock around the next row of 

rotor blades. Both rows of rotor cascades, for facilitating the 

design of the turbine are usually fastenea on the rim of one wheel 

(see Fig. 4.67). All cascades except the cascade of nozzle cascade 

are of impulse action. For an ideal case wn - w2I and W1I]: - 

- w2n. 

In the second stage the kinetic energy of the gas emerging 

from the first stage is used. Hydraulic losses in such a turbine 
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are great, since the flow rates of the gas on cascades are high, 

but losses with the discharge velocity are lowered In comparison 

with losses In the single-stage turbine. 

Figure 4.68 depicts In the l-s-dlagram the process In the 

Impulse turbine with two velocity stages. The real process Is 

shown by a line which unites points 0-1-2-3-4. Line 0-1 corresponds 

to the process In the nozzle cascade; Is energy losses In 

the nozzle cascade. Just as for the single-stage turbine, 

(4.138) 

The process In the vane channels of the first row of rotor 

blades Is depicted by line 1-2. An Increase In enthalpy 1^ - 12 ■ 

■ L^j, where L^j Is the energy losses during flow In the first 
row of the rotor blades: 

(4.139) 

Pressure 

Fig. 4.67» Diagram of an 
impulse turbine with two 
velocity stages. 

Fig. 4.68. Representation In 
i-s coordinate of the process 
In an Impulse turbine with two 
velocity stages. 

Line 2-3 corresponds to the process In guide vane, i.e., the 

process of the gas flow at constant pressure with a" Increase 
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In the entropy and enthalpy because o.' the work of friction. In 

the channel of constant section the rotttlon of flow Is achieved. 

Let us Introduce the concept of the velocity factor of the guide 
vane \i> : 

h . a 

(4.140) 

We will obtain that the energy losses with flow in vane 
channels of the guide vane 

(4.141) 

The process of flow along the vane channels of the second 

row of rotor blades at constant pressure is depicted in the 

1-s-diagram as line 3-4. The corresponding loss of energy in 

the second row of the rotor blades is designated by L^jî 

(4.142) 

The circumferential work of the entire turbine L will be 

found as a difference in the initial enthalpy if and the enthalpy 

at point 5, which corresponds to the stagnation state of the 

gas, after the rotor blades of the second stage: 

¿.-4-/*. 

The difference in enthalpies of i - 

outlet high-speed energy, which determines 

discharge velocity of the entire turbine. 

i^ corresponds to the 

the losses with the 

The work of the first stage Is determined from the difference 

In the initial enthalpy and stagnation gas enthalpy at the outlet 

from the first stage. The outlet high-speed energy cjL/2. being 

losses for the first stage. Is the available energy foí the 
second strgo. 

The work of the second stage is found as the difference in 

enthalpies at point 2* and at point 5. Actually, the installation 
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of the second stage Is one of the methods of the use of energy 

losses with discharge velocity. If the outlet velocity from the 

second stage Is sufficiently great, then It Is possible to Install 

another row of guide vanes and a row of rotor blades. Such a 

turbine will be three-stage with three velocity stages (Pig. M.69). 

In the LPRE the three-stage turbines are usually not used 

because of the noticeable complication of the design and Increase 

In the mass of the turbine, 

although the coefficient Lu of 

the circumferential work of 

such a turbine, as will be sub¬ 

sequently shown, Is great. 

Let us observe the plotting 

of velocity triangles for turbines 

with tveloclty stages In the 

example of the Impulse turbine 

with two velocity stages 

(Pig. 4.70). Angle - the 

angle of Inclination of the jet 

which escapes from the nozzle 

cascade - Is assigned. The 

velocity c1I Is determined from 

the assigned magnitude of the 

adiabatic work and velocity 

factor of the nozzles: 

In subtracting vectorlaly 

from c1I the circular velocity 

u, we find the value and 

Pig. 4.69. Diagram of an 
Impulse turbine with three 
velocity stages. 

direction of velocity w^. 

Leading edges of the blades should be oriented In accordance 

with the angle er In rotor blades of the first row the rotation 

of the flow occurs. The outlet angle of the blades is equal to 
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inlet angles or somewhat less than it. The velocity w21 is less 

than due to the presence of losses: 

(4.1U10 

(4.145) 

—•* • -- S'W — ,4 

Pig. 4.70. Velocity triangles for an impulse 
turbine with two velocity stages. 

The outlet velocity from the first stage c2I is found by the 

vector subtraction of the circular velocity u from w2I< 

The guide vane carries out rotation of the flow. The angles 

of the stator blade are determined by angle a2I, where a2J is 

the angle of inclination of vector c2I. The outlet angle of the 

guide vane is made equal to the inlet angle or less than it for 

eliminating the diffusivity of the flow. In value cin is 

less than c2I due to the presence of losses: 

(4.146) 

For the second stage c1I;r will be the absolute flow velocity 

at the inlet. The plotting of the velocity triangle for the 

second stage is produced in a way similar to the plotting of the 

velocity triangle for the first stage. Profiles of blades of 

the second stage are less bent, since they achieve less rotation 

of the flow. 



first st^ge will be proportional to the 

in? : 'shi: 
aect^qq (clllT - q0.,t)î 

f,ir «Ki-fs.'lî 
' #1 W v< »««I — ' «|í* 

Tãw ■ H 1,.11 * ' 'I» 

(4.1^7) 

(H.1^8) 

the Çircular work of the stages can be 

^çsgp^fgg to th»? circular projections of the relative 

mesm**! 

(M1^) 

(4.150) 

op 

,rv<.r rî,vTi»« 
4,ii ***• «i,n — «ten)* 

$if M$pjf gf ^ ,?,n.tire (turbine will correspondingly ,be equal 

/•■r "/4,1 jf' 4,11 * #1^1,1 ~ tel 1’ rl,ll “ ftell). 

4,-«4«i,.-w?,. I «I.n - «te.»'- 
4.J ”■, .'i - i a iat| — T ,i 

(4.153-) 
. 15 ) 

(4.152) 
, -. i1 • 

AH popular projections of the velocities are con- 

sider.ei as yectpfs. 

B. CIRCULAR BFFICiENCy 

The circular efficiency is determined by the relatior 

(4.136). By conducting the derivation similar to the derivation 

of .equation .(4.,97), and assuming that ^ = ^ , ^ for 

the symmetrical blades, we will obtain 

,¡W !•''!((• nfiC"., (1.153) 

Having.t/^ken the first-order derivative from expression 

(4.153) and haying equated it to sere, when <4 - 1 will 

obtain 

(■?)■. (4.154) 
Wêl 
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This relation can be obtained visually from an examination 

of the velocity triangles, which are plotted not allowing for 

losses in the blades and symmetrical profiles. 

For the turbine with two velocity stages such a velocity 

triangle is given on Fig. 4.71, 

ru * »if fit ^ *»* ru * •<# ^ mu 

Fig. 4.71. Velocity triangles for the 
impulse turbine with two velocity stages, 
with symmetrical blades, in the absence of 
losses. 

Under the selected conditions; w^j ■ Wgji c^^j • c2jj 

W1II " W2II* c2uII " froin the v®locity triangles we obtain 

r„co»o,-4«. 

or 

For z stages we will respectively obtain 

-L\ -2ÜL 
*i/w 1* (^•155 ) 

Figure 4.72 gives the calculated curves of the circular 

efficiency for the single-stage impulse turbine (I), impulse 

turbine with two velocity stages (II) and impulse turbine with 

three velocity stages (III). The curves are calculated for the 

different slope angles of the nozzle blades or Coefficient * 

is taken equal to 0.95j coefficient ij* is taken as being variable 

depending on the bending of the profile. (Values of \p are taken 

somewhat understated; contemporary turbines frequently have 
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larger values of efficiency than those which are given on the 

graph). The optimum of efficiency with respect to u/c1# with 

an Increase in the number of the stages, is shifted to the left. 

The greater the number of the stages, the larger angle 

cam be selected. This is explained by the fact that the portion 

of losses with the outlet velocity (determined by the axial 

component of velocity, depending on angle c^) is reduced with an 

increase in the number of the stages, and the bending of the 

profiles is decreased with an increase in angle a1, and, 

therefore, the value <|> of the blades Increases, which is especially 

noticeable in multistage turbines. 

——— n* 
--If* 

Pig. ^.72. Dependences of the circular efficienty 
nu on u/Cj^ and angle for impulse turbines with 

a different number of velocity stages. 

C. COEFFICIENT OF CIRCULAR WORK 

Figure 4.73 gives dependences of the coefficient of 

circular work Lu on u/c^ for impulse turbines with one, two 
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and three velocity stages, calculated with the aid of equation 

(4.108), according to data given on Pig. 4.72 (a1 ■ 25°). 

Fig. 4.73. Dependences of the 
coefficient of circular work 
L on u/c for turbines with 
u aA 

a different number of velocity 
stages: I - single-stage turbine; 
II - turbine with two velocity 
stages; III - turbine with three 
velocity stages. 

In the region of small values u/caÄ, i.e., in the region 

of the operational conditions of autonomous turbines of 

turbopump units of LPRE, values of the coefficients of circular 

work for multistage turbines with velocity stages considerably 

exceed the value of the operating factor for a single-stage 

impulse turbine. This excess increases with an increase in the 

number of stages. However, from considerations of the minimum 

complication of the design and minimum Increase in the mass, 

the number of stages made is not more than two. 

Figure 4.74 gives a comparison of the coefficients of 

circular work of a double-stage turbine with the velocity 

stages (1), with the two-stage reaction turbine (pT ■ 0.5) (3), 

and with the two-stage impulse turbine with pressure stages (2). 

It is evident that at small values of u/c , inherent to 

autonomous turbines, the turbine with velocity stages has an 

advantage; therefore, this type of double-stage turbine found 

use in the turbopump unit. 
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Pig. 4.7^. Dependencgs of the coefficient 
of the circular work L on u/c for u afl 
double-stage turbines: 1 - impulse stage 
turbine with velocity stages; 2 - Impulse 
turbine with pressure stages; 3 - reaction 
turbine (p ■ 0.5). 

D. OVERALL EFFICIENCY OF AN IMPULSE 
TURBINE WITH TWO VELOCITY STAGES 

The effective power of the impulse turbine witn two velocity 
stages can be presented as the sum of the effective powers of 
the first (Nj) and second (Njj) stages: 

(4.156) 

The powers Nj and NII can be expressed in the following 
manner: 

WI *- Clf.al — G,,¿„I - ‘Vt, ,| — N|, 4| — Nt\ «a 
*^•(0—0,|) LaX — — /V ,,_4| — N ai» 

N D-(0-0,,,) /.„h — N — N ^.4,, — <V,n. 
(4.157) 
(4.158) 

If the stages are made with an identical degree of admission 
e and have an identical mean diameter, width and span of the 
blade of the wheel and width of the shroud, then, by disregarding 
the distinction in the gas densities, it is possible to write 
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Then, accepting the leakages in the first and second stages 

to be identical, we obtain 

(^.159) 
where 

Having divided the relation (4.159) by OL , we obtain the 

expression for the overall efficiency of the double-stage 

turbine with velocity stages: 

(4.160) 

where n - the flow efficiency determined with the aid of 
H equation (4.111); 

n - the circular efficiency of the turbine determined 
according to equation (4.153); 

Expression (4.160) is similar to equation (4.122) for the 

overall efficiency of the single-stage Impulse turbine. Just 

as in the case of the single-stage turbine, the flow losses and 

disk losses (friction losses of the disk and shroud and losses 

connected with admission) displace the maximum of the overall 

efficiency from the maximum of the circular efficiency to the 

side of smaller values of u/cafl; the greater the displacement, 

the less the degree of admission e. 

With an increase in the span of the blade the efficiency 

of the cascade (as a result of a reduction in secondary losses) 

and the flow efficiency of the turbine np will increase, but the 

losses to admission will increase, since e is decreased. Therefore, 

Just as in the case of the single-stage turbine (see Section 

4.5.4.2), ti.e optimum degree of admission should exist at which 

the overall efficiency will be maximum. 

624 



The power of the second stage comprises a smaller part of 

the power of the turbine. The larger part of the power occurs 

in the first stage. Thus, the optimum span of the blade (optimum 

degree of admission) will be determined according to first 

stage, taking the spans of the blades of the first and second 

stages identical. Then, depending on the power-speed 

coefficient of the turbine w'th velocity stages (it is 

numerically equal to the power-speed coefficient of the first 

stage), depending on the ratio and other parameters, the 

optimum span of the impeller vanes will be determined according 

to equation (^.132). 

Figure M.75 depicts values of the optimum efficiency nT opt 

(with eopt), the maximum efficiency nT maxtwlth eopt and (u/cflJ[i)opt] 

and the optimum ratio u/c for the active double-stage turbine 

with velocity stages calculated with the aid of equations (4.160) 

and (4.132). These dependences can be utilized in the 

approximate computations (0^ ■ 13o-20°; < 1.5» Re * 5’iO^; 

* - O.93-O.95» b - 0.03-0.05} M3a3 - 0.4-0.6; t ■ 0.55-0.65). 

Fig. 4.75. Dependence of the optimum efficiency (solid lines) on 
the power-speed coefficient n, T and and dependences of the 

maximum efficiency (dashed line)and optimum ratio u/c (dot- 

dashed line) on the power-speed coefficient n for the two-stage 
— o T ^ 

impulse turbine with velocity stages: a)- A • 0; b)- A » 0.01; 
c)- Ã * 0.02. 



Figure ^.75 shows that an increase in ng T leads to an Increase 

the efficiency of the turbine. Moreover, an increase in the 

elficiency is more at large values of u/ca^. Thus, the effect 

°f ns T in this case is similar to its effect for the single- 

stage impulse turbine (see Section 4.5.4.2), 

Mgure 4.76 depicts the calculated dependences of the 

circular efficiency nu, the overall efficiency nT, and the 

coefficient of the effective work LT (with eQ t) for the single- 

stage impulse turbine (subscript "I") and thePtwo-stage impulse 

turbine with velocity stages (subscript MII") when n - 48. 
S T 

The maximum value of the overall efficiency of the partial 

double-stage turbine with velocity stages with low n T can be 

close to the value of the maximum overall efficiencySof the 

partial-admission single-stage impulse turbine (or even more 

than it). This is explained by the fact that the loss factors 

^e» ^ip.A and ^rp.o losses) in the optimum mode of the 

double-stage turbine are less than those in the optimum mode 

of the single-stage turbine. The coefficients ç , ç and C 

are decreased in proportion to the cube of the ratio^/c 

[see equations (4.125), (4.126) and (4.127)]. ^ 

The optimum modes of the two-stage and single-stage turbines 

differ in u/c^ by approximately two times. Thus, the values 

of the coefficients ;e, CTptA and ;Tp>(J in the optimum mode 

for the double-stage turbine will be approximately eight times 

less than those for the single-stage. Taking into consideration 

that the double-stage turbine has two blade rims, we will obtain 

that the relative value of the disk losses in the double-stage 

turbine in the optimum mode will be approximately four times 

less than that in the single-stage. 
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Pig. <1.76. Calculated dependences of the circular 
efficiency nu, overall efficiency nT and the 

coefficient of effective work L on u/c for the 
T afl 

single-stage impulse turbine (subscript "I") and the 
two-stage impulse turbine with velocity stages 
(subscript "II") when ns T ■ ^8* 

A decrease in the disk losses can compensate for a decrease 

in the circular efficiency of the double-stage turbine in 

comparison with its value for the single-stage turbine. This 

leads to the fact that between the maximum efficiency of the 

two-stage and single-stage turbines there will be only a small 

difference, or even the maximum efficiency of the double-stage 

turbine will exceed the maximum efficiency of the single-stage 

turbine. This is especially developed at small values of n , 

when the degree of admission e is low [see equation (<«.130)], 

and therefore the relative value of the disk losses is great. 

Prom Pig. 4.76 it follows that at low values of u/c 

the double-stage turbine with the velocity stages has a larger 

coefficient of effective work than does the single-stage impulse 
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“ le‘ Calcul“lons 3how that the advantages of the double- 

stage turbine appear when u/c < 0.2-0.25 (smaller values 

correspond to smaller n3 T and larger Z). Thus, In the 

indicated range of values u/c^ more preferable Is the use of 

the double-stage turbines with velocity stages as autonomous 

turbines of LPRE than the use of active single-stage turbines. 

J-6.2.3. Single-Rim MuJtiatage 
Impulse Partial-Admission Turbines 

can Z1"81'-'-1"1 lmpUl8e turb1"« «“h a small degree of admission 
made In the form of turbines with velocity stages and 

pressure stages. Slngle-rlm Impulse turbines with velocity 

Stages were used for turbopump unit In some of the first bPRE 
(see source [143]). 

two veVTrtUral dlagran 0f a Slngle-rlm ‘"palae 'dfblne with 
two velocity stages Is given on Pig. ,.77. ^ role of the 

ThTu-e"^ ln !U°" a "irblne 18 Playe,S by the r°ta^ ahannal- 
The use of such turbines showed that their efficiency is low 
due to th great hydraulle losaes in the 

suchTtu h,''8 aXlal ClearanCea- 1°» Agrees of admission 
r ne oan atU1 have ar> advantage over the common 

with M Í tW° VelOCUy stagas> a1"« We losses connected 

a t M ! adn'1Sslon ln U ““I ba leus; furthermore, such 
turbine has less mass of construction. 

with an especially low degree of admission the slngle- 

rlm turbine can be made with the triple gas feed 1 e 

actually, l„ the form of a turbine with three velocity'stlges. 

With high pressure ratios (Í > 100) and a low degree of 

on, slngle-rlm stage turbines with pressure stages 

can be used Such turbines are used as auxiliary turbines for 

aircraft and rockets (see source [135)), 



Pig* ^.77. Diagram of a single 
rim Impulse turbine with 
two velocity stages. 

A structural diagram of such a turbine Is given on Pig. 4.78. 

The dashed lines with arrows denote the possible directions of 

leakages. A considerable operation shortcoming in such a 

turbine is the great leakage of the working medium through the 

axial and radial clearances. The clearances must be made extremely 

small, which Is associated with considerable design difficulties. 

Pig. 4.78. Diagram of a single-rim impulse turbine 
with two pressure stages. 

4.6.3. BIROTARY TURBINES 

4.6.3.1. Impulse Blrotary Turbine 
with Two Velocity Stages 

Examined in Sections 4.6.1 and 4.6.2 were multistage turbines 

in which rotor blades of all the stages are rotated with identical 
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Íin magnitude and direction) angular velocity. But In turbopump 

■Its of LPRh it Is Inexpedient to have different angular 

T PUmPS “hl0h PUmP the °XldlMr ani1 ri>r "hl=h 
l the fuel. For the pumping of oxldlters, In connection 

tlle cavltati°n. usually It la possible to assign less 

angular velocities of the pump than for the fuel transfer 

Section 3.4.2.1). The accomplishing of a fuel pump with 

greater angular velocity than the angular velocity of the 

oxidizer pump makes It possible to decrease the dimensions of 
tiie fuel pump and its mast. 

It Is especially advantageous to design the fuel pump with 

greater tngular velocity In the case of the use of liquid 

hydrogen as the fuel. I„ connection with the low density of the 

hydrogen at low angular velocity, the dimensions of the pump 
are considerable. 

The thermodynamic properties of hydrogen favorably affect 

the antlcavltatlon qualities of the fuel pump, allowing an 

Increase In Its angular velocity. 

11 tne oxidizer and fuel pumps have different angular 

velocities, then the drive of each of them can be carried out 

rom an Individual turbine, l.e.. In the turbopump unit there 

will be two turbines. However. It Is possible to drive the 

pumps from the different stages of the same turbine of the LPRE. 

e lraP'Jli!e turbtne "lth «loclty stages can easily be made as 

a turllne with different angular velocities of the rotor wheels. 

Tne ro-or wheels of the first and second stages In such a turbine 

Win have different shafts. The connection between the stages 

will he achieved only by hydraulic means, since In both stages 

the same working medium Is utilized. Having virtually allowed 

the different angular velocities of rotor blades of the first 

and second stages. It Is advantageous to allow their rotation 
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in different directions. In such a kinematic scheme there is 

no need for a guide vane between the stages. 

Turbines with the reverse direction of rotation of rotor 

blades of different stages without an Intermediate guide vane 

will be called birotary. Figure 4.79 gives a diagram of an impulse 

birotary turbine with two velocity stages. The combined velocity 

triangles for such a turbine are given on Fig. 4.80. The 

relative velocity at the inlet into the second row of rotor blades 

W1II <*®^erm^ned by subtraction from vector Wjj of the sum 

of vectors Uj and Ujj. The dashed line shows the absolute gas 

velocity in the clearance. The work of the first stage will 

be found from equation 

/•«i (4.161) 

and the work of the second stage from equation 

»* • • »Siiii ( 4.16 2 ) 

Sections (wiui“w2uII^ and ^wiuIl"w2uII^ are shown on F18* 
4.80. 

At equal circular velocities Uj and uII;, with symmetrical 

profiles of the blades, disregarding the losses with flow in 

the interblade impeller channels, for the case c2uII ■ 0 we will 

obtain from the velocity triangles (Fig. 4.8l) the relation 
cos a. 

(u/Cj)nu max * —jj-¡ a similar relation was obtained earlier 

for an Impulse turbine with two velocity stages. This was to 

be expected, since the birotary turbine with two rows of rotor 

blades is also a turbine with two velocity stages. From the 

birotary turbine it is possible to obtain a somewhat greater 

efficiency, since the absence of the intermediate guide vane has 

a favorable effect on the decrease in hydraulic losses (see 

further Fig. 4.88). 



Fig. ^.79. Diagram of an impulse 
birotary turbine with two velocity 
stages. 

Pig. 4.80. Combined velocity 
triangles for an impulse birotary 
turbine with two velocity stages. 

Fig. 4.8l, Velocity triangles for an impulse birotary 
turbine with two velocity stages, when C2uII * ^ 

(¡symmetrical blades, Uj ■ not allowing for losses 

in the rotor wheels). 

The work of the second stage under conditions formulated 

above (uj * Ujj - u, etc.) is thi'ee times less than the work 

of the first stage: Lul • '.u2i Ljn - 2u2 (see Pig. 4.&1). 
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Values of the coefficients of circular work will be the same 

as those for the common turbine with two velocity stages. 

The main disadvantage of a turbine of this design Is that In 

the turbine it Is difficult to provide the required balance of 

energy in off-design conditions. The energy of the second stage 

depends on parameters of the first stage, and it is not always 

possible to achieve the matched change in the available powers 

and loads on the stages. 

Let us find the relationship of powers for the first and 

second stages with symmetrical blades but at different circular 

velocities. Disregarding the losses in the blades, considering 

losses in the stages equal, assuming c2uII » 0 (Fig. *1.82) and 

passing over to scalar quantities, we obtain 

•v«l _ iiL r „ u'i2u, + 4mh) . 

V.,1 ¿«U «ii( v:4|| - :r.4|:» «ii2u|| 

Vil , »I 
- - « —r- + 2 —, 
•'all “i| «II 

With identical mean diameters 

(4.163) 

(4.16*0 

(4.165) 

The greater the angular velocity of the first stage, the 

greater its power. This property of the birotary turbine is very 

profitable for its use in the turbopump unit of the engine which 

operates on hydrogen: given from the first stage is the hydrogen 

pump, the power of which is considerably more than the pump power* 

of the oxidizer. 

However, the optimum relationship of angular velocities 

cannot be obtained, since with an increase in the ratio Wj/w-u 

the ratio of the powers rapidly increases, and it is not possible 

to insure sufficient pump power of the oxidizer. With the use 

of pumps with bladed preliminary pumps (see Section 3.3.3.1), 
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losses In the rotor wheels). 

it Is possible to use a version of the turbopump unit In which 

the hydrogen pump and oxidizer pump will be driven from the 

first stage of the turbine possessing high angular velocity and 

the bladed preliminary pump - from the second stage having low 
angular velocity. 

On the basis of the general expression for circular efficiency 

(^.136), and utilizing relations (4.161) and (4.162), it is 

possible to obtain an expanded expression for the circular 

efficiency of the birotary turbine; 

where 

%.. [i(4;.. i) 4.4; ia.(4;, h . 

- C )’<'+% («-')('•;,+.)- ¿fi',;,+,) j. 

î£i?üL. • 'fJL ?n “ m ™ •-n ^ «»Jin wm 

Ine relation of the powers in the expanded form i 

V., 4., 
—„ isL -, ''«n_ 

'«U ¿.il coi .j -., (i +^) ~ „„ J(|+ ;;,)* * 

Having introduced the notations 

u * r * ^ and —i- mîî, *v.m . * 

(4.166) 

(4.167) 
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and also 

«J tr. ] and ^ * i + ^|| • 

from formula (4.167) we obtain the relation 

(4.168) 

To establish the connection between the ratio of powers N 

and the efficiency nu, calculations were conducted with the 

following initial data: otj » 20°j $ ■ 0.95; - 0.83; ■ 0.93. 

The results of the calculation are given in graphs which 

can be used for the approximate computations (Pig. 4.83 and 
4.84). 

Pig. 4.83. Dependence of on the ratio of 

circular velocities ü at different ratios of 
powers N for a birotary impulse turbine. 

The dependences of nu on the coefficient of circular velocity 

û at different Ñ > 1 (see Fig. 4.84) are sufficiently slanting, 

which makes it possible to select the ratio of circular 

velocities with the assigned ratio of powers in a sufficiently 

wide range. (Approximately the ratio of the powers on the 

circumference of the wheel can be replaced with the ratio of the 

available powers). 
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at different power ratios Ñ for the birotarv 
impulse turbine. y 

Having selected the values of Ñ and u, which satisfy the 

specified conditions with as high an efficiency as possible 

Uee Pig. 4.84), according to Pig. 4.83 we fing the ratio uT/c 

and, by knowing the value Uj, we find the necessary value of 115 

Cir Acc°rding to value cn it is possible to select the 

necessary parameters pj, Tj and pr At the assigned parameters 

P0, Tç and p2 the diameter of the wheel of the first stage can 

be selected on the basis of value ur The value n determined 

according to Fig. 4.84, after the calculation of flow disk 

losses (see Section 4.5), makes it possible to assign the 

eifxciency of the turbine in the calculation of the required gas 
flow rate. 

4.6.3.2. Reaction-Impulse Birotarv 
Turbine J 

^ Havlng allù*ed ti<e possibility of driving the pumps from 
differen- shafts, it Is possible to use the turbine for which the 

nozzle cascade will be rotated and develop a torsional moment, 

me diagram of such a turbine is given on Fig. 4.85. This 

turbine is formed from the impulse single-stage turbine by means 
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of setting the nozzle cascade on the rotating wheel. According 

to operating principle the turbine, depicted on Pig. 4.85, la 

a reaction-impulse and two-stage, since it has two rotor wheels. 

The change in gas pressure along the length of flov area is also 

shewn on Fig. 4.85, where the velocity triangles are plotted. 

The combined velocity triangles 

are given on Pig. 4.86. The 

gas at the inlet into the first 

cascade has an absolute velocity 

Cq and relative velocity wQ. In 

the channels of this cascade 

the conversion of the potential 

energy and the acceleration of 

flow up to the velocity Wjj occur. 

The gas enters into the 

second rotor cascade with con¬ 

siderably lower velocity 

since it is the vector difference 

Wjj and (Uj-Ujj). Incidentally 

this is one of the Important 

positive characteristics of 

this turbine. At supersonic 

velocities of outflow from the 

first row of the blades at the 

inlet into the second row there 

can be subsonic velocities. In 

this case wave losses during the 

flow around the second row of 

blades will be absent. 

Pig. 4.85. Diagram of a 
reaction-impulse blrotary 
turbine. 

The work of the wheel of the first stage is determined from 

the equation 

£.1 - 
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and the work of the wheel of the s econd stage - from the equation 

(4.170) 

Fig. 4.86. Combined velocity 
triangles for a reaction-impulse 
blrotary turbine. 

Fig. 4.86. 
triangles 

For the symmetrical blades of the second row. If we dis- 

regard losses In them, we will have with axial outlet c2 « 0. 

iTcrn an examination of the velocity triangles, plotted for^ 

this case on Fig. 4.8?, it is easy to establish the ratio of 

the powers and angular velocities of the stages. With the adopted 

assumptions we will obtain 

and Itu-fel,. 

Fig. 4.87. Velocity triangles for 
a reaction-impulse turbine when 

&1II " ®2II* not allowing for 

losses in the impulse blades, when 

c2uII " 0* 

Henc-:' Lt follows that the ratio of the powers is directly 

Proportional to the ratio of angular velocities: 

(4.171) 

Calculai Ions showed that by taking the losses into account 

thlr relation is somewhat changed: 
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In the presence of twist at the outlet from the second wheel 

in the direction opposite to the rotation, for symmetrical blades 

the power of the second wheel even at equal angular velocities 

will be more than the power of the first wheel. 

Prom Pig. 4.86 it follows that 

ist-ai 2*ii + *üii; Air,ii •« 2*|| + 2*mi; 
(4.172) 

With the assigned ratio of velocities Uj/u^ = G and the 

assigned ratio of powers NuI/NuII » Ñ it is possible to obtain 

the ratio between the relative twist C2uII/uII * ®2uil‘ arul 

Let us write with the aid of equations (4.169), (4.170), 

(4.172) the following relationship: 

(4.173) 

whence it is easy to obtain 

(with symmetrical blades and when we disregard losses in them). 

When c2uII • 0 we obtain the already known relation (4.171). 

The relation (4.174) is useful, since it makes It possible, 

having the assigned values Ñ and G (from the calculation of 
pumps), to estimate which velocity triangle corresponds to the 

assigned magnitudes G and Ñ. The velocity triangle can be 

obtained in an unreal manner. This will mean that the turbine 

with the assigned relations G and Ñ cannot be made. Then one 

should assign the advisable value of twist at the outlet c2uII 

and from the assigned magnitude Ñ find which relations of angular 

velocities can be relaized. 
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For determinlnß ü we convert the formula (4.17¾): 

(4.175) 

The coefficient of circular work (Lu)n for the birotary 
_ *.4 ^ . - u max 
reaction turbine at equal velocities uT » u,» and c »0 
zi.., I II 2uil 
iwitn nonoymmetric blades, not allowing for losses, see (Fig. 

4.07) will be equal to (L ) 
u'n * 4. The coefficient of 

u max 
circular work of such a turbine is two times more than the 

coefficient of circular work of a single-stage impulse turbine 

with the same number of vane cascades. 

In comparison with the impulse turbine with two velocity 

stages, the maximum of efficiency here is shifted to the right 

with respect to u/c1 (for a birotary reaction turbine - with respect 

to u/wu). One should expect that for such a turbine the absolute 

value of the efficiency will be more than that for the impulse 

turbine with two velocity stages, including that for the birotary, 

since the number of rows of the vane cascades is minimum and the 

velocity at the inlet into impulse cascade is minimum (on 

Fig. 4.8b the curve of the change in efficiency of the birotary 

reaction-impulse turbine is designated by number III). 

and the birotary reaction-impulse 
turbine (III). 

for the impulse turbine with 
two velocity stages (I), the 
birotary impulse turbine (II) 

Fig. 4.88. Dependences of the 
circular efficiency nu on u/c1 

# o> ci ci eyuft, 
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The use of the reaction-impulse turbine is limited by the 

fact that such a turbine Just as any reaction turbine, will 

effectively work only with a full gas feed, i.e., when e ■ 1. 

This means that such a turbine can be used only for high flow 

rates. For turbines with the high pressure ratio, the flow 

rate causes high power, and, therefore, such turbines can be 

used in turbopump units of high-thrust engines. 

4.6.3.3. Multistage Birotary Reaction- 
Impulse Birotary Turbine with Two 
Velocity Stages 

The reaction-impulse birotary turbine can be made with any 

number of stages, in particular with any number of velocity 

stages. 

Figure 4.89 gives a diagram of a reaction-impulse birotary 

turbine with two velocity stages. 

Fig. 4.89. Diagram of the reaction- 
impulse birotary turbine with two 
velocity stages. 

Velocity triangles for the reaction-impulse birotary turbine 

with two velocity stages with symmetrical blades of the second 

and third rows not allowing for losses in them, when c2utjI ■ 0 

and Uj - Ujj ■ Ujjj ■ u, are given on Fig. 4.90. 
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;o: 
Work3 of rows of the rotor blades are, respectively, equal 

¿ni ^ -luî; lën mi Sul; ¿ain n 2k). 

The moat loaded is the second row of the rotor blades. The 

power between the rotor wheels is distributed equally, since 

the first and third rows of the blades operate on one shaft. 

of n 

rhe °Pei,ating factor of the entire turbine under conditi ons 
u max 

(ZJ, - IP. ; 
• M«t 9 

the optimum relation 

ant (4.176) 

Pig. 4.90. Velocity triangles for the reaction- 
impulse birotary turbine with two velocity stages 
with symmetrical blades, not allowing for losses, 
wnen n » n n • * 
When C2uIII * 0 and UI - UH * uIn - u. 

Turbines of this design are characterized by the high values 

of the coefficient of circular work with a small number of rims. 
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4.7. ENERGY TURBINE CHARACTERISTICS 

4.7.1. FORMS OF TURBINE CHARACTERISTICS 

Dependences of the work, efficiency, power of the turbine or 

the values derived from them on any independent parameter, which 

determines conditions of the turbine, are called the power 

turbine characteristics. 

Selected as an independent variable is the parameter sharply 

changing conditions of the turbine (as, for instance, u/c ) 

or the parameter which affects the control element (for example, 

the initial pressure, the frequency of rotation, etc.) 

The dependence nT ■ f(u/cafl) examined earlier (see Fig. 4.60) 

for impulse single-stage turbines is the characteristic of a 

series of turbines having different computed values of u/c * 

since at each value u/caÄ we assume that the degree of admission 

is optimum, and the flow angles are equal to the angles of 

the blade, and that the angles of the blades are changed in 

accordance with the conditions. For this turbine the angles 

0l/i and ß2n reraaln constant, and the angle of attack, which 

increases losses in the cascade is changed. Therefore, the 

characteristic nT * f(u/cafl) for this turbine will not coincide 

with the dependence n * f(u/c ) for a series of turbines. 

Dependences constructed in criterlal form have a common nature. 

In Section 2.12.4 it is shown that for geometrically similar 

turbines with the self-similar Reynold's criterion Re > 10^-10^, 

there is the relation between the criteria characterizing the 

effectiveness of the turbine and the mode criteria: 

G, (m.w n,; ’/ {»/<•„, *)• (4.177) 

For turbines of turbopump units the mechanical efficiency 

is taken equal to unity (see Section 4.5.3); and therefore values 
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of the internal efficiency and internal power for which there 

wore obtained dependences (4.177) will be respectively equal 

to the effective values of the efficiency and power. Prom 

expression (4.177) for the same turbine, let us find the relation 

of the flow rate, power and efficiency with the operating mode. 

Expressions for the criteria can be simplified. Since 

the criteria can be multiplied (divided) by each other, in the 

obtaining of new criteria, then having multiplied Q and Ñ by 

u/caA and Xca^ " cafl/UHp a2d bearing in mind that pj - pj RtJ, 
we will obtain instead of Q and ÑT the following criteria: 

•- 

1 / 'rir 'K * / 

For the same gas (k • const, R ■ const) and the same turbine 

(DCp ■ const) it is possible to write: 

tv cj ■ i and ¿Vw—|ii ■ # 
/vr* ÄT 

Criterion A can be presented in the form 
an 

it -îu.. 
•• * M 

(4.178) 

From expression (4.171') it follows that when k ■ const, instead 

of Ac it is possible to use the pressure ratio in the turbine 5. 

,T,he criterion of kinematic similarity 

(4.179) 
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By eliminating constants k, R and D 
cp 

we obtain 

(4.180) 

When 6 • const, u/caÄ - The criterion w//rj is 

called the normalized frequency of rotation. 

After simplification in the criteria, expression (4.177) 

for this turbine, which operates on definite gas (k ■ const, 

R ■ const), takes the following form: 

Dependences of the normalized flow rate G and 

normalized power NT/TJ7pgu>2 on the normalized frequency of 

rotation with the number of constant values 6 are called, 

respectively, the flow and power characteristics of the turbine. 

The dependnece of the efficiency of the turbine on the normalized 

frequency of rotation at different 6 characterizes the economy 

of the turbine. 

Figure 4.91a gives the experimental energy characteristics 

of an impulse turbine with the calculated pressure ratio 6p ■ 11. 

The given flow rate G/FJ/pg does not depend on the pressure 

ratio ó and the normalized frequency of rotation, since with a 

supersonic pressure differential the flow rate G is determined 

only by the pressure pg and temperature Tg. In this case the effect 

of pg and Tg is such that the complex G ÆJ/P8 should remain constant 

[see equation (4.40)]. 

The efficiency of the turbine nT increases with an increase 

in oiZ/FJ (experimental values of »//rj correspond to the range 

of values u/c . less than the optimum), since in this case losses 

with the outlet velocity are decreased. The maximum efficiency 

level corresponds to the computed value d. With a difference in 
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6 from the calculated value, the value of efficiency decreases, 

since losses in the nozzle cascade increase (because of the 

fact that the flow becomes off-design), and losses due to a 

difference in the incidence from the calculated increase. 

With an increase in a decrease in normalized power 

N/rJ/pgu2 occurs as a result of a decrease in the coefficient of 

the adiabatic work L* ■ L* /u2, in spite of an increase in 

efficiency. Let us explain this in more detail. 

On the basis of equation 

let us write 

where 

•V, I rj I ri/w.;(tif 
-.-.- 

T. _ L" _ *î , __ _l_ ' I 

(4.182) 

The effect of ô on the normalized power corresponds to the 

effect of 6 on the efficiency, since ■ const. 

The energy characteristics of a low-pressure turbine (see 

Fig. 4.91b) are similar to characteristics of a high-pressure 

turbine, with the exception of the dependence of the normalized 

flow rate G on 6 and w// Since the low-pressure 

turbines have a subcritical pressure differential, with an 

increase in 6 the normalized flow rate will increase [see equation 

(4.37)]. With an increase in w//Fjf (an increase in u/cafl) the 

normalized flow rate is somewhat decreased, since the throughput 

capacity of the wheel is decreased. 

u/c an 

The dependence of the efficiency of low-pressure turbines on 

(see Fig. 4.91c and 4.9ld) is not affected by the pressure 

ratio 6 (in the region of subsonic velocities). 
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^.7.2. METHODS OF THE OBTAINING 
OF TURBINE CHARACTERISTICS 

^•7«2.1. Full-Scale Tests 

For the obtaining of experimental turbine characteristics, 

it Is necessary to conduct its bench tests. The test stand 

should be equipped with a brake, Instruments for determining 

parameters of the turbine and regulating devices which make it 

possible to change the operating mode of the turbine. Similar 

test stands for turbines of considerable power are quite bulky 

and complex in construction and operation. 

In practice for obtaining the necessary experimental data on 

the operation of the turbine, full-scale tests of the turbopump 

unit with the feed of natural gas to the turbine are carried 

out. in this case the pump performance should be known. This 

method is good in that operating conditions of the turbine 

during testing are maximally close to the conditions of normal 

operation. But the possibilities for obtaining data in the 

wide range of a change in the conditions are limited by the 

service life of the turbopump unit, the reliability of the 

installations, and the complexity of the experiments. 

In connection with an increase in the required powers, 

frequencies of rotation and agressiveness of the components, 

are ever greater importance is acquired by model tests of 

turbines of turbopump units. 

^.7.2.2. Model Tests 

Model tests can be subdivided into two forms: 

1) model tests of turbines (i.e., geometrically reduced 
or increased models); 
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2) model tests of natural turbines (tests on model gas). 

In the testing of turbines of the turbopump unit of the LPRE 

of high thrusts, we resort to the modeling of turbines of less 

dimensions; when the dimensions of turbines are small, the use 

of the reduced models does not lead to a simplification in the 

tests. With wind-tunnel tests of elements of the turbine, it 

is frequently necessary to use enlarged models. For the testing 

of turbines of LPRE model tests of natural full-scale turbines 

are extensively used also. 

With model tests of the turbines, when selecting the 

conditions, it is necessary to maintain the similarity criterion 

and process the results of the experiments in crlterial form, 

disregarding the difference in k: 

ft,"Vr(or (4.183) 

Model conditions are selected so that the test conditions 

would be facilitated. For example, the lowerings of power, 

frequencies of rotation, temperatures, simplifications in the 

diagram of the test stand, reductions in prices, ect. are attained. 

Widespread use was obtained in model tests in which as a 

model of the working medium air with low temperature is used. 

Let us explain what in this case the parameters of air and 

conditions of the tests should be. 

Conditions of modeling (similarity) 

« litem and K.. *■- Wem 
'•« *’ 

can be replaced with conditions 

JLi-JL l, «Idemand». »Mem. 
«M •• •' 

.■ ... 
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Then we will obtain for the model and natural conditions: 
-*■ —._*a _ a 

Bearing in mind that for natural and model gases complexes ¡~-rR 

are close to each other, it may be concluded that the circular 

velocities and, therefore, ui, with modeling on air should be 

lowered, since TJm << TJ. A reduction in the frequency of 

rotation has a favorable effect on the reliability of the test 

stand, simplification in the measurements, lowering of the 
powers and so on. 

It is possible to attain a reduction in the flow rate through 

the turbine by means of a reduction in the initial pressure. 

The limit of reduction in the initial pressure is the reduction 

*n the Re criterion by means of a decrease in v. The initial 

pressure can be lowered until according to the Re number the zone 

of self-similarity will take place, i.e., when Re > 105. The 

initial temperature must be selected in order that with the air 

expansion in the turbine there is no moisture condensation 

contained in the air (which will disturb the similarity during 

the modeling). Usually for this the air must be heated up to 
400o-500°K. 

Great possibilities are included in the modeling of turbines 

during tests on working media with great molecular weight 

''low R) (see source [58]). 

For maintaining 

<<1* — IJ.-IS (4.184a) 

with modeling on heavy work media the circular velocity u and, 

consequently, the frequency of rotation u can be greatly lowered, 

since the value Rfi <* R, and usually the temperature of the model 

working medium can also be selected at less than natural [see 
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relation (4.184)]. With such a test method the power of the 

turbine ia considerably decreased, since value L* is lowered 

because of less values of R and Tf. It is also possible to 

decrease the gas flow rate by lowering the initial pressure. 

In modeling with the use of gas with a low value of R, the power 

is lowered by dozens and hundreds of times. 

The model working media with this test method are freon, 

for example: 

dichlormethane .k ■ l.l6j R ■ 

freon-22 . k - 1.18j R - 

freon-l2 . k * 1.12; R ■ 69^^, 

Test data of the turbine on model gas for the purpose of the 

further conversion to natural gas, in accordance with the theory 

of similitude, should be represented in the form of rleatlons 

(4.183). Having eliminated the constant value D from the 

criteria G and Ñ, we obtain ^ 

Then the test data of the turbine on model gas can be 

presented in the form 

(¢.165) 

Dependences (4.185) for the model gas will not be identical 

to the corresponding dependences for natural gas, since values 

¿f the criterion k for the model and natural gases are different 

¥ k)t i.e., the full similarity of the processes is not 

observed. However, experience shows that with a difference in 

values kH and k of 10-15¾, it is possible to take the relations 

(4.185) identical for the model and natural gases. 



Then when necessary It Is possible to convert the relations 

• li-b), obtained on model gas. Into energy characteristics of 
the turbine which operates on natural gas: 

(or ‘V 
An example of the characteristics obtained during model 

tests of turbines are the dependences given on Pig. ¿4.91. 



.».... 

Calculation of Characteristics 
of the Turbine 

The third way to obtain characteristics of the turbine is 

calculation way. The characteristics of the designed turbine 

can be designed with a known approximation. The calculation of 

characteristics of the turbine is used to evaluate the parameters 

which can be obtained from the turbine designed. This is especially 

important in the calculation of the control system of the turbo¬ 

pump unit. These calculations, as a rule, have a tentative nature. 

With the storage of the experimental data according to the loss 

factors and with the perfection of the method of calculation, 

the reliability of characteristics by means of calculation, will 
Increase. 

For an example, let us examine the calculation of the 

characteristic of a single-stage turbine according to the 

frequency of rotation w in the form of dependences of the moment 

and power on the frequency of rotation. This characteristic is 

of interest for an examination of the joint operation of the 

turbine and pumps; it is the external turbine characteristic, 

which shows which power can be developed by the turbine under 

given conditions depending on the frequency of rotation. Let 

us take the pressure ratio as boing constant: 

»count. 
A 

We will examine the characteristic under the assigned 

initial conditions pj and TJ. Let us first determine which fox-m 

the characteristic will take under certain simplifying assumptio: 

et us assume that ^ - clp (* « const). Furthermore, let us 

assume that w2 - w2p - const. This assumption means that 

conditions at the inlet into the vane channel with a change in 

the frequency of rotation do not affect the outlet velocity w . 

(The latter assumption is rough, and it will subsequently be 

shown that it can be rejected.) 
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Under these conditions the velocity triangle will be depicted 

In the manner that it is shown in Pig. 4.92. In this case the 

expression for the moment on the circumference of the wheel is 

recorded in scalar quantities in the following form: 

.if.-CrirLffjJ, (4.186) 

and in terms of the calculating values the moment is expressed 
thus: 

.If, mmCr -(«, — 11)1, ( 4.16? ) 

since 

Fig. 4.92. Approximate velocity 
triangles with a variable fre¬ 
quency of rotation. 

Since the values Q, clu p» o2u p, and u are constant, then 

the moment linearly depends on the frequency of rotation u 

(Fig. 4.93). The maximum moment takes place when m ■ 0: 

Fig. 4.93. A change in the power 
and torsional moment of the 
turbine depending on a change 
in the frequency of rotation. 
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The moment on the shaft M will be less than Mu by the value 

of the moment of the losses. Let us assume that M_ linearly noT 
increases with an increase in the frequency of rotation, which 

is usually confirmed by an experiment: 

Afã,, ■* o», 

where it is possible to assume that 

a .(5 h G). I0-«. 

Having designated 

Or (^168) 

and having designated the moment at the calculated frequency of 

rotation (taking into account the moment of losses) we obtain 

the equation for the instantaneous value of the moment (see 

Pig. 4.93): 

(4.189) 

Thus, the dependence of the torsional moment of the turbine 

on the frequency of rotation is depicted as a straight line. The 

experimental dependence of the torsional moment on the frequency 

of rotation also is usually close to a straight ?lne. 

From equation (4.189) it is possible to find the maximum 

frequency of the rotation wmax which can be developed by the 

turbine rotor, having assumed in the equation M ■ 0: 

(4.190) 

It is important not to allow the acceleration of the rotor 

up to the maximum according to conditions of strength of the 

frequency of rotation in order to avoid its breakage; therefore 

it is attempted always to work with filled pumps or design a 

special counter acceleration device. 
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The leas MpJ the less the value of the maximum frequency of 

rotation with the acceleration of the rotor. An increase in M 

leads to a reduction in M and to a reduction in w . 
P max 

The power of the turbine 

(4.191) 

In view of the linear dependence M ■ ’(u) will be depicted as a 

parabola with the maximum when u» ■ w /2 (see Pig. 4.93). 
mi X 

Using the assigned initial and calculated parameters, the 

dependence of the power on the frequency of rotation will be 

expressed by the equation 

(4.192) 

where 

Equation (4.192) is used in the calculation of the control 

and adjustment of the engine. 

The maximum power is developed at a frequency of rotation 

somewhat greater than that calculated. 

For a more precise calculation of the characteristic 

according to the frequency of rotation, one should consider the 

change in v¡2 with a change in the frequency of rotation. A 

change in the frequency of rotation (see the velocity triangles 

given In Fig. 4.94) leads to a change in w^^ in value and 

direction. Let us find value from the relation 

(4.193) 

iMm 
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Mg. 14.9¾. Velocity triangles for the assigned 
impulse turbine at two values of u/c^ 

Value <j/ will be variable and will depend on the incidence 

(see Section 4.3.2.1), According to value w0 v/e construct the 

outlet velocity triangle, and, having determined value c2u, we 

fl-nd Lu according to equation (2.29). U 

By conducting such calculations and plottings for several 

values of the frequency of rotation, we will obtain curves for 

L>u and nu» After this it is possible to determine the efficiency 

of the turbine, having used equation (4.122). Losses connected 

with leakages, friction of the disk, shroud and admission are 

calculated from equations (4.111), (4.125), (4.126) and (4.127). 

The power of the turbine is found from the expression 

We will now discuss the case of 6 * 6p. Let us assume, for 

example, that 6 > 6p. To facilitate the calculations, let us 

assume that a change in 5 occurs in connection with a change in 

P2* At the selected value of 6 we determine the velocities c. 

and clt assuming approximately that <!>■$ . We find angle 

by taking into account the deviation in the flow in the obliqu« 

section (see Section 4.3.1). 

Let us assign, as before, several values oí' u. For each of 

them we plot the velocity triangle at the inlet (Fig. 4.95), from 

which we determine clu. The outlet velocity w¿ is directed at 

angie S2p which corresponds to the angle of the blades at the 

outlet. The velocity v¡2 is determined with the aid of the relation 

(4.193). By knowing the velocity w^, we plot the outlet velocity 
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Fig* ^*95. Velocity triangles for 
the assigned impulse turbine at 
different circular velocities and 
pressure ratios. 

triangle, from which we find c2u. Then according to expreaalon 

(¢.107) we determine Eu, according to enuatlon (4.122) we 

determine n , whereupon we find N - QL n . 
T SA T 

The data obtained as a result of the calculation are 

represented in the criterial form: 

(the energy turbine characteristic). 

J.8. SELECTION OP PARAMETERS AND 
ORDER OF CALCULATION OP TURBINES 
OP LIQUID-PROPELLANT ROCKET ENGINES 

4.8.1. SELECTION OF THE FORM OP 
THE TURBINE 

4.8.1.1. Selection of the Form 
oi the Autonomous Turbine 

In LPRE with an autonomous turbine (see Pig. 1.H») gases 

from the turbine are either ejected into the atmosphere (for 

example, through the control nozzles) or are utilized for any 

auxiliary purposes (for example, for tank pressurization or as a 

heat source in heat-exchange or evaporative apparatuses). 
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In all these cases the grs flow rate through the turbine 

should be a minimum, since the gas of the turbine does not 

participate in the thrust creation by the main chamber. With 

the assigned magnitude of peripheral velocity, the condition 

corresponds to the maximum work factor. Consequently, as an 

autonomous turbine there should be selected the turbine in which 

for 1 kg of mass of the working medium there is the maximum work, 

i.e., the turbine with the maximum operating factor Ü at the 

assigned peripheral velocity. Such turbines are Impulse turbines. 

In many instances autonomous turbines have a small flow rate 

of the working medium. With the low flow rate of the working 

medium the partial admission of the gas to the turbine wheel is 

achieved. The effectiveness of the reaction turbine with partial 

admission is substantially lowered. This is an additional 

circumstance which prevents the use of reaction turbines as 

autonomous turbines. 

With calculation of the autonomous turbine of LPRE the value 

u/<-aA is often assigned. The peripheral velocity u is selected 

from considerations of strength (it should not exceed 350-^00 m/s), 

or it is conditioned by the frequency of rotation of the pump 

spindle and by permissible dimensions of the turbine; the adiabatic 

discharge velocity from the nozzles cafl is assigned by the available 

pressure ratio ó - P0#/p2. The initial pressure p0» is selected 

at as maximum as possible, i.e., it is determined by the pressure 

created by the pumps with deduction in the drop in pressures on 

gas-generator injectors and resistances of the main feed line of 

the gas generator. 

The outlet pressure I® determined by the scheme of the use 

of reaction gases of the turbine. The outlet pressure is greater 

than the calculated pressure of the environment (the pressure 

ratio should be more than the critical). 

659 

tú 



With the assigned magnitude u/cflfl the operating factor 

Lt * lt/u" is uniquely connected with the efficiency of the 
turbine : 

The less u/cafl (when u/cafl < 0.2-0.25) (see Pig. 4.76), the 

more the basis for using a turbine with two velocity stages. 

(Let us recall that these turbines in the region of small values 

of u/caA have the greatest values of the operating factor of all 

forms of multistage turbines, see Section 4.6.2.2.) The assigned 

magnitudes of u/cafl frequently lie within limits of 0.05-0.15. 

At such values of u/cafl the efficiency and the operating factor 

arenoticeably more for a turbine with two velocity stages than 

for an impulse single-stage turbine. Consequently, it is 

advantageous to use turbines with two velocity stages with 

small values of u and large values of cafl (large 6). 

Pig. 4.96. Dependences of the 
effective work on the pressure 
ratio and peripheral velocity 
for the single-stage impulse 
turbine (solid lines) and for 
the two-stage impulse turbine 
with velocity stages (dashed 
lines). 

Figure 4.96 gives the calculated dependences of the specific 

work Lt on u and 6 plotted on the basis of graphs given in 

Fig. 4.76. in the calculation the following were accepted: 

RTg - 40»l(r J/kgj k » 1.28. 

From an analysis of the graphs given in Pig. 4.96, it 

follows that for obtaining the maximum specific work (minimum 

gas fxow rate) it is more preferable to use the impulse turbine 

with two velocity stages rather than the single-stage impulse 
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turbine, at peripheral velocities of u i 200 ra/s for any pressure 
ratios In the tMrblne. When u 2 300 m/s the advantage of the 
Impulse turbine with two velocity stages Is observed only with 
large pressure ratios (6 > 25 when u ■ 350 m/s).

In practice turbines with two velocity stages are used only 
for engine Installations with high thrusts. The turbine with 
two velocity stages Is constructively more complex (It has a 
larger number of blades, possesses larger mass, and the cost of 
Its production Is higher than that of a single-stage Impulse 
turbine). The final conclusion about the expediency of the use 
of a turbine In the form of one Impulse stage or In the form of 
two velocity stages should be solved by taking Into account the 
full economic analysis and mass analysis of the design.

For engines In which hydrogen Is used as the fuel, the 
use of blrotary turbines and, primarily, a blrotary turbine with 
two velocity stages can be of interest (see Section <t.6.3.1).
For high-powered engines with high flow rates of the working 
medium. It Is possible to use a reaction-impulse blrotary turbine 
(see Section 4.6.3*2).

4.8.1.2. Selection of the Form of 
Precombust Ion-Chamber Turbine

For designs of engine Installations with gas feed into the 
combustion chamber. It Is advantageous tc use- single-stage turbines, 
since the available pretsure ratios In these designs are small.
The determining requirement for this design Is the effectiveness 
of the turbine. Its efficiency, which, as the final result, 
determines the feed system characteristics throughout the mass of 
the construc*^ion (see Section 1.4.2).

In connection with the small pressure ratio, uxuill values of 
Cg^, ar.d, therefore, large ratios of > 0.5-0.b correspond
to preoombustIon-chamber turbines. Under these conditions the

661



greateat efficiency corresponds to reaction turbine (see Pig. 
^ U ^ 

However, the use of a reaction turbine leads to a number of 

design difficulties primarily because of the presence of a great 

axial force on the rotor wheel and increased gas overflow. 

Reaction turbines should be made with the full gas feed (c - 1). 

In practice precombustion-chamber turbines of the LPRE 

designed as turbines with a small degree of reaction or as 

mpulse (according to the mean diameter p - 0-0.3). At high 

combustion-chamber pressures of the engine, and, therefore, in 

the gas generator feeding the turbine, and also with a low mass 

flow rate (engines with a reducing gas generator), the 

precombustion-chamber turbine can be partial (n < 50-70)j then 

it was made inpulse. As precombustion-chamber turbines radial- 

axial inward-flow turbines are also used. 

îûr,^nr.nEîrSCTI0N 0F PARAMETERS AND 
THE ORDER OP CALCULATION OP 
AUTONOMOUS TURBINES 

^.8.2.1. Autonomous Single-Stage Turbine 

In Section «.8.1.1 it waa Indicated that the autonomoua 

turbine la made an Impulae alngl.-atag. turbine when u/c > 0 2- 

0.25. With amaller u/cM the double-atage turbine with «loclty 

stages has a larger operating factor and efficiency. However, 

from consideration, of .Implicit» and a d.cr.ae. In the mas. of 

the construction and at smaller value, of u/c . the autonomous 

urbine can be made single-stage impulse. 
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A. INITIAL DATA AND THEIR SELECTION 

! 
The initial data for the calculating are: 

1) NT - the power of the turbine which is determined by the 

power required for the pump drive; 

2) « - frequency of rotation; 

3) physical constants and temperature of the working medium 

of the turbine; 

4) pressure ratio 6; 

5) material of blades of the turbine and its strength data. 

Frequency of Rotation and Peripheral 
Velocity 

The frequency of rotation Is determined by the value permis¬ 

sible for pumps at which the noncavitation work of the pump is 

ensured. 

An increase in the frequency of rotation promotes an increase 

in the elflclency of the turbine because of an increase in the 

power-speed coefficient (see Fig. 4.58). Furthermore, with an 

increase in the frequency of rotation the dirensions of the turbine 

with the selected peripheral velocity are decreased. Therefore, 

an increase in acticavltatlon qualities of the pumps, which enables 

an increase in w, favorably affects the autonomous turbine. 

The Independent selection of the frequency of rotation of 

the turbine, which provides for the pump drive through the reducers 

which reduce the frequency of rotation, did not Justify itself. 

Such a design of the turbopump unit greatly loses with respect to 

the simplicity and mass of the construction. 

It is advantageous to select peripheral velocity as maximum 

as possible. On the basis of considerations of strength u * 
. . cl X 

■ 350-400 m/s; let us note that the value u Q , as a rule, is 
ma X 
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always less than the optimum value determined according to c 

and the optimum ratio (u/c^) (see Pig. 4.58) at which n ** 
and, therefore, Lt • reach a maximum. 

In selecting u - umax. It la possible to obtain at the 

assigned frequency of rotation the large mean diameter at which 

the diametrical dimensions of the turbopump unit will be 

inadmissibly great. Therefore, from considerations of permissible 

dimensions of the turbopump unit the mean diameter D should not 

exceed (l.i,-2)D2, where D2 is the outside diameter of the wheel 

of the fuel pump. Prom the selected mean diameter and the frequency 

of rotation the peripheral velocity is determined. 

Physical Constants and Temperature 
of the Working Medium of the 
Turbine 

As a rule, the working medium of the turbine consists of 

combustion products of basic components (either with a fuel 

surplus or oxidizer surplus). Usually used as the working medium 

is gas with a fuel surplus - reducing gas (see Section 1.4,1). 

Sometimes the working medium of the turbine can be the 

decomposition products of single-component, unitary fuels - 

hydrogen peroxide, hydrazine, etc. 

Physical constants of working mediums of the turbine of 

the LPRE greatly depend on the relationship of components in 

the gas generator. The coefficient of the adiabatic curve is 

found within limits of k - 1.2-1.4. Por fuels in which the com¬ 

bustible is a hydrocarbon compound and the oxidizer - on a 

nitric acid base, for the reducing gas RTJ is approximately 

(30-t>0MQ J/kg. it is desirable to have the value of RT* 

high. The higher RTJ, the more the operating factor, and the less 

the flow rate of working medium. 
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In practice the value of the temperature In front of the 

turbine Is limited by values of 1000-1200°K on the basis of the 

efficiency of the design« With a further Increase In temperature 

an Increase In specific work occurs. This circumstance and the 

possibility in the prospect for gas bleed from the combustion 

chamber for feeding the turbine make the problem of an increase 

in temperature in front of the turbine an actual one. 

Pressure Ratio 

The value 6 - the pressure ratio - for the turbine is 

determined by the selection of the initial pressure pg and 

pressure after the turbine p2> The pressure ratio 6 for autonomous 

turbines is usually 15-40. 

An increase in the pressure ratio leads to an Increase in 

the adiabatic work, but because of the drop in efficiency with an 

increase in the pressure ratio (decrease) in u/c ) the specific 

work Lt with an increase in 6 increases slowly (see Fig. 4.96). 

The correlations established by the graphs given in Fig. 4.96 

should be considered when selecting pg and p0, if there is the 

possibility of varying them. 

The material of blades of the turbine and its strength data 

at temperature T* should be assigned for further calculation 
W1 

of the designed turbine for strength. 

B. ORDER OF CALCULATION AND AN EXAMPLE 
OF THE CALCULATION 

As a result of the calculation of the autonomous turbine of 

the LPRE such dimensions of elements of the turbine which are 

used when developing the design are determined. Apart from this, 

the flow parameters (temperature, pressure, velocity, normalized 
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Used as an autonomous turbine are Impulse turbines (p ■ 0) 
(for the impulse turbine - c.^; P;L - p2). According to 

values u/cafl, I and n8 T, with the aid of Fig. ¿J.58 for each of the 

selected values of Gf the efficiency of the turbine n is 

determined. The flow rate G, at which the power of the turbine 

Nt * aLSflnr wil1 colnclde with the assigned, is the required gas 

flow rate through the turbine. This value is used in further 

calculations. At the end of the calculation it can appear that 

the obtained power value is distinguished from the assigned by 

more than 5*. In this case one should repeat the calculation, 

having changed the initial value of the flow rate. 

Calculation of Flow Parameters in the 
Axial Clearance Between the Nozzle 
Cascade and Cascade of the Wheel 

The calculation of parametei's in the axial clearance (outlet 

from nozzle cascade - inlet into the wheel ) is necessary for 

determining dimensions of the nozzle cascade and cascace of the 

wheel. 

The flow angle in the axial clearance is selected within 

limits of ot^ ■ 15o“20°. The velocity factoc of the nozzle cascade 

can be taken at $ ■ 0.92-0.96. 

ihe basic equation for calculating the flow parameters were 

given in Section 4.2.1. 

Let us recall that the M number can be expressed by the 

normalized velocity X: 

t 
M 

where a is the speed of sound, 

«« I W; 

1/ r *+1 

(4.1961 

(4.197) 

(4.198) 
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ihe normalized flow rate q(X) can be determined with the aid 

of í‘'i¡3-iyr.ainic tables or by equation 

(**.199) 

Determination of Dimensions of the 
Nozzle Cascade 

In the case of the turbine with the full gas feed (e ■ 1), 
th< span of nozzle cascade is determine^ According to equation 
(**.03). 

It is advantageous to begin the determination of dimensions 

oí h* nozzle cascade of partlal^admissions turbines with the 

presence of the span of the blade of the wheel according to 

equation (**.132). For this it follows to assign the width of 

the cascade of the wheel b and relative pitch t (in the first 

approximation). Subsequently, it is necessary to be convinced 

i the lact that ratio h^/b was more than unity. 

From the found span of the impeller vanes, taking into 

account the overlap, the span of the nozzle cascade h is 

determined irom equation (**.71). A further course of the 

íomputation is clear from Section Ü.3.3.2. Let us note that in 

the case of conical nozzles the width of the nozzle cascade is 

determined by the construction of the conical nozzle. 

Determination of Dimensions of the 
Wheel Cascade 

fne airfoil cascade of the wheel is selected from the atlas 

of profiles (see source [**]). For the selection of the profile 

it is necessary to know the flow angles at the inlet into the 

cascade and at the outlet from it (ß1 and S2), and the number 

• t'rcfiles of cascades of the wheel of impulse 
2dÄ 1 



r . ..,.. lIMfipilppippiiilll,. ■:.,. . . n Y 

!V 
f 

I 

if 

i 

1^^ 

turbines are designated In the atlas by the letter P. The flow 

angle at the Inlet Is determined from the velocity triangle 

(see Section 4.2.1.1). 

The flow angle at the oulet can 136 determined from 

equation (4.72), having selected the span of the blade at the 

outlet 

ku -■ *u > I« *) **' (4.2ÛÛ) 

or, being assigned the angle 0^, it is possible to determine h?;i 

by equation (4.72). 

For determining Sj froin equation (4.72), one should assign 

the velocity factor ¢, which makes it possible to find the value 

q(XWj) [see equation (4.73)3» subsequently, value ^ is refined. 

The selected profile is changed geometrically in a similar way in 

connection with tue calculated turbine. If the radii of the 

rounding of edgee of the blades are too small (technologically 

unfavorable), then it follows to increase the radius by means 

of increasing the profile on the side of the face. 

Having selected the cascade profile according to its 

characteristic curves (see the atlas of profiles [4]), we find 

the geometric parameters of the cascade. Having selected the 

value of the relative pitch t in the range of optimum values, 

we determine, according to the dependences given in the atlas, 

the angle of setting of the profile x which the necessary 

angle of departure ensured. It is possible in this case 

to assume that 
«• 

V it ♦ *w **• ÿ-. 

The value found of the setting 

determine the airfoil chord 

angle makes it possible tc 

*»: mn i 
(4.2 Q1 ) 
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the cascade pitch 

I *-/i| (4.202) 

and the number of blades 

.in,Y 
(4.203) 

Aftec this it is possible to determine the loss factor in 

the cascade using the characteristic curves of the selected 

profile. In this case one should consider the difference in the 

selected geometric parameters of the cascades from those with which 

the indicated characteristics are obtained. For this we utilize 

the generalized dependences given in atlas [4], 

Flew Conditions from the Wheel 

The absolute outlet velocity and flow angle a2 are determined 
from the velocity triangle (Fig. 4.97d): 

I (»I"ht* + to*-«P; (4.204) 

(4.205) 

The stagnation temperature is found from the equation 

(4.206) 

ihe total pressure at the outlet can be found from the 

general expression 
» 

£ 
r (4.207) 

where 

(4.207a) 
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Let ua note thav the order of calculation of the energy 

characteristics of thi> turbine Is presented In sufficient detail 

in Section 4.7.2.3- 

4.8.2.2. Features of the Calculation 
of a Two-Stage Autonomous Turbine 
with Velocity Stages 

With small ratios u/c „ (u/c „ < 0.2-0.25), for increasing the an an 
efficiency, it is advantageous to use a two-stage impulse turbine 

with velocity stages. These turbines, Just as the single-stage 

turbines, are high-pressure and supersonic. 

The required gas flow rate through the turbine is determined 

similar to the way in which the flow rate for a single-stage 

impulse turbine is determined (see Section 4.8.2.1) with the use 

of the dependences given in Fig. 4.75. 

The profiles of the blades of the rotor cascades and the 

guide vane is selected from the atlas of profiles [4], in the 

calculation it Is possible to assume the spans of rotor blades of 

the first and second stages and stator blades to be identical or 

smoothly increasing. 

Losses of power and efficiency of the double-stage turbine is 

calculated in accordance with the data given in Section 4.6.2.2. 

Let us note that rotor blades of the first and second stages can 

be located on one disk (see Fig. 4.67). In this case entering 

into disk losses of the turbine will be friction of the disk and 

cylindrical surface on the periphery of the disk. It is possible 

approximately to take the sum of these losses equal to double 

the friction losses of the disk. 

In connection with the spreading of the gas on the arc, the 

degree of admissi i e of the guide vane should be selected higher 

than that for the .ozzle cascade of the first stage. Therefore, 
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the arc occupied by the guide vane should be more than the arc 

ip.ed by the nozzles. It is possible to assume that 

W* MO.flS : O.l)«!*,, 

Let us note that at subsonic speeds and with a full gas feed, 

ior a decrease in the losses (by means of a decrease in the flow 

velocity, the small degree of reaction for the first and second 

stages (ot ■ 0.02-0.08) is introduced. Such turbines are con¬ 
ditionally called active turbines with velocity stages, although 

according to the operating principle they are reaction multistage 

turbines with a low degree of reaction. Such turbines are used 

mainly in industrial power engineering. The introduction of 

reaction in partial-admission turbines of LPRE is inexpedient, 

since this leads to an increase in gas overflow along the inactive 
circular arc. 

^.8.3. SELECTION OF PARAMETERS AND 
ORDER OF CALCULATION OF 
PRECOMBUSTION-CHAMBER 
TURBINES 

8.3.1. Precombustion-Chamber Axial- 
Flow Turbine 

In Section 4.8.1.2 it was indicated that the precombustion- 

chamber turbines correspond to small values of LJ , and therefore 

the precombustion-chamber turbines, as a rule, can be made single- 

stage. For precombustion-chamber turbines u/c > 0.5-0.6; in 

connection with this (see Fig. 4.48) for the obtaining of the 

maximum efficiency precombustion-chamber turbines can be made 

reaction. However, reaction turbines correspond to considerable 

axial forces, which impede the design of the turbopump unit. 

Therefore, during the calculation one should assume that p - 0 

or Introduce the low reaction (pT S 0.3). T 
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A. INITIAL DATA AND THEIR SELECTION 

Such Initial data as the power of the turbine, the frequency 

of rotation and the physical constants of the working medium are 

assigned and selected Just as for the autonomous turbine (see 

Section 4.8.2.1). 

For the precombustion-chamber turbine the gas flow rrce is 

also assigned. The flow rate is determined by the design of the 

feed system (see Section 1.4.2) and the assigned temperature of 

the gas in front of the turbine. In feed system with the oxidizing 

gas generator, through the turbine passes the entire oxidizer 

flow and low fuel flow necessary for providing the assigned 

temperature of the gas. For the oxidizing gas R ■ 200-300 J/kg. 

The temperature of the oxidizing gas is selected within limits of 

Tg ■ 600-800°K. 

With the reducing gas generator, passing through the turbine 

is the entire fuel flow and a small part of the oxidizer flow (in 

greater detail see further Section 5.1.2). 

The outlet pressure of the turbine is determined by the 

combustion-chamber pressure of the LPRE. The inlet pressure is 

determined from the condition of the provision of the balance of 

powers of the pumps and turbine (see Section 5.1.2). The pressures 

at the inlet and at outlet determine the pressure ratio 5 and 

adiabatic work of the turbine. 

B. ORDER OF CALCULATION AND AN EXAMPLE 
OF THE CALCULATION 

As a result of the calculation of the pi'ecombustion-chamber 

turbine there should be determined the geometric dimensions of 

elements of the turbines in which the assigned power with the 

assigned flow rate will be provided. These dimensions are 
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necessary Ter the design development of the turbine. Besides the 

dimensions, the flow parameters In the characteristic cross sections 

of the turbine are determined. 

Determination jf the Circular Velocity 
and Mean Diameter 

i.t is advantageous to begin the calculation of turbine with 

the determination of the value of the circular velocity and mean 

diameter. For this it is necessary to assign the degree of the 

reaction cf the turbine. If n8 T> 5O-6O, then the precombustion- 
chamber turbine can be made with a full gas feed (e ■ 1) (sea 

Section 4.5.4.2), and then the degree of reaction p >0 can be 

assigned. T 

If it was found that n3 T< 5O-6O (small-flow precombustion- 
ohamber turbines; turbines on reducing gas), then for an increase 

in efiiciency it is expedient to introduce partial admission 

U < 1/. Then the calculation of the precombustion-chamber turbine 

is conducted similar to the calculation of the autonomous turbine 

(see Section 4.8.2.1). 

For precombustion-chamber turbines with full feed (c « 1) the 

circular efficiency is sufficiently similar in value to the 

effective efficiency. Therefore, the optimum ratio u/c at the 

selected value pt can be determined with the aid of Fig?\.48. 

f rom the value u/c^ and c^ let us find the circular velocity 

u, and then D^, since the frequency of rotation is assigned. 

Determining Dimensions of the Nozzle 
Cascade 

It is advantageous to begin the calculation of dimensions of 

the nozzle cascade from the determination of height h . For this 

one should assign the angle of flow at the outlet - 20-25° and 

select in the first approximation uhe value of the velocity factor 



¢. For the precombustlon-chamber turbines $ ■ 0.96-0.98. The 

height of the nozzle cascade is determined from equation (4.65). 

* The width of the cascade Is selected from design considera¬ 

tions. It is possible to assume that b„ ■ 10-30 mm. 
w 

The profile of the nozzle blades is selected from the atlas Iof profiles [4] according to values otg, a1 and Mc . (The 

flow angle at the inlet a0 can be taken equal to 90°.) The profiles 

of the nozzle cascades are designated in the atlas [4] by the 

letter C. According to characteristics of the selected profile 

the relative pitch t is determined; it should be found in the 

range of the optimum values. According to the value of the 

relative pitch t, we find the setting ant;le of the profile x at 
which the necessary effective angle of the cascade al3(}¡ is provided. 

The effective angle - arc sin (a/t) is connected with the 

angle of flow by the following relation, which results from 

equation (4.38): 

»in Mi 
•to«, -j-*. (4.208) 

The number of blades and loss factor in the cascade are 

determined Just as in Section 4.8.2.1. 

After this it is possible to approach the calculation of 

the flow parameters in the axial clearance between the nozzle 

cascade and the wheel. 

Determining the Dimensions of the 
Cascade of Rotor Wheel 

» 

The span of the blade at the inlet is determined by taking 

into account the overlap (see Section 4.3.3.3). 
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ilow angles at the Inlet and outlet are determined Just 

as they are in the calculation of the autonomous turbine (see 

Section 4.3.2.1). 

According to the values 0., 0- and M , in the ataas of 
2afl 

profiles [4j working profile is selected. 

According to characteristics of the selected profile, the 

parameters of the rctor cascade and loss are determined. For 

determining the effective angle of the rotor cascade the equation 

similar to equation (4.208) is used: 

The width of the rotor cascade can be selected in the range 
hh » l1,-40 rnm. 

After1 this it is possible to calculate the parameters of 

■low at the outlet from the wheel, losses, power and efficiency 
of the turbine. 

When i «a i A', .V, *— A'ip,i ■ ■ X ( 4,209 ) 

If the power obtained as a result of the calculations will 

differ from assigned by more than 5», then one should repeat the 

calculation, having changed the pressure at the inlet into the 

turbine or gas temperature (with a change in temperature the gas 

- ate W-.11 be changed). In the case of a considerable change 

in temperature and pressure, the balance of powers of the turbopump 

unit uhouid be refined. 

j-he order oi the calculation can be observed in more detail 

according to the example of the calculation given in Table 4.4. 
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The blading ari velocity triangles for the calculated 

turbine are given in Pig. 4.98. 

Pig. 4.98. Diagram of the 
blading and velocity triangles 
for the calculated precombustion- 
chamber axial-flow turbine of the 
liquid-propellant rocket engine: 
a) meridian section; b) develop¬ 
ment of nozzle and rotor cascades 
on the mean diameter; c) 
velocity triangles. 
KEY: (1) Nozzle cascad? (profile 
C-9022A); (2) Rotor casjade 
(profile C-6030A). 
Designations: m/cbh » m/s. 

c) 

4.8.3.2. Features of the Calculation 
of Radial-Axial Turbines of LPRE. An 
Example of the Calculation 

According to economy the radial-axial and axial-'.’low turbines 

are approximately equivalent. The diametric dimensions of the 

radial1 turbine, due to the considerable dimensions of the feeding 

device, can exceed the dimensions of the axial-flow turbine. 

Used as the feeding devices of radial-flow turbines are spiral 

feeds (see Pig. 4.11). It is possible to decrease the dimensions 

of the turbine by the use of a toroidal feed (Pig. 4.99) with a 

radial connecting piece. Dimensions of toroidal feed are selected 

from design considerations. The cross section of the feed should 

be sufficient in order to obtain low velocities and a uniform 

velocity field at the inlet into the nozzle cascade. 

*As earlier, by the radial-flow turbine we will understand as 
the radial-axial inward-flow turbine. 
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Fig. ^.99. An example of calculation of the inward-flow 
precombustion-chamber turbine: a) diagram of blading; 
b) velocity triangles; c) initial airfoil cascade; d) 
development of the cascade of the trailing edges of 
impeller vanes. 

A shortcoming in the radial-flow turbines is the considerable 

temperature and power (from rotating blades) loading of the rear 

disk, which complicates the design of the turbine. 

The use of a radial-flow turbine in LPRE can be dictated by 

design and technological considerations, for example, by the 

convenience of the layout of the turbine with the combustion 

chamber, the ease of manufacture, and so on. 

Determination of the Ratio Uj/c^ 

It is advantageous to begin the calculation of the radial- 

flow turbine with the determination of the ratio u^/c-^. From 

considerations of strength, the impeller vanes at the outlet 

should be made radial (¢-, n * 90°). In this case the defined ratio 

of velocities u^/c^ should be the provided [see equation (íJ.Jóa)]. 

Angle is selected within limits of 150-22°. 
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a 

By knowing u^/c^, it is possible to determine the value of 

the circular velocity u^^ if the discharge velocity from the nozzle 

cascade is known. 

degree of the reaction of the turbine p. 

To determine c^ it is necessary to find the 

Determination of the Degree of 
Reaction 

The value of the degree of reaction should be such that at 

the selected value of the maximum of the overall efficiency 

would be reached. Taking into account the small distinction in the 

optimum conditions for the overall and circular efficiency, we 

will determine the value of the degree of reaction on the basis 

of the maximum of circular efficiency at the selected value of 

ul^cl* 

Under conditions of the maximum of circular efficiency, the 

flow at outlet has an axial direction (minimum losses with the 

outlet velocity). Let us note that the axial flow is favorable 

for the operation of the combustion chamber arranged after the 

turbine. 

For the axial outlet from the wheel it is possible to write: 

*1 ci.+4 .210) 

Having substituted the expression (^.210) for w~ into 
4- 

equation (4.9) and having used the relations 

and 
(4.211 ) 

jrJ « t* + ^ 212) 

after the conversions we will obtain the following expression: 

(4.213) 
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Expression (*4.213) makes it possible to determine the degree 

of the reaction of the turbine with the selected ratio u^c^. For 

this one should assign the values ¢, c2z/clm and D2cp/Dl (see 

Section *4.3.4). Let us recall that ratio D2c /D1 is selected 

within limits of D2cp/D1 ■ 0.3-0.6. Subsequently, the selected 

value, if necessary, is more precisely defined. 

Having determined pT, according to equation (4.33) we find 

the velocity c^ and determine the circular velocity on the outside 

diameter of the wheel u^. The speed should not exceed (from 

considerations of strength) 250-300 m/s. According to the known 

\ values of and the frequency of rotation, let us find the outside 

diameter of the wheel D1< 

Calculation of the Nozzle Cascade 

The diameter of the oulet from the nozzle cascade d^ is 

determined by the diameter of the wheel The radius of the 

inlet Tq (see Fig. 4.4l) is selected within limits of Fq * Fg/r^ * 

* 1*2-1.4 (where r^ ■ d^/2). We calculate the height of the nozzle 

^ cascade hc from equation (4.74). 

To obtain the nozzle cascade of a radial-flow turbine, one 

should use conformal mapping of the cascade (see Section 4.3.4). 

Therefore, in the calculation of the nozzle cascade, it is pre¬ 

liminarily necessary to calculate the airfoil cascade. Calculation 

of the cascade is made in a way similar to the calculation of the 

cascade for the axial-flow turbine (see Section 4.3.1.5). The 

profile of the airfoil cascade is selected from the atlas of 

profiles [4] from the number of profiles of group A (subsonic 

profiles). Nozzle profiles are designated by the letter C. 

The selection of the profile is produced according to the 

M number, calculated according to the adiabatic velocity at the 

outlet from the nozzle cascade and according to values of angles 

and Oq. Angle a0 should be selected equal to 90°. At the 
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CHAPTER 5 

OPERATION OF PUMPS AND TURBINE 
IN THE FEED SYSTEM OF LIQUID- 
PROPELLANT ROCKET ENRINES 

5.1 SELECTION OF BASIC PARA¬ 
METERS OF THE TURBOPUMP UNIT 
FEED SYSTEMS OF LIQUID-PROPELLANT 
ROCKET ENGINES 

The turbopump feed system of the liqi id-propellant rocket 

engines [LPRF] (WPH) (see Section 1.4) can have an autonomous 

or precombustion-chamber turbine. The selection of one design 

or another is determined by the purpose of the LPRE. As a rule, 

In LPRE of average and high thrusts, the design with the pre- 

combustion-chamber turbine is used, which makes It possible to 

obtain a high specific thrust, since In the LPRE with the pre¬ 

combustion-chamber turbine it is possible to have high combustion- 

chamber pressures. 

The feed system with the precombustion-chamber turbine can be 

carried out by different designs (see Section 1.4.2). Parameters 

of the feed system - the gas flow rate through the turbine, 

the outlet pressure of the pumps, the temperature and pressure 

!ront o* the turbine (in the gas generator), the frequency 

of rotation of the turbopump unit [TU] (THA) and so on - are 

determined by the design of the feed system. The design of the 

feed system also determines the design features of tl e pumps 
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and turbine of the turbopump unit. In this section let us examine 

the questions of the selection of the design of the feed system 

and the determination of the basic parameters of the feed system 

with the assigned thrust, specific thrust and relationship of 

the fuel components in the engine. The selection of the design 

of the feed system and the determination of Its basic parameters 

always precedes the detailed calculation of the turbopump unit, 

since these factors determine those parameters for which the 

pumps and the turbine of the TU should be designed. 

5.1.1. SELECTION OF PARAMETERS 
OF THE FEED SYSTEM WITH THE 
AUTONOMOUS TURBINE 

In the feed system with the autonomous turbine, for driving 

the turbine a reducing gas produced in the gas generator Is 

used. The use of the reducing gas Is not connected with the 

danger of inflammation of the metal at high gas temperatures, 

which exists with the use of an oxidizing gas. Therefore, it 

is possible to allow a higher temperature of the reducing gas 

( 1000C'-1200°K) than that of the oxidizing gas (600o-800°K). 

Furthermore, the gas constant is more in the reducing gas. All 

this facilitates a decrease in the necessary gas flow rate through 

the turbine 0T. 

The magnitude of the discharge Ur is one of the basic 

parameters of the supply system with an autonomous turbine, ^he 

less 0T Is, the higher the specific thrust of the engine will 

be. The provision for the smallest value governs the 

selection of the type and parameters of pumps and turbine of 

the turbopump unit. The flow rate Gt is found from the condi¬ 

tion of the equality (balance) of powers of the pumps and turbine 

of the TU: i-.v, V„ (5.1) 

where subscripts "oh," "rap," and "t" refer, respectively, io the 

oxidizer and fuel pumps and to the turbine. 
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Expression (5.1) can be rewritten in the form 

»7 1 (5.2) 

The fuel component flow rates and 0rQD are determined 

by the thrust, specific thrust and the relationship of the fuel 

components In the engine, takln* Into account the flow rate of 

components for driving the turbine (see Section 1.1). The pump 

p.eosui s Hqh and Hrop can be found from the combustion chamber 

pressure pH and from the value of the resistance of the main 

pressure lines of the oxidizer and fuel (see Section 1.1). 

0H and nrop can be estimated The efficiency of the pumps n0H -- wail uc 

wlth the ald of the dependences given on Pigs. 3.38-3.1*0 
according to the value of the power-speed coefficient [see 
equation (3.235)]. 

Let us express u in terms of the cavitation parameters of 

the oxidizer pump with the aid of equation (3.163); then exprès- 
alón (3.235) will be rewritten in the form 

n\ o.m _ \_jj_ I 
i or. * • (5.3) 

where 1^ is the quantity of inlets into the first stage of the 

oxidizer pump and z is the number of stages of the pump. 

Having substituted into relation (5.3) the appropriate 

VaIuea °r H and 2 for the oxidizer pump and fuel pump, we 

will obtain for them values of the power-speed coefficients 

oh an‘j n* rop usually do not exceed 1*0-60. 

. rcr. .igs. 3. 3^-3.110 it follows that the larger values of 

ns correspond to the large values of efficiency of the pumps, 
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and, therefore, less power Inputs. A decrease in the pump 

power [see equation (5.2)] favorably affects the rate of discharge 

of gas through the turbine GT, decreasing it, and therefore it 

is necessary to strive for an increase in efficiency of the 

pumps. 

Let us recall how it is possible to raise the efficiency of 

the pumps by means of an Increase in n*. Prom expression (5.3) 
s 

it follows that an increase in n* is reached by an increase s 
in the cavitation power-speed coefficient of the oxidizer pump 

^cps^OH* For this the oxidizer pump should be made with the 

overexpanded inlet into the screw conveyor (large values of Kn ). 
D0 

Sometimes it is advantageous to make the oxidizer pump with a two- 

way inlet (1 - 2). 
U H 

It is possible to increase n», and, therefore, to raise the 

efficiency by means of making the pumps not single-stage but 

multistage (for example, with two stages: z - 2). The greatest 

effect can be expected in relation to the fuel pump, which due 

to th low volume flow rate Q and high pressure H has in the 

single-stage version a small value of the power-speed coefficient 

n* • 25-35. S rop 

Finally, having selected the design of the pumps and having 

determined [assuming (CcpB)QK • 3500-^000 and KD * 6.5-8] their 

efficiency (nQH, nrop), it is possible from the equation of the 

balance of powers (5*2) to find the necessary gas flow rate 

through the turbine The determination of G with the known 

pump power is examined in Section 1).8.2.1. Let us recall only 

that the inlet pressure from the oxidizer pump, which creates 

less pressure than does the fuel pump (with cooling of the 

combustion chamber by fuel). 

The outlet pressure of the turbine depends on whether or not 

gas is ejected directly into the atmosphere or through additional 
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nozzles (see Section 1.4.1). To decrease the flow rate G , 

sometimes (see Section 4.8.2.2) it follows to use a two-sta^e 

impulse turbine with velocity stages, if this leads to an increase 
in efficiency of the turbine. 

Uoualiy in the determination of parameters of the feed 

system of LPRE with an autonomous turbine, one proceeds from the 

need to obtain the least gas flow rate through the turbine G . 

However, sometimes the gas flow rate through the turbine G proves 

to be assigned. This takes place when the gas after the turbine 

Is fed into the specia] control nozzles, which create thrust 

for the flight control of the rocket. In this case the gas 

flow rate through the turbine will be determined by the relation¬ 
ship 

where Rc, Hy^c - the thrust and specific thrust of the control 
nozzles respectively, 

The outlet pressure of the turbine will also be assigned 

and it will be determined by the pressure at the inlet into the 

control nozzles. Under these conditions the power of the turbine 

necessary for the pump drive will be provided by the appropriate 

value of the adiabatic work of the turbine [see equation (5.2)], 

J'6’’ by the sel®ction of the temperature and gas pressure at 
the inlet into the turbine. Since the gas flow rate through the 

turbine is considerable, the temperature and the pressure will be 

hss than when it is attempted to obtain the least flow rate G 

^ times with high thrusts of the control nozzles (high flow ' 

rate through the turbine 0t), for obtaining the necessary 

p0Her ' f ‘he turbine there is a bypass of part of the gas into 
the nozzles, by passing the turbine, since a further decrease in 

the temperature and pressure at the inlet into the turbine (in 

the gas generator) can lead to an unstable proóess of burning 
in the gas generator. 
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5.1.2. SELECTION OF PARAMETERS 
OF THE FEED SYSTEM WITH PRE- 
COMBUSTION-CHAMBER TURBINE 

The feature of the feed system with the precombustion- 

chamber turbine consists in the fact that the gas flow rate 

through the turbine Qt is assigned. It is determined by the flow 

rate of that component of fuel, on the excess of which the gas 

generator operates. In the case of a design with an oxidizing 

gas generator - this is the oxidizer flow rate. For such a 

design (see Fig 1.19) the equation of the balance of powers 

will be written in the form 

(5.4) 

or 

(5.5) 

since 

IT IT 

here is the fuel flow rate into the gas generator; krr is 

the relationship of the fuel components in the gas generator. 

The flow rates of components G and G are determined by oh rop ^ 
thrust, specific thrust and the relationship of fuel components 

in the engine (see Section 1.1). 

The pump pressures depend on the pressure in the gas 

generator : 

(5.6) 
C«. 

11 (f.v ~~ r-.V.'i 

•i*i» (5.7) 
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where ^ - losses of pressure In the main line, which dis¬ 

charges gas from the turbine to the combustion chamber 

^^Kar.r * 10 M/m ]. Therefore, the adiabatic work 

w111 dePend on the temperature T« ar1 pressure at the Inlet 

into the turbine p», which is connected *ith the pressure in the 

gas generator: 
P$ " prr ' APMar.T ^ - losses of pressure **■»• • » Meir* • T 

in the gas conductor, which discharges gas from the gas generator 

into the turbine; usually Ap^ ^ - (10-5)-105 N/m2]. Let us 

note that by temperature Tg the'value *rr is determined. 

Thus, during the calculation of the feed system with 

precombustion-chamber turbine from parameters which determine 

the powers of the pump ana turbine, the pressure in the gas 

generator prr and the temperature of the gas in front of the 

turbine (in the gas generator) TJ are unknown. Their values 

are determined from the condition of the balance of powers of 

the pumps and turbine (5.5). 

Usually from considerations of strength the turbines are 

assigned by the gas temperature Tg (for the oxidizing gas 

T0 - 6oo-200°K), and the necessary value of pressure in the gas 

generator prr is found from the balance of the powers. Sometimes 

Prr can be assigned; then the necessary temperature Tg is 

determined. 

At the assigned temperature Tg it is difficult to find from 

equation (5.5) the analytical expression for the necessary 

pressure prr. Therefore value Prris determined by graphic 

means. For a number of values prr we determine the sum of the 

pump powers Nqk + Nrop and the power of the turbine Nt (curve 1 

on Fig. 5.1). The value of the pressure prr at which the balance 

of the power will be observed [see equation (5.4) and (5.5)] is 

the true v"iue of the pressure in the gas generator. If obtained 

are two values of prr at which equality (5.4) is satisfied, then 

naturally the smaller value is accepted. 
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where APMar-í0H» úPMar,rop are the main lines of the oxidizer and 

fuel, respectively, from the outlet of the pump to the inlet 

into fcas generator (taking into account the resistance of the 

injectors). Usually Ap 

X 105 N/m2 
war . oh (10-20)*105 ; Ap 

Mar.rop (30-40) X 

The pressure at outlet of the fuel pump p 
r *8blX .rop 

should not be less than the pressure necessary for 

P + Hrr 
Ap rMar.rop 

the fuel feed in the combustioR chamber p* 
^Bux.rop 

where Apr,/ia(.^rQp is the resistance of main line from the outlet 

from the pump to the inlet of the combustion chamber, including 

p + Ap * , 
*h ^Mar.rop* 

the resistance of the coolant duct of the combustion chamber 

Up: Mar.rop (70-90)‘10^ N/m2]. If it appears that 

PBbi/.rop > PBb.x.rop* then the pumP Pressure Hrop should be 

determined from pressure p* 
r ^Bbix.rop 

The efficiency of the pumps can be estimated Just as in the 

case of the feed system with an autonomous turbine (see Section 

5.1.1), according to the power-speed coefficient n* calculated 
s 

according to equation (5-3). Let us note that since n* depends 

on H, and H depends on pr(_ [see equations (5.6) and (5.7)], the 

efficiency of the pumps will depend on the pressure in the gas 

generator p 
rr 

Since the flow rate 0oh is known, and the efficiency of 

the precombustion-chamber turbines with full feed (c ■ 1) is 
equal to 0.7-0.75, the power of the turbine will be determined 

by the adiabatic work L* , 

The outlet pressure of the turbine p? is determined by 

the combustion-chamber pressure, into which the gas enters after 

the turbine: 

/»■"“/Vl A/v,.,,, 
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With an increase in the combustion-chamber pressure p and 

at a constant value of prr, the pump power will not be changed 

[see equations (5.5) - (5.7)], but the power of the turbine 

will decrease, since with the same prr with an increase in p 

the degree of the pressure drop in the turbine 

, ^ ^ ^i r ^Ptur .r 

* + Wl 11 be decreased (curve 2 on Pig. 5.1). nie 

pressure prr at which there will be observed the balance of the 
powers will Increase (see Pig. 5.1). 

Pig. 5.1. Determination of pressure in the 
gas generator of the feed system with the pre- 
combustion-chamber turbine. 

W^th a definite combustion-chamber pressure the curve of 

the dependence of the power of the turbine on ppr (curve 3 on 

Fig. 5.1) will touch at one point of the curve of the sum of 

the pump powers. This value of pressure will be maximum 

see sour’ce [150]), since at higher pressures the 

condition of the balance of powers will not be fulfilled (curve 
on Fig. 5.1). 

For an increase in the maximum pressure p it 1¾ 
X . H.npej’ 

necessary to increase the power created by the turbine (for 

example, an Increase in the gas temperature T* or by the 

transition to a design with two turbines - oxidizing and 

714 



-- .. ....IIPW" r . H «'«li- ... ¡pi«111»1.. 

i ' 7 S 
reducing) or decrease the power consumed by the pumps (for 

example, by an increase in the efficiency of the pumps). 

With the assigned pu with a decrease in the power consumed 

by the pumps, the pressure in the gas generator pr(_ decreases, 

since for the creation by the turbine of less power a smaller 

degree of a decrease in pressure in the turbine 6 is necessary. 

It is possible to decrease the pump power by an increase in 

its efficiency. Hence it follows that an increase in the 

efficiency of the pumps promotes a decrease in the pressure in the 

gas generator Prr* Th® same effect on the pressure prr is 

rendered by an Increase in the efficiency of the turbine. Con¬ 

sequently in the feed system with the precombustion-chamber 

turbine, an increase in the economy of the pumps and turbine 

leads to a decrease in the pressure in gas generator (or to a 

decrease in the temperature in the gas generator if the pressure 

prr is assigned). 

In the feed system with the autonomous turbine, as was 

shown in Section 1.4.1, an increase in the efficiency of the 

pumps and turbine by means of a decrease in the flow rate 

through the turbine increases a specific thrust of the LPRE. 

A decrease in pressure in the gas generator of the LPRE 

with the precombustion-chamber turbine promotes a decrease in 

the mass of the gas genex’ator and turbopump unit, i.e., 'it 

allows making the engine lighter. It is possible to increase 

efficiency of the pumps by an increase in their power-speed 

coefficients nj [see equation (5-3)]. This can be achieved by 

an increase in the number of stages of pump s, as can be seen from 

equation (5-3)- 

5 2 
At high combustion-chamber pressures [pM > (250-300)*10 M/m ] 

the use of multistage pumps can prove to be advisable. 
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For the LPRE, which operate on liquid hydrogen, the use of a 

multistage fuel pump proves to be advisable already when 

PH * (^5-50)-10-1 N/m? (see source [31]), since due to the low 

density of hydrogen the fuel pump pressure will be considerable, 

and with one stage of the pump value nj and, therefore, the value 

of the efficiency are low. Furthermore, the making of hydrogen 

pumps into multistage pumps makes it possible to decrease the 

circular velocity on the outside diameter of the wheel down to 

a value permissible from considerations of strength (u? < UOO- 

-450 m/s). 

In LPRE with a precombustion-chamber turbine the anti¬ 

cavitation qualities of the feed system are increased by the 

use of booster Jet and vane pumps. Their use increases the 

values of n» [in equation (5*3) instead of (Cr b)qh one should 

substitute (cCir,)0H] and the efficiency of the pumps and in this 

v:ay facilitates a decrease in pressure in the gas generator. 

However, the expenditure of the power for driving the booster 

pumps requires a certain increase in pressure p . If the vane 

booster pump is driven by the gas turbine, then the gas after 

the turbine is ejected into the atmosphere, which lowers the 

specific thrust of the engine. However, since the gas flow rate 

for driving the booster pump is low, then this reduction is 

IrcslRnl fi-ant. Moreovír, a definite gas flow rate can be required 

for tank pressurization of the rocket or for the control nozzles. 

If in the feed system booster pumps are provided, then 

pumps of TU should be made with a one-way inlet, since although 

the use of a two-way inlet decreases the required pressure of 

the booster pumps (see Section 3.3.3), the complexity and mass of 

construction of TU will increase. For this reason there is 

no need to re-expand considerably the inlets into the pumps of the 

Td - it is possible to be limited to the value ■ 6.5-5.5. 
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The pressure in the gas generator prr and temperature Tg 

in other designs of the feed with the precombustion-chamber 

turbine (designs with a reducing gas generator, with two gas 

generators etc.) are determined in a way similar to that in 

which they are determined in the design with the oxidizing gas 

generator - on the basis of equation of the balance of powers 

for each of the designs. 

For the design with the reducing gas generator (see Fig. 1.18), 

it is possible to write 

hence /iÆ.^ !_*)(,T,,r)L'.#,, (5.8) 

where K is the coefficient which considers the fuel consumption 

for the internal cooling of the combustion chamber; usually 

K * 0.02-0.06. 

Pump pressures Hoh and Hrop are determined from expressions 

(5.6) and (5*7), and the efficiency is determined by n* 

[see equation (5.3)]. 

In connection with the fact that the gas flow rate tP-ough 

the turbine In the design with a reducing gas generator s less 

than that In the design with an oxidizing gas generator, the 

reducing turbine can prove to be partial (e < 1). This will be 

observed (see Section 4.5.2.2) with the power-speed coefficient 

of the turbine no _ < 50-60. Then nT will be able to be evaluate-’ 

with the aid of the dependences given on Fig. 4.58. 

Partial-admission precombust ion-chamber reducing turbines 

are obtained at high pressures in the gas generator [high densi- 

. ties of gas, low volumetric flow rates, see equation (2.135; 
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for n3 T]» whlch corresponds to high combustion-chamber pressures 

[p* > (200-250) •105 M/m2], and when using liquid hydrogen as 

a fuel. In the latter case the exhaust gas velocity from the 

nozzle cascade Increases, which leads to a reduction in length 

of the turbine blade. 

The balance of powers for the design with a low-flow pump 

of the gas generator, for example, for a design with an oxidizing 

gas generator (see Fig. 1.20) is written in the form 

A’r,,=» AT,. (5.9) 

where is the power of the gas-producing fuel pump. 

In expanded form expression (5-9) is written in the following 
form: 

where 

fl« H. 
X 

•w V* Trr (5.10) 

i-m 

// /’* ^ i»«r r»» ~ .i*^i 
----—■■■ 1 - ; 

it^i 

//).,/ " , r» "'»i,) ~~ (/*« 1 Vinrm») 

(here ûp"ar>rop is the resistance of 

outlet of the gas-proaucing pump to * 

generator). 

the main line from the 

he inlet into the gas 

The efficiency of the pumps is determined, as in other 

design, according to the power-speed coefficient n*. Similarly 
3 ' 

Mtia 
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it is possible to write the balance equations also for other 

designs of the feed system with the precombustion-chamber 

turbine. 

When selecting designs of the feed system, it is necessary 

to compare them with respect to the required value of pressure 

in the gas generator at the selected temperatures in front of 

the turbine (or the required magnitude of temperature at the 

selected pressure prr ). The design which provides less pressure 

prr should be given preference, since such a design will make 

it possible to obtain a lighter construction of the engine. 

The answer to which of the designs - with the oxidizing or 

reducing gas generator - corresponds to less pressure p is 

immediately difficult. The flow rate through the oxidizing 

turbine is more than that through the reducing turbine, since 

Goh > ®rop* But the working capacity of the reducing gas 

k iJ’f* 

a- i l>’ which determines the adifbatic work of the turbine L* 
e,fl 

is higher than that of the oxidizing gas; as a rule, the product 

(i,y* , /e/*; is also more than that of the reducing gas. But, at 

the same time, the smaller value of the adiabatic index k, 

inherent usually to the reducing gas, decreases the adiabatic 

work of the turbine as a result of a decrease in the complex 

^)) [see equation (4.3)]. Furthermore, the reducing 

turbine can prove to be partial-admission, which will lower its 

efficiency. 

Usually up to the pressure in the combustion chamber, 

which does not exceed pH - (140-180)^105 N/m2, lower pressures 

in the gas generator are obtained in the design with the oxidizing 
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gas generator, and at higher combustion-chamber pressures the 

advantages on the side of the design with a reducing gas genera¬ 

tor. In hydrogen LPRE, in connection with the great work 

capacity of the reducing gas * nr* , 
K gas ITT*"® » it is advantageous to use 

the design of the feed with a reducing gas generator (see 
source [31]). 

When using a design with two gas generators and two turbines 

reducing and oxidising (see Pig. 1.21), because of the greater 

power created, It Is possible to operate at lower pressures In 

the gas generators than when using a design with one gas generator 

U the design with two gas generators Is constructively more 

complex, and It corresponds to a large total mass of the gas 

generators and TU. Therefore, It Is advantageous to use the 

design with the two gas generators for engines with high 

combustion-chamber pressures, when the assigned magnitude p 

cannot be provided In the design with one gas generator, or" 

when In the design with one gas generator pressures p 

unacceptable according to considerations of strength iie obtained. 

The design of the feed with a low-flow gas-generator pump 

(see Fig. 1.20) will correspond to less pressure p than In the 

design without such a pump. This Is obtained because the pump 

power In the case of the use of a gas-generator pump decreases, 

since with the oxidizing gas generator, for example, the pressure 

of not the entire fuel flow is Increased to a pressure of the gas 

generator but only a small part of It which enters Into the gas 
generator. 

The use of a lew-flow gas-producing pump lowers the pressure 

in the gas generator by (10-15)-105 N/m2 when pH - (100-150)-105 

H/m . At high pressures pH [pH > (250-300)-loS^/m2] this 

more. In the latter 
reduction can consist of (40-60)-105 N/m2 and 
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case it is advantageous to proceed to a certain complication 

of the design of the TU, attaining a decrease in the pressure 

in the gas generator. 

The question of the selection of one design or another of 

the feed system with the precombustion-chamber turbine is solved 

when designing specific LPRE by means of comparaMve calculations 

of different design, taking into account the complexity of the 

construction and its mass. Tn the comparison of designs through¬ 

out the mass of the construction, it is possible to use the 

relations given in Section 5.¾. 

5.2. OPERATION OP THE PUMPS AND 
TURBINE IN THE CONTROL OP LPRE 

5.2.1. GENERAL INFORMATION 

The purpose of the control system of the liquid-propellant 

rocket engine is to change the thrust with a specific relation¬ 

ship of the fuel components. Usually a change in the thrust is 

reached by a reduction in the flow of the fuel components fed Ly 

the pumps into the combustion chamber. A change in the quantity 

of components fed into the chamber can be realized by means of 

changing the operating mode of the pump. The method of a change 

in the frequency of rotation of the pump spindle by means of an 

effect on the turbine is most favorable. 

Thus, the problem of control of the engine with respect to 

thrust is reduced to a change in the operating mode of the 

turbine. Tn this case the engine regulator changes the flow 

rate of the components entering into the gas generator of the 

turbine. The theory of the control process of the LPRE is not 

examined in the present course, and therefore In this section 
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™ y the general questions concerning the use of characteristics 
of Dumps and turbines for the examination of the operation of 

the feed system and requirements for the characteristics of 

Pumps and turbines on the basis of the control problems will be 
examined. 

5.2.2. REQUIRED PRESSURE OP THE 
FEED SYSTEM 

PiRure 1.2 shows a diagram of the pump feed system of the 

LPRE. The pumps should provide the feed of the assigned quantity 

fuel and oxidizer Into the combustion chamber. The necessary 

pump pressure H, for providing the assigned flow rate 0 through 

the system. Is determined by the required Increase In specific’ 

mechanical energy Hc. For brevity, subsequently this value 

will be called the required pressure of the system. 

For the steady-state conditions 

//-//,; 

O.-Q,. 

(5.11) 

(5.12) 

where the subscript "«" refers to parameters of the pump and 

subscript "c" to parameters of the system (we will write the 

pump pressure without a subscript). 

The required pressure of the system H Is determined by the 

resistance of the system, l.e., by the pressure In chamber p . by 

pressure drop on the Injectors Cp,. by the flow friction of ?he 

system from the pump to the Injectors b bll requlred hlKh. 

speed energy cBbix/2, and by the available total pressures at 
the inlet o* 

' BX 

/A 
* a 

•»A* 
' L. i?.«ui 

t) (5.13) 
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The pressure at the inlet into the pump p is determined by 

the tank pressure p0, an excess in the gravitational level of 

the tank above the level of the pump (energy of position), 

inertial pressure, and flow friction of the main line from the 

tank to the inlet into the pump L [see equation (1.12)]. conp.Bx 

By comparing equations (5.13) and (1.12), let us find 

(disregarding by the difference in the values of c and c ): 
BX BWX 

With a change in the flow rate through the system the 

required pressure of system will be changed. Let us examine 

how the individual terms of equation (5.14) making up the 

required head of the system depend on the flow rate. The pressure 

PK in the combustion chamber is changed directly proportional 

to the rate of flow of the component (Pig. 5.2). It is thought 

that the relationship of the components is maintained constant. 

The drop on the injectors Ap<i determines with this flow cross- 

sectional area of the Injectors the rate of flow through them: 

where n is the number of injectors; u is the coefficient of 

flow rate of the injectors. 

hydraulic losses in the feed 
system on the volumetric flow 
rate. 

Pig. 5.2. Dependences of the 
combustion-chamber pressure, 
injector pressure drop and 

9 
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Graphically the quadratic dependence of Ap on 0 la shown 

on FI*. 5.2 (coefficient of the flow rate u la taken In all 
conditions as being constant). 

.he hydraulic friction of the pipelines L 

to the square of the speed of motion of the flSld? 
Is proportional 

4 «ti!. 

The speed of motion In the pipeline of this cross section 

s proportional to the fluid flow rat.¡ consequently, by taklnq 
£ « const, we will obtain 

Lconp " const-Q^ (see pig. 5.2). 

The tank pressure, the energy of the position determined 

by the difference In the gravitational levels, and the value 

0 the Inertial pressure are not directly determined by the 
flow rate in these conditions. 

The total dependence of the required Increase In enerar of 

the system (pressure of the system) on the value of volumetric 

ow rete for the feed system given on Pig. 1.3 is shown on 

■iP. 5.3. We will call this dependence the characteristic of the 

system. For the system of the LPRE the excess pressure in the 

tanks and the positive value of the gravitational and Inertial 

pressures are characteristic; consequently, the curve of the 

required Increases In energy of the system Intersect the axis 

of the ordinates below zero. This means that the flow rate from 

zero to Qj (see Fig. 5.3) iB provided only because of the 

input energy, without the participation of the pump. The flow rate 

which exceed can be obtained In this system only with the 
Installation of the pump. 
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Fig. 5.3* Dependence of the required 
increase in energy of the system on 
the volumetric flow rate and the pump 
pressure characteristic. 

For the stationary exhaust pump installations, the curve 

of the required energies will intersect the axis of the 

ordinates above zero. This means that in similar installations 

no flow can be obtained without the pump. 

The pressure characteristic of the pump H ■ f(Q), also 

given on Fig. 5.3» shows the dependence of the pump pressure on 

the flow rate at the constant frequency of rotation of the pump 

spindle. The point of intersection of the curves H ■ f(Q) and 

H ■ f(Q) when u ■ const determines the flow rate Qp which will 

be established in the system at this frequency of rotation of 

the pump spindle. At the assigned flow rate Qp, according to 

the value of the required pump pressure, it is possible to find 

the necessary rotating frequency for providing the assigned 

mode. 

For a thrust change of the engine, it is necessary to change 

the flow rate through the system. A change in the fuel 

consumption is one of the primary tasks of the control of the feed 

system of the LPRE. It can be achieved by different methods. 

By control of the feed system of the LPRE with the turbopump 

unit according to the flow rate we will understand as a change 
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In the ayatem ch»mot#rlil lo ur ♦ h» nh«ir«>H »Hatta which 
providos transition to a n«w Tim r«U ihruuwh Mip «ya(9m. 

5.2.3. METHODS OK CONTROL OK 
TURBOPUMP PEED SYSTEMS Al’CnRIU hn 
TO PLOW RATE 

5.2.3.I. Control of tha Pump 

A change in the system ehireuterUUo Is most simply sohleved 
by the throttling of the miln pressure line. 

Let us assume that the flow rate In the new conditions will 
be equal to Q2 (Pig, 5.H). The required pressure H which the 

pump should Insure In this case will be determined by the required 
pressure of the system with the flow rate Q, and the additional 
resistance of the thr^tle L : 

AP 

A/,,«* Wu— ¿V 

The new characteristic of the system ■ f(Q), taking Into 
account the resistance of the throttle, passes more steeply, 
arl the new steady-state mode (point 2) will take place at a 
smaller value of the flow rate (see Pig. 5.4). 

Pig. 5.4. Examination of the control of 
the system by throttling. 
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The introduction of the resistance of the throttle will 

require greater pump pressure for the assigned less flow rate 

and, thereby, greater power (in comparison with the power in 

the system without a throttle with the same flow rate). An 

additional expenditure of power can be caused not only by the fact 

that the pump pressure in new conditions is more than that 

required for a system without a throttle, but also by the fact 

that in new (off-design) conditions the pump usually operates 

with the less efficiency. The unproductive expenditure of the 

pump power while maintaining the previous frequency of rotation 

is accompanied by the unproductive gas flow rate through the 

turbine. The most considerable shortcoming of this method of 

control consists in the unproductive expenditure of power. 

A change in the system characteristic by means of the 

introduction of an additional resistance is widely used in the 

adjustment of the engine. By means of installing washers on the 

main pressure line of the pipelines, we attain such a change in 

the flow rate in order that the assigned relationship of 

components would be maintained. 

The throttle valve (adjustable resistor) is also widely 

used in the control systems for maintaining the assigned magnitudes 

of pressure and the relationship of components in the combustion 

chamber. 

For a change in the conditions with respect to thrust, the 

method of throttling is used in conjunction with othei methods 

of control - most frequently in the control of feed systems of 

LPRE the method of throttling is combined with the control by 

means of changing the frequency of rotation of the TU. 

Another method of the conversion of the system into a new 

flow is possible, and this consists in the fact that part of 
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the fluid which passed through the pump will pass back into the 

pump and does not enter into the system (Pig. 5-5). In this case 

the excess energy will be spent, since the flow through the pump 

increases, and the operating point is displaced into the region 

of less efficiency. 

In the feed system of the LPRE a bypass is frequently used 

not only for the control but also with the purpose of the avoidance 

of hydraulic shock In the system with the connection of the pump. 

*•*'•*•■* 

F4?u DlaKrfrn of a Pump Pig. 5.6. Examination of control 
with a bypass main line. of the system with a bypass. 

Figure 5.6 gives characteristics of the pump (H), the main 

system (Hc) and main bypass line (Hn). Por the given required 

energy, the flows through the system and the main bypass line 

are totaled. The total characteristic is designated Hj.. If 

the operational mode without a bypass is depicted by point A, 

then with the use of a bypass the operational mode is moved to 

point 6. The flow rate through the system is decreased 

(Q2 < Qa>, while the flow rate through the pump Increases 

(Qb > Qa). The flow rate through the main bypass line will be 

equal to Qn. By changing the resistance of the main bypass 

line by the throttle Installed on it, it is possible to expand 

the range of the control. 
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The third method of the conversion of the system into a 

new flow rate consists in a change in the pump characteristic. 

In this case the minimum expenditure of power is provided. 

A change in the pump characteristic can be achieved most 

simply by a change in the frequency of rotation (Pig. 5.7). The 

design conditions (w1: Qp) are characterized by point 1: the 

frequency of rotation w" is found from value of the required 

pressure of the system at the new flow rate 

If for the pump there is a field of characteristics, then 

the new frequency of rotation will be found easily graphically 

according to the assigned flow rate with the known pressure of 
the system. 

If there is only one experimental pump characteristic, then 

the frequency of rotation upon transition to new conditions 

can be found analytically. Let us draw a parabola of similar 

conditions through the point on the characteristic of the system 

which corresponds to the new flow rate Q2 (dashed line on 

Fig* 5.7). It will cross the normal characteristic for the 

calculated frequency of rotation at point A. The new value of 

the frequency of rotation will be found from the relation 

(see Section 3.1.^.3) 

Q> or 

The method of feed control of the pump by a change in the 

frequency of rotation in conjunction with the bypass or throttling 

is the most common in the feed system of the LPRE. A change in 

the frequency of the rotations of the pump is reached by the 

control of the turbine. 
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Pig. 5.7. Examination of 
control of the system by a 
change in the frequency of 
rotation. 

In principle, the change in the slope angle of the blades 

and width of the wheel at the outlet can also be the method of 

control of the pump characteristic. In practice this can be 

used only when designing pumps. For the pump made it is compli¬ 

cated to carry out this method of the effect on the pump 

characteristic In a design respect. In industrial pump construc¬ 

tion rotary rotor blades for the control of axial propeller 

pumps are used. 

It is simpler to carry out control by the use of rotary 

guide blades at the Inlet into the pump. In this case it is 

easy to change the circular velocity component at the inlet 

into the wheel c^u and, as follows from the Euler equation 

(2.31), change the pump pressure. But in practice this method 

is not applicable for pumps of LPRE, since the rotary device at 

the inlet into the pump, by virtue of the additional flow friction, 

will make the anticavitation properties of pump worse. The 

method of controlling the characteristics of turbomachines by 

the use of deflectors at the inlet is easily used for compressor 

machines and hydraulic turbines. 
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5.2.3-2. Control of the Turbine 

We will understand by control of the turbine the effect on its 

characteristic for the purpose of a chance in the power and 

frequency of rotation. In principle, several methods o^ the 

control of the turbine are possible. The basic methods are: 

nozzle control, bypass control, a change in the pressure and 

temperature of the working medium at the inlet into the turbine 

or pressure at the outlet from it. 

Nozzle control provides for a change in the quantity of 

the working medium passing through the turbine by means of chang¬ 

ing the degree of admission, i.e., by means of the disconnection 

or connection of the individual groups of nozzles. Constructively 

this method of control is quite complex - it requires an 

independent feed of the working medium to the individual groups 

of nozzles. In the TU such a method of control can be achieved 

by the use of several gas generators operating on individual 

groups of nozzles. A change In the power, and with the assigned 

load and the frequency of the rotation of the turbine, is reached 

by the disconnection of the individual gas generators (Pig. 5.8). 

The advantage of this method of control consists in the fact that 

parameters of the working medium (pressure, temperature) in this 

case can remain calculated. In steam turbines and in turbojet 

engines such a variety of nozzle control as the rotation of the 

nozzle blades is used. 

Another method of control with which basically changed is 

the quantity of working medium is the bypass of part of the gas 

past the turbine (Pig. 5-9, see source [158]). For autonomous 

turbines of LFRE this method is clearly disadvantageous, since 

it leads to a reduction in the specific thrust of the engine 

plant. In precombustion-chamber turbines this method of control, 

in principle, can be used. For any design of engine installa- 



Uons it is possible also to use the bypass of the liquid component 
inta the Inlet into the pump (see Fig. 5.5). 

Fifc* 5.8. Design of a turbine 
with feed from several gas 
generators (examination of 
the nozzle control of the 
turbine ). 

Pig. 5.9. Examination of the 
control of the turbine by a 
bypass. 

With the control of the turbine by a change in parameters 

of the gas at the inlet there can be two cases: control by a 

change in the gas flow rate through the turbine at a constant 

temperature and control by a change in the temperature by means 

of a change in the relationship of the components. 

In the first case of the control the flow rate of the 

components through the gas generator (turbine) is changed by a 

change, with the aid of throttles, in the resistance of the main 

lines feeding the components of fuel to the gas generator. In 

this case the relationship of the fuel components is maintained 

constant (constant temperature in the gas generator). With a 

change in the resistance of the main lines the pressure in the 

gas generator (in front of the turbine) is changed, therefore, 

the power of the turbine will be changed both as a result of a 

change in the flow rate and also due to a change in the adiabatic 

work. This method of control is used for autonomous turbines. 

Figure 5.10 shows a change in the initial parameters of the 

gas and available adiabatic works with the control of the turbine 
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by throttling at an inlet. The line ig ■ const corresponds to 

the process of throttling. 

Fig. 5.10. Representation of the 
available adiabatic curves of works 
in the i - s diagram with control 
of the turbine by throttling at 
the inlet. 

With the control by a change in the turbine inlet gas 

temperature, the temperature is changed by means of a change in 

the flow rate of the fuel component with a deficiency of which 

the gas generator operates. The flow rate is changed with the 

throttle valve (variable resistance). A change in the temperature 

leads to a change in the adiabatic work. With a change in the 

adiabatic work the frequency of rotation of the turbine is 

changed. With an increase in (increase in temperature), 

for example, the frequency of rotation will increase; the pump 

pressure and pressure in the gas generator are increased, 't’his 

leads to a further increase in and flow rate through the 

turbine (at constant pressure at the outlet), but since with an 

increase in the frequency of rotation the pump power also 

increases, then the TU emerges into a new steady-state mode 

with increased frequency of rotation. At the increased frequency 



r° rotatlon the fuel component flow Increases, and the engine 

emerges Into conditions of greater thrust. The examined method 

Is used for the control of precombustlon-chamber turbines. 

Control .y a change In conditions of the gas generator Is 

njst economical, since the operating mode of the turbine with 

respect to u/cafl with control can be changed insignificantly, 

and then efficiency of the turbine remains virtually constant. 

Selection of Conditions 
with Control of the TU 

With the known characteristicr, of the pump and turbine, the 

selection of their conditions with the control of the LPRE with 
respect to thrust can be produced graphically. 

The assignment of the flow rate of one of the components in 

the other conditions makes it possible to select the aew frequency 

of rotation of the TU. Por the other component the required 

frequency of rotation is thus determined. However, it can be 

obtained so that the frequencies of rotation of pumps of the 

oxidizer and fuel necessary for providing for the assigned 

flow rate will be different in connection with the fact that the 

relationship of the components is maintained constant. 

Let us assume that Fig. 5.7 shows the characteristics 

which refer to the control of the system of one of the components. 

The graphic representation of control for the other component Is 

presented on Pig. 5.11. The characteristic of the system of the 

second component is designated H^; the pump performance is HT_. 

With the assigned characteristic of the system H the new 

flow rate Q2II is provided at the frequency of rotation of the 

pump less than The frequency of the rotation of the TU 

should be selected with respect to the higher frequency of 
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rotation (w”), and it follows to transfer the system of the 

second component to the less flow rate by throttling. Figure 

5.11 shows the required resistances of the throttle 

This throttle will be the control of the relationship of the 

components. 

Fig. 5.11. Examination of the 
control of the feed system of 
the second component. 

Fig. 5.12. Examination of the 
control of the TU by a change 
in the pressure at the inlet 
into the turbine. 

The required change in the gas flow rate through the turbine 

for the case of the control by a change in the pressure at the 

inlet into the turbine can be found from an examination of the 

combined turbine and pump characteristics (Fig. 5.12), where 

plotted along the axis of the ordinates are the power of the 

turbine at different flow rates of the working medium and the 

total required pump power, but plotted along the axis of the 

abscissae is the frequency of rotation. The dependence of the 

pump power on the frequency of rotation in the assigned hydraulic 

circuit, which determines the change in the flow rate, can be 

obtained when using a field of the pump characteristic. From an 

examination of the Joint operation of the pump and the system, 

Q and H for each of the pumps are known. By these parameters 

the required power of each pump is found: 
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nH - determined according to the assigned firld of efficiency 
on the pump characteristic (see Pig. 3.6I). 

The mode of the joint operation of the pumps and turbine 

Is determined by the equality of the powers. Having selected in 

accordance with the graph given on Pig. 5.12 the frequency of 

rotation of the second mode of the TU, we find the required 

flow through the turbine (point 2 on Fig. 5.12). The initial 

turbine characteristics, obtained as a result of the processing 

of experimental data, were given earlier (see Pi,;. 4.91). Let 

us note that these characteristics can be obtained by calculation 
(see Section 4.7.2.3). 

similar plottings can also be used in the adjustment of 
the engine to the assigned conditions. 

A distinction in the course of characteristics of the fuel 

and oxidizer pumps requires the introduction of an additional 

control with respect to the relationship of the components during 

a change in the operating mode of the engine, as follows from 
Fig. 5.11 

The characteristics of the oxidizer and fuel pumps with 

respect to flow rate and the frequency of rotation can be 

selected so that the relationship of the components upon the 

transition to other conditions will always be maintained without 

special control. In this case the pumps will be the regulators 

of the ratio of components. It is the simplest of all to achieve 

the maintaining of the assigned relationship of components 

without a special regulator with sloping characteristics 

H " f(Q)- The s^Ping characteristics H ■ f(Q) correspond to 
larger angles at the outlet from the wheel and larger width 

b2 (less than qp) (see Pig. 3.54). 
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5.2.4. STABILITY OP OPERATION OP 
THE PUMP IN THE PEED SYSTEM OP 
LPRE 

Operation of the pump in the feed system of LPRE should be 

stable in all the operating modes of the engine. This means 

that parameters of the pump should be maintained constant for 

the assigned conditions, in spite of small deviations in their 

values caused by random effects. 

If the centrifugal pump has the characteristic H ■ f(Q) 

with an explicit maximum or bend (Fig. 5.13), then the emergence 

of the unstable operation of the pump is fundamentally possible 

(see source [151]). The unstable operation of the pump is 

characterized by the nonstationary displacements of the fluid 

in the system, which leads to a periodic change in the productivity 

and pressure, which is accompanied by hydraulic shocks. 

Pig. 5.13. Question of the 
stability of the pump system. 

Let us analyze the conditions which determine vhe static 

stability of the operation of the pump in general. 'Hie stability 

of the conditions depends on the characteristics of the pump and 

the system. Figure 5.13 gives the characteristics of the pump 

and system (network). Let us assume in general that the 

cha acteristics of the system intersect tne characteristics of 

the pump at two points - A and 6. 



Let us examine the effect of small deviations In parameters 

of the system on the stability of conditions of the pump In 
the region of points A and 6. 

In the region of point A any small random decrease In the 

flow rate ror ,/alue AQ ifor example, as a result of the temporary 

'-logging ci an opening of one of the Injectors) leads to the 

f’act that the pump pressure will exceed the required pressure 

of the system; because of this the fluid flow in the system 

will be accelerated, and the flow rate will increase up to the 
previous value. 

m the region of point 6 a short-term decrease in the flow 

rate by value AQ, which arose for different reasons, will cause 

an excess in the required pressure of the system above the pump 

pressure, and, as a consequence of this, the stagnation of the 

flow and further reduction in the flow rate will arise. Similar 

consi inrations can be conducted also for the case of a short¬ 

term Increase in the flow rate by value ÛQ. 

Thus, In the region of point E an unstable equilibrium 

takes place - a slight disturbance causes a sharp deviation from 

the conditions, and in the region of point A the conditions are 

stable (they possess the property of self-regulation), since a 

sma1 1 deviation does not bring th.• system out of equilibrium. 

Mathematically the condition of the stable static equilibrium 

oí the operation of the pump in the system can be written by the 
following inequality: 

(>«. .. »it 
(5.1'}) 

hra^i’ 'ally this means that at the point of intersection of 

the charecterlstics of the pump and the system, the tangent to 
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the characteristic of the system should pass at a larger angle 

to the horizontal axis than does the tangent to the 

characteristic of the pump. A smaller angle of inclination of 

the tangent to the characteristic of the system at the point of 

intersection of it with the characteristic of the pump can take 

place only when the left increasing branch of the pump character¬ 

istic is present, (from point 4 to point 6 on Pig. 5.13). 

In spite of the presence of the left increasing branch of 

the pump characteristic, the statically unstable conditions 

Oft.- „ L<'f 
t’Q ^ oQ 

will take place only with such an intersection with the system 

characteristic F„ of the left branch of the pump characteristic 

H, as is shown on Pig. 5.13. The steeper the characteristic of 

the network, the less the probability of an unstable operation, 

and therefore the throttling, which leads to a steeper increase 

in the system characteristic, can serve as a means of the 

elimination of the surge phenomena. 

Systems of the LPRE have steep characteristics of the 

required pressures of the system which intersect the axis of 

the abscissae (dot-dash curves H' and H" on Pig. 5.13), and c c 
therefore the feed systems of LPRE with turbopump feed, as a 

rule, are stable, since condition (5.15) is observed. 

Questions of the stability of the joint operation with a 

change in the frequency of the rotation of the tu are analogously 

examined (see source [12]). The curve of the change in the 

required pump power In the frequency of rotation usually proceeds 

more steeply than the curve of the change in the power of the 

turbine (see Pig. 5.12), and therefore the stability condition 

(self-regulation) in the Joint operation of the turbine and 

pumps in the TU 
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as a vile, is nalntalned.

In the operation of the LPRE examples of the unstable 

operation of the pump systems can be encountered* '’’he feed 
system of the LPRE Is a complex hydraulic network consisting of 
several pumps, a turbine, a «as Renerator and pipelines. Despite 
the fact that the condition of the static stab-.llty of the 
pump with the pipelines connected to It la usually maintained, 
a cha:.t-e In conditions of the TU can lead to a loss In stability 

cf the system as a whole.

Thus, for Instance, In the diagram of the feed system given 
on Fig. i.17, if the pump of the gas generator has a characteristic 

of the form given on Fig. 5.13, then In the work on the Increasing 
branch of the pressure characteristic of this pump, l.e.. In 
the section where dH/^Q > 0, the Increase In the flow rate Q, which 
Is accmpanled by an Increase In pressure H, leads to an Increase 

In the gas flow rate through the turbine. This leads to an 
Increase in the frequency of rotation of the TU. An Increase In 
the frequency of rotation leads to a further increase In the 
flow rate Q and pressure H of the pump of the monopropellant 
and, consequently, leaas to a further Increase In the gas flow 
rate through the turbine, which, in turn, again leads to an 
Increase In the frequency of rotation and to the loss In stability

of the feed cyiitcm.

A similar pattern can also take place In the operation of 
the gas generator of the turbine on basic components. In the 
work of tie pump on the Increasing branch of the pressure 
Characteristic, the deviation with respect to the flow rate, 
whlcl'. leaus to a deviation with respect to the pressure of the
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same sign, will involve a change in the gas flow rate through the 

turoine, in consequence of which an increase or decrease in 

the frequency of rotation of the turbopump unit and the loss in 

stability of the engine can occur. 

The presence of the volume being changed in value of 

cavitation cavities, the presence of reverse currents at the 

inlet into the pump, and the compliance of pipelines increase 

the possibility for low-frequency auto-oscillations (see source 

[153]). 

The concurrence of frequencies of oscillations of a rocket 

body and the feed system can lead to the longitudinal instability 

of the rocket (see sources [159, 161]). 

5.2.5. JOINT OPERATION OF PUMPS 
IN THE FEED SYSTEM 

In feed systems of the LPRE the series connection of punps 

can be encountered. The booster pump installed directly at 

the tanks (see the diagram given on Fig. 3.97), and the basic 

pump are two series-connected installed pumps. The series 

connection of pumps can be used in engines with high combustion- 

chamber pressures. 

In the cooling of the chamber by the fuel component it can 

prove to be unsuitable (from considerations of strength) to 

feed the component to the cooling jacket under a pressure equal 

to the pressure in the chamber. Having used the two series- 

connected pumps, it is possible to avoid the high pressures in the 

cooling Jacket. 

In a number of cases it is advisable to feed the gas genera¬ 

tor of the turbine, which operates on the basic components, from 
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th< individual pumps, into which part of the components from the 

basic pumps will consecutively enter (see Fig. 1.20). Finally, 

the series and parallel connections of the pumps can be 

encountered on test stands when usiru finished pump units for 
operation in the general network. 

For the full representation of possible conditions in the 
system, which has a series or parallel connection of the pumps, 

it is necessary to examine the course of their characteristics 

in a Joint operation. With substantially different pump 

characteristics it can be found that the connection of the pumps 
will not give increases in pressure or flow rate. 

Let us examine the Joint characteristic of two series- 

connected pumps I and II having different initial characteristics 

(Fig. 5.14). Adding the values of pressures with the same 

flow rate, we obtain the characteristic H • f(Q) of the unit 
(hatched curve on Fig. 5.14). 

With the flow rates Q < Qb the total pressure is greater 

than the pressure of any of the pumps. In order to plot the 

characteristic on section Qg-a, it is necessary to know the pump 

characteristic II when Q > Qg (see Fig. 5.14) With flow rates 

which exceed QQ (and such flow rates will be driven through 

pump II by pump I), in pump II the pressure is negative, l.e., 

the pnergj of the fluid la decreased} the pump will operate in 

braking conditions and absorb the energy, l.e., the energy will 

be selected from the fluid. A reduction in pressure in pump IT 
will cause drop In the total pressure. Beginning from the 

flow rate equal to Qq and at greater flow rates, the total 

pressure of the two pumps will be less than the pressure of one 

pump I. Consequently, for the system with characteristic H" 

the use of two series installed pumps is advantageous (H, >CHn), 
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and for the system with the characteristic such a connection 

is Inexpedient (H^ < H^). Before applying; the series connection 

of two different pumps, one should always explain what their 

Joint characteristic will be. 

Pig. 5.14. Joint characteristic 
of two series-connected pumps. 

Pig. 5*15. Joint characteristic 
of two pumps operating in 
parallel. 

Let us examine the Joint characteristic of two different 

punps with their connection In parallel (Pig. 5.15). in thla 

caae the flow rate, are totaled, and the region of operational 

condition. 1, expanded to the aide of the higher flow ratea. 

Such a connection of the pump. 1. completely Justified for the 
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required pressures of the system less than the pump pressure II 

with aero flow rate (on Pig. 5.15 the system characteristic HcA). 

Beginning from the flow rate Q^, which corresponds to the 

pressure ‘’or the pump when Q ■ 0, the fluid from the system being 
fed by the pump I with higher pressure will flow through pump II 

from the outlet to the inlet. 

In order to plot a Joint characteristic in the region of 

low flow ratee4 it is necessary to know the pump characteristic 

II with negative flow rates (see the dashed part of the pump 

characteristic HIT on Pig. 5-15). By comparing the rates of 

flow through both pumps at the same pressures, we will obtain the 

characteristic of their Joint operation (see the hatched line BA 

on Pig. 5.15). With the system characteristic HcB the parallel 

connection of the two pumps which have different characteristics 

is inexpedient. 

From the aforesaid it follows that for the solution of the 

question of the Joint operation of two or more pumps having 

different ranges of pressures and flow rates, it is necessary 

to examine attentively the Joint characteristic and determine 

the optimum operating modes of the system. 

5.3. AXIAL AND RADIAL FORCES IN 
THE TU 

The axial and radial forces which act on the rotor wheels 

of the pumps and turbine and impeller seals (see Section 2.7.10 

are transmitted through the shaft to the bearings of the TU 

and load them. The selection of the bearings is produced by 

taking into account the acting forces, and therefore when 

designing the TU the values of the axial and radial forces 

should be known. For a decrease in the forces which act on 

the bearings, different design measures are used. We will 

examine some of them in this section. 
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5.3.1. AXIAL FORCES IN THE TU 

5.3.I.I. Axial Force In the Pump 

For determining the axial force from equation (2.72), It Is 

necessary to know the pressure distribution p over the control 
surface (see Fig. 2.38). Let us examine the single-stage screw- 

centrifugal pump (see Fig. 2.38, I). Acting on the surface a-a 
is the pressure at the inlet into the screw conveyor Pj, while 

acting on surface 6-6 is the outlet pressure of the screw 

conveyor equal to p. + pH . Surfaces 0-b and r-r are found 
J. C T « UJ 

in the cavity of high pressure, and high pressures affect them. 

The cavity A (discharging cavity) detached by the seal (see 
Fig. 2.38, I) is connected by several openings B with the inlet 

into the centrifugal wheel. The pressure in the discharging 

cavity Ppa3rp exceeds the pressure after the screw conveyor by 
the value of the pressure differential at the openings At : 

QTB 

A- y//« * ' \Pnn' (5.16) 

Then the axial forces which act on the wheel will be virtually 
balanced. 

T we displace the rear seal to a less radius, as is shown 
in 2.38, I, then the projection of the surface r-r on the 

p *.¿e perpendicular to the axis of rotation will become more than 
the projection of the surface 6-b, and on the wheel there will 

emerge an axial force acting to the side of the inlet, ^he 

displacement of the seal to a larger radius gives a force acting 

to the side of the inlet. In this way it is possible to obtain 
axial force necessary in value and direction on the wheel. 

By this force it is possible to counterbalance, for example, 

the axial force acting on the turbine, and it is possible to 
unload the bearings of the TU from the axial force. 
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Let us note that for the elimination of the adverse effect 

on the flow in the centrifugal wheel of leakages fed through the 

openings B (see source [102]), the discharging cavity A is 

sometimes connected by the pipeline with the inlet into the pump. 

In this case the pressure ppa3rp will be equal to the sum of 

pressure at the inlet into the pump and the losses of pressure 

in coupling pipeline ApTpytJ: 

(5.17) 

In the single-stage pump the overflowings in the axial 

clearance between the wheel and the housing are directed from the 

periphery to the center. Therefore, the pressure p, which acts 

m the surface 6-b and r-r (see Fig. 2.38, I), will be determined 
by expressions (3.^0) and (3.^1). 

By knowing the pressure distribution with respect to 

elements of the control surface, it is possible to pans to the 

determination of the axial force in a single-stage pump. On the 

basis of that given above, the integral in equation (2.72) can 

be presented in terms of components of the axial force in -he 
form 

where 

j* i* th‘ "y /’i M (^»i - y )(#i1 vM«,. j - 

y, j /»// ,; y. a J p if,. 
f • (»-«> 

(5.18) 

(4-4) 

With the aid of expressions (3.^0) and (3.41) we will 

obtain the general equation for integrals ^ and J (making 

the axial forces acting on the surface 6-b and r-r, see Fig 
2.38, I): 

y~V/«,(rí-#í)-¿. 
(5.19) 
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where HcT is the static head of the wheel [see equation (3.39)]: 

A — -'.if J ' ~r- |i I - l ,(p,- p,,u,i- 
I .*• 

f rKW(pt— Pr.- .-»..'j 
- when <0,h.v:;: 

- when R, ^ O.S.V.. 

The pressure differences (p2 - p^r) and (p? - Pr«o.85r.,^ 

are determined respectively from equations (3.^0) and '3.^1). 

In the calculation of forces and J2 we substitute the corres¬ 

ponding values of the radius of the seal R and coefficients a 
O’ 

and &, depending on the flow rate per second of overflowings 

through the axial civ ranee (see Fig. 3.31). With an increase 

in the overflowings the pressure in the axial clearance falls, 

and the axial force acting on the surface 6-a (or r-r, see 

Fig. 2.38, I) is decreased. Therefore with an equal radial extent 

of the surfaces ö-a and r-r and different overflowings, the 

axial forces which act on these surfaces will be different. 

Experience shows that with the aid of relations (2.72), 

(5.18) and (5.19), it is possible to calculate the axial force 

acting on the wheel of the pump under conditions which are found 

in the region of the flow rate Q > (0.7-0.810^. With low flow 

rates [Q < (0.7-0.8)Qp] at the outlet from the wheel, the 

parameters are substantially nonuniform over the circumference. 

The wheel begins to operate partially: the flow from the inlet 

to the outlet occurs not in all the channels of the wheel, and 

in a number of channels the fluid flows from the outlet : rom the 

wheel to the inlet into it. With a decrease in the flow rate 

the quantity of such channels increases. 



Under these conditions the flow in the axial clearances 

Is shaped basically by the effect of ths wheel disks and not by 

the overflowinKs and conditions on the outside diameter of the 

wheel. Then in the axial clearance the fluid will be rotated 

with an angular velocity equal to half of the angular velocity 

of the wheel, and the pressure distribution on the radius will be 

determined by equation (3.35). Bearing this in mind, for condi¬ 

tions Q < (0.7-0.8)Q|5 we will obtain the following expression 

for forces J^ and acting on the surfaces 6-s and r-r (see 

Pig. 2.38, I): 

J (5.20) 

Having the relations (5.16) and (5.17) in mind, it is 

possible to convert expression (5*18) respectively for cases of 

the connection of the discharging cavity of the pump A (see Pig. 

2.38, I) with the inlet into the wheel and the inlet into the 

pump: 

(f * 

•1 (W»a • (5.21) 

!' i>I*. - - M#;,-Ki'i'g,, r •■vUo ---•-)/* , - 
\ 4 r 

I, Jy (5.22) 

In expressions (2.27), (5.21) and (5.22) all the components 

except the terms which contain pressures p, and p , in kinemati¬ 

cally similar conditions are changed similarly, nierefore, for 

the pump in kinematically similar conditions of its operation 

(Q/ü) ■ const), values of the criterial complex (see sources 
[15^]) will be Identical: 

V—* 
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- in the connection of the discharp.m* cavity with the 

inlet into the centrifugal wheel or 

Ñ, I '(W’l ') P" 

l-' 

- in the connection of the discharging cavity with the 

Inlet into the pump. 

5.3.1.2. Axial Force in the Turbine 

Let us discuss the determination of the axial force in the 

turbine (see Fig. 2.38, II). For calculation of the axial 

force according to equation (2.72), it is necessary to know the 

pressure distribution over surfaces a-a and 6-6. Acting on 

the surface a-a is the outlet pressure from nozzle cascade p1, 

and acting on surface 6-6 is the outlet pressure from the 

turbine p2> Then on the surface a-a the axial force equal to 

F p will arise, and on the surface 6-6 - the axial force 

FZU‘a;pi. The equation (2.72) for the axial force on the 
z(6-6 )r2 

turbine wheel takes the form 

A*, **'{*!»• '.it ï J l ^ > '/•! /»i n n. (5.23) 

In the reaction turbine Pj > p2, and therefore on the wheel 

a considerable axial force appears, acting in the direction of 

the gas flow. In the impulse turbine pressures px and p? are 

almost Identical and the axis- force is virtually close "O zero. 

The latter fact Is frequently the decisive one for the selection 

of the impulse t-n^Mne as a precombustion-chamber turbine of 

the LPRF., since in the reaction precombustion-chamber turbines 

these forces can be great. Let us note that in the partial 

Impulse turbine Pj < p-, (see Section 4.5.2.2) the axia; once 

will appear on the side of the outlet. 



rí# 

I 
ja 

For a decrease In the axial force in the reaction axial- 

r±ow turbine* lt 13 Possible to provide in the disk several 
discharge openings depicted cn Fig. 2.38, M by a dashed line. 

In t!ie presence cf the openings the pressures on both sides of 

tne disk are equalized, and the axial force on the wheel is 

iecreased. For a decrease in the gas leakages on the side of 

the inlet into the wheel through the openings, the axial clearance 

between the front surface of the disk and the housing should be 

packed. The use of discharging openings is undesirable, since 

the openings, in concentrating the stresses, reduce the strength 
of the turbine disk. 

5*3-1.3* Axial Force in the 
Impeller Seal 

In the design of the TU impeller seals of the shan are 

frequently used (see Fig. 3.33). in connection with the fact 

that the wheel of the impeller seal (Impeller) maintains a 

definite pressure differential, an axial force appears on it. 

Let us determine this force. Since through the impeller seal 

there is no discharge flow of fluid the expression for the axial 

force (2.72) will be rewritten in the form 

f pli*'- \ pUFf 
'ê-4 V-« (5.2A) 

The direction of the axial force on the side of the 

smooth disk of the Impeller is taken as being positive. 

In the axial clearance on the side of the finned disk (see 

Fifc. 3.33, A) the fluid moves with an angular velocity 

“ a where ^ i3 the angular velocity of the Impeller (see 

Section 3.1.2.1). Then the pressure distribution in the space 

occupied by the fluid will be found by the integration of 
expression (3-3^): 
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( 

p "• P\ x* - V (ri—r«)* (5.^5) 

With the aid of expression (5.25) let us find the axial 

force acting on the finned disk. Rearing in mind that acting 

on the surface limited by radii r and r (see Fig. 3.33, A) is Ü Hi 
the pressure PlwMn* we obtain 

l /»:t-, «X.1 (r¡,ma -f•) pUtni f Ir?«.,,~riy. . n 
..---1 

6) 

With great clearance on the side of the smooth disk pressur1 

p2nnn act* With small clearance the fluid on the side of 
the smooth disk (in connection wltl the absence of the discharge 

flow) moves with an angular velocity equal to half of the angular 

velocity of the impeller oj. Therefore a change in the pressure 

along the radius will be found with the aid of the integration 

of relation (3.3*0! 

P^-P.h*« u~(fO-rí). (5.27) 

With the aid of expression (5.27) it is possible to determine 
the force which acts on the surface 6-6 (see Fig. 3.33, A) (with a 

small clearance on the side of the smooth disk): 

t ••Hi« 

I /J # / J * I p'JHf If 11/1¾ * M * I M «I ,, 

# . -r('.w,-03. (5.28) 

ilubstitutlng equations (5.26) and (5.?^) into (5.21), we 

will obtain the expression for the axial force acting on the 

Impeller: 

M'i— -fly- 

—(5-29) 
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The radius of the fluid is determined by a pressure 

differential on the impeller seal (p2HMn - Plk(V|n) with the aid 

of equation With the maximum pressure differential 

n “ plHNn)max the axlal clearance on the side of the finned 

disk will be completely filled with fluid (r ■ r, ). By dis- 

regarding the distinction between the radii r, and r , let us Ammo b 
:ind the equation for the axial force with an impeller completely 

filled with fluid. Having substituted relation (3.^6) into 

expression (5.29), we obtain 

(5.30) 

.he axial thrust on the impeller can reach a significant 
magnitude. 

Sometimes the impeller is made as one whole with the rear 

wheel disk (see source [18] and Pig. 3-91). Then the force on 

the wheel will be directed toward the inlet. Let us note that at 

small values of n* such a design can raise the efficiency because 

of the prevention of leakages on the rear disk. 

5*3.1.4. Unloading of the Rotor 
of the TU from Axial Force 

In the TU the axial force which acts on the thrust bearing 

will be found with the vectorial addition of axial forces from 

the pumps, turbine and impellers of the impeller seals. Por 

the unloading of the bearing from the axial force or for its 

decrease, selected in a definite manner is the position on the 

radius of rear seals of the centrifugal wheels of the pumps. 

Thus, it is possible to completely unload the bearing from the 

axial force only in one operating mode of the turbopump unit - 

as a rule, in design conditions. In order to carry out the un¬ 

loading in other conditions close to design in the design of 



the TU it is possible to provide an automatic flowing; hydraulic 

unloading mechanism (see, for example, source [158]). 

# 

Fig. 5.16. Diagram of an 
automatic hydraulic unloading 
mechanism. 

The operating principle of such a device can be explained 

in the following way. The element connected with the shaft, In 

the particular case, the disk (Fig. 5.16), divides by a small 

clearance S cavities and B2. Cavity is connected with the 

high-pressure cavity of the pump; cavity has a sufficiently 

large volume and is connected with the low-pressure cavity. Let 

us assume that on the shaft there arose an axial thrust directed 

from right to left. The shaft will move under the action of this 

force, and the clcararce S is decreased. Losses with the over¬ 

flowing of the fluid through the clearance will increase (the 

process of throttling), and pressure p2 will decrease. This 

decreases the force directed from right to left. The shaft is 

turned to the initial position. If there appears an axial force 

acting from left to right, the clearance S is increased, pressure 
P2 increases, and the axial force decreases. 

A shortcoming of the use of an unloading mechanism is In 

the decrease in the discharging efficiency of the pump connected 

with the additional hydraulic leakages of high pressure in the 

low-pressure cavity. 

5.3.2. RADIAL FORCES IN THE TU 

5.3.2.1. Radial Force in the Pump 

In the centrifugal pump with a spiral branch the pressure 

and the velocity over the circumference of the outlet from the 
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iir’e unl#,oï,'T' only near the design conditions. For flow rate 

less than the design, the cross sections of the spiral branch 

5-rove to be overexpanded. Therefore, the flow in the branch 

53 brak<‘’> anf1 the pressure along the length of the spiral 

collecter increases. In this case the axial symmetry of the 

’low is disturbed - on the side of the outlet part of the collector 

increased pressure will act on the wheel. This leads to an 

emergence on the wheel of a radial force directed on the side 

of the exit sections of the collector. 

For the flow rates which exceed the calculated flow rate, the 

or ss sections of the branch become narrowed. The pressure along 

the ]ength of the collector falls, and there appears a radial 

f rce directed on the side of the initial part of the collector. 

¡t Is possible to determine the value and direction of the 

'•adial force on the basis of the theorem about a change in the 

momentum in a radial direction, if the pressure distribution and 

velocity over the circumference of the outlet from the wheel 

are known .'see source [155]). Since in the designing of a pump 

the distribution of these parameters is not known, then for 

calculating the radial force Rr it is possible to use the 

empirical relation: 

i» 

(5.31) 

whei>? Kr^ is the coefficient of radial force; H is the pump 

pressure in the conditions in question; bfl is the width of the 

wheel taking into account the width of the disk (see Fig. 3.2U). 

ThtJ Visluo kr 1s determined from the power-speed coefficient 
r 

ns wit;h the ald of thP generalized experimental dependences 

'"ig. 5.17). The dependence of K0 on n for Q - (O-l)Q 
I* ® P 

is given in work [156], and for Q - (1.3-1.5)Qp it is obtained 

by means of the processing by the authors of experimental data 

of the source [156], 
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Pig. 5.17. Dependence of the 
coefficient of radial force 
on the power-speed coefficient 
and flow rate. 

In design conditions the radial force is not equal to 

zero (Kr > 0, see Pig. 5*17)» since in design conditions there 
r 

is a certain nonuniformity of pressures and velocities along the 

circumference of the wheel caused basically by the streamline 

flow of the "tongue.” The minimum value of Rr is found in the 

region of the design conditions. The experimental data given In 

work [156] make it possible to evaluate the flow rate at which 

the radial force is minimum: 

<?<*, >M|„ « (0.7 • 0,002.-,*,)Qt . ( 5.32 ) 

From equation (5.32) it follows that when n < 110-130 the 
8 

flow rate at which the radial force is minimum will be less than 

the calculated and when n > IIO-130 more than the calculated. 
s 

Experimental data show that the less the value of n , the more 
s 

the range of flow rates in which the radial force is close to 

the minimum value. The greatest nonuniformity of flow in the 

branch will be with low flow rates, when the wheel of the pump 

begins to operate partially. Therefore, the radial force Rp reaches 

a maximum value at zero flow rale (Q - 0). Having divided the 

expression (5-31) by pw2, we obtain 

.5r _ n: K* l)At 
LU* r <M1 

(5.33) 
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In kinematically similar conditions (Q/w ■ idem) values 

0- identical (see Section 3«1«^«3)» and values of the 

coefflcien4- KR will be identical, since when Q/w • idem 

and Q/Ç = idem. 
P 

From expression (5-33) it follows that in kinematically 

similar conditions of the pump (Q/ui ■ idem) values of criterial 
complex P^/pcj" will be equal. 

I.et us exa nine the possibilities for a decrease in the radial 

'’orce. Fron equation (5-31) it follows that the radial force 

Is :iecreased with a decrease in the area of the outlet from the 

wh el iTD2b^. it is possible to decrease the radial force by a 

change in the design of the outlet branch device of the pump. 

Pig. 5.18. Diagram of a spiral branch 
with an additional blade: 1-additional 
blade. 

Figure 5.18 depicts a spiral branch with an additional wall 

(blade) 1. The setting of such a blade provides the axial 

symmetry i the flow areas of the branch along the circumference 

of the wheel. This facilitates the setting of the axial 

symmetry of the flow parameters along the circumference of the 

wheel. However, as an experiment shows (see source [155]), the 

full symmetry is not provided In this case. But the value of 

the ralla! force at such a branch is decreased in comparison with 

the branch without an additional blade. 

Leading to a reduction in the radial force are also the 

setting into the branch o'* a vaned diffuser (see Fig. 3.19) and 

the use in the spiral branch of a vaneless diffuser of considerable 



..... ..... .....»»»»» 

illllifiltilywiiiti 

radial extent (Dj/E^ ■ 1.3-1.¾) - In both cases the axial symmetry 
of the Initial section of the branch will take place. 

5-3-2.2. Radial Force in the Turbine 

In turbines the radial force will appear with the partial 

gas feed. Let us examine the axial-flow turbine, assuming that 

the pressure along the outside diameter of the wheel is uniform, 

tfii ; the partial gas feed, emerging from the nozzle cascade, 

there is flow around only those impeller vanes which are found 

on the arc of the feed. Therefore, the circular forces on the 

blades will give the moment with respect to the axis of rotation 

and radial force. Thus, the force dRu (Fig. 5.19) will give the 

moment 

(5.3¾) 

and the radial force ¡Ik, ■ ~(tkë. (5.35) 

Let us assume that each element of the arc of the feed 

creates the same value of the moment. Then 

,/.11 t‘!L 
Vi ¡li* (5.36) 

The moment M is equal to the moment on the circumference 

of the wheel with the subtraction of the moment of resistance 

caused by losses to "ejection." The moment M differs from the 

moment on the shaft of the turbine MT by the value of the moment 

caused by the friction of the disk against the gas and ventilation 

losses. By disregarding these losses, let us write approximately: 

.11 » U, ' , 
(5.37) 

where NT is the power of the turbine, 
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With a decrease in the degree of the admission e the radial 

force Rr increases. The direction of the radial force Rr will 

be determined graphically according to its projections of Rrx 

and Rry. 

It is possible to decrease the radial force Rr down to zero 

by means of the dividing of one arc of the gas feed into two 

symmetrically located arcs of the feed. However, with this the 

efficiency of the turbine will decrease (see Section 4.5.2.2). 

In a radial-flow turbine with partial admission the radial force 

can be determined if the pressure distribution along the 

circumference of the inlet into the wheel is known. Reliable data 

on the pressure distribution can be obtained by experimental 

means. 

Having determined the values of the radial forces which act 

on wheels of the pumps and turbine, it is possible to find 

radial stresses on the bearings. For this one should examine 

the shaft as a beam located on supports (hearings). 

5.4. RELATIONSHIP OF THE MASS 
OF THE TU WITH HYDRODYNAMIC 
PARAMETERS OF THE FEED SYSTEM 

The mass of the turbopump unit is largely determined by 

hydrodynamic parameters of the unit. 

Elements of the feed, brandies, wheels, etc., of the pumps 

and the turbine of the TU can be conditionally divided into 

complete cylinders and disks. The mass of the hollow cylinder 

is defined as 



where '3 the density of the material; D . 6 . I 
, ^ . ^ , * UH/1 * UMfl* UM^ 
characteristic diameter, thickness and length of the cylinder, 
respectively. 

/he mass of the disk m can be expressed in the followinr 
way: 

m4*=ob(5. ÍI5) 

where D;( and are the characteristic diameter and thickness 

of the disk, respectively. 

If we refer, for example, for the pump of thickness 6 

ani t0 lts characteristic thickness 6h, a.d the remainingn 

iíM-ir dimensions - to the characteristic diameter of the pump 

DH* then expressions (5.hU) and (5.45) are converted into the 
following form: 

H,mu Or* f>Ji.« A »./4 8« =11 * 

The mass of the pump is expressed in the form of the sum of 

masses of cylindrical and disk elements: 

»i — '»m., , i!»». I —y,V,), (5,46) 

or, having J°slgnated the parenthesis in expression (5.46) by 
coefficient we will obtain 

m., KJÍK' (5.47) 

In the mass of the pump a considerable portion is occupied by 

casings of the feed and branch. Therefore, the characteristic 

uimens ions of the pump Dh and 6h, which enter into expression 



(5.^7), will be determined according to the feed and thy branch 

of the pump. 

% 

c 

It la natural that at the high pressures developed by pumps 

of the LPRE, the mass of the discharge devices will always 

comprise a large portion of the mass of the pump. The effect of 

feed on the mass of the pump will be considerable with great 

flow rates of the component, when the feed has large geometric 

dimensions, and less considerable at low flow rates. 

Let us determine the characteristic diameter D with respect 

to the feed and the thickness 6 with respect to the branch. The 
n 

dimensions of the feed depend on the volumetric flow rate, and 

therefore it is possible to write: 

*/¿5 Q 

(5.H8) 

where cno;iB is the characteristic velocity of the fluid in the 

feed. 

The characteristic thickness of the branch which is loaded 

by considerable forces from internal pressure PQTB will be 

determined according to the equation known from a course on the 

strength of materials for a short cylinder loaded by internal 

pressure : 

» «»./ííisÍÍsis. 
4 * (5.49) 

where Rz is the tensile strength of the material. 

The diameter of the branch in the relation (5.49) is 
UT B 

determined by the diameter of the wheel of the pump r>2, and the 

pressure pQTB can be taken as proportional to pH; then expression 

(5.49) will take the following form: 
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(5.50) », ’ 

or, having substituted for D2 expression (3.223), after the 

conversions we obtain 

I saiíüíÜÍ—(-- (5.51) 

Having substituted expressions (5.^8) and (5*51) into the 

relation ^5.^7), after uniting the constants of the pump into 

the coerficient of the pump, we obtain 

Fror, •-■quation (5.52) the effect of the hydrodynamic 

parameters of the pump on its mass is clearly evident. With an 

increase in the pump pressure H and flow rate Q and with a 

decrease in the frequency of the rotation w the mass of the pump 

increases. 

Such an effect of the hydrodynamic parameters is explained 

in the following manner. With an increase in pressure the 

pressure in the pump increases which requires a thickening of 

the housing of the branch. Besides this, for the creation of 

high pressure a large diameter of the centrifugal wheel is 

necessary, and therefore, in this case dimensions of the branch 

increase. A decrease in the frequency of rotation w also leads 

to an increase in the dimensions of the wheel and branch. The 

effect of the flow rate Q on the mass of the pump is developed 

basically In terms of dimensions of the feed connecting piece. 

With an increase in Q the dimensions of the connecting piece 

increase . 

Assuming that the oxidizer and fuel pumps have close 

values of Km, It is possible with the aid of equation (5.52) 

to write the expression for the total mass of the pumps: 
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(5.53) 

where subBcripta "ok" and "rop" refer to the oxidizer and fuel 

pumps,respectively. 

Having expressed the mass of the turbine of the TU in the 

form of a fraction of the total mass of the pumps, it is 

possible to obtain the following equation for the mass of the TU: 

«i IIU «( 5.5M 

In equation (5.5¾) it is possible to assume that 

Ktha • (0.3-0.35) X 10“^ sVm^ for single-shaft TU with one turbine 

and single-stage pumps with a one-way inlet, which have a total 

volumetric flow rate of (Q0M + Qrap) > 0*06-0.07 mVs. 

With the less flow rates of the components the effect of the 

flow rate on the mass of the TU proves to be insignificant. For 

such a TU equation (5.5*0 takes the following form: 

f„r,u .A/ ’fv.- (5.55) 

where K-j-ha * (0.12-0.18010 1 [s^]. 

For pumps with a two-way inlet values of KTHA should be 

accepted at 10-15S more. 

Equations (5.5¾) and (5*55) make it possible, in the first 

approximation, to estimate the mass of the turbopump unit 

according to'hydrodynamic parameters of the feed system, without 

resorting to a designer's study of the TU. VJith the aid of these 
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parameters it 1j possible in the calculation of different 

variants of the TU to estimate the effectiveness of each of the 

variants according to the mass of the design. 

5.5. EFFICIENCY OF THE TURBOPUMP 
UNIT 

We will understand by efficiei cy of the turbopump unit the 

ratio of the sum of the net power of the pump to the available 
adiabatic power of the turbine: 

VtiJI 

For the simplest TU, which consists 

pumps - oxidizer and fuel pumps, we will 
of a turbine and two 

obtain 

'iiia 
//•- i * 

Having expressed, respectively, the products of QH in terms 

of NHnN and in terms of NT/nT, we will obtain 

. I N- .. t N,,+ « \ 
,H* ' ! N '' 

If we assume that the efficiency of the pumps is equal to 

'’on ” Vop ’ nH» then the efficiency of the TU will be the 
product of the efficiency of the turbine by the efficiency of 
the pump, since N ■ N + N , 

T oh rop* 

'•ílf» ’"»bar 

DependInr on the values of the efficiency of the pumps and 

turbine, the value of the efficiency of the TU can lie within 
limits of 0.25-0.Ü5, 
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