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INTRODUCTION

A major protlem facing designers and manufacturers of high speed
turkine engines is the vibration and dynamic loads caused by rotor
shaft unbalance. The wider range of rotational speeds and the use of
longer shafts in multi-spool engines has made this problem more acute.
Moreover, the use of more flexible bearing supports in controlling the
location of the critical speeds allows the dynamic forces to have a
greater effect upon retor shaft excursions.,

In order to alleviate this problem manufacturers of several new
turbine engines have incorporated squeeze film dampers in the rotor shaft
bearing supports. The experience of these manufacturers indicates that
the use of squeeze film dampers significantly reduces engine vibrations
and lowers engine rejection rates due to rotor shaft unbalance. Experi~
mental studies by Cooper [1] and White [2] of rotor shafts supported

by squeeze film dampers have shown the effect of the squeeze film in

decreasing vibratory loads and in increasing the region of shaft stability.

It " as also been shown [3,4tiat external damping can suppress non-synchronous

whirl at super critical speeds. A review of this and other resgearch will
be made later in this. section.

The squeeze film damper configuration is relatively simple. A
schematic diagram showing the operation of a squeeze film is shown in
Figure 1. A typical installation of a squeeze film damper is shown in
Figure 2. The outer race of the rolling clement bearing is Sitted
loosely in the bearing support structure, The radial clearance may
range from .0l to .0005 of the becaring radius, depending upon the design.

Radial wotion of the bezring outer race is permitted but rotation is

prevented using some type of mechanical constraint. The annular clearance,

1
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FIGURE 2. Typical Squeeze Film Damper Installation




between the bearing outer race and the housing, is filled with oil.

The dynamic forces acting on the bearing will result in an orbital motion
of the bearing outer race. This motion produces corresponding hydro-
dynamic forces in the squecre film which oppose the shaft motion and
rotor dynamic forces. Thus the squeeze film acts as a complex spring

and damper system which, if properly designed, will significantly reduce
the forces transmitted to the b~raring supports. However, it has also
been shown [2, 5] that an improperly designed squeeze film damper can
magnify the forces transmitted to bearing supports. Thus the result

is a worse situation than if the bearings were mounted in rigid supports.

In order to correctly design a squeeze film damper it is necessary
to predict the hydrodynamic forces in the squecze film as a function of
the shaft motion and pertinent squeeze film paracezers. The rotor
dynamics of the shaft supported by squeeze film dampers may then be
predicted and the squeeze film parameters modified tc cbtain the desired
damping of the rotor motion and forces. These parameters include the
lengih-diameter ratio, the eccentricity-clearance ratio, fluid viscosity,
and supply pressure. The effect of the inlet conditions, cavitation and
end seals must also be determined.

In order to predict the force coefficients of the squeeze film the
pressure distribution throughout the film must be determined. Analytical
and experimental studies of journal bearings have resulted in several
different theories for predicting the pressure distribution in journal
bearinge. The theoretical model of squeeze film dampers and journal bearings
are identical, except that no existing journal bearing theory takes into
account the boundary conditjons produced by end reals. Since end seals
reduce or eliminate axial flow, it may be surmised that the "long bearinz"

theory would fit this case more closely than the "short bearing" theory.
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The theoretical work developed for journal bearing: may be applied to
squeeze film dampers if it can be determined that the boundary conditions
are similar or produce similar results.

It was the purpose of this study to make an experimental investigation
of the hydrodynamic squeeze film. The object, in designing the experi-
mental rig, was to duplicate, as clusely as possible, the configuration
found in turbine engines, while keeping the measurements as simple as
possible.

The use of end seals in the test rig allowed investigation of their
effect upon the pressure distribution. Many squeeze film damper designs
and some journal bearing installations contain end seals to minimize end
leakage, yet little analytical or experimental work has been accomplished
to determine their effect on the hydrodynamic film pressures.

Initial measurements and observations showed that it was also
desirable to study the effect of the inlet conditions. The inlet design
of the experimental rig and some squeeze film dampers do not meet the
boundary conditions imposed by any existing theory. Thus the effect

of varying inlet conditions was included in this investigation.

The oil supply pressure was adjusted so as to maintain a positive
pressure throughout the film. Cavitation was thereby prevented and a
full 360 degree film was developed. Although cavitation does occur in
practice for both jcurnal bearidgs and squeeze film dampers, the
uncavitated case provides the basis for understanding the effects of
cavitation. Later research will cover the case of the cavitated film.

The experimental rig also has the capacity to study the pressure
distribution for the case of the eccentricity being a nonconstant function
of time. Little or no research has been carried out for this case,

although this is the condition found in any journal bearing or squeeze

o




{film damper witn a varying load. The rotor shaft of any turboshaft or

turbojet engine operated in a horizontal position will whirl about an equili-
brium point below the centerline of the bearing dampers, due to the effect of
pravity. Inertia forces due to vehicle maneuvers can deflect the orbit center
even further. Centering springs are often used to prevent contact with the
damper bearing wall, but these are made as soft as practical to keep the rigid-
body critical speeds low. The off center corbit, even if circular, produces
both non-zero radial velocities and non-constant angular velocities of the

line of centers. 1If the orbit can be assumed small, it is common practice

to transform the response forces from the rotating coordinates into inertial
(fixed) coordinates and calculate "linearized" stiffness and damping coefficients
for a rotor dynamics analysis of the motion "in the small".

The actual size of the whirl orbit depends on the magnitude of rotor
unbalance, or on the magnitude of any destabilizing self-excited forces
induced by the motion. Since the damper force response is nonlinear, the
orbit size is. a critical factor in the analysis. The type of analysis to
be performed (e.g. linearized, steady-state, nonlinear, transient) should be
determined by the primary purpose of the damper, which i; usually one of the
following:

(a) To reduce svnchronous response to rotor unbalance for the

expected range of unbalance in production engines, thus
reducing rejections due to excessive vibration.

(b) To increase reliability and flight safety by reducing the

response to sudden and abusive unbalance, such as caused
by the los:s of a turbine blade.

(c) To suppress nonsynchronous whirl and self-excited dynamic
instabilities, such as caused by internal friction in the
rotor-shaft assembly.
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Most damper and rotor dynamics analysis performed to guide engine design
has been aimed at objeztive (a). Thiz obiective can usually be met satisfac-
toriiy by a design based on a small orbit (linearized) analysis, as described
above, or on a centered circular orbit analysis in which the damping a..d stiff-
ness coefficients are constant in the rotating coordinates.

It is becoming increasingly clear th:t more effcrt must be directed toward
objectives (b) and (c). By definition, a rotor dynamics analysis to meet objective
(b) must consider large, off center, whirl orbits with non-zero radial veloc'ties.
To be complete, a stabi.ity analysis to meet objective (c) should considrr both
small and large motions. A ‘ransient marching solution of the complete equations
by digital computer is the only method capable of yielding accurate results for
some of these cases, but the results can be no more accurate than the force
response prediction model for the dampers.

In light of the above, a basic objective of the work reported here was
to develop an experimental capability to measure damper pressures and forces
for both the case of a constant and time varying eccentricity (non-zero radial
velocity), so as to determine the validity of existing theories for use as a
prediction model.

As will he described in a later section, the resulting e:perimental rig
produces circular orbits, with a variable amount of offset from the damper
center. It is felt that little yenerality is lost by the circular constraint.
Although there are an infinity of orbit shapes which can bhe and are produced
by engine rotors, any point on any shape orbit can be uniquely described by the
instantaneous eccentricity, radial velocity, and angular velocity of the line
of centers. These latter quantities are all reproducible by the circular

orbit rig with the proper amount of offset.
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Tt is s.propriate at this time to briefly survey some of the analytical
and experimentai reseaivch that hes bheen accomplished by other investigators
related co this study.

Cooper [1] was one of the first investigators to study the effect of
the bearing supports upon the rotor dynamics. In an experimenfal study he
demonstrated the use of oil films in controlling shaft vibratioms,

In Cooper's initial tests a stiff sha’t was supported by gas bearings.
The effect of limiting the orbit amplitude using mechanical stops was studied
first. 'The ortit amplitude was then limited using a ndrodynamic o3l film.

it was found that limiting the journal orbit using mechanicazl stops

caused violent pounding of the stops and instability of the shaft motion.

Introduction of the hydrodynamic oil film caused smooth running of the shaft

until the onset of oil-whirl as the shaft rotational speed reached twice the
shaft critical speed.

The shaft was then supported using rolling element bearings mounted
in squenze film dampers. These tests resulted in smooth running of the
rotor without the problem of oil-whirl. These tests also showed the exis-
tence of two stable orbits, the larger being characterized as a whirl mede
and the smaller characterized as being the inverted mode.

White [2], extending the work of Cooper, studied the dynamics of a
simple rigid shaft rounted in squeeze film dampers. A thcoretical analysis,
representing the squeeze film by the "short bearing" solution of Reynolds'
equation, considered the stability cf the three predicted bearing ceuter orbits,

Tt was shown that the intermediate eccentricity orbit i{s always unstavle
and that the whirl (large) and inverted (small) orbits are always stable.

The whirl condition was found to be undesirable as it increased the forces

transmitted to the bearing supports.
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An apparatus designed to simulate the theoretica: model was constructed.
Tae existence of the two stable equilibrium orbits was observed. It was
noted that there were speed ranges over which either orbit could exist for
a particu’.r out-of-balance. It was clearly shown that for the whirl orbit,
the rotor mass center was more distant from the center of rotation, thus
the squeeze film eifectively increased the unbalance.

In simila:s research Mohan and Hahn {51! also predicted the two stable
orbits using the “short bearing" analveis to describe the squeeze film. The
inverted mode was cliaracterized by a low ._ansmissibility, less than one,
while the whirl mede commonly had a transmissibility greater than one. A
critical skaft unbalance was found, above which only the whirl mode was stable
and the transmissibility was greater than one. Design graphs were presented
to aid in the design of squeeze film dampers osver a wide range of operating
conditions.

Vance and Lee [3] performed a stability analysis of high speed rctors
with internal friction. It was shown that the threshold speed of instability
for nongmchronous whirl inducec¢ by the internal friction depends on the
ratio of internal friction to external damping. It was also shown that
whon the external damping exceeds the internal friction, operating speeds
up to eighty percent greatexr tham the critical speed may be safely attained.
Conversely, when the internal friction is many times larger than the external
damping the stability speed threshald approaches the critical speed. It
mav be inferred that correctly designed sgueeze film bearing dampers can
rrovide the external demping required for safe cperation above the critical
speed.

Sweet and Genin [4]), in an analytical study, demonstrated that the

journal bearing instability known as "oil whip' may he eliminated hy a




sufficient amount of external damping. Houever, the mugnitude of external
damping required to significantly alter the undamped results is muchi too

large to bhe produced by normal external dissipative forces. It was then shown
that a squeeze film damper around the bearing can supply the necessary external
damping to eliminate the instability due to oil whip.

The above studies were, for the most part, concerned about the e“fent
of the hydrodynamic film upon the dynamics of the rigid rotor. The nature
of the hydrodynamic filn was not studied. The theories that were used to
predict the film forces have not yet been experimentallv verified.

Thomsen and Anderson [Al, in an experimental study, investigated the
hydrodynamic squeeze f¥1m. A vertical shaft was used, with the upper rolling-
clement bearing mounted in a centrally preloaded squeeze film damper. The
excitation force was provided by deliberately creating an unbalance in the
shaft. The squeeze film damping coefficient was obtained by measuring the
deflection in the radial supports of the hearing housing. The investigation
was primarily intended to study the range of damping available from the saueeze
film by varying radial clearance and oil v;scoéity.

Potential errors are incurred in determining the squeeze film
forces by measuring the deflection of tie housing supports,due to the
cffect of the inertia of the houcing, which can be significant. Also,
deflection of the housing alters the squeeze film geometry, introducing
another potential source of error.

Jones {71 investigated the fundamental hydrodvnamics of the squeeze
film. ‘The axial and circumferentfal pressure distribution of the squeeze
film were measured about a journal constrained to move in a circular orbit
around the housing ceater. The design of the rig was such as to approximate

the houndary conditions of the "short bearing" theory., Cil was provided to

1n




s

the squeeze film through a central circumferential groove. Cavitation was
allowed in the divergent part ol the squeeze film. The parameters varied
during tne tests were the film geometry, journal eccentricity ratio, orbital
speed and the supply pressure.

ft was found that the cavitated, "short bearing” theory provided a
reasonably good approximation to the results from the experimonts. Jones'®
stundy gives pgood insight into the squeeze film hydrodynamics for damper
configurations which approximate the houndary conditions of the "short
bearing" theory.

There has been little research of the roter dynamics orv squeeze film
hydcedynamics for configurations approximating the "long bearing’ theory.
This is especially true for tue case of a nor-constant eccentricity (i.e.
non-zere radiar velocity).

A1l of the research discussed above is based on Reynolds’ theory for
laminar flow, Squeeze film dampers may operate in dif{ferent flow regimes.
Vohr {8) investigated the fluid flow between nonconcent:ic rotating cylinders
(no orbiting). The object of the investigarion was to study ths nature of
Taylor vortex flow and turbulence in corcentric and eccentric aanuli. Cri-
teria were develeped a; a function of the Reynolds' number and Taylor number
for the onset of Taylor vortices. Although the results may not be quartita-
tively applicable to squeeze film flow, they do suggest that the possibility

of flow t-ansition is a critical question to bhe considered.
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THEORY OF THE HYDRODYNAMIC SQUEEZE F1liM

The equations governiug the hydreciynamics of the squeeze film
were developed largely froi: the theory describing journal bearings.
The theoretical model an. sign znnvention are shown in Figure 3.
’ 1 The general equation for the hydrodynamic film between two flat

surfaces was developed by Reynolds.

7 ".,3 _QP__ 3h~
= 3L ax )y + 57— ax o ) = 6ula l(U + U )h] + 2 & T
1 3 3
x Implicit in the above equation are Reynolds' assumptions of laminar flow,
incompressibility, constant visccsity, and that ttc inertia and body

| .

forces are negligible. It is also assumed that at the iubricated
surfaces the fluid has the velocity of the surfaces .nd that at the
film extremities the pressure depends upon the external conditions.

It should be noted tha: end seals do not meet the houndary conditions

T p—

imposed by Reynolds' equation. [he end seals prevent the prassure at the
film extremities from approaching the external conditions. The end seals
also constrain the velocities at the extremities tc equal the velocity
of the seals.

Reynolds' equation may be written in terms of the squeeze film

parameters, defined in Figure 3 and the List of Symbols.

3 . J
35 L1 +n cosO)’g-%] + r; -g-;; [A+n case)’-éﬁ-; ]

12pr] .
= -——;j-[wcsine + n cosf]

c

In the derivation of this equ#tion it is assumed that the effect of the

curvature is negligible and certain assumptions are made concerning the

12
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FIGURE 3. Theoretical Model and Sign Convention
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relative size of some of the geometric ratios.

An analytical solution to Reynolds' equation has never been obtained.
Although numerical solutions have been obtained, they are considered
here to be too unwieldy for use in predicting the damper forces in a
useful form for roior dynamics analysis. The equations can be consider-

ably simplified by either of two approximations, both of which involve
the length of the bearing and the amount of fluid flow in the axial
direction.

If the fluid film is assumed to be infinitely long in the x;
direction the variation cf the film properties in that direction will
be negligible. Thus the second term on the left hand side of Reynolds'
equation may be neglected. This is the "long bearing" assumption and
is the basis of Sommerfeld's solution for journal bearings.

The simplified Reynolds' equation obtaincd by this assunmption must
then be integrated twice with respect to 9 to obtain the pressure distri-
bution. This integration requires the choice of two boundary conditions.
In the theory developed by Sommerfeld one of these conditions s acifies
that the pressure at 6«0 be a reference pressure, Po- For the case of
a radial inlet located centrally in the oil £ilm the validity of this
assumption should be questioned. In a journal bearing under a constant
load the inlet position would not vary with respect to 6 and the assumption
would seem to be valid. In a squeeze film damper, however, the line of
centers (the line passing through the center of the journal and the center
of the housing) is constantly rotating. Thus the position of the inlet
is constantly changing with respect to 0. The 2ffect of this upon the

pressure distribution is dependent upon the ability of the inlet flow

14
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to dynamically follow the changing pressures throughovt each cycle. A more
elaborate discussion of this problem is contained in the section containing
the experimental results.

The result of the second integration is an expression for the circum-
ferential pressure distribution about the journal. Trumpler [9], using this
method of analysis, obtains the following expression for the nressure

distribution:

*

o g OMT n 8inf (24n cos€) 1 . | o
P=Po -szJ—I e Gy (14n ccsB)* + [(1+n cosf)* (1+nfz} n}

The alternative simplifying assumption concerning Reynolds' equation is
that the fluid film is infinitely short in the x, direction. Thus the variation
of the film properties in that direction predoninate and the first term on
the left hand side of Reynold's equation may be neglected. This is the basis
of Dubois' and Ocvirk's [10] solution for journal bearings and is known as the
"short bearing" assumption.

The simplified equation obtained using this assumption is then integrated
twice with respect to x4 to obtain the pressure distribution. Again, this
integration requires two boundary conditions. These specify that the pressure
at cach end of the film is equal to the supply pressure. In practice the oil
is usually supplied to the film through a central, circumferential groove and
the ends of the film are at atmospheric pressure. Unless the iubricant is

supplied at near atmospheric pressure, the use of a central supply groove does

4w

not meet the specified boundary conditions. It is evident that the use of end
seals would violate these boundery conditions to an even greater extent.

The result of this integration is an expression for the pressure distri-
bution in the circumferential and axial. directions. Jones [7], using ti.s

analysis, obtains (modified for the sign convention used in this study):
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. 2
P - pg = ﬁg gn(cosﬁ*w!n sinB) (x§ - %_)

c 1 + n cosB)

Neither the "long bearing" theory nor the "short bearing" theory is
entirely accurate for bearings of finite length. The “short bearing"
assumption is usually considered valid for length/radius ratios less than
two while the "long bearing" theory is considered valid for 1¢-gth/radius
ratios grezter than two. Regardless of length, a journal bearing or squeeze
film damper equipped with end seals may approximate the "long bearing" theory
in that flow in the axial direction is prevented.

The pressure distribution obtained using either the "short bearing”
assumption or the 'long bearing" assumption may be integrated to obtain the
radial and taungential force components of the squeeze film,

Using the "long bearing" theory the pressure distribution is integratr:

with respect to 0.

F& = -Lrj p cos6 db

!

For the "short bearing” theory the pressure distribution is integr:ted with

respect to 6 and x

3
62 f&le
Px = -Lrj p sind dx3de ]
8, o L2
2 i/2 i
Py = --Lrj p cosf dx3d6
61 -L/2
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These integrations require a further assumption regarding the
circunferential length of the squeeze film. Both solutions to Reynolds'
equation predict significant negative pressures, with respect to the supply
pressure, in the divergent half of the squeeze film (0 £ € < 7). However,
the lubricant film cannot support negative pressures, as vaporization of
the lubricant will occur. This the solutions of Reynolds' equation are valid
only if the supply pressure is sufficieatly high to prevent cavitation. For
this case the pressure distribution is integrated from 6=0 to 8=27 to give
the force components for the full Silwm.,

if the supply pressure Is nct sufficiently high to support a fuil film
then the £ilm will be cavitated cver part of the circumferznce. The pressure
in this regiou cannot fall below the vapor pcessure of the lubricant and may
be assumed to equal either the vapor pressure or atmcspheric pressure. For
this case the mcst common assumption is that the pressure in the divergent
part of the film is equal to atmospheric pressure while the pressure in the
convergent part of the film (7 < 6 < 2m) is given by the solution to Reynolds'
equation. Integration using these limits results in the force components for

the cavitated film.

Expressions for the force components, using this method of analysis,
for the '"long boaring"” and the "short bearing" solutions to Reynolds'
equation, with full and cavitated films, are given in Table 1.

Uther researchers have obtained different expressions for the force
components.

Tondl{11] divides the squeeze film force into four force coefficients.
The force cowponents are presented in the form:

F_ =-6uL 5&; [(-2w.) F3(n) + 20 Fy(n)]

F, = 6uL r,® [(~20 ) F,(n) + 2a Fi(n)]
y c 1 _g,, ’
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