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ABSTRACT
1
=l This report documents a study of a prototype air-
f X to-air heat exchangér of which the thermal corductivity is

governed by the reservoir temperature of the hkzat pipes. The
work is introduced with a brief review of the basic operating
principles of heat pipes and of the various existing schemes

for variable conductance.

An experimental facility, incorporating a compu-

b terized data acquisition system, was developed to investigate
the steady state performance characteristics of the heat

. exchanger over a wide range of air inlet temperatures, mass

flow rates, and reservoir temperatures. Some tests were con-
ducted imposing a single operating temperature on all of the

heat pipes, while in others the heat pipe rows were allowed to i
operate independently. The results are expressed in terms of
heat exchanger effectiveness versus normalized reservoir tem- ]
perature for various values of the ratio of the mass flow
rates of the air streams. Ccnciusions are drawn as to the
internal behaviour of this type of heat pipes under various

. operating regimes.

An original computer model is presented which com-
bines a quasi-analytical solution for the air and fin tempera- ' 4
' ture profiles in the heat exchanger with a heat pipe simulation
' routine based on the hydrodynamic equations involved in the
working fluid cycle. Computational results are shown, and a :
brief comparison with the experiments is made. Possible
modifications that would imporve the accuracy and the versi-

tility of the program are discussed.
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1. INTRODUCTION

A problem that has always been associated with the
design of effective air-to-air heat exchanjers is their high
bulk and weight, due to the very large surfaces required to
transfer significant amounts of heat from one airstream to
another. The birth and rapid growth of heat pipe technology
in the 1960s led to the eventual development of more compact
heat exchangers taking advantage of the very high thermal con-
ductivity of these devices. The continued development of such
heat exchangers brought the promise of many new applications
in the fields of energy conservation and air-conditioning. At
the same time, however, a significant limitation of existing
heat pipe heat exchangers became apparent, namely, a lack of
controllability. While it is undisputably a high performance
heat transfer device, the standard heat pipe's thermal con-
ductivity is highly dependent on its operating temperature and
on the thermal load placed across it; in other words, the over-
all heat transfer coefficient is a function of the heat sink
and source conditions. With the standard heat pipe, it is
impossible to adjust this heat transfer coefficient, and there-
fore impossible to regulate the heat flux in a heat exchanger
using them.

This 1imitation poses problems for heat recovery and
temperature control applications. 1In heat recovery systems,
in which waste heat is recovered from exhausted air (or process
gases) and used to heat coid incoming air, it is desirable to
maximize the heat transfer rate, i.e., the heat exchanger's
effectiveress. Uncontrollable heat pipe heat exchangers work,
however, at an effectiveness which is not necessarily their
optimum. The working point is passively determined by the
temperature and mass flow rate of the two airstreams. Such heat
exchangers are also inadequate to meet the requirements of air-
conditioning systems, where one must control the exit tempera-
ture of one of the airstreams,since the air exit conditions are
uniquely determined by the inlet conditions. This lack of
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controllability is the motive behind the research on variable

conductance heat pipe heat exchangers. Much work has been

y done to develop both passively and actively controlled heat
pipes. Some of the resulting systems will be mentioned in

the following sections.

This report documents both an experimental and numeri-
cal study of a prototype variable conductance heat pipe (VCHP)
heat exchanger based on the principle of operating temperature
modulation. This particular design, which makes use of liquid
reservoirs of excess working fluid, offers the possibility of
heat flux maximization and temperature control without moving

‘4 parts. The objectives of this study are to determine the steady
o state performance characteristics of this he.t exchanger over
! § a wide range of operating conditions and to apply heat pipe

theory to develop a numerical model of the heat exchanger
capable of predicting temperature profiles and heat flux for
specified air inlet conditions. Such a model would be useful
as a tool for both the design and control of this type of heat

LR

! exchanger.




2. HEAT PIPE PRINCIPLES

2.1 The standard heat pipe

Before discussing the details of the liquid reservoir
VCHP, it is useful to review the fundamental principles of heat
pipes. The heat pipe is a high performance heat transfer device,
able to transfer heat at high rates over considerable distances
with almost no temperature drop. In its basic form tie heat
pipe consists of a sealed tube lined with a porous capillary
wick that is saturated with a volatile fluid as shown in
figure 1. Heat absorbed by the evaporator zone vaporizes the

4 fluid; vapour flows to the other end where it condenses, giving
¢ up the heat. The fluid cycle is then completed as the condensed

transfer is thus equal to the mass circulation rate times the

E' ‘ fluid flows in the wick back to the evaporator. The axial heat
4
] latent heat of vaporization of the working fluid.

"~ A

Frequently the evaporator and condenser sections are
separated by an adiabatic zone, where there i5s no heat flux

o i

into or out of the pipe. A heat pipe can, in principle,
operate with the evaporator above the condenser as shown in
figure 1, in which case the capillary head generated in the
i wick must overcome the gravitational head, but in many cases
the evaporator is intentionally placed below the condenser so
- that these two forces work together, which facilitates the
b return of the condensate to the evaporator.

What appears to be a simple device actually involves
a complex set of thermal and hydrodynamic processes, which i
have made it difiicult for rescarchers to draw firm conclusions
about the exact nature of the heat transfer processes in a
particular heat pipe for a given set of heat source and sink
conditions. What has been determined is that the heat pipe’s

performance is bounded by an envelope of limiting conditions
as shown in figure 2.
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2.2 Limits to heat transfer

The range of vapour temperature (also called opera-
ting temperature) over which a particular heat pipe functions
is determined principally by the working fluid used. At the
lew end of this range, fluid viscosity imposes a limit on the
heat transfer capacity of the heat pipes, as shown in figure 2.

For slightly higher operating temperatures, what is
called the sonic limit is the dominant limiting factor. It
can be shown analytically that there 1s a correspondence be-
tween constant area flow in a heat pipe with mass addition
(evaporator) and removal (condenser) and constant mass flow
in a converging-diverging nozzle. Consequently, just as there
is a sonic (Mach = 1) 1imit-tion on the flow velocity through
a nozzle, there is a similar limit on the flow velocity through
the adiabatic section of the heat pipe.

Another phenomenon which may limit heat flux over a
certain range of operating temperature is liquid entrainment
in the vapour. In a heat pipe, the vapour and the liquid
generally flow in opposite directions. Since they are in
contact at the wick surface (if the wick is saturated), this
sets up a mutual drag at the vapour-liquid interface. If the
re.ative velocity between the liquid and vapour becomes too
great, the interface becomes unstable and droplets of liquid
will be torn from the wick and entrained in the vapour. Since
this liquid never reaches the evaporator, it cannot contribute
to the heat transferred by the heat pipe. Thus, the maximum
axial heat transfer is no longer equal to the maximum fluid
circulation rate times the latent heat of vaporization, but
is some lower value.

The fact that there exists a maximum capillary head
for any wick-fluid combination results in a hydrodynamic limit
on heat pipe capacity. In order for the heat pipe to operate,
the following pressure balance equation must be satisfied

kit
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between any two points along the heat pipe :

BPe . max t Apg > ap, + Ap, (2.1)

where BPe max C maximum capillary head

Ap gravitational head acting on liquid (evaporator assumed
g to.be positioned below the condenser)

Ap, pressure drop in 1iquid due to viscous drag

bp, Ppressure drop in vapour due to viscous drag and mass
transfer.

This equation states that for any fluid path defined by two
points along the heat pipe, the sum of the driving forces
(capillary head and gravitational head) must be equal

to the sum of the pressure losses undergone by the liquid and
vapour. These pressure losses are dependent on the fluid cir-
culation rate (and hence the thermal load), whereas the maximum
capillary head and the gravitational head are essentially in-
dependent of load. When the load increases so that the two
sides of the equation are equal anywhere along the heat pipe,
the capillary pumping limited has been reached.

Finally, there exists a boiling (burnout) limit which
corresponds to the formation of a stable vapour film within the
wick due to the excessively rapid production of bubbles, whose
escape is inhibited by the wick structure. This condition
tends to arise for high operating temperatures where there is
a large temperature differential across the evaporator wick.

In all cases, the heat pipe operates within the area
bounded by the curves shown in figure 2. For the standard heat
pipe, the actual operating point is determined solely by the
heat source and sink temperatures. The goal! of variable con-
ductance designs is to be able to displace this point at will,
and in some cases even to change the shape ¢f the operating
envelope defined by these limiting conditions.

it Dk bl
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2.3 Variable conductance heat pipes
]
b For reasons already stated, the concept of variable
’ conductance heat pipes was extensively developed beginning in

the late 1960s. Most variable conductance designs employ a
second fluid, an inert non-condensable gas, to act as a buffer
to the heat transfer process. The inert gas, which in prin-
ciple remains unmixed with the working fluid, is compressed
into a reservoir at the condenser end of the heat pipe by the
total pressure of the working vapour (Fig. 3). The non-
condensable gas blocks a portion of the condenser whose length
depends on the thermal load on the heat pipe. As the thermal
load increases, the inert gas is further compressed, exposing
more of the condenser to the working vapour, thus increasing E
the heat transfer rate and 1imiting variations in heat source @
and/or sink temperature.

£

| The heat transfer rate may either be controlled
passively, as just described, or actively, in which case the
inert gas reservoir is heated or cooled in order to regulate
more precisely the position of the vapour/gas interface and
hence the effective length of the condenser section.

Ll L 5
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4 There exist other schemes for variable conductance

. heat pipes; these are mostly the so called vapour flow modula-

tion or liquid flow modulation types, where a throttling .

i ! mechanism is placed either in the vapour or liquid phase of .
1 ‘ the flow circuit. This may consist of a variable orifice
through which the vapour passes on its way from the evaporator
to the condenser, or it may be some sort of controllable
interruption or impediment to condensate flow in the wick.
Unlike the non-condensable gas reservoir type of VCHP, both
of these latter concepts require the use of moving parts.

it

A1l of the above mentioned methods of heat pipe ]
control have several properties in common. First, the ‘
quantity of working fluid present in the heat pipe remains




constant regardless of the control setting. Secondly, these
control systems can only attenuate the heat flux from some
maximum value attainable were the control system not present.
These systems, then, meet the needs of only one class of
applications discussed in the introduction, namely temperature
control, and this only when the thermal potential placed
across the heat pipes is always greater than or equal to the
required heat transfer.

2.4 Liquid reservoir variable

conductance heat pipes

The liquid reservoir VCHP is based on a different
principle than the proceeding types. It uses no direct inter-
vention in the fluid circulation process to control heat flux;
instead, the thermal conductance is varied by modulating the
heat pipe's vapour temperature. Refering to the cutaway view
in figure 4, one sees that the evaporator end of each heat
pipe is connected to an unwicked reservoir capable of holding
condensed working fluid. Vapour can flow freely from the
reservoir to the heat pipe, or vice versa, whereas liquid
condensate can only run down from the heat pipe into the
reservoir, since the heat pipe is operated in the vertical
position. The heat pipe/reservoir combination contains slightly
more working fluid than is required to completely saturate the
wick; thus, a liquid/vapour interface always exists within the
reservoir. A possible exception is when the heat pipe is
functioning at a high heat transfer rate with a high reservoir
temperature, a situation in which reservoir dryout could occur.

Since heat pipe operation depends on the existence of pressure
differentials between the liquid and vapour phases in the eva-

porator and condensor, as well as pressure gradients within H
each phase (as expressed by equation 2.1), it cannot truly be :
said that the liquid and vapour phases are in equilibrium.

The variations in vapour pressure and temperature are so0 small,
however, that the vapour can be considered saturated everywhere

Pprp———y
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in the heat pipe and in the reservoir. Consequently, the .
operating temperature (and hence the operating pressure) is
determined by the temperature of the liquid in the reservoir.
For the experimental work described in this report, the assump-
tion was made that due to the high conductivity of the copper
reservoir 'walls, the externally measured reservoir temperature

is approximately equal to the vapour temperature in the heat
pipe.

Variable conductance is achieved in this context by
variation of the reservoir temperature, which, by imposing an
operating temperature and pressure on the heat pipe,- causes a
particular operating regime to be established by the interplay
of thermal and hydrodynamic processes in the heat pipe. This
operating regime, with its corresponding thermal conductivity,
is characterized by the amount of fluid present in the heat
pipe and by its circulation rate.

2.5 The prototype

The heat exchanger being investigated is shown
schematicalily in figure 3 and its photograph appears in
figure 4. It consists of an inline array of sixteen finned
heat pipes, where each row of four heat pipes, transverse to the
flow direction, has a single reservoir serving all of the heat
pipes in that row. There is a divider plate located midway
along the heat pipe which divides the heat exchanger into
evaporator and condenser sections. As seen in the photograph,
a short length of the divider plate is bent over at the ends,
forming tabs which effectively block part of the heat exchanger
face, thereby creating a short adiabatic zone between the
evaporator (bottom) and condenser (top). A summary of the key
heat exchanger dimensions, as well as the known and estimated
heat pipe parameters is given in Appendices A and C.

T
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v 3. THE EXPERIMENTAL INVESTIGATION

3.1 The test facility

To make optimum use of the VKI laboratory facilities,
the heat pipe heat exchanger was adapted to the Institute's
already existing solar energy test set-up (Ref. 1). The modi-
fied system, with the heat exchanger in place, is sketched in

figure 6. The system consists simply of two open circuits,
the hot air path passing through the evaporator side of the
heat exchanger, the cold air path through the condenser side.
Each circuit is equipped with a fixed speed blower, an orifice
plate flow meter, and a va]ve.to'regulate the mass flow rate.
The hot air circuit is equipped with an electrical resistance
heater that has power settings of 2, 4 and 6 Kw. The cold

air circuit is equipped with a water-to-air heat exchanger
capable of cooling the air to approximately 15°C (depending

on the water flow rate) before it passes through the condenser.
A1l of the tests referred to in this report were conducted in

i the counterflow configuration.

As indicated in figure 6, the test facility is out-
‘ fitted with a microprocessor-controlled data acquisition ]
‘ system linked to a mini-computer capable of doing real time
data reduction. Both the microprocessor and the mini-computer
control programs (Ref. 2) are adaptations of the programs used
| to perform data acquisition in the SUN experiments. The
[ versions used for this study permit the scanning of up to 48
_ thermocouples as well as two pressure transducers, with a
'i s total acquisition time of about 30 seconds and a variable |
; L. interval between acquisitions. i
;

Temperature control of the liquid reservoirs was
F T

- o % achieved in one of three different ways, depending on the
d type of test :
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1. A1l four reservoirs were placed in a large oil bath
(Fig. 7), whose temperature was maintained nearly uniform by
means of a rheostatically controlled electrical resistance
heater and a rotating agitator.

2. A1l four reservoirs were placed in insulating sleeves to
effectively eliminate heat transfer between the reservoirs
and the surroundings.

3. The reservoirs were placed in individual baths, one of
which contained heated o0il as in case 1, while the other
three contained ice water. This permitting the testing of
the heat exchanger with only one row of heat pipes active
at a time. '

3.2 Instrumentation of the heat exchanger

The heat exchanger was sandwiched between two coup-
1ing sections, which were designed to provide a smooth transi-
tion of the flow in the 160 mm diameter circular ducting to
the rectangular flow section of the heat exchanger. Near the
inlet and outlet of each side of the heat exchanger there were
apertures in the coupling sections which gave access to the
test sections. The whole assembly consisting of heat exchanger
and coupling sections was mounted on a support designed for
testing the heat exchanger at 0°, 30°,45°, 60° and 90° from
the vertical. A1l measurements discussed in this report were
performed with the heat exchanger in the vertical position.

Static pressure taps were drilled in the walls of
the coupling sections opposite the test section apertures
(Fig. 7). A pressure transducer was connected to each pair

of taps to measure the pressure differential across the eva- -

porator and condenser sections of the heat exchanger. Although

several types (Setra, Validyne) of transducers were used during
the courseof experiments, they all had a high sensitivity
(range ~ 70 mm H,0) and they all gavean output on the order

of one volt, so as to be compatible with the data acquisition
system without the use of intermediate amplifiers.

- £y N
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Two types of probes were placed in the test sections,
a vane anemometer to measure the velocity of the air stream
and thermocouples to measure its temperature. A plexiglas
sliding mechanism (Fig. B) was designed to hold the anemometer
and seal the test section apertures, while allowing manual
displacement of the probe in the y and z directions (x being
the flow direction). A1l velocity measurements were made
without heating or cooling or the airstream and the data
acquisition system was not used. For the thermal measurements,
thermocouples were placed at the inlet and outlet of both
sides of the heat exchanger. A plate, through which were
passed two thermocouple wires, was placed over the aperture
at each inlet section. These thermocouple wires were drawn
taut by fine copper wires which passed through the static
pressure taps and were .clamped there by the plastic pressure
tubing. The wires were positioned such that the temperature
sensitive thermocouple junctions were situated midway across
the test section. This simple but effective system was adap-
ted in order to minimize perturbation of the flow upstream
of the heat exchanger.

In both the evaporator and condenser outlet test
sections was placed a grid of fifteen thermocouples, arranged
in five rows of three thermocouples (Fig. 9). The thermocouple
heads protrude from hollow steel tubing, which can slide with
respect to the mounting plate, thus permitting a degree of
freedom in the lateral position of the thermocouple columns.
For the tests described in this paper, the three columns (in
each grid) of thermocouples were aligned with the spaces
between the columns of heat pipes.

There were additional thermocouples connected to
the data acquisition system. One of these was, of course,
a reference, which was placed in an ice bath; the others
measured the ambient air temperature and the external tem-
perature of each reservoir.




3.3 Preliminary measurements

flow characteristics

3.3.1 Velocity profiles

Velocity profile measurements were conducted for two
reasons : first, to get an idea of the uniformity of the flow
at the inlet and outlet of tue heat exchangers, and second,
to determine the optimal placement of the thermocouples at
the outlet section.

It was found that when the probe was placed directly
downstream of a column of heat pipes, the measured air velo-
city varied quite erratically as the probe was displaced in
the z direction, indeed, falling to zero (or at least below
the sensitivity threshold of the anemometer) at some points
along the measurement line. We concluded from this that
there remains a turbulent wake downstream of the heat exchan-
ger behind each column of heat pipes in which the vane ane-
mometer is unsuitable for velocity measurement. The non-
uniformity of this wake (as indicated by the vane anemometer)
may be due to a high degree of sensitivity, in the wake region,
to small irregularities in fin geometry and spacing. This
possibility is suggested by the fact that Lhe lightweight
fins had been deformed at various points on both faces of
the heat exchanger due to previous mishandling. Due to the
presence of these highly irregular wake regions, it was
decided to represent the velocity profiles in the outlet
section in terms of measurements made along lines in the
streamplanes midway between the heat pipe columns. This was
also the reason for positioning the thermocouple columns mid-
way between the heat pipe wake regions.

The two dimensional inlet and outlet profiles were
measured for the evaporator section with a mass flow rate of
approximately .1 kg/s. At the inlet section there were
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velocity gradients in both the vertical and lateral directions.
A careful examination of the heat exchanger assembly revealed
that the non-uniformity of the inlet velocity profile corres-
ponded to a misalignment of the air inlet pipe. The outlet
velocity profile, though based on a much sparser data field,
indicates that as the air passes through the heat exchanger,

a high degree of flow uniformization occurs in the lateral
. direction, whereas the average vertical veiocity gradients
tended to remain constant. This is intuitively comprehen-
sible; air that enters fins with velocity gradients in both
the y and z directions has a chance to redistribute itself

in a plane parallel to the fins, thereby reducing lateral
gradients, but not in a plane normal to the fins, once the ]
air is trapped between the fins. Hence, except for some

) slight vertical flow redistribution that may take place im- :
mediately upstream of the heat exchanger, the vertical velo- ' j
' city gradients are preserved. These {indings lead one to
) conclude that, although it may be difficult to achieve a
totally uniform flow field at the inlet, special attention
should be paid toward minimizing velocity gradients normal
to the fins.

The most important conclusion to be drawn from these
tests is that the outlet velocity profile was sufficiently
uniform (out of the wake zone) to justify a simple averaging
of all the temperatures given by the thermocouple grid to
determine the bulk temperature of the outlet air stream.

Pan—' ———d W o

3.3.2 Pressure drop 3

As part of the preliminary testing program, a series
of measurenents was conducted to determine the functional
relationship between the mass flow rate through the heat ex-
changer and the resulting pressure drop. This information is

o 5 Yt

used for two purposes
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1. During the thermal measurements, the mass flow rates are
computed from the pressure drop across each side of the heat
exchanger. This is a very direct method of flow metering,
one which eliminates errors due to leaks at other points in
the flow circuit, which in fact were found to be a problem
in the SUN installation.

2. A derivation of the convective heat transfer coefficient
in the heat exchanger, necessary for the computer model, is
possible knowing the function relating mass flow rate to
pressure drop.

We define the friction factor with the following
equation, which relates the average component in the flow
direction of the wall shear stress in the heat exchanger to
the dynamic pressure of the air based on its bulk velocity
in the inlet section

r o= f 242 (3.1) a

friction factor.

=
>
(1)
et
14
—h
"

average axial component of wall shear stress in the
heat exchanger

A
n

p = air density

u = bulk velocity of air in inlet section

The mass flow rate through the heat exchanger is
given by :

m = puh (3.2)

where An = cross sectional flow area (inlet section)
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Taking the heat exchanger itself as a control volume,
a force balance on the air gives

Apl\n = TAHX (3.3)

where AHX = heat exchange surface area.

Combining equations 3.1 and 3.3, one gets

u=f2m
of

A
where ¢ = —— . Substituting this into equation 3.2 gives

Ayx

hos A /3%9\/5 (3.4)

The lengths of the evaporator and condenser sections are not
exactly equal; there are different values for An and AHX

An = height x width

(An]e = .24 .13 = 0312 m

(An]e = ,22 .13 = .8286 m

Anx = 2 (number of fins) (exposed fin area) +

+ (number of heat pipes) (exposed pipe area)

2

A 2 |p(a,-n 22 + N nd (s-t)

B = - s-
il s fp g PP

Nk
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2 = height of section
= fin spacing
t = fin thickness
Af = projected area of fin
N_ = number of heat pipes
= diameter of heat pipes
= 2
(AHX]e 4.23 m
- 2
(AHX]C = 3.88m
An
Hence, C = —— = ,00738 for both sides of the heat exchanger.
A
HX

Figures 11 and 12 show the mass flow rate (as
measured with a reference orifice plate flow meter, Ref. 3)
plotted with respect to the square root of the pressure drop
measured across the evaporator and condenser sections of the
heat exchanger, respectively. These measurements showed
very little random error and were highly repeatable. Clearly,
the most striking feature of the data is its linearity above
a certain threshold mass flow rate of about .04 kg/s. This
means that in equation 3.4, the friction factor f can be
considered constant in this range, provided a constant term
is added to the right hand side of the equation to compensate
for the fact that the extrapolation of the linear portion of
the curve does not pass through the origin. There is no
a _priori reason that this must be so; indeed, the friction
factor in any internal flow situation is a function of Reynolds
number. It appears, however, *hat above a certain mass flow
rate, the friction factor for this particular geometry achieves
Reynolds number independence, as does the friction factor for
turbulent flow in rough pipes.
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A best fit to the points in the linear range gives
the following expressions for mass flow rate,

Condenser

m = .0142 +ap - .003¢ [ap] = Pa (3.5a)

m = .0444 ap - .0336 [ap] = mm H,0 (3.5b)

o= .202¢. /ap - .0336 [4p] = mm H,0 (3.5¢)
[2.] = meters

Evaporator

m = .0150 /p - .0340 ([ap] = Pa (3.6a)

m = 0471 3P - .0340 [ap] = mm H,0 (3.6b)

m = .01962 . VAP - .0340 [ap] = mm H,0 (3.5¢)
[ ] = meters

e

The slope of these lines is equal to the grouping
AnJZDC/f, from which f can be determined. The following
values are found.

condenser : f = ,078
evaporator : f .074

Since the friction factor (assuming Reynolds
independence) is only a function of flow geometry, it is rea-
sonable to assume that the friction factor for both sides of
the heat exchanger should be the same. For simplicity, then,
we will use the average value f = .076.
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3.4 Thermal measurements

3.4.1 Data acquisition_and_processing

Figure 12 is a close-up view of the data acquisition
system (DAS), which rapidly gathers and processes all relevant
pressure and temperature data. Figure 13 shows the heat
exchanger mounted on its support, outfitted with thermocouples
and pressure transducers, and connected to the DAS. During
each acquisition cycle, the MEKII microprocessor feeds data to
the PET minicomputer, where BASIC control program then performs
calculations and prints out the results. What follows is a
description of the calculations in the data reduction process.

Mass flow rate

The mass flow rates through the evaporator and
condenser sections are computed on the basis of the pressure
transducer output using equations 3.5c and 3.6c.

Heat transfer rate

The heat transfer rate between air streams is not
measured directly. The measurements only allow the calcula-
tion of the heat given up by the hot air and the heat absorbed
by the cold air. Since the heat pipes are connected to liquid [
reservoirs, which may act as either heat sources or sinks, g
these two heat transfer rates are not necessarily the same.
They are given by the expressions

Qe = mecp (Tl,e'TZ,e] | (3.7)

Q Mo [TZ,C-Tl,c] (3.8)

The bulk outlet temperatures T2 e and T2 c are determined as
mentioned in section 3.3.1, by averaging the 15 values given
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by each thermocouple grid. The reservoir power is defined.as

ST Y I T R

the difference between the condenser and evaporator heat
transfer rates

QR = Qc°Qe (39)

Effectiveness

The effectiveness of a heat exchanger is a dimension-

less parameter used to compare the performance of different

] heat exchangers or of the same heat exchanger under different

ix operating conditions. This quantity, denoted e, is defined

as the ratio of the actual heat transfer rate 1in the heat
exchanger to the maximum thermodynamically possible heat

L transfer rate. The maximum possible heat transfer rate is given
by the maximum temperature difference existing within the heat
exchanger, the difference between the two inlet temperatures,
times the lower value of the heat capacity rate of the flow :

K}

z i : Qmax B [ﬁcp]min [Tl,e-Tl,cJ

In the present case, the heat capacity cp of the air is
[ assumed constant; thus, (n°1cp)min always pertains to the flow
with the minimum mass flow rate.

u ' The two principal heat transfer rates in the heat

o exchanger, Q, and Q., lead to two different definitions of

i e
the effectiveness

Bt
. .

A Q
1 Evaporator effectiveness .
Qmax
‘; [ 1] Q
. c
[ Condenser effectiveness Ec =
] Qmax
3
[ 3
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There are two dimensionless parameters computed
during the data reduction process which are useful both in
prescribing the test conditions andorganizing the effectiveness
data. There are the mass flow ratio and the normalized reser-
voir temperature.

Mass flow ratio, MR

The mass flow ratio is defined as the air mass flow
rate through the condenser section divided by the air mass flow
rate through the evaporator

Se
lo

MR =

Normalized reservoir temperature, Tn

Since the reltionship of reszrvoir temperature to
effectiveness is of primary interest in this study, it is
necessary to express reservoir temperature in some way that
permits comparisons of tests under different thermal loads for
various reservoir temperatures. In order that the chosen
transformation be valid, it must be independent of the perfor-
mance of the heat exchanger, i.e., it must be independent of
all temperatures downstream of the inlets. This leaves little
choice but to define a parameter that indicates the reservoir
temperature's relative position between the cold and hot air
inlet temperatures

It should be mentioned here that the liquid reservoir
VCHP heat exchanger could be considered a reservoir power

modulated system rather than a reservoir temperature modulated
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one, in which case it would be appropriate to define a norma-
lized reservoir power, QR/Qmax’ A somewhat different test
facility would have been required to conduct measurements from
this point of view, one in which reservoir power could be
accurately measured (now it can only be determined by taking
the difference between QC and Qe’ which already are of only
marginal accuracy). The author feels that the temperature
formulation is more fundamental to the physical processes
responsible for the variable conductance.

A test matrix was established in which each point
was defined by three main parameters : heater power, mass flow
ratio and reservoir temperature. The heat exchanger was tested
at thermal loads corresponding to reater settings of 2, 4 and
6 kW : at mass flow ratios of .4, .6, .8, and 1.0; and at
irregular intervals in the normalized temperature range
0< Tn < 1. 1In addition, several tests were run at Tn < 0 and
Tn > 1 to see the effect of operating outside the normal reser-
voir temperature range.

For each test point, the data acquisition system was
activated once the test conditions (valve, air heater and
rheostat settings) were established. The program output (heat
transfer rates, effectiveness and temperature profile) was
monitored until steady state was reached, typically taking
about 20 minutes; then the DAS was stopped and reactivated,
with subsequent acquisitions being recorded on magnetic cas-
sette. An example af the DAS output appe2ars in Appendix B.

The evaporator and condenser effectiveness for MR =1
are plotted in figure 14. The points, although corresponding
to tests under different thermal loads, admit of a relatively
smooth curve fit, which validates the method of non-dimensiona-
lizating the reservoir temperature. The two curves, evaporator

FRETISNSP A S - |
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and condser effectiveness, cross at a point designated the-
adiabatic operating point. At normalized reservoir tempera-
tures below the adiabatic operating temperature, the evaporater
effectiveness is higher than the condenser effectiveness, the
difference corresponding to the rate of heat transfer from the
heat pipes to the reservoirs. Under steady state conditions,
this heat loss can only be by conduction, since if it were by
convection the heat pipe wick would gradually empty of liquid.
This corresponds to a condition in which there is dryout at the
lTower end of the evaporator section in at least some of the heat
pipes, a condition manifested by a steep gradient in the air tem-
perature profile measured at the exit of the evaporator section
(Fig. 15). The temperature profile shown probably represents

a superposition of several staggered temperature steps, since
the dryout boundary (if any) may be at a different location in
each row of heat pipes.

At the adiabatic operating point, there must be no
influx of liquid into the reservoir, since that would neces-
sitate reservoir heating in order to revaporize the fallen
liquid. There are, then, two possible adiabatic operating
situations : One is where the reservoirs are completely dried
out, with all of the liquid circulating in the heat pipes.

In this case heat input to the reservoir serves only to main-
tain it at an elevated temperature (near the hot air inlet
temperature), compensating for heat losses by conduction
radiation, etc. The second is where there is some condenser
liquid in the reservoir; the adiabatic operating temperature
in this case is that at which the reservoir liquid is in
equilibrium with the heat pipe vapour. This situation is
plausible with or without dryout in the heat pipe evaporator
section.,

Above the adiabatic operating point, the condenser
heat transfer is greater than that of the evaporator, being the
sum of the heat input to the evaporator and the heat input to
the reservoirs. The true effectiveness of the heat exchanger,

at any given operating temperature, must be regarded as the
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lower of these two curves, since it is always the lower curve
that represents the heat acutally exchanged between the two
air streams, not taking into account heat which might have
been lost or gained from the reservoirs. The significant

feature of the super-adiabatic operating range (Tn > T,) is
that after increasing nearly linearly with Tn’ the evaporator
effectiveness reaches a peak and then decreases as the norma-
lized reservoir temperature approaches 1.0. This decline in
evaporator effectiveness is explained by the fact that at

i i omei Seme Sy Dm ol

high normalized reservoir temperatures there is a low thermal

- gradient across the liquid layer in the evaporator section,

. and hence a low heat flux. The maximum in the evaporator

effectiveness curve indicates the maximum heat exchange rate

PP R DL

b between air streams that can be achieved by the heat exchanger
for these inlet conditions (and with uniform reservoir
temperature).

The usable heat flux range can effectively be exten-
é P ded if one's principal purpose is to heat cold air. Although
= the maximum heat recovery from the hot air is given by the
evaporator effectiveness, the heat supplied to the reservoirs
is also recovered at the condensor; thus, in cases where the
thermal potential of the evaporator is insufficient to meet ;

"2

Lt S

; ‘ the heat demand at the condenser, power can be supplied to

- meet the deficit. It should be noted, however, that this is
- an inefficient mode of operation, since increasing the norma-
lized reservoir temperature beyond Tmax reduces the effective-

ness of the evaporator, so the additional reservoir power
L ', ~ required to attain the desired rate of heat transfer at the 3
condenser will be greater than the original deficit.

's

| e |

Figure 16 is a plot of the true heat exchanger

effectiveness versus normalized reservoir temperature. It
represents the ensemble of the large oil bath test results;
all thermal loads and mass flow ratios are included. The

effect of decreasing the ratio of mass flow rates from 1.0
is to displace the effectiveness curve upward and slightly
to the right, giving both a higher maximum effectiveness and
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higher optimal operating temperature. The rise in effectiveness
with decreasing mass flow ratio is typical of all fluid-to-
fluid heat exchangers.

For these tests each reservoir was wrapped in a
tightly fitting sleeve made of closed-cell foam. This indepen-
dent insuiation allowed each row of heat pipes to establish its
own adiabatic operating regime. Indeed, it was found during
these tests that each heat pipe row had a slightly different
adiabatic operating temperature. To compare the results
obtained under these adiabatic test conditions with the "adia-

batic points" given by the intersection of the evaporator and
condenser effectiveness curves, one must average the tempera-
tures of the insulated reservoirs in order to obtain an
equivalent normalized reservoir temperature. The comparison
is therefore not rigrous, and some data suggests that it may
be misleading in the case where the heat transfer rate is a
small fraction of the heat exchanger's rated capacity. The
point corresponding to the highest heat transfer rate tested
(MR = 1, air heater power = 6 kw) is plotted against the 1
general effectiveness curves in figure 14. ' ;

An unexpected and still unexplained finding made
during the tests with individually insulated reservoirs is
that the first and third reservoirs had a higher temperature . i
than the second and fourth, the first row being the one closest
to the hot air inlet. One would expect the reservoir tempera-
tures to either increase or decrease monotonically from one
row to the next, depending on the direction of the flow. That

this is not the case indicates that for some reason the heat
pipe rows are not all operating in the same regime, as charac-
terized by their respective normalized reservoir temperature
evaluated with respect to the local evaporator and condensor
temperatures.




Gusd Gomd SuNd PENE TN TN RN AU Sas el

>N

i

= 95 o

The results of these tests are summarized in tab[e 1.
It is worth noting that the heat losses associated with adia-
batic operation increase, as a percentage of condenser effec-
tiveness, as the overall heat transfer rate decreases. This
is seen in the relatively large spread between the evaporator
and condenser effectiveness found in the last five rows of the
table.

3.4.4 Performance of a single row of heat pipes -

— e e e e e e e e mw S e emm e e e e em - =

To compare the individual performance of each row
of heat pipes, four tall narrow baths were used for reservoir.
temperature control, three of them containing ice water and
the fourth containing o0il with a resistance heater. The reser-
voirs were tested consecutively under the following (nominal)
conditions : MR = .8, heater power = 4 kW, normalized reservoir
temperature = 0.7.

The test results are summarized in table 2. They
show that there are no large-order differences in effectiveness
among the four rows of heat pipes. It is not clear whether the
differences that do exist result from differences in heat flux
path length in the fins, which varies with the position of the
heat pipe row tested, or rather differences in the heat pipes
themselves, such as non-uniformities in wick porosity, quantity
of working fluid, or in other basic heat pipe characteristics.
This question could be resolved with a numerical model of the
heat exchanger, capable of simulating single row operation.




4. DEVELOPMENT OF A NUMERICAL MODEL

OF THE HEAT EXCHANGER

4.1 Simplifying assumptions

In addition to the experimental investigation
described above, it was undertaken to numerically model the
heat exchanger. This represented a substantial challenge,
for if the detailed behaviour of a single liquid reservoir
VCHP is not fully understood, the overall comportment of a
finned tube heat exchanger containing sixteen such heat pipes
in cross-flow is understood still less. Having no prior
indications as to the feasibility or validity of a complete
computer model of the heat exchanger, we” considered it
appropriate to begin with the following simplifying
assumptions

(1) There is no longitudinal temperature gradient in either
the evaporator or condenser sections of the heat exchanger.
Similarly, there are no transverse temperature gradients. The
only non-uniform temperature profiles, whether of the fins or
of the air, are in the flow direction.

(2) As in the experimental study, only steady state operation
is considered.

(3) The liquid and vapour phases in the reservoirs are in
equilibrium.

Consequently, tkere is no mass interchange between
the heat pipes and the reservoirs. This condition corresponds
to the adiabatic operation described in sections 3.4.2 and
3.4.3.

This program was developed in conjunction with Paul-Hervé
Theunissen, doctoral candidate at the Université Libre de
Bruxelles.
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4.2 Representation of the fin/tube system

As a consequence of assumption 1 of the preceeding
section we may effectively compress all of the fins in the
evaporator section into a single flat plate, and likewise
those in the condenser section. Because the fins are thin
and have high thermal conductivity, the plate temperature
is assumed to be constant across its thickness. These two
plates, one representing the evaporator side of the heat ex-
changer, the other the condenser side, are coupled to each
other by the four rows of heat pipes. To facilitate an ana-
Tytical (and therefore more elegant and efficient) solution
of the air and fin temperature profiles, this coupling is
simulated as a series of four linear heat sinks/sources normal
to the flow direction, their position corresponding to that
of the heat pipe rows. These four linear heat sinks cnd
sources subdivide the evaporator and condenser plates, res-
pectively, each into five "platelets" (Fig. 17), for which
an analytical solution to the convective and conductive heat
transfer equations can be developed.

Because of the high thermal conductivity of the fins
and their large surface area relative to the heat pipe area,
we assume that all of the heat transferred betweer the air and
the heat pipes passes through the fins. In reality, the iso-
thermal lines in the fins (plates) would tend to form contours
around the heat pipes; due to the linearization of the heat
sinks/scurces, however, we make the further idealization that
the isothermal Tines are linear and perpendicular to the flow
direction (in accordance with assumptior 1 of the proceeding

section).

4.2.1 The plate equations

In any given platelet, the Lwo governing heat trans-
fer equations are the one dimensional zonduction equation,
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ke S + h(T_-T) = 0 (4:1a)

dx 2

and the convective heat transfer equation,

mc_ dT
—¥ 8 h(T,-T) =0 (4.2a)
W dx
where k = thermal conductivity of plate
e = plate thickness = (thickness of fin) «x
(number of fins)
h = total <convective heat transfer coefficient =
(convective heat transfer coefficient) x
(number of fin sides)
w = width of plate
m = total mass flow rate through one side of heat
exchanger
T = local plate temperature
T. = local bulk air temperature

These equations can be simplified using the following

non-dimensionalizations

_ Wh
X = T
mcp
(e )’
mc
o« = —2— giving
wZehk
G271
— u(Ta-T) =0 (4.1b)
dx
T,
— + T7.-T =0 (4.2b)

dx
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4.2.2 Solution for the plate temperature, T

e ema e e e e e e e e v mm e wwm e e e —

Consider figure 18, which represents the ith
platelet.
Let TO = Ti(O)
T, =T (X1)
= 1
T * (Ta)'
x=0
Tal i} [Ta]1
x=X

Integrating equation 4.1b once, after substitut:.g the cernm
(Ta-T), one obtains

dT dT| _ :

— = | =Ty T,)

dx X

0
or
1dr, [y L4t ]”
ao d a

a dx @ X1, 4

)

}-. then (4.3)
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Substituting back into equation (4.2b), one gets

2
-(-j-l+-g-I-aT+aTa=0

dx?  dy
or
d2(T-T_)  d(T-T )

+ a - Q(T'Ta) = 0
dx? dx

Equation 4.4 is a second order linear differential equation
with the characteristic equation

re+r -a =20

The general solution of this equation is

. wiX w2X
I-T = Ae + Be
a

where u,

. -l:vi+ds (4.6ab)

2
v,

4.2.3 Determination of constants A and B

We start with the implicit boundary conditions on
To and T,
To- Ta = A+B

.{,lx

pory
>-‘l

-
]

>
(1]




Then,
7 A = (TO'TG) - B
|
¥, = Define o = T-T . Then,
. a
wid w2X
ay = [ag-Ble + Be
w1lX
Al'Aoe
B=— (4.7a)
w2l wiX
e -e
uaX

- (4.7b)

UIX WA ;

>
"

The complete solution of the temperature profile for
3 any given platelet is thus determined if Ty, T, and Ta are
Qll must be determined in terms of
dX _0

=
the known temperatures, assumed for the moment to be T,, T,
and T ,. Defferentiating equation 4.5 gives, at the platelet's
leading edge :

known. To determine Ta.

D en CaE L . i ol AL s e P« adon P

! LI Y T (4.8)
] L dy %
| &= |
"IN !

id?,"f w1

dT; ul('ﬁl+ﬁoe )+03(A1'Aoe )

dX} W
x=0 e




- 32 -

[ w2X wlX
0)2-0)1 \wle ~wye
Define 8, = and By = (4.9ab)
woX wy & woX= wyX
e -e e e
then
gl = 0181 * BgB;
dx
x=0
I[f one defines Xl = Ty-T,, and XO = Ty-Taq», it can be shown
that
B18,+8,8
181%28¢8,
al - (4.10) i
dx 1 1
x=0 1 : (BI+BZ)
Thus, av hence Ta, has been determined in terms of the '
dx
x=0

"known" temperatures Tg, T; and Tao, thereby enabling a complete
solution of the platelet temperature profile. )

— e
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sl Raifaants . ciaits

4.2.4 Summary of platelet temperature calculation

Assume To’ T. and Tao are known

1

1 2
computed using equations 4.6a,b

H
} q 9
i o 1S given; w, and w, are

3
i; : x i1s given; g, and g, are
% ? . computed using equations 4.9a,b

:91 is computed using equation 4.10

|
idx

x=0

T, is computed using equation 4.3

ap 5, A and B are determined by equations 4.7a,b 3

Complete plate temperature profile given by equation 4.5
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4.2.5 Solution for the air temperature, Ta

The expression for the air temperature is built up
from equations 4.2b and 4.5.

dTa wyX woX
— + T, =T + Ae + Be (4.11)

The general solution to this differential equation

is of the form

- W1 X wa X
Ta =T, +Ce ™ +¢ e + £,€ (4.12)

The particular solution is obtained as follows

Wi X Wy X Wiw Wy X
(Er1+wWi1E)e + (E,+uwyE,)e = Ae + Be
B
B1 = A Ep =
l‘wl 1+w2
The constant C is determined by setting y equal to
zero

141
a dy
0

(]
1]

The air temperature at the platelet's trailing edge is then
given as
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-X w X wy X '
Ta; =T +Ce + &, e + g, € (4.13)

4.2.6 The temperature gradient in the platelet

Equation 4.10 expresses the temperature gradient
(which is proportional to the heat flux) in the platelet at
its leading edge. A similar expression can be obtained for
the trailing edge.

w1 X wo X
al . wiAe + w,Be
d
X«
le ng U)ZX le
w1p -Ay+Ape + wye A=Ay
[ woX le‘
\& =6 J
le w2X
Define S; = -uw;e +twye
LL)2X le
e -e
(wytwy)X
(w1-wjy)e
52 g
sz U)IX
(e -e )
Then
-d—I' = AISI + AQSz (4'14)
dx
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4.2.7 VLinearization of the equations

Equations 4.10, 4.13 and 4.14 are all implicitly
linear equations in terms of the three temperatures, T,, T,

1’
and Ta0, which up to now have been treated as known boundary
- . . dT dT
conditions. The explicit expression of Ox|,’ o . and Tu1
in terms of these three variable involves length algebraic
manipulations that will not be shown here. The resulting
equations are given below :
dT| _
(a) ol C YiTi+vaTo=(v1+v2)Ta0 (4.15)
X
81
where y, =
1- 1 (B1+87)
03
82
Yo =
1
1- = (8,+8;)
o
dT
(b) —| = wiTyi=u Ty~ (u1+uy)Tay (4.16)
dy
X
(S1+S2) v,
Wp =Sy t —————
Q
(S1+S7) v,
uy = Sp 4 —————
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(c) Tal = viT+v,To=(vi+vya-1)Tay (4:17)
vy = e3-egjtyi1€g
vy = Ep-entyses
-X UJ]_X
e, = -e  +e
wyX wiX

€y = € €1

'X u)zX
_ (-e +e )
€3 =
UJZX UJIX
(1+m2)(e -e
w1 X
ey, = € €3
=X
€5 = e “1
€2+€3+E5"€1"€u
€ =

o

Up to now, the entire analytical development has been
with regard to a single platelet, a segment of the composite
plate which represents one side of the heat exchanger. These
segments, or platelets, are joined by lines of heat addition
or removal, which represent the rows of heat pipes. For each
side of the heat exchanger, our mathematical model links the
platelets together using the physically imposed boundary con-
ditions of continuity of temperature in the air and conservation
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of energy in the platelet. At each node (boundary between.
platelets), the following conditions apply :

i+l i
0 c T (4.18)
o; = kue _l{i EIRRES! (4.19)
dy dy
X 0

where o5 = heat addition rate at the boundary between platelets
i and i+l (heat transfer rate in the ith row of the

pipes)

The boundary conditions at the entry and exit of the
heat exchanger are the following:

(1) At the leading edge, the plate temperature is equal to
the air temperature. This temperature is not the upstrean
inlet temperature of the air; due to stagnation effects at
the leading edge of the fins, the air is preheated or pre-
cooled before actaully passing the xq = 0 line.

(2) At the trailing edge, it is assumed that there is no
longitudinal temperature gradient (no heat conduction) in the
fin. The exit air temperature is given by an equation of the

type 4-17.

The above-stated conditions lead to a system of twelve

equations in twelve unknowns for each side of the heat exchanger.

Referring to figure 17, the equations for the top plate (con-
denser section) are as follows

— i
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A similar set of equations is obtained for the lower plate:
To solve this system of equations a matrix is composed of the
coefficients y, pu, and v given in section 4.9. The matrix
equation takes the form shown in figure 19, non-zero elements
indicated by squares and is given in tensorial notation by

1>

X = BT o+ Ca

We have, then, a system of equations in which the only
appearing unknowns, the vector X, are the air and fin tempera-
tures at each discontinuity in the plate, precisely the values
needed to couple, by means of a mathematical model of the heat
pipes (to be described in the next section), the two sides of
the heat exchangers.

4,3 Numerical simulation of the heat pipes

Ideally, it would have been desirable to develop a
complete numerical model of the variable conductance heat pipe,
capable of representing its operation in all possible regimes,
thereby permitting a complete comparison with the experimental
results. Due to the complexity of the internal heat pipe phe-
nomena, however, such a model was beyond the scope of this
preliminary study. Instead, we limited ourseives to a model
of the heat pipe in its adiabatic reservoir regime, i.e., the
point at which heat is exchanged only between the evapomtor and
condenser sections. This approach is justified, moreover, by
the fact that we have been until now unable to obtain much of
the information on the physical parameters of the heat pipe
construction (eg. wick thickness, wick porosity, effective pore
radius, wick material, etc) necessary to an accurate prediction
of its performance. Thus, even restricting ourselves to the
adiabatic operation of the heat pipes, we could only hope to
achieve qualitative agreement with the experimental results by
making appropriate quesses at the unknown parameters.
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[

Our model is based on the simultaneous resolution
of the equations expressing the relevant thermodynamic and
hydrodynamic phenomena in the heat pipe. To attack the prob-
lem, it was first necessary to have a geometrical description

of the liquid Tayer in the wick. On the basis of a survey of

the longitudinal temperature distributions we measured under

adiabatic operating conditions, a number of different ideali-

zed 1iquid profiles seemed plausiblie (see Fig. 20). Number 3

is the only one compatiblie with the assumption of constant

heat flux over the entire evaporator section and over the 2

entire condenser section, a condition necessary to the in-
corporation of this model into the finned tube model described
in section 4.1. What follows is the development of heat and
mass transfer equations for the model based on profile

4.3.1 Primary and secondary unknowns

These equations are formulated in terms of three
primary unknowns and three secondary unknowns. The primary ]
unknowns are

X4 thickness of the liquid layer in the condenser wick
Xy thickness of the 1iquid layer in the evaporator wick
X 3 working fluid mass flow rate through the adiabatic

zone, (rﬁ)max

The secondary unknowns are the temperatures on which
the various fluid properties such as density and viscosity are
dependent.

T vapour temperature

v
'T;} average temperature of the l1iquid in the evaporator
o

(
t
fTJ average temperature of the liquid in the condenser
L

c
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4.3.2 Thermal resistance network

The heat transferred by the heat pipe must traverse
a network of thermal resistances, which is represented in
figure 21..

Te temperature applied to the external surface of the
evaporator

TC temperature applied to the external surface of the
condensor

Tv temperature of vapour in core of heat pipe (operating
temperature)

RP thermal resistance across the heat pipe wall in the
evaporator section

RW thermal resistance to conduction across the liquid layer
in the evaporator section

RP thermal resistance across the heat pipe wall in the
condensor section

R thermal resistance to axial conduction in the wall of .
the heat pipe i

For a heat pipe in which there is not significant
dry out the axial conduction in the walls is negligible with
respect to the heat transfer by vapour transport, so Rc is
neglected. Thus

T -T i
Q =L = —— (4.32) ;
RPe+Rwe+RPC+RNc

where the four resistances are given by

tn(R /R )

RP T —
e
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Qn(Ro/Rg)
RP =
C
anPQC
R o
I S
e
2nkw£e
n{Rp/(Rp-X;)}
RNC S
kawlc

4.3.3 Ergsiuie_diog equilibrium in_the heat pipe

Heat transfer in a heat pipe involves the working
fluid in a cyclical process in which the fluid is pumped
around a closed loop against certain pressure losses. During
steady state operation, there must exist an equilibrium
between the pumping forces and the drag forces on the working
fluid. The pressure losses undergone by the fluid arise from
the viscous resistance to the flow in both the wick and the
vapour core, and from the momentum loss (or gain) of the

vapour due to the mass transfer at the liquid/vapour interface.

The pumping forces are the capillary force on the
liquid, which is due to the variation in the radius of curva-
ture of the liquid menisci along tihe wick, and the body forces
on the fluid, which are limited to the force of gravity in
the present case. The weight of the vapour is very small com-
pared to the weight of the liquid and is therefore neglected.

This equilibrium is expressed by the following equa-
tion, where pumpiny pressure gradients are assumed to be posi-
tive in the flow direction, and drag pressure gradients
negative :

¢
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APc*aPgtaP *ap, = 0 (4.:33)

g

where AP, pressure difference due to capillary forces

AP pressure difference due to gravity

g

Ap}l pressure drop in liquid

AP, pressure drop in vapour

This equation can be written in integral form, with
z defined as the direction of liquid flow :

2
dp dp dp dp
Cv 34 L. V| 4;=0 (4.34)
dz dz dz  dz
1 ]

NS~ N

4.3.4 Pumping forces

Capillary liquid pressure gradient

In the case of a class B wick (in which the reduced
capillary force is independent of the wetting angle of the
liquid/solid interface, but is rather a functinn of pore geo-
metry), the maximum capillary pressure gradient is given Ly

de - 20
dz rp(ze+aa+qc)
where ¢ surface tension of liquid/vapour interface

rp effective pore radius in the wick

Gravitational liquid pressure gradient

This term is simply the density of the liquid
times the acceleration due to gravity :

"y
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g o

Lk

4.3.5 Ddrag forces

LR

Viscous liquid pressure gradient

ki

This term is given by a form of Darcy's law, adapted

TR

for flow in porous media. It is usually used for fully satu-
tated wicks, with A denoting the full cross-sectional area of
the wick. In this case, however, A represents only the wetted
area and depends on the thickness of the liquid layer in the
wick. Cotter (Ref. 4) gives the following expression for the

1iquid pressure gradient :

;‘E , dp, =-v£ ﬁt(z)
| dz K A(z) *
? ‘ where &L local liquid mass flow rate (m/s)
; .
K wick permeability (m?) i
% A local liquid flow area (m*3

Vapour pressure gradient

‘ The vapour pressure gradient can be divided into
{ two distinct terms, one due to viscous shear and the other

due to mass transfer, indicated by }
l cdpy dp]
g P [
' dz Jf (dz Jm

respectively. The expression for the viscous pressure 1oss

is similar to that for the liquid. The momentum pressure
gradient depends on the rate of mass addition (or removal!) at
the wick boundary and thus contains the derivative of the mass
transfer rate with respect to vosition. Katsoff's (Ref. 5)
equations for each of these terms are

AP i i v

S LRET




1

! dpyy 8 v m(z) ) .
3 dz |, R, -

[EE!] _ 8m(z)  dn(z)

dz 3n29vR; dz

Jm

where Rv radius of vapour core

v kinematic viscosity of vapour

g soth e

v

oy density of vapour

The liquid profile in the wick chosen for this model
imposes certain boundary conditions on the pressure balance ]
equations. Since the thickness of the liquid layer is constant |
over the whole condenser section and the whole evaporator |
section, according to the resistance model the heat transfer
rate also must be constant. This implies that in the pressure
balance equations, %% is constant over each section. Additio-

nally, since there is no mass interchange with the reservoir,
the mass flow rate is zero at both ends of the heat pipe. o

- i AR 2

Expanding equation 4.32, and integrating 4.34 over o
the length of the evaporator i ~v.. the length of the con- ;
denser, one obtains the followinc ¢t f three non-linear
algebraic equations in the primary and secondary unknowns o
introduced in section 4.21 : =

fla(Xy5%x5,x3) = 0 =
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S R A
fo(Xxy1sXp,%x3) = 0 = S X3+ | +
3nie pv(Tv)RY} 2KA (x2)
L
a } s = (90, (Ty) * (4.36)
"Rv e r (1e+1a+gc)
f3(x13XZ,X3) = 0 = X3L =
= Te Te
1 1 ][zn(RO/Rp) . -ln[Rp/(Rp'Xz)] ln[Rp/Rp:xln
{le QC 27Tkp 211kw le SLC

(4.37)

A complementary set of relations, based on the thermal
resistance model resistance model of figure 21, is used to
evaluate the seccndary unknowns :

T, = Ty = X:L(RP +RU,)

! (4.38)
- 1 '
(Tl)e =T, + E x3L(RH,) (4.39)
1
(T“)c =T ) XL (RW_) (4.40)

g
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4.3.7 Method of solution

i In the FORTRAN program, equations 4.35 %to 4.37 are
solved iteratively using Newton's method. The input to the

heat pipe subroutine consists of the known heat pipe proper-
ties and the external temperatures of the evaporator and
condenser sections. The output consists of the heat flux and
heat pipe operating temperature.

A matrix is constructed of the partial derivatives
of the three functions f,, f, and f;, defining a system of
linear independent equations which are then solved by Gaussian
eliminaticn to yield a correction vector containing the in-
crements to be adcded to each of the primary unknowns in order
to improve the accuracy of the initial estimates. After each

iteration, the secondary unknowns are reevaluated using
equations 4.38 to 4.40, and the new values are used in deter-
mining the values of the fluid properties to be used in the
next iteration. This procedure is repeated until the desired
i tolerances on the x values have been met.

The stability of this method seems to be very sen-

1 sitive to several of the physical heat pipe parameters, notably
the permeability and norosity of the wick. A damping factor

. is currently used to retard convergence and thereby to avoid

I accidental divergence from an actual solution.

4.4 Coupling the finned tube model

to the heat pipe model

=

&

' The critical step in modelling the entire heat
exchanger is the incorporation of the heat pipe model into
the previously described solution of the finned tube system.

. What follows is a brief explanation of the global solution
algorithm.
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To start, an overall heat exchanger effectiveness of
50% is assumed, and the heat fluxes in all of the heat pipes
are assumed equal. This gives initial values for the heat
fluxes ®i=1,4 in vector C of the system of equations shown
in figure 15. The inlet air temperatures are given, so the
corresponding set of equations for hoth sides of the heat
exchanger can be solved, thereby giving the air and fin tempera-
tures at each node. These temperatures are computed on the
basis of an arbitrarily assumed heat flux which most probably
does not correspond to the actual performance of the heat pipes
at the specified air inlet conditions. When the heat pipe
subroutine is called, however, new values are provided for the
heat flux in each row of heat pipes. These new values replace
the previous ones in the vector C in the parallel systems of
equations {evaporator and condenser side), enabling one to
recompute the air and fin temperatures at each node. The pro-
cess is repeated until convergence is obtained.

The output values of particular interest are T:1 for
each side of the heat exchanger, which correspond to TE(2) and
TC(2) in the terminology of the experiments. With these data,
the heat exchanger effectiveness is computed to facilitate
comparison with the experimental results. The operating tem-
perature of each row of heat pipes, passively determined in
the process of convergence, is included in the program's out-
put, as it is of interest in determining the operating regime
of the heat exchanger predicted by the program.

4.5 Computational results

Since we had almost no information on the internal
construction of the heat pipes, informed guesses had to be made
to provide the computer program with some of the necessary in-
put parameters, particularly those concerning the wick.

Although perhaps not the real configuration, the wick was assumed
to be of single annular geometry with isotropic and uniform
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porosity. Several physical properties seem to play a major
role in determining the stability of the procedure, notably
the porosity (void fraction) and permeability of the wick.
The values of these parameters were chosen so as to obtain
convergence of the solution; they do lie, however, within the
range of physically reasonable values. A summary of the heat
exchanger parameters used in the computations appears in
Appendix C.

The program HPIPE was run for a variety of air flow
conditions matching those of the experiments. A sample of
the program output, with only the final iteration shown,
appears in Appendix D. The air and fin temperature is given
for each node (fin-tube intersection) as well as the vapour
temperature (reservoir temperature for each row of heat pipes.
A plotting routine was developed for the program, periitting
the visualization of the evaporator and condenser section air
and fin tewmperature profiles given by the numerical solution.
Figures 22-29 show the temperature profiles computed for the
various air inlet temperatures and mass flow ratios tested.
It is important to note the difference in nature between the
air and fin temperature profiles, whereas the air's tempera-
ture changes monotonically as it passes through the heat
exchanger, the fin temperature gradient often changes sign at
the heat pipe rows, indicating a heat flux either into
(evaporator) or out of (condenser) the heat pipes both upstream
and downstream of each row. The existence of these cusps in
the fin temperature prefile depends on the relative magnitude
of the equivalent heat pipe thermal conductivity, the fin
thermal conductivity, and the coefficient of convection of the
air flows.

For the highest thermal load tested, corresponding to
an inlet temperature of 65°C, the four effectivenesses computed
for the four different mass flow ratios are in fairly good
agreement with the experimental curves when plotted versus
their respective average normalized reservoir (Fig. 30).
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Thus, it seems that despite the large uncertainty associated
with many of the heat pipe parameters, the numerical heat ‘
exchanger model does approximate the heat exchanger effective-
ness in one particular operating regime. There is a major
discrepancy, however, in that the reservoir temperature pre-
dicted by the program, which is based on the assumption of
adiabatic reservoirs, are consistently higher than the experi-
mentally determined adiabatic operating temperature for the
same thermal load. This discrepancy can perhaps be corrected

with a more detailed knowledge of the real heat pipe parameters.

It is possible, however, that the assumption of a constant
liquid profile in the wick of the evaporator and condenser
sections is an oversimplification, inadequate to simulate the
actual heat pipe behaviour, which may include significant
dryout zones or non-linear liquid thickenss gradients.

To permit the numerical simulation of the heat
exchanger over the entire normalized temperature operating
range, as well as to improve the prediction of the adiabatic
operating point, two modifications of HPIPE are currently
being undertaken

(1) The heat pipe simulation will be expanded to take into
account an arbitrary heat input to the reservoir, hence a
vapour flux from the reservoir to the heat pipe. For given
air inlet conditions, the operating temperature and effective-
ness of the heat exchanger will be functions of the reservoir
input eneirgy.

(2) Rather than treating the evaporator and condenser sections
as single entities with constant liquid profiles, each section
will be divided into finite elements, with the possibility of

a different liquid thickness, heat transfer rate, and tempera-

ture boundary conditions for each element.

~
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5. CONCLYUSION

The research presented in this report confirms that
the use of heat pipes permits the construction of compact and
effective air-to-air heat exchangers. The liquid reservoir
VCHT can be considered a sort of thermal transistor (evapora-
tor = emitter, condenser = collector, reservoir = base) in
which the primary heat flux between the evaporator and conden-
ser is modulated by a secondary heat flux, the energy input
to the reservoir. The normalized reservoir temperature, the
mass flow ratio, and the effectiveness are three non-dimensio-
nalizations which allow the coherent representation of heat
exchanger performance over a wide range of operating conditions.
The effectiveness data, when normalized in this way, lie on
curves which exhibit two important properties

(1) There exists a peak in the effectiveness curves which
indicates both the maximum attainable heat flux and the opera-
ting temperature at which this maximum is reached.

(2) Below this temperature, there is a nearly linear variation
of effectiveness over a broad temperature band, which would
facilitate the design of a control system.

For control pupposes, the heat exchanger can be
considered either reservoir temperature moduiated or reservoir

power modulated. The power modulated concept is more direct,
since temperature regulation is ultimately achieved by power
modulation anyway.

The HPIPE program, once it has been modified to

simulate complete variable conductance operation, will be a
useful tool in the design of VCHP heat exchangers and in the
development of a suitable control system. It appears that
the structure of the program is both sound and efficient and
that with the aid of more complete design information and a
discretization of the heat exchanger along the length of the
heat pipes as well as in the flow direction, a high degree of
accuracy can be obtained.
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APPENDIX A - HEAT EXCHANGER SPECIFICATIONS

number of heat pipes : 16 (in a square 4 x 4 array)
number of reservoirs : 4 (1 per row of heat pipes)
Materials

ing : aluminum

: aluminum
pipes : copper
rvoirs : reservoirs

?

ing fluid : methylchloride (Freon 40)

Dimensions

evaporator length : .24 m
condenser length i .22 m
length of adiabatic zone : : .02 m
fin spacing : 1.72 mm
width of heat exchanger : .13 0m
depth of heat exchanger (flow path length) : .13 m
diameter of heat pipes : 013 m
heat pipe spacing : .034 m
diameter of reservoirs . .020 m

i |

——  wees gy g W




APPENDIX B - SAMPLE DATA ACQUISITION SYSTEM OUTPUT

DRTE: 75,21

TITLE : . S/E765

COMFIGUREATION COUMTER=1.PARALLEL=&: 1
CARACTERISTIMUES DES CHMHAWS ASD

CHHAL 1 THERM S
CAMAL 5 MEYAF 1
CHMHAL o MCOHT 1
CHMAL 4 HOM FACCORDE
CHHAL 5 HOM RACCORDE
CHMAL £ HOH RERCCORDE

CHMAL i HOM FACCORDE
CAMAL o HON RACCORDE

e - - — — ——— —— - " " S o e s s s " W W - W - " W s hts G S T I W S T W W A W ot T e W

B T2 2.8 V.2 + W8+ .8
2 O+DE, 2 459, 2 4594 4050, 4 59,9
L0 D2 D 51,3 HER.T 458, 7 +50.E
.B + L8+ o+ .0+ a8+ A
: .B + .8 + g+ LB+ 8+ .0
Er Bo+nd, 1 +52,9 +61.0 +50,2 + .8
i = .? +5H,. 1 +51.6 +51.1 +586.8 + .0
E NE“HFZ 1 BEZ2R22E KGASSEC
FC: ACOMD T L BFeznoassl RGHSEC
TRES: 7 IR MASS FLOW EARTIO: L F4ERSZF4T
HHFHHLIhED wEaEH”UIF TEMFERATURE . 28278822
TECL»: T2.528554 Tal?‘f 53, SRR S
TCOl s 22, 1439732 Toozx:r S1,5222161€
HEHT TRERHSFER FATE: ©OE= 1.489081%5 EN Q0= 1.5229:7E888 KN
FOMER RRATIO: QEASOC= 921163542
O A A S B Ew: o474 145963
HORMALLIZED RESERVOIR HEAT TRAMSFER: ORJSGE= 0858470871 RS =

LONGITUDINAL TEMFERATURE DISTRIBUTION

TLi 1 )= BA,Z526775
TLe 2 b= S8,

TLE 3 3= 53,

TLe 4 3= 52,

TLE S = S,

TLe & 3= 51

TLC 7 3= 5@

TLE & 3= 54,

TLi & 9= Si,

TLe 1@ 1= S

r.«.-u‘w’._w“mi e
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1 - 56 -
3 1 TEMPS: 163 SEC
TEMF G-V 4+ .8 +31.3 +31,7 +72.0 +72.3 #5567 + .8+ @
TEMF 2-15 +37.3 +358.4 +358.4 +57.7 +50.5 +53.1 +58.8 +59.4
TEMP 1e-23 +52.1 +32.7 +52.4 +31.5 +356.5 +356.4 +56.3 +56.5
TEMF 24-31 + 8 + .8+ @+ @+ B4+ B4+ B4+ @
b TEMP 32-38 + .8+ .8+ 8+ .0+ B+ B+ 8@+ @
3 TEMF 48-47 +32.7 +35.6 +39.6 +39.5 +08.0 +68,.5 +oi 4 + @
- TEMF 48-55 +38.1 +38.5 +45.5 +45, 35 +51.3 +56,7 +56.6 + .@
FE: 8.263104 MM HZO MEYAP: (10E7ETS5R KGSSEC
PC: &.72312732 MM H2O MCOND: @31e284486  KGATEC
TRES: £&,7859439:z24 C MAZS FLOW RATIO: 21635349
NORMALIZED RESERWOIR TEMFERATURE: . 363362623

TEC1x: T2.28252873 TECZ»:  SE,.322272

TCOL ICYIPR-E ik
HERT TRAMSFER RATE:
FHNEF FATIO:  BESHC=

E L B4 ZR2ERD Ex:

BC= 1.5724577v2 kW

HHFHHLI“EH RESERYOIR HEHT TFHH’F Froo BRARE= J1T14624% 0 GRAIC=E L 146386136 ;
LOMGITUDIMAL TEMFERATURE DISTRIEBUTION 4
 \ TLC 1 »= 58, 235300:8587 . 3
= TLe 2 = 55,39658
= TLi 3 = 52,7437e6d 1
% TLE 4 3= SE.E133442 ;
b | TLC S 3= 52,20 1
r TL: & = SH.9
N TLe 7 ox= 49.! 1
» TLe &8 »= o6
= TLL 9 = 51
b TLC 18 2= 52
3 t
F - e e e e e I e
3 Py TEMPS: Zi& SEC
TEMP &7 + & +31.28 +31.8 +71.3 +72.5 +68.2 + 8 + .@ 3
o TEMF 8-15 +52.1 +523.5 +02.6 +53.0 +59.1 +532.2 +52.2 +59.¢€ i
o TEMP 16-23 +52.2 +52.2 +52.7 +592.08 +51.1 +50.6 +568.4 +54.7 i
TEMF 24-21 + @8+ B+ 8+ A+ 8+ @+ 0+ .8
TEMP 32-22 4+ 8+ B+ B0+ 80+ B+ .8+ .8+ .0
TEMFP 48-47 +55.9 +53.0 +52,9 +5G,9 +53,.9 +58.6 +66,5 + @
TEMF 48-55 +5@.3 +56.7 +49.8 +58,1 +51.5 +51.1 +548.7 + .0
FE: 2,6132522 MM HzO MEYAR: 1684985468 EGASEC
PC: o B, FTE212V3I2 0 MM H20  MCOCHD: (8218284498 KGASEC
TRES: £6.3432644 7C MASS FLOW RATIO T TERRT
2935IR89
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APPENDIX C - VALUES OF PARAMETERS USED IN THE

HPIPE CALCULATIONS HEAT EXCHANGER

Heat exchanger

Tength of evaporator .24 m

Tength of condenser .22 m

Tength of adiabatic zone : .02 m
Pipes

external heat pipe diameter : .013 m

internal neat pipe diameter : .0ll m

vapour core diameter : .009 m
Wick

wick thickness

porosity

permeability

thermal conductivity of wick material
effective pore radius

Fins
fin spacing 00172 m
fin thickness .0005 m

thermal conductivity 384 W/m°C
Tength of platelets

X) 014 m
.034 m
Xe 014 m

001 m

15%
1. x 1079 m2
100 W/m°C

.0005 m

et o 2 s o -‘-J-w-h““
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Working fluid

liquid density :

I

-4 3 -
o, (T,) = -(1.818x107 )T +(1.125 10 2)T£-(2.128)T +960 (kg/m3)
(T,) = °C

vapour density :

oy (T,) = (1.441x107 )T =(5.762x10 )T +(.2965)T +6.066 (kg/m?3)

[Tyl = °C
Tiguid viscosity
10
w, = .6931 TQ ° exp [331'9] Ns/m2
T -
) [T,1 = °K
vapour viscosity : E
=7 0,5
M, = (15.92 10 ) T~/ (1+462.1/T) Ns/m2
[T, = °K ]
latent heat of vaporization : ]

5
4.2x10 J/kg
thermal conductivity of liquid

.07 W/me°C




e i

o AR oETI TS WS i - L e ST W, P 2 e = o

- 59 -

D - SAMPLE QUTPUT OF |

p—4
-
v
m
=2
[a¥]
—
>Z
7
—
-
m

EX 22X TR S2S 22 2RSS 22 R AR ER SRR SRS R RS RT LRSS SRR AR RS RIS SRS RSN RSRSRRSA LR 2 3
PROPRIETE DU HEATPIPE
RADP:. 0055 HKL:.07 KCU:Z2B5. FADV: . 00485
RADF: . 0003 EPS:. 15 KW:100. MAXIT: 50 RELHP:. 2
LE:. 24 LC:.22 LA:.02 RADD:.0Q065 WP, 4448228572822
L: 420000. RPP. . 000067058496461127 FUHP:, 3423994126542
G{1~-5): 329450119, 7817 3, 18310105048%E+9 3. 10499160541 5E+9 9. BO7 8330, 333333333
DELTA(1-3):1 E-10 1 E-10 1. E~10 N3
I3 XYY RTR R RALT LSS ESSSLLI SRS PSS ISR LN LS AR S LRSS IR A2 SRR 2RRRR R 2RSSR R0 X R L O
FIG. AIR (A) AND FIN (F) TEMPERATURE PROFILES IN THE N
EVAPORATOR (E) AND CONGENSER (C) SECTIONS OF AN
HEAT PIFE HEAT EXCHANGER
{+) HEAT PIPE VAPOR TEMPERATURE
AIR INLET TEMPERATURES 65 C, 30 C ; MASS FLOW RATIO 1.
TEMP (C)
LENGTH (M)
TMAX: 80, TMIN: 20, NY: &6
PROPRIETE DU CONDENSEUR
MC:. 75 TCI:30. HC:42900. LC:100. EC:..045 CpPC.1008
LGC:. 014 024 . 034 0324 . 014
PROPRIETE DZ L ’EVAPDIATEUR
ME: 75 TEI: 4% HE: 46000 LE: 100, EE-. 07 CPE:. 1008
LSE:. 014 ,034 034 .034 .014
COUNTER: T MIOUECH. 1
XHP: 30.
EPS:. 001 ©MNLIM. S50 REL-.4 IMPIT:F
I Y X IR T IR R TR R YRR IRRE R LR RS RS RER AFEE Y RIS SRR RIS SEZSSSSSRR SRR RYR LSS R RSS2 R 2 2
CONDENSEUR
AC: 2. 0494618074203 STC: 56 74503174503
XLC: 7944444443444 ), 2945079345 | 9293650793465 1, 929360079355 L 7944444334440
EVAPORATEUR
AE: 1, 786727272727 SYE- 6111101111111
YLE: . BSS85595988%6 . Q777772777778 & Q777227777778 2 Q7777727770 6555585555856
I IR 2 I R Y R Y R R R Y R R R R L R N Y N Y R Y R Y R Y R - RN
RUVLBIF BB ERF RGP I G GBI RBGR G RR IR IR IIRTARIAFTFATLIRR ARG IV BB R VI FFFRRRCILABPLPRABARGRFIRFITLERORRA RN
ITERATION #8

CONDENSEUR
TA: a2.1%9 41. 24 28 40 35 40 3248 31. &0
T: 42. 83 4z, a4 a0 72 27 e2 34 &9 31. 460
FL: . @21CE+04 L& 04 aD93I+04a . 23338+ 04
™! e 15 5 &7 dn 29 43 49
T: &3, 77 60. 44 97 U7 L4 34 51 6% 52 a4
Th. &3. 37 b A7 37 U4 T4, 36 n3. t2 PO
EVAPORATEUR

R I I I I I N T N N T R N R R N R R R TR Y Y R R T I E R R S Y Y N TR PRy Y YT
SOLUTION DU COMLCENGEUR

RACINE EQ CARALT. Wils . 1C14E-+0Q1 Wa== 2014C+01

I L R N I N I R R R R R R S I L T T I e

* * * - * * 'y
*  PLAQUETTE * [] . Tt * EXP W eX) e FXPUIeL) . EXP(~X) .
* L] * . k4 * -
A2 2RI IR AR T RNRN ER AR RRNRRLRR AR AR AL SRR B R RN E R R YRR R R R AR I A FY R YRR YR RS AR R RN RS RN YRR R YR Y
* * 3 ] » Iy -
* . 1 hd CJ0OCES0D e L T1ATELOY % e DAGIECQ0 @
* * * k4 * L)
« « o . SJUNTERD e HOEIAELCO  » . ?43CC+Q0 &
- . L] % [ L]
* - 3 * DHIMAT . LLODE GO - 10036401 @
L ] - . L -
» . a * TAEO o« EQCLESCY 0 10VZE+OLl v
L] * * L] - L
* . 3 » AN e w 1397Ee0d)  » 1CHEY0) o




EFFICACITE L& LL/ECHAISINR 3437080901007

Frusi: A T T pli e Tiabe O

* - - * * * *
REARRRAREFG R CAAR AR ARG E R RT 22 0 R D AR TR 3 IR I R A3 I IS I I 33 SIS A A .1
RARRER XA CR ARG ERT IR IR D LARERB AR ® R T WIS IS N 3 I A3 o A2 : i’
* « * * # 1 * j<
* AIR = # * T1 # EXP(W1eX) *  EXP(W2#*X) * EXP(-X) * oy
* * * +* +* * +* fj
(2222 2R YL LN SR RLE SRR FENESEE S ALYt el X 22 ds s ) 3 2
* # * + * * * 1
* » 1 < . 3CQCE+C  # . 1061E+01  # . Q347E4+00 # - 2B42E-13 %
* * <+ * * * * - <
- - 2 * 330E+Q2 . 3295E+00 # ~ 9278E+00 # -~ 4519E-13 #
E * # #* »* * * )
# * 2 * CH1IE+0R  # . 3230E+00 ® - 1036E+01 # - 1421E-13
3 * * #* * * * .
* & 3 2 3F14E+CT . 299CE+00 # ~-.1035E+01 # - 3055E-12 + |
= L3 Ed ® * * * :
» * 9 #* CA21IE+02 » . 939CE-01 # -~ 1045E+01 * . 2132E-13 F
* * - * g # * *
FAIGXR AR FAREITRG T IF DX LI IRTECICORFGH NG IR P AL D R A D R TS 3 QA I I 3 I S A5 I S I I R
SOLUTLOH L L7EVAPDTATELR E:
FaCltnl £ CARAIT Wiz S7OZE+00 U2== 1920E8+01 §
L R e L R L R I Ry N 2 E R R R RIS S S S 222 222222212 22222 F 23 : E
* 2 » 4 * +* * 5
#  FLAGUETTC R i 2 Ti + AP (W1=X) *  EXP(W2#X) * EXP(~X) * ;
- 3 * * #* * * .
RBEtRAZIRAAARAAC LR RN QIR L IR AT IV A T BC A RS I S M0 TSI 33 S It I A5 33 3 3 R j
* “ - « % * * g &
* # 1 L ALCOEeC2  w -~ 211&E401 # | 4BSOE+00 % j
* * + » * # # 1
#* * 2 = CALTAESOL o+ = 4795E+00 % —~ B141E+00 4
* « # » + » # 5
* * 3 * L SLGIE+0R  # - 673CGE+00 ¥ - 9167E400 # f
* * » * * # * ]
» @ i » SudSTeUl  * = 6170E+00 # — 9214E+00 * :
* = < * * * * P
* * © “ SIUGETCR  #  — 1720E+00 # -, 9367E+00 . 3
* » w * * * * 2ot
EES R R B R e R AR R R PR FE R R R S S XSS L e RS AR R S22 s T ) i ;
N
3
RARRRRRARE R 2 3 2R ITRD IR T PRP DI AR T RIS R RE XK G T BRI R I I I 5 R 2 R ;
. * * » ® * * .
#* ALR + [ * Tl * EXP(WIsX) *  EXP(W2eX) * EXP(-X) * 3
* e + * * * * H
AGARNAR AR R RL A FAERAN IR IR I E IR IR LR A AP RPN AR AR R A A TR I WS AR %
* #* + & #* * * %
* . 1 + CLUOLEACGY o« ~ L102E+0Q01  # - S2B1E+00 C1774E-12  » ¥
* » < + * * * ' K
* « 2 - LalRGECR # = 3533E+00 . BB4ci+00 * -, 120BE-12 * ; i
* W+ L » * * * l M
* * & * SHFLELGE o« -~ 3350LE+Q0  » L R961E+Q0 # ~ RQT76E-12 # 9
* * » » » » » C
* < 4 * CBTudEYo2 - 3210E+00  # . 1001E+01 * = 3624E-12 = I p
* * * #* & * * | ;
* * 9 L 9000E+Ce = H9958E-01 * . 101BE+01 « . 1421E-13 * | 3
- * * » * * * | N
RUARGRARA RO U B UAD I D ORI R AR P I AR IRV S0 A A AFTRRAR A NI A IR I T I 363306 8 33233 332 A R . }:
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11
- |
Mass Heater Normalized reservoir
: flow power temperatures
1 l ratio 1 2 3 4 € €
_i. e C
3 ] 1. 6 kW 37 .33 .36 .32 .29 .30
?4
E E
% .8 6 .37 .32 .39 .31 .31 .32
I .6 6 .37 .32 .39 .30 .37 .36
| .4 6 .36 .32 .40 .31 .41 .40
I o 4 .28 .22 .27 .20 .26 .25
. .8 4 .32 .26 .32 .26 .30 .30
» 6 ; .33 .27 .34 .28 .35 .34
o 4 4 31 .26 .33 .28 .42 .37
C 1. 2 23 .12 .24, .14 .22 .21
' .8 2 19 .10 .22 .11 .24 .22
§ 6 2 16 .07 .18 .09 .27 .19
1
3 .4 2 .16 .06 .17 .12 .35 .24
:
= TABLE 1 - SUMMARY OF TEST RESULTS WITH INDIVIDUALLY
- HEATED RESERVOIRS ,
y ]
|
3 Row Mass flow ratio Tn €a €¢ 3
* ‘ 1 .80 .70 .216 .206
v k
| 2 .80 .70 .218 224 *
= m B 3 .80 .70 .213 .218
| I 4 .80 .70 .185 .216
3 §
; i Heater Power = 4 kW
;i TABLE 2 - SUMMARY OF THE TEST RESULT WITH
g i INDIVIDUAL RESERVOIR BATHS
28
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Evaporator

Condenser

Heat Addition

Heat Addition

Wick

Quter Shell

Heat Removal

Condensate Return Flow

Heat Removal

Figure 1 - Parts and Functions of the Basic Heat Pipe
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FIG. 3 - NON-CONDENSABLE GAS RESERVOIR VARIABLE g
CONDUCTANCE HEAT PIPE :
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