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Summary

-' As part of a programme for understanding the vibration of shipboard machinery
a modal analysis was performed on an experimental rig consisting of a rotor/
motor assembly connected to a base plate mounted on a test bed. Two methods
were used; firstly a modal software package for the calculation of modal
parameters from experimental data and secondly a theoretical model using the
coupling of dynamic stiffness matrices. A comparison of the results is made. (U).
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INTRODUCTION

Noise and vibration of large machinery complexes is a major problem on
ships. As part of a larger programme for understanding and chacterising the
vibration of shipboard machinery in order to reduce the noise levels, various
machinery items are modelled experimentally and theoretically. The aim of this
memorandum is to look at the merits of two modelling systems applied to a rotor
test rig; and to determine the areas in which each method would be suitable for
modelling larger machinery structures. One of the methods is purely theoretical,
the other is experimental but based on established modal analysis theory.

A dynamic analysis was carried out on an experimental rig consisting of a
rotor/motor assembly connected to a base plate mounted on a test bed. This rig
had originally been designedto study the transmission of vibration using various
types of ball bearings. For the purposes of this memorandum it is merely an
experimental rig which provided a convenient system on which to perform a modal
analysis by theoretical and experimental methods. The analysis was static:
at no time was the motor running.

The experimental method involved the use of a General Radio computer with a
PDP 11/34 processor (hereafter referred to as the Genrad), and a Genrad SDRC
modal software package for the collection and analysis of experimental modal data.
The theoretical analysis was carried out using a computer program for the
mathematical modelling of structu-es through substructuring and the addition of
dynamic stiffness matrices for the substructures.

A photograph of the test rig is given in Figure i(a) and a diagram labelling
the separate parts of the rig in Figure 1(b). It is seen that the rig consists
of a motor attached via a drive rod to a rotor. This is attached to the base
plate at three positions; at the motor, at the rotor, and about one third of
-he distance along from the motor end by the clutch and brake units. The base
plate is seated on eight X-mounts - four along each of the longer sides of the
base plate - which are attached to the test bed. The directions of motion
investigated were the Y, vertical direction, for the rotor and the base plate,
and the Z, transverse horizontal direction, for the rotor on the base plate.

The details of the experimental measurements are given in Section 2, together
with an outline of the theory behind the analysis. The rig was excited by impact
testing and measurements were taken of the acceleration and force at selected
points in order to provide inertance plots and mode shapes.

Details of the mathematical modelling are given in Section 3. The structure
was analysed in essentially two parts; the flexural vibrations of the rotor were
analysed by modelling it as a series of beams and the base plate was analysed for
out of plane vibrations. These two components were then coupled to produce
a dynamic stiffness matrix for the composite structure. The horizontal flexure
of the motor was modelled by introducing beams for the supports between rotor
and plate and fixing the lower ends to ground to model the absence of horizontal
plate motion. By introducing the supporting beams into the out of plane model
it was possible to evaluate their effects on the vibration of the structure.



A discussion of the results is given in Section 4, together with a comparison
of the two sets of data indicating the areas of agreement and disagreement between
the results of the two methods.

2. EXPERIMENTAL MEASURE4DITS ON THE ROTOR TEST RIG

2.1 Details of the Measurement Technique

A set of measurement locations was defined on the base plate. A plan
view of the plate, together with measurement locations, is given in Figure 2.
All measurements on the plate were made perpendicular to the plane of the
plate. The plate dimensions are 1.4 2m x O.33m x O.030m thick. A line
diagram of the instrumentation used in the experiment is given in Figure 3-
A B and K type 4333 accelerometer was placed at position 28 on Figure 2 and
the measured response was taken to the Genrad 2via a B and K charge amplifier
calibrated to give a 1 volt output for a ims acceleration. An impact force
was applied using an instrumental hammer and the force response was taken to
the Genrad via a B and K charge amplifier calibrated to give a 1 volt output
for a 1 newton force. The accelerometer remained mounted at position 28
throughout the testing of the base plate and the hammer was moved around the
test positions. By reciprocity the results obtained are equivalent to those
that would be obtained by striking at one position on the plate and having a
set of accelerometers at other locations* The use of reciprocity assumes the
linear behaviour of the structure. Some measurements were made to check
reciprocity, with reasonable results.

A set of forcing positions was marked along the top of the rotor to
evaluate the mode shapes for the motion in the same direction as the out of
plane vibrations of the plate, and along the side of the rotor to calculate
the mode shapes for the side to side vib-ation of the rotor. The same reference
location (ie location 28 on the base plate) was used so that the correct
phase relationships could be obtained to produce mode shapes for the plate
and rotor combined. The measurement locations are given in Figure 4.

2.2 Details of the Modal Analysis Technique

The Genrad SDRC modal software package is designed to analyse experimental
modal data for resonant frequencies, modal damping and mode shapes. Two
input channels were used for force and acceleration respectively. Dividing
the acceleration by the force gives the inertance response under the assumption
that the test rig is a linear system. (The data was stored on disc using the
program DATM(i) which provides a set of routines for the collection of
experimental data). For each forcing location ten separate impacts were made
and the results averaged to give the inertance plots. When all the experimental
data had been obtained, analysis was performed using the set of programs
contained in MODAL (2). From each plot it is possible to select visually a
number of frequencies corresponding to peaks, where the resonances are thought
likely to be located. (It is important to realise that a peak on the transfer
function does not necessarily indicate that a resonance is located at that
frequency, particularly under conditions of high modal overlap; instead a
peak corresponds to the inphase response of all nearby modes (3). However,
for the first few modes it is reasonable to expect that the number of peaks
corresponds to the number of modes provided that measurement is away from the
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nodal points and the resolution is sufficient). The software then calculates
a set of modal parameters associated with these selected frequencies and a
corresponding inertance plot is produced. This plot is displayed on the
screen together with the original experimental plot and the user is invited
to accept or reject the fit. If the fit is accepted then estimates are
provided of the resonant frequency and viscous damping ratio associated with
each mode. These two parameters are estimates only and are obtained by
implementing least square fits to Nyquist circles for resonant modes using
single degree of freedom models. The method is applicable to both simple
isolated modes and to the case of higher modal overlap where the Nyquist
circles are distorted by the presence of adjacent modes. It sometimes
happens that no mode can be produced from a peak identified on the screen
in which case the program will state that there is no mode near that frequency.
This does not mean that there is no mode present - merely that the software
is unable to locate one. This sometimes happens when a mode is at a low level
or appears heavily damped. All the main resonances are identified. The
estimated resonant frequency produced by the software is determined by compar-
ison of the inphase and out of phase components around the visually selected
frequency. The estimated and selected resonant frequencies are not necessarily
identical but will normally lie close to each other.

Having estimated the resonant frequencies and damping it is possible to
generate mode shapes for the entire structure. The geometry of the structure
is defined within the orogram by the user specifying the coordinates of the
measurement locations. In order to define the structure adequately there
must be sufficient measurement locations for there to be no more than one half
wavelength between adjacent positions; otherwise a problem can occur similar
to aliasing in digital signal processing. Using the estimated value of the
resonance frequency and modal damping for the first mode, single degree of
freedom fits are applied to the Nyquist circle of each transfer function. At
this stage the user has the opportunity to inspect each fit and to accept or
reject it or alter the frequency range of the data used in order to improve
the fit. Having calculated the modal amplitude and phase at each position
a mode shape is produced. This mode shape may be viewed either statically
or dynamically from a variety of projections. This process is repeated for all
subsequent modes. It is not normally possible to obtain all the resonances
from one inertance plot because the forcing or response location may be close
to a structural node. The point inertance is a good measurement to take for
the first estimate and this will mean that no more than one nodal position can
be involved. However, checks were made with other plots, to ensure that no
resonances had been missed, and with the point inertance obtained elsewhere to
ensure that the transducers were moved away from the potential nodal point.

A major limitation on the method is the assumption of uniform damping
throughout the structure. It is often the case in practice that the damping
is localized to certain regions of the structure, especially at the junctions
between different parts of a structure (4). Another problem with damping
is the difficulty in obtaining consistent sets of results. If the modal
parameters are obtained from the same inertance plot it is found that, although
the resonant frequencies are virtually unchanged, the estimates of damping may
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vary by over 50%. This arises because the resonant peaks are not sharp;
consequently a slightly different set of points is taken from the plot to
define the resonant peaks and this means that the modal frequencies are
slightly different giving rise to errors in damping. By estimating modal
parameters at different positions across the structure there is a small
variation in resonant frequencies and a very large variation in damping.
Although the model assumes a constant damping throughout the structure for
each individual mode, as a real structure the test rig exhibits variation in
damping. It was originally hoped that some indication of this variation in
damping across the structure could be obtained by measuring the driving point
inertance at different points on the structure, but the large uncertainty
associated with values of damping prevents this.

2.3 Production of the Modal Data for the Rotor Test Rig

As may be seen from Figure 2 there are thirty-two measurement locations
marked on the base plate. The driving point inertance obtained at position
28 is given in Figure 5(a). A number of peaks may be identified in Figure 5(a)
and these were entered as first visual estimates of resonant frequencies using
a cursor on the screen to pinpoint the peaks. These values were then
used in the software packageto produce a set of modal parameters and a
response curve from these parameters. This was repeated a few time on the
same inertance plot and a small variation (about 2%) was obtained in the
frequencies of the modes and a large variation in damping. It is somewhat
disconcerting that there is this variation in parameter values.

The estimated modal parameters at the driving point for the first eight
modes are given below. The quoted values are sample values taken from one
set of peaks selected from a single inertance measurement, and are not
meant to be taken as average values. The only averaging occurs when the
results of ten impacts are averaged to give one inertance plot. The mode
shapes were generated over the plate by performing a single degree of freedom
fit for each mode over all positions. The mode-shapes are designated (i, j),
in which the first number refers to the number of half-wavelengths in the mode
shape along the longer sides of the plate and the second number along the
shorter sides. Plate modes are either symmetric or antisymmetric about
the mid-points of the sides. (It should be noted that the notation (i, j)
refe-s to the number of half-wavelengths in the corresponding mode of a
plate with fixed sides and is used for a completely free plate by convention).

Mode Number Frequency Damping Mode Designation

- 46.8 0.276 (3,1) doubly symmetric)
1 66.2 0.0285 (3,1) doubly symmetric
2 11o.8 0.0359
3 132.8 0.0257 (2,2) doubly antisymmetric
4 155.6 o.Oio8 (4,1) antisymmetric-symmetric
5 178.6 0.0343 (3,2) symmetric-antisymmetric
6 231.6 0.00901 (5,1) doubly symmetric
7 304.5 0.0241
8 426.3 O.O1O8
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For a completely free plate the-first three modes, (1,1), (2,1) and(1,2)are a translational and two rotational rigid body modes.

The bracketed mode is suspect because of the high level of damping
associated with it. By comparing these results with other inertance plots,
see for example Figure 5(b-d), at other positions, it was found that all the
major resonances had been identified up to the eighth mode.

Both the bracketed mode and the first mode, despite their frequency
separation, produced mode shapes corresponding to the first (3,1) doubly
symmetric mode. It is not physically possible for any mode shape to have
two distinct frequencies in a linear system. Hence the mode shapes must be
slightly different at 47Hz and 66Hz, but the experimental procedure did not
use a fine enough grid to produce the differences in mode shape. The third
mode at 152.8Hz is the first doubly antisymmetric (2,2)plate mode. The fourth
mode at 155.6Hz is an antisymmetric-symmetric (4,1) plate mode. The fifth

mode is a symmetric-antisymmetric (3,2) mode. The sixth mode is a doubly
symmetric (5,1) mode. Some of these modes on the plate are shown in Figure 6.
The hard line indicates the deformed shape and the dotted line the undeformed
shape. The second mode at about 110Hz is seen from Figure 5 to be at a low
level compared with other modes; there is no reasonable mode shape seen on
the plate for this mode and, as is shown later, this mode is mainly associated
with the rotor.

Measurements were then made on the rotor in two directions: firstly in
the same direction as on the plate to produce the vertical flexural vibrations,
and then in a horizontal plane to produce horizontal flexural vibrations. No
forcing was done along the line of the axis of the rotor and no attempt was made
to excite torsional modes. The impact force was applied at positions 35Y to 42Y
indicated in Figure 4 along the top of the rotor. The corresponsing positions
for horizontal forcing were the same positions turned through an angle of 90
except at the far end, position 42, where no measurement was taken horizontally
due to the inaccessibility of the rotor in the housing.

For modes appearing on the rotor it is essential to be able to distinguish
between the antisymmetric and the symietric plate modes. If the axis of the
rotor occurs along a nodal line the vibration in the plate will not be
transmitted or will only be weakly transmitted to the rotor. This is because
the supports on which the rotor is seated are symmetrical about this nodal line
and extend only a small distance from this line compared with the plate length,
and there is thus no path by which much energy can flow to the rotor. The rotor
will lie along a nodal line if the plate mode shape is antisymmetrical along
the shorter sides. It does not matter, for the purpose of determining the nodal
line of the rotor, whether the mode is symmetrical or antisymmetrical along
the longer sides.

The first doubly symmetric (3,1) plate mode appears as a flexural mode
in a vertical plane through the rotor axis. The doubly antisymmetric (2,2)
plate mode does not appear on the rotor. This is as expected for antisymmetric
modes. The next mode at 155.6Hz is an antisymmetric-symmetric plate mode in
which the nodal lines are between the mid-points of the longer sides and the
line of the rotor does not appear as a nodal line. Hence the plate mode does
appear on the rotor as vertical vibration. The next plate mode at 178Hz does
not appear on the rotor because it falls along a nodal line.
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The horizontal motion of the rotor was measured by placing the
accelerometer at position 39Z - (positive and negative directions are
shown in figure 4) and then measuring the response when the impact was
acting either horizontally or vertically on the rotor. The change in
accelerometer position was made so that the response could be measured
horizontally on the rotor. Since measurements had already been obtained from
forcing on the rotor with the accelerometer on the base plate, phase
relationships had already been constructed for the complete system. The
modes together with the damping associated with them (found from inertance
measurements at positions 38Z-, 39Z- and 4OZ-) are given below.

Mode Frequency Damping

1 103.6 0.127

2 149.1 0.0797
3 205.4 O.0106
4 257.7 0.0236
5 479.0 0.0222

The driving point inertance at position 39Z-, and some other measurements
on the rotor, are given in Figure 7. Some mode shapes are given for the
horizontal flexure of the rotor in Figure 8. Up as far as the third mode
all the modes appear to have similar shapes. This mode shape is confined
almost entirely to the end of the rotor away from the motor between the clutch
and brake support and the end. The 205Hz mode appears along the length of
the rotor, with a nodal point by the clutch and brake support. The 103.6Hz
mode corresponds with the 11OHz mode seen on the plate, at a low level.
Generally very little vibration occurs on the plate due to horizontal
flexure of the rotor because the motion is at right-angles to out-of-plane
plate vibration.

3. MATHEMATICAL MODELLING OF THE ROTOR TEST RIG

3.1 Description of the lodelling Technique

The program used was a dynamic stiffness coupling technique for the
building up of structures from the coupling of dynamic stiffness matrices
of component substructures. The program was writte n FORTRAN by Sainsbury
(5) and has been extended at AMTE and implemented on a PDP 11/34 minicomputer.
A set of coordinates representing the degrees of freedom are defined on the
structure, which is subsequently divided into substructures. The division
is performed in such a way as toproduce simple substructures whose dynamic
stiffness matrices can easily be found. The dynamic stiffness matrix can be
built up for each substructure by defining a set of forces or moments that can
be applied to the substructure, and a set of responses. When a dynamic
stiffness matrix has been produced for each substructu-e these matrices are

* added to produce a system dynamic stiffness matrix. The solutions are exact
in so far as the parameters for the subsystems can be accurately specified,
with the limitation that the assumption of point connections between compon-

* ents is approximate. The subroutines for calculating the dynamic stiffness
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matrices of mass-spring systems and beams agree exactly with theory. The
theory for the dynamic stiffness of beams is based on (6), (7). It is
also possible to enter theoretical or experimental data from other sources
to produce the dynamic stiffness matrices of substructures. It is
possible to calculate inertance, mobility or receptance, in the form of
real and imaginary parts, or amplitude and phase, for a number of forcing
and response locations.

3.2 Anplication of the Modelling Technique to the Rotor Test Rig

The modelling was carried out similarly to the experimental analysis:
the dynamic stiffness matrix was found for the rotor on its own, and for the
base plate on its own, and these matrices were added to give a syjtem
dynamic stiffness matrix. The coupling occurred at three points,
representing the three supports between plate and rotor, and at each of i
these points the model had three degrees of freedom representing the out
of plane degrees of freedom of the plate. Since the coupling was modelled
as occurring at three points connecting the plate and rotor the model was
too stiff, since, unlike the real structure, there was no separation of the
planes of the rotor and plate and the system behaved as a beam stiffened
plate. The whole system was modelled as freely suspended since it was
believed that the X-mounts (having a very low resonant frequency) by which
the plate was fixed to the test bed, would not significantly affect the
vibration characteristics of the structure except by introducing damping.
The eigenfrequencies of the plate were found by dividing it up into finite
elements using thin plate theory with rectangular elements containing a set
of four non-conforming nodes at the corners (8). The reason for using
a finite element model rather than tables of eigenfrequencies was to obtain
the response at a set of frequencies at regular intervals across the plate
regardless of whether these frequencies coincided with eigenfrequencies.
Trom a forced response the dynamic stiffness matrix was found for the plate.
The division of the plate into elements with element numbers and node
numbers is given in Figure 9; there are three degrees of freedom at eech
node. The two elements at the motor end were 0.1016m long by 0.165m wide?
all the other elements were 0.1h73m long by 0.165m wide. The thickness of
the elements was 0.030m, the thickness of the base plate. The first few
eigenfrequencies produced by the finite element analysis were at
77Hz, 203Hz, 217Hz, 42OHz and 43OHz. The accuracy of the analysis was
found to be very good and agreement was obtained with theoretical exact
values for the eigenfrequencies of a completely free rectangular plate (9).

The rotor was modelled as a series of Timoshenko beams in flexure which
include the effects of shear and rotary inertia. A dynamic stiffness matrix
was formed by considering the verticP' vibrations of the rotor with three
degrees of freedom at each end of th )eam, producing a 6 x 6 subsystem
dynamic stiffness matrix for each benm. The beams were coupled at the ends
with three degrees of freedom and the connections were theoretical point
connections. The division of the rotor into beams was performed in those
places where the rotor was connected to the base plate or where the cross-
sectional area of the rotor altered. The dimensions of the circular beams
are given in the Appendix. It was also necessary to specify for each beam
its density, shear coefficient, second moment of area, damping, Young's
modulus and shear modulus. This data is also given in the Appendix. The
shear coefficient is a measure of how much the beam can sustain shear. It
is a function of the cross-sectional shape of the beam and Poisson's ratio
of the material. The damping was assumed to be hysteretic evenly distributed
throughout the beam. This suffers from the same problem as the software
for the experimental calculations where once a viscous damping coefficient
has been calculated it is used throughout the system; however, it is
possible to enter a different value of the hysteretic damping for each
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substructure. It does not make a significant difference whether
viscous or hysteretic damping is used. In practice a value of damping
loss factor equal to 0.01 was taken as a constant for all subsystems,
both rotor and plate. It is possible by further subdivision of the beam
into smaller units to give damping variation similar to finite element
analysis.

By applying forces to the rotor or to the base plate it was possible to
predict the response at other points. By performing a logarithmic frequency
sweep from 5OHz to 50OHz with 101 frequencies, inertance plots were
produced. The rotor was also forced horizontally to see the effect of the
base plate on the horizontal flexural modes of the rotor.

3.3 Results of Theoretical Calculations on the Rotor Test Rig

The first resonant frequency was seen at 70.6Hz. Since it was only
possible to obtain modal data for the model at the ends of beams or at the
nodal points of the finite element model, mode shapes could not be obtained
in the same way as on the Genrad. However, by comparing the amplitude and
the phase angle at various points on the plate for each resonant frequency
the mode shapes were determined. The first resonance was found to be the
first (3,1) doubly symmetric bending mode. An analysis of the rotor on its
own shows that the first bending mode is at 78Hz. The natural frequency
for the plate bending mode on its own is 77.4Hz. Hence the two components
separately have a natural frequency at similar values and this results in the
coupled 70.6Hz mode being quite strong. The next mode at 162Hz was the (2,2)
doubly antisymmetric bending mode which was seen on the plate but not on the
rotor. For the same reasons as mentioned for the experimental measurements
antisymmetric plate modes do not appear on the rotor. The next mode at
177.1 4Hz was the (4,1) antisymmetric-symmetric plate mode which was also seen
on the rotor. The next two modes were seen close together at 262Hz and
278Hz. The 262Hz mode was the (5,1) doubly symmetric plate mode, which was
seen on both the plate and the rotor; the 278Hz mode was the (3,2)
symmetric-antisymmetric mode which was seen on the plate only.

Some sample plots of inertance are plotted in Figure 10 showing the modes
seen at different points on the plate and rotor. Having obtained inertance
curves for any point on the system it is in theory straightforward to obtain
the transfer function for other points merely by altering the response
and force coordinates.

It has been found that the stiffness can be reduced by modelling the
rotor and plate apart and putting in supports between the rotor and the
plate (see Figure 11). The results obtained with this modification are
as follows. It is found that the first symmetric (3,1) mode is split
similarly to the experimental results with a resonance at 51Hz and a
stronger resonance at 57Hz. The next resonance is virtually unchanged
at 158Hz. The next mode is at 19OHz but it is not visible at the motor
end of the plate or rotor. All of these modes are seen on both the rotor
and the plate. The next mode is at 203Hz, which is seen on the plate only,
and the following mode is at 218Hz. This appears on both the plate and the
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rotor. Some of these plots are given in Figure 12.

The horizontal flexural vibration of the rotor was studied by modelling
the rotor as before and modelling the supports from the rotor to the plate.
The supports were fixed to ground at the base in the horizontal direction
to represent the absence of horizontal motion of the base plate. That is,
the plate was modelled as capable of out-of-plane vibration but not of
in-plane vibration. Examples are given of the inertance response of the
horizontal rotor vibrations in Figure 13. It is seen that the main modes
are at 144Ha, 208Hz and 269Hz. From the vibration levels along the rotor
it appears that the 208Hz mode is mainly confined to the rotating end of
the rig, whereas the other two modes occur along the length of the rotor.

4. COMPARISON OF EXPERIMENTAL AND THEORETICAL VALUES

A comparison of the resonant frequencies calculated theoretically and
measured experimentally, shows that in general the theoretical values are about
10-15% higher than the experimental values for the out of plane vibration of the
plate and rotor. By comparison of mode shapes it is possible to match up the
peaks on the plots and determine the resonant frequencies on the experimental
plots which correspond with those on the theoretical plots. A list of the first
five modes is given in Table 1 for comparison of theoretical and experimental
values of resonant frequencies.

The reason for the increased theoretical frequency in the second column
of the Table is that the model is too stiff. The physical motor/rotor assembly
is offset from the plate, but the system has been modelled by connecting the
rotor and plate at three points, which results in an over large stiffness and
hence the frequency of the bending modes in the direction of the long sides of
the plates is too large. It is observed that the percentage increase is greater
for modes in which there is more than one half wavelength along the length of
the shorter sides. The increase in frequency for (2,2) is 21.8% and for (3,2)
is 56%. In these modes, the mode shape is confined to the plate and the rotor
falls along a nodal line. When the rotor is modelled as actually lying along
this line, it acts similarly to a beam stiffened plate and the resonance frequency
is greatly increased.

When the model is amended by introducing beam-like Supports between the
plate and rotor some of the resonant frequencies are reduced. It is seen that
the frequency of the first mode has been reduced. The experimental results
gave a split mode (two frequencies with similar mode shapes) at 47Hz and 66Hz
with the 66Hz mode stronger. The theoretical results for the amended model give
resonances at 51Hz and 57Hz with the latter stronger. So there is reasonably
good agreement here. The mode at 162Hz is reduced slightly to 158Hz and is
present on both rotor and plate, although it is much stronger on the plate.
Since the supports have been added to the model this has added 'width' to the
model allowing antisymmetric modes to appear on the rotor but at a reduced level.
The two modes at 262Hz and 278Hz have been reduced to 203Hz and 218Hz - a
significant reduction. Experimental values for these modes are 178Hz and 232Hz.

A comparison of the horizontal flexural modes of vibration of the rotor shows
that the first four experimental modes are at 10hHz, IL9Hz, 205Hz and 258Hz, and
the first three modes seen on the mathematical model were at 144Hz, 208Hz and
269Hz. The first experimental mode was seen to have an associated loss factor
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of 0.127 which is suspiciously high and is seen to appear in only one of the
three inertance plots in Figure 7. Discounting this mode the other modes agree
well with theoretical results - to within the bounds of experimental error.

Mode Theoretical frequency/Hz Experimental frequency/Hz % Increase

1 144 149 +3.5
2 2o8 205 -1.5
3 269 258 -4.1

The comparison of the results so far has been confined to frequency. The other
important information required is the amplitude of the resonances and this is
dependent upon the damping. A constant hysteretic loss factor has been assumed
in the mathematical model, and estimates have been obtained of damping
experimentally although the values obtained are variable and highly suspect.
However, the levels for both the out of plane vibration and the horizontal
vibration agree to within about lOdB.

5- CONCLUSIONS

The rotor test rig has been analysed experimentally and some mode shapes
produced. The accuracy of the method is less than might be hoped with a wide
range of modal parameters being produced from one structure. The values for
frequencies of modal resonances show a variability of about ;% and little
reliability can be placed on the values of damping obtained. With most modal
analysis techniques on all but the simplest structures it is difficult to get
high accuracy or good repeatability (10) without considerable effort.

Using dynamic stiffness coupling the rotor test rig was modelled to produce
similar mode shapes to the experimental values. The results for the horizontal
vibration were very good, lying within the bounds of experimental error. The
original model for out-of-plane vibration was too stiff; modifications resulted
in some improvement though some of the resulting frequencies were still too high.
The modified model gave a reasonably good result for the first mode, where the
mode split in a similar manner to the experimental results.

It has been seen that this substructuring method has produced results
reasonably close to experimental results. However, it was found difficult to
model the complete structure exactly and various approximations were used. One
approximation for out of plane vibration was much too stiff. The method may be
considered a half-way stage to a finite element prediction. The model is simpler
than the finite element model but it can be less accurate if it does not provide
as complete a physical description of the real system. For this reason it is
useful to have experimental data for comparison. (It should be noted that
reliable experimental data cannot always be obtained for complex structures).
However, the method does provide a physical insight into the structure and
enables predictions to be made with some confidence into the results which would
be obtained by modifications to the structure. It should also be noted that
where the results differ from experimental results they are still of a comparable
magnitude - they are in the right area - and they provide an understanding of the
system in that the mode shapes are comparable.

Hence, the method provides a valuable tool for the modal analysis of large
machinery complexes, and for understanding their noise and vibration character-
istics; also modifications to models can easily be made for the assessment of
noise reduction measures.
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APPENDIX

BEAM DATA FOR ROTOR

The mate-ial properties of steel were used: Density 7850 kgm- 3

Young's modulus 0.207 x 10
1 2Nm-2

Shear modulus 0.796 x 101 1Nm-2

The Timoshenko shear coefficient is 0.886 for circular beams in which Poisson's
ratio is 0.3.

Additionally the following data were specified for each beam: length, cross-
sectional area, second moment of area in bending, polar moment of area, and
torsional constant. For circular beams the torsional constant is equal to the
polar moment of area, and the polar moment of area is twice the second moment
of area in bending.

Length (m) Cross-se~tional Second moment
area (m) of area (m)

Beam 1 Motor Back End 0.125 3.142 x 10- 2 7.854 x 1o- 5

Beam 2 Motor Front End 0.125 3.142 x 10-2 7.854 x 10-5
_4 10

Rod 1 04 3.142 x 10- 7.854 x 10 -
Rod 2 0.09 3.848 x lo- 1.179 x 10
Rod 3 0.25 3.142 x 10 7.854 x 10-9

Rod 4 0.32 2.827 x 10 6.362 x 10- 7

Cylinder 0.30 2.545 x 10-2 5.153 x 10- 5

Rod 5 0.06 1.257 x 10 1.257 x 10- 7

-19-
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FIG. I (a) THE ROTOR TEST RIG
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NUMBERS REFER TO POSITIONS MARKED IN FIG. 4
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